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ABSTRACT

The Important characteristics of a machine tool struc-
ture for metal «cutting are high static stiffness and high
damping : these ensure the production of workpieces of the
required geometfries with acceptable surface finish at as
high a rate of production as economical iy feaslible.

To increase static stiffness and amping as well as
t+hermal stability, a graphite epoxy ccaposite spindle bear-
ing system and a composite bed structure are constructed and
tested. The composite bed structure Iis composed of polymer
concrete, epoxy adhesive and sand. The vibrational and
t+hermal characteristics of the graphite epoxy compos| te
spindle bearing system are compared to those of a comparable
steel spindle bearing system which has the same static
stiffness as the graphite epoxy composite spindle bearing
system. in machining an AIS| 1045 steel bar, the graphite
epoxy composite spindle bearing system allowed for an
increase of 23 % in the width of cut compared to that of the
steel spindle bearing system, before the onset of chatter.

In order to further improve the performance of the gra-
phite epoxy composite spindle bearing system, the dynamic
characteristics of a spindle bearing system are model l ed
mathematically In order to determine which parameters of the
machine tool affect the system performance. The mathemati-
cal model predicts the first and second natural frequencies
as well as the damping at the first mode, but is less effec-
t+ive for predicting the damping at the second mode.

Using +the mathematical model, the optimal design
procedure of a spindle bearing system is developed. The
optimal design procedure indicates that the graphite epoxy
composite spindle bearing system is suitable for a high
speed machine too!l which has a small spindle nose mass,
because the natural frequency of a spindle bearing system is
dependent on the spindle nose mass as well as the spindle
mass. Moreover, because of I1ts zero longitudinal thermal
expansion coefficlent, the graphite epoxy composite spindle
bearing system eliminates the need for a temperature compen-



satjon mechanism found in high precision spindle bearing
systems.

The static stiffness of the composite bed was 50 %
higher than that of a similar cast iron bed using a box type
rather than an I beam type of bed structure. The damping of
the composite bed increased more +han 50 % over that of the
cast iron bed, and the natural frequency of +the composite
bed was also Increased significantly.
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1. INTRODUCTION

1.1 The Nature of Problem

The basic function of a machine tool Is to produce &
workplece of the required geometric form with an acceptable
surface finish at as high a rate of production as Is econom=
lcally possible C11]. High cutting speeds and feeds are
essential requirements of a machine tool structure to accom-=
plish thls basic function. In fact, general purpose machine
tools, CNC lathes and machining centers are designed to cope
with low cutting speeds with nigh cutting forces as well as
high cutting speeds with !ow cutting forces.

During the past flfty years, many new cutting ‘ool
materials have been developed, which range from high-speed
cutting steels (HSS) to diamond cutting tools. These tools
enabled higher and higher cutting speeds and chip removal
rates, which are remarkable compared to the development of a
machine tool structure. These new cutting tool materials,
which are hard and usually brittie require that the machine
t+ool structure have a high static and dynamic stiffness.

The spindle bearing system Is the malin source of the
total cutting pdin+ compl lance [2]. The other sources of
compllance come from the bed, sllides and jJoints of ‘the
machine tool structure. The compliance of the slides and

joints Is difficult to control in many situations.
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Therefore, +Be machine tool structure can be stiffened
+hrough the use of proper materials for the spindle and bed
even I1f we cannot completely control the slide and joint
properties.

Se|f-excited vibration or chatter occurs when the width
of cut or cutting speed exceeds the stability limit of the
machine tool [3,4]. The chatter Is a nuisance to the metal
cutting process and can occur on any chip=-producing machine
+ool. The effects of chatter are all adverse, affecting
surface finish, dimenslonal accuracy, +tool I|1fe and machlne
|1fe [5]. When the machine tool s operated without any
vibration or chatter, the damping of the machine tool plays
no Important role in machining. However, +he machine tool
structure has several resonant frequencies because of its
continuous structural elements. lf the damping Is too small
to dissipate the vibrational energy of the machine tool, the
resonant vibration occurs when the frequency of the machin-
Ing operation approaches one of the natural frequencies of
t+he machine tool structure.

According to the theory of machine tool dynamics (See
Appendix E), the maximum width of cut that can be taken
without expectation of chaffef is approximately proportional
+o the static stiffness and damping of a machine fool.

Therefore, the material for the machine too!l structure
should have high static stiffness and damping in its proper=

ty to improve both the static and dynamic performance.
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Sometimes hléh speciflc stiffness(E/ ) Is more Important
than stiffness to Increase the natural frequency of *tThe
vibration of +the machine tool structure In high speed
machining [6].

The static stiffness of a machine tool can be Increased
by using either higher modulus materlal or more material In
+he structure of a machine tool. However, I+ is difficult
to increase the dynamic stiffness of a machine tool wlth
t+hese methods because the damping of the machlne tool struc-
t+ure cannot be increased by Increasing the static stiffness.
Often the most economical way of Improving a machine tool
with high resonance peaks Is to Increase the damping rather
+han the static stiffness even though it s not easy *to

increase the damping of the machine tool structure [6].

1.2 A Review of the Previous Manufacturing Work of the

Machine Tool Structure

In recent years, many efforts have been made to
increase the material damping of the machine tool bed struc-
tures especlally in precision machinling area. Cranfield
Institute of Technology in England has reported the succes-
ful use of the synthetic granite material in the bed of the
vertical axls precision lathe [7]. George Fisher Company in

Switzerland used reinfoced concrete in |Its NC ltathe +to
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Increase the material damping of the bed structure [8].
There are other examples of wusing the polymer concrete
material, which s composed of conventional! concrete and
several kinds of polymeric material, In the bed structure of
a machine tool to exploit its better dynamic properties than
those of concrete and polymeric material [9, 10].

Tuned dampers have been also used as auxilfary dampers
for machine tools. Tuned dampers should be tuned whenever
+he machine tool mass or workplece Is changed. Moreover the
mass of +the auxillary system Is usually Iimited by dimen-
sional considerations. This Is a real {imitation, because
t+he equivalent mass of the main system Is greatly influenced
by the mass of the workpiece C11].

Friction damping method to [Increase the structural
damping of a machine tool has been also attempted [12]. The
principles of this damper are the selection of optimal
\values of tuning by analog computer simulation of regenera-
tive chatter.

Chowdhury [13] used epoxy resin as a bonding material
between structural components of a milling machine *to
increase joint damping. I+ was reported that the bonded
overarm of milling machine performed much better than those
of the welded and the cast Iron.

Also many attempts have been made to Increase the damp-
ing of the machine tool spindles [11]. The simple method

used to increase the damping and static stiffness of the
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bearing of a-splndle was to preload the bearing. Howevever;
preloading the bearing does not always increase the damping
of +the bearing, while it always Increases the static stiff-
ness of +the bearing [141]. Furthermore, the excessive
preloading of the spindle bearing will cause the bearing
fallure at the start of the operation of the machine *tool
because the heat produced by the excessive preloaded bearing
at the start makes the ununiform expansions of +the bearing
and spindle and may Induce a very large load on the bearing.

Peters [11] has presented the viscous damper In the
spindle bearing structure. The viscous damper in the spin-
dle has very good damping characteristics, but has such
undesirable characteristics as power dissipation and tem-
perature rise In the spindle bearing structure. The power
dissipation and temperature rise are very critical to the
high speed bearing and the precision bearing.

Several attempts to use high damping materials 1in the
spindle structure have been also conducted. High damping
materials used In the spindle material are usually divided
Into +two groups : organic systems and metallic systems.
The high damping organic materials which have visco-elastic
properties, are usually constralned between two stiff plates
to induce large shear strain in the organic materials.
Hammil! has attempt to use this method In the spindle struc-
ture [15]. However, the visco-elastic damping coatings are

easily contaminated by t+heir environment (oll, water, etc.)
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and they are ﬁseful only over limited frequency and tempera-
ture ranges. Also +the manufacturing of the constrained
layer Is limited by the geometric and boundary conditions.
Many theories of the constrained layer damping method are
addressed in several papers [16-27].

Instead of visco-elasic materials, James [28] suggested
using high damping metals as a spindle material. Vandeurzen
[29] used high damping metals In additive layer treatment
which was the similar method of the sandwiched visco-elastic
damping coating. However, this method Is not very effective
because even the highest damping metal has less damping com-
pared to other polymeric material. Furthermore, this method
is limited by the geometric constraint, lubrication and
bearing mountings.

A succesful use of aneorobic adhesive, which cures by
polymerization in the absence of air by cross-!inking of
monomer chains to form a hard structure, to bond bearing and
spindle was reported [30]. This method Increases much the
static stiffness of +the spindle bearing system, but
decreases a little the dynamic stiffness because bonding the
bearings and the spindlie with adhesive decreases the |oose

joint surfaces.

1.3 A Review of the Previous Theorles of Machine Tool

Structure
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Many !nvésflgafors tried to determine the static and
dynamic complliance between t+ool and workpiece, which governs
cutting accuracy [2]. Tool-wokpiece compliance Is the sum
of the compliances of all components in the tool workpliece
loop. The components are composed of bearings, workpliece,
spindle, bed and several joints. Several attempts also have
been made to analyze the dynamics of the machine tool struc-
ture Incorporating the properties of +the joint dynamics
[31]. However, none of these theories clearly predict the
dynamic performance of a machine tool in the design stage.

Japanese researchers [32] used finite element method *to
determine the stiffness of the machine tool structure. This
method requires the data of the joint to analyze the stiff-
ness of the spindlie bearing system. However, the theories
of joint mechanics [33-41] are seldom complete rather than
the empirlical observation of a particular joint although
many researchers have attempted to predict It.

Sometimes the analysis was concentrated only on the
spindle bearing structure of a machine tool because the
spindle bearing structure is the largest single source of
compl lance among the components of the machine tool.

Indeed, the dynamic analsis of the spindle bearing sys-
+em should be completed before proceeding further to the
analysis of the overall machine tool structure.

Shuzi [42] analyzed statically the cutting point com=

pltance of the spindle bearing system and suggested the
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optimal bearlﬁg span length. Singhvi [43] also presented
+he data of optimal design of spindle bearing system based
on static analysls. However, the dynamic properties of the
spindle bearing system is different from the static proper=
+1es and the statically better spindle bearing system Is not
always the dynamically better spindie bearing system [6,30].
Some looseness In bearing or joint might improve dynamic
stiffness even thuogh it lowers the static stiffness [2,30].
Therefore, the analsis of the spindle bearing structure
should be performed dynamically rather than statically,

The dynamic analysis of the spindle bearing system Is
also very dlfflculfl because the data of the stiffness and
damping of the bearing Is very few [2,14]. |f the chuck or
workpiece [Is engaged in the spindle, the analysis becomes
even more compllicated because of the increase of joint sur-
faces[44]. Some investigators triled to model and predict
the dynamic characteristics of the spindle bearing system
[2], but the result is not as satisfactory as can be used in
predicting the resonant frequencies and the damping of the

spindle bearing system in the design stage.

1.4 The Scope of Research

As reviewed in the previous sections, the spindle bear-

ing system and the bed are the main sources of the total
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cutting point compl lance.

The spindle bearing system of a machine tool usually
has two dominant natural frequenclies : one Is the rigld
body motion of 2a spindle In bearings and the other s the
bending motion of a spindle In the bearing span (See Fig.
3.3), The natural frequency of the bending of a spindle
bearing system is usually higher than that of the rigid body
motion because the weakest stiffness wusually comes from
bearings. From +thls fact, the natural frequency of the
rigid body motion of a spindle should be increased In order
+o obtaln chatter free machining performance. The dampling
of the rigid body motion of a spindle comes largely from
bearings while the damping of the bending motion of a splin-
dle comes from joints and slides of bearing mountings. Also
some damping of the bending motion comes from material damp-
ing of the spindle. Since the damping of a bearing In
{ateral motion Is proportional to the frequency (See Chapter
4), high frequency range for the rigid body motion Is
desired In order fo increase damping.

The spindle material should have high specific stiff-
ness to Increase the natural frequency of the rigid body

motion of a spindle. If the spindle material has high damp-

ing, 1t wlill increase the damping of the bending motion of
the spindle bearing system. Spindles with high damping pro=-
perties are especlally Important for high speed bearings

such as magnetic or alr bearings. This 1Is because high
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speed bearings have low damping characteristics. The spin=-
dle materfal should also have low thermal expansion
coefflicient for machining accuracy and bearing preload.

The requirement of high specific stiffness materfal In
+he bed structure of a machine tool Is not as critlcal as
the requirement of damping, because the bed structure can be
stiffened by changling the design of the bed or by using more
material in the bed structure. Such alteratlions are feasible
because the welght and space |imltations of bed structures
are not so strict. In fact, it is more cost effective to
Iincrease the stiffness of a structure which Is composed of
high damping material than to Increase the damping of a
structure which is composed of high stiffness material.

Usually the speciflc st1ffness of a conventional mater-
{al is not high. Also, It Is d1fficult to increase both the
stiffness and the damping of a conventional material because
statically stiff conventlonal material usually has low damp-
ing and vice versa (See Table 1.1).

Some filamentary composite materials, on the other
hand, can be made to have both high specific stiffness and
damping. This Is normally done with composite materlials

that Is composed of two materials : very high modulus fiber

and high damping polymeric matrix material. The resulting

performance wlill reflect the best characteristics of each

material.

Other composite matetials which are used In the bed
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Table 1.1 Modulus and Damping of Several Materials

Material Young's Modulus Damping Factor (Appendix A)
1018 Steel 207 GPa (30 Mpsi) 0.0001 (500 Hz) [46,47]
1018 Steel 207 GPa (30 Mpsi) 0.001 (100 Hz) [46,47]
Cast Iron 172-193 GPa (25-28 Mpsi) 0.003 [48]
Aluminum 69 GPa (10 Mpsi) 0.002 (100 Hz) [47]
Aluminum 69 GPa (10 Mpsi) 0.0002 (50C Hz) [47]
Graphite Epoxy 138-207 GPa (20-30 Mpsi) 0.01 [49]

PVC 2.1 GPa (0.3 Mpsi) 0.2 [271]

Polymer Concrete 35 GPa (5.3 Mpsi) 0.02
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structure c%n be made to have high damping and moderate
specific stiffness by mixing high damping material with
moderate stiffness material. The product of the damping and
the speclfic stiffness of such composite materials Is usual~-

ly larger than t+hat of conventional materlals.

One objective of this study Is to manufacture and test
the composite spindlie of a machine tool. From the many com=
posite materials avallable, high modulus graphite epoxy
composite material [45] has been selected as a spindle
material. The high modulus graphite epoxy compos!te materi-
al has very hligh specific stlffness, high damping and
near-zero thermal expansion coefflicient 1In longlitudinal
. directlion. The static and dynamic model of the spindle
bearing system Is investigated and the result of dynamic
analysis 1Is compared to +he test result. Aiso the optimal
design method of the spindle bearing system I's deVeIoped
using the static and dynamic model .

The other objective of this study Is to manufacture and
test the composite bed composed of polymer concrete [10] and
some damping material.

The manufacturing method of the graphite epoxy compo-
site spindle bearing system is explained in chapter 2. In
chapter 3, the metal cutting test results and the metal cut-
+ing method used are explained. And the thermal stability
of the graphite spindle bearing system Is discussed. Also

+he vibration test results, which are performed by the
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structural dynémlc analyzer, are presented In this chapter.
In chapter 4, the results of the static and dynamic analysis
of the spindle bearing system are explained. The optimal
design method of the spindle bearing system is presented in
chapter 5. The manufacturing method and the dynamic fest
results of the polymer concrefe‘bed are explained in chapter

6. Finally, based on these investigations, discussions and

conciusions are glver in chapter 7.
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2. THE MANUFACTURING OF THE GRAPHITE EPOXY COMPOSITE SPINDLE

2.1 Introduction

In recent years, graphite epoxy composite has been used
widely as a structural element because It has better proper-
t+1es +han conventional materials [50]. High modulus
graphite epoxy composite has a speclfic modulus of elastici-
ty (E/p) that Is 4 times greater than steel (See Fig. 2.1).
To utilize this superior property, many parts of commercial
and military airplanes are made of graphite epoxy composlite.
A recent report by MacDonnel Douglas [51] Indicates that the
Company uses the graphite epoxy composite in more than 25 §
of +the structure of Harrier Two. As a result, the plane
which can land or take off vertically, can go twice as far
or carry +twice as much as earlier models could. Another
example is the Sikorsky helicopter whose structure 1Is made
of graphite and Kevlar epoxy composite [52].

Since the natural frequency of the flexural vibration
of a shaft Is proportional to the square rooft of the speclif-
ic modlus of elasticity [53], the natural frequency of the
flexural vibration of the graphite epoxy composite shaft can
be more than twice that of a steel shaft of the same flexur=
al riglidity.

Successful attempts have been made to replace the steel



28

M m2/sec2
%‘uo CER MW
FIBRE ~
VOLCONT=70%
100
=
o
(=
v &0
L- ¢
|
w
L oo
[72]
3
2
§ 40
Q
5 20
bl
a.
2]

Fig. 2.1

15° 30° 45°

FIBRE ANGLE * W

Specific Modulus of Several Materials [45]



29

drive shaft éf an automobile with a graphite epoxy composite
shaft [45]. Most cars have drive shafts within about 1.25 m
and 1.75 m of length. Assuming a limiting diameter of 7 cm
and length of 1.5 m, the fundamental natural frequency of
+he flexural vibration of a steel or alumlinum drive shaft Is
about 7,200 rpm, which is Just the critical limi+ of +the
rotational speed of an automobile. Therefore, In this case
+he usual two-pilece drive shaft Is the oniy solution *to
avold the flexural vibrations. |f we use the graphite epoxy
composite shaft for the drive shaft, we <can Increase the
fundamental natural frequency of the flexural vibration to
14,000 rpm, which is far beyond the érlfical frequency of an
automobile. Moreover, we can eliminate the middle bearing
and additional yokes to reduce weight and cost.

In +the metal «cutting operations, the sel f-excited
vibration or chatter phenomenon, which is induced by tThe
flexural vibration of the spindle, is similar to the drive
shaft vibration of an automobile. |If the frequecy of the
cutting operation, which is usually originated from a regen-
erative chatter, reaches +the natural frequency of the
flexural vibration of the spindle, the self-excited vibra-
+ion occurs. Therefore, the self-excited vibration which
occurs at lower natural frequency can be eliminated 1f we
make the spindle of a machine tool with a graphite epoxy

composite shaft.

The graphite epoxy composite Is known as a good materli-
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al In high speed as well as intermittently operating machine
components. Because of Its 1ight weight and low rotational
moment of Inertia, the acceleration and deceleration time
can be reduced significantly. The decrease of the accelera-=
+ion +time and deceleration +ime will obviously increase the
productivity In automated factories.

The high damping characteristics of graphite epoxy com-
posite, whose damping Is about 10 times higher than that of
steel (See Tabie 1.1), has been taken advantage of [In many
flelds. Tennis rackets and fishing rods are manufactured
using graphite epoxy composite because of its high damping
property as well as its high specific modulus. Also golf
club shafts, sallboat components, bicycles (one of which was
used by an U.S. athlete who won +the gold medal In the 1984
L.A. Olympics), skis and efc. are manufactured using the
graphite epoxy composite [54].

In spite of these superior properties, no attempt has
been made to use the graphite epoxy composite as the spindle
of a machine tool. Therefore, It is determined as a materi-

al for a machine tool spindle.

2.2 The Graphite Epoxy Composite Used for the Spindle

The graphite flber used for the spindle Is high modulus

Celion G-50 : {+s tensiie modulus Is 50 Mpsi. The epoxy
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used in makln§ the composite is Fiberite 9481. The tenslle
modulus of the composite, when 40 § epoxy resin Is added, Is
30 Mpsi.

This unidirectlional graphite epoxy composite material
has a large Young's modulus in the longltudinal direction,
but small shear modulus. |If +he shear modulus Is smali, the
power and torque +ransmission capabllities of the shaft
which Is made of the graphite epoxy composite materlal, are
also small. in addition, the adheslive bonded Joint des=-
cribed In Section 2.3 has Ilml+§d power and torque
+ransmission capabillities (See Appendix B and C).

To improve the power and torque transmission capabill-
t1es, the graphite epoxy fiber should be wound at some angle
from the longitudinal direction of the spindle. A winding
angle which s greater than 15 degrees is not deslirable
because the longitudinal Young's modulus drops very quickly
for the winding angles [n excess of thls value (See Fig.
2.1).

If we select [+ 15]s as the winding angle of the gra=
phite fiber, the longltudinal Young's modulus decreases from
30 Mpsi to 23.2 Mpsi and the shear modulus (Increases from
0.65 Mpsi to 2.4 Mpsl. Also the thermal expansion coeffli-
cient changes from =0.3 x 166 /eF to =-1.1 x 166 / °F.

1 we select [+ 10]s as the winding angle of the
graphite fiber, the longitudinal Young's modulus Is 27.3
Mpsi and the shear modulus Is 1.49 Mpsi. The thermal expan=
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) -6
slon coefflcient Is then -0.68 x 10 / °F.

From the above results, we can see that the shear
moduius and absolute thermal expansion coefficient both
decrease as the winding angle of the graphlte fiber
decreases, but the longitudinal Young's modulus lIncreases.
If the shear modulus Is too small, the natural frequency of
bending of the graphite epoxy composite shaft decreases
because of shear deformation (See Chapter 4).

For the machine tool spindie application, the composlite
Is pre-preg laid-up with a winding angle of [+ 15]s from the
axls of the shaft in order to obtain a moderate shear
modulus without severely Impairing the longitudinal Young's
modulus. Table 2.1 shows the composite properties calculat-
ed by classical composite laminate theory (See Appendix B
for detalls).

Since the spindle of a machine tool s designed for
stiffness rather than strength, It Is usually under low lev-
els of stress. Therefore, a winding angle of [+ 10]s may be
used 1In future applications in order to Increase the longli-
t+udinal Young's modulus and decrease the absolute value of
+he thermal expansion coefficient. in using a smaller wind-
ing angle, the decrease of the bending natural frequency due
+o shear deformation should be checked despite the fact that
the Increase In the longltudinal Young's modulus may of fset
some part of the decrease of the natural frequency of bend-

ing.
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Table 2.1 Some Material Properties of the Graphite Epoxy
Composite Used in the Spindle

(Fiber: celion G-50, Resin: Fiberite 0481)

ply Values Laminate Values Steel Values
al = -0.3x 10°6/%¢ ol = -l.1x 10°8/°F
o’ =14 x 107%/%¢ ob = 12.4 x 1078/
a® =0 alk =0 a= 7 x 10°%/%F
12 12
_ 6 . L - 6 \ - 6

Gpp = 0.65 x 10 ps1 Gip = 2.4 x 10° ps1 G 10 x 10 psi
E, = 30 X 10% psi el = 23.2 x 10% psi

6 : L 6 . 6 _.
Ep = 1.14 x 10~ ps1 Er = 1.18 x 10 psi £ = 30 x 10 ps1
p= 1.6 g/cm3 p=1.6 g/cm3 p=7.8 g/cm3

\

+ The subscript L refers to longitudinal direction,
subscript T refers to transverse direction,
superscript L refers to laminate values

* refers to ply values
o = the thermal expansion coefficient

p = the density

m
[}

the Young's modulus

G = the shear modulus
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Data on material damping Is scarce and there are even
discrepancies among them. Moreover, the method of measurling
damping Is not well established. The difflculties In damp=
ing measurement are isolating the alr damping and the Joint
damping. The fact that the material damping Is dependent on
+he stress level and the vibrational frequency makes damping
measurement even more difflicult.

Recentiy, Vorllicek [47] measured the damping property
of the graphite epoxy composite In a vacuum to eliminate alr
damping. |In order to remove the clamping damping of the
specimen, he wused the freely falling specimen In a vacuum
after giving impulse to the center of the specimen to excite
+he fundamental mode of the vibration of specimen. The
vibrational signal was picked up by a strain gage which |im-
i+s the frequency below 100 Hz.

Crawley [49] improved the experimental apparatus of
Vorlicek and measured the damping factor to be about 0.01 of
the graphite epoxy composite. Crawley also showed that the
damping of the graphffe epoxy composite was almost constant
with respect to frequency.

The damping of graphite epoxy compos|tes comes largely
from epoxy because the graphite flber essentially has no
damping. The damping characteristics of epoxy or polymeric
materfal Is not sensitive to the frequency applied compared
+o the Inorganic materials [55]. This fact might explaln

the independence of the damping of the graphite epoxy compo=
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site on the frequency applied. Therefore, we can estimate
the damping factor, which is twice the damping ratio (See
Appendix A), as about 0.01. The damping properties of the
graphite epoxy composite 1Is more extensively discussed In
Chapter 4.

The material damping of metals Is a function of fre-
quency[46,47]. The damping factors of steel and cast iron
usual iy decrease wlth frequency and are less than 0.001 when
the frequency Is greater than 100 Hz. Therefore, the damp-
ing factor of the graphite epoxy composite Is at least 10
+imes greater than that of the cast iron or steel where the

vibrational frequency Is higher than 100 Hz.

2.3 The Manufacturing Method of the Graphifte Epoxy Compo-

site Spindle

Two steel sleeves for bearing mounting and power
transmission were manufactured (See Fig. 2.2). The gra-
phite epoxy composite shaft was manufactured by the pre-preg
lay-up method and was cured at 250°F. After grinding the
graphite epoxy composlite to the flnal dImensions, the two
steel sleeves and the graphite epoxy composite shaft were
bonded together by epoxy adhesive (See Fig. 2.3).

After bonding the graphite epoxy composite shaft to the

+wo steel sleeves, the outer surfaces of the steel sleeves



36

Fig. 2.2 Steel Sleeves for Bearing Mounting and Power Transmission
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Fig. 2.3 Steel Sleeves and Graphite Epoxy Composite Shaft Bonded
by Epoxy Adhesive



38

were ground fé match the dimensions of the bearings (See
Fig. 2.4). Flve angular contact ball bearings, which were
manfactured by SNFA, were mounted on the surfaces of the
steel sieeves (See Fig. 2.5, Fig. 2.6). The speciflication
of the bearings Is SEB 70, which has 70 mm bearing bore
diameter and 15 degree contact angle.

Three bearings were installed In the front of the spin-
dle. Two of them were Installed tandemly and one of them
was Installed as a back-to-back to resist a back thrust (See
Fig. 2.7).

Two bearings were installed In the rear of the spindle
t+andem!y In the opposite direction of the tandemly Installed
front Dbearing. The average preload of each tandemly
installed bearing 1Is 180 Ib. Therefore, t+he total preioad
of the bearings is 360 Ib, which was produced by compressing
3/16 inch of the preload springs (See Fig. 2.8).

The spindle bearing assembly was sealed in the spindle
case after grease lubrication. After this operation, the
spindle bearing system was dynamical ly balanced. The proper
mounting of the bearlings was checked by measuring the bear-
ing temperature Increase after running one hour at 2,000
rpm.

The weak part of the composite spindle 1Is the epoxy
bonded area. Therefore, a new bonding method was devised to
ensure bonding reliabiiity. As shown In Fig. 2.7, weach

steel sleeve has a step on Its Inner surface. One step has
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Fig. 2.4 Final Shape of the Graphite Epoxy Composite Spindle
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Fig. 2.5 Five Angular Contact Ball Bearinas Used in the Spindle
Bearing System
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Fig. 2.6 Five Angular Contact Ball Bearings, Bearing Accessories
and Spindle Case
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Fig. 2.8 Preload Spring for the Spindie Bearina System
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a very tight tolerance of 0.001 Inch to maintain concentri-
city between the compesite shaft and the stee! sleeve In
bonding ; the other has a tolerance of 0.008 (inch to be
filled with epoxy adheslive. The torque transmitting capa=
bility of the epoxy bonded Jjoint was calculated by Adams'
method (See Appendix C). Since the adhesive used In bonding
is Hysol EA 9309.2 (See Appendix D), which has a [lap shear
strength of 5000 psi at 77°F, the torque capability Is 970
Ib-f+ at 77°F. 1f the rotational speed Is 1,000 rpm, the
power that can be transmitted Is about 185 HP.

The manufactured spindle bearling system was inserted In
t+he +thick cast iron housing mounted on the bed of the 10 HP
Monarch lathe, for the cutting test.

In addition, one steel spindle, which has the same
dimensions as the graphite epoxy composite spindle except
+he inner dlameter, has been manufactured (See Fig. 2.9).
The Inner diameter of the steel spindle was changed to glve
+he same flexural rigidity (El) as the graphite epoxy compo=
site spindle. The same housing which was used for the
graphite epoxy composite spindle was also used for the steel

spindle In the cutting and vibration tests.
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3. THE PERFORMANCE TESTS OF THE SPINDLE BEARING SYSTEM

3.1 Introduction

In this chapter the performance test resuits of the
graphite epoxy composite spindle bearing system are compared
+o those of the steel spindle bearing system.

In section 3.2, The bearing preioad characteristics of
the graphite spindle bearing system are compared to those of

the steel spindle bearing system.

In section 3.3, the method for the metal cutting test
to Investigate +the performances of a machine tool is dlis-
cussed. Also, the metal «cutting performances of the
graphite epoxy composite spindle bearing system are compared
+o those of the steel spindlie bearing system 1In this sec~

t+ion.

In section 3.4, the vibration characteristics of the
graphite epoxy composte spindle bearing system and the steel

spindle bearing system are compared.

3.2 The Bearing Preload Characteristics

I+ has been found that +the dynamlic stiffness of a

machine +tool changes for up to two hours after starting to
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run the spln&le bearing system [1]. This Is due to the rol-
llng contacts in the bearing which generate heat and expand
the bearings, spindle and spindle housing.

In order to ensure that the bearings and the spindle
have expanded sufficiently, a warm=-up +ime of one hour at
2/3 maximum speed is recommended by MTIRA [1]. The machine
tool will +then be In a normal running codition If the heat
generated from the machining process does not fransfer ‘o
the machine tool.

In the real metal cutting process, the heat generated
between +the workpiece and the cutting tool can transfer to
the spindle and the spindle bearings through the workpliece
and the chuck. Therefore, the bearing and the spindlie tem-
peratures of the steel spindle bearing system can be higher
t+han those of the graphite epoxy composite spindle bearing
system because of the low thermal conductivity of the gra-

phite epoxy composite material.
All the machine tool bearings are preloaded to increase

thelr stiffness and reduce their deflection under the action
of externally appllied loads.

The temperature Increase In the spindle gives an
adverse effect to +the bearing preload [56]. For ordinary
spindies where speeds are low, or for intermittent motion
with high speed rotation of very short duration and compara-

tively long perlods between rotations, a straightforward

solution Is possible with simple bearing mountings.
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With ver; high speed spindles, the solution Is not so
simple. When a spindle Is started up to attalin a high
speed, heat Is generated rapidly In the bearing parts, even
with anti-friction bearings. The Inner bearing race and the
rolling components heat up first and a rapid radial expan-

sfon of those parts occurs. Heat tfransfer Is not
Instantaneous and since time Is required for heat to be
+ransferred to the outer parts and released to the surround-
ings, the preload of +the bearings Is rapidly increased.
Therefore, +he bearing may have suffered lrreparably, In
spite of good lubrication 1f +he Initial preload [Is too

large.

However, the preload of the steel spindle can not be
too smali to compensate for +he thermai expansion of the
spindie In order to do accurate machining.

| The SEB bearling, which Is manufactured by SNFA, has the

followling axlal deflection characteristics with applied pre=

load [571].

Ga=2x 1073 /3. 22/3-31/3-3155/3

Where
s a = axlal deflection (mm)
F = Preload (10 N)
Z = number of balls

ball diameter (mm)

o
[}
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@ = contact angle (degrees)

With the numerica! values of SEB 70 bearings (F = 800 N =
180 1Ibs, Z = 22, d = 9.52 mm, a = 15 degrees), the axial
deflection Is 0.0212 mm.

If the temperature difference between the spindle and
the housing Is 14 K and the bearing span length Is 127 mm (5

inches), the axlal deflection of the steel spindle bearing

system Is (the thermal expansion coefficient of steel = 12.6-

-6
10 /K)

-6
Axial Deflection 12.6-10 /7 K*127 mm-14 K

0.0224 mm

Therefore, the axial preload of the steel spindle bearing
system disappears if the temperature difference between the
spindle and the housing Is larger than 14 K, while the gra-
phite epoxy composite spindle housing system has almost the
same preload with a temperature rise because of 1Its almost
zero longitudinal thermal expansion coefficlent (See Table
2.1). There is no need to glve a large preload to the gra-
phite epoxy composite spindie bearing in order to compensate
+he thermal expansion of the spindle.

The preload of the graphite epoxy composite spindle
will increase slightly because the spindle case expands

slightly as the heat Is tranferred from the bearings to the
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spindle case; There Is less chance of bearing failure of
+he graphite epoxy composite spindie at the start of the
machining because the necessary preload of the graphite
epoxy composite Is less than t+hat of the steel spindle with

+he same machinling accuracy.

3.3 The Metal Cutting Test

3,3.1 MTIRA Method [1]

The surface finish and the meta! removal rate depend
largely on the dynamic stiffness of a machine tool and use-
ful Information relating to these characteristics can be
obtalned by measuring the dynamic performance of machline
tools. To date, however, there are nelther establ ished
methods to certify the dynamic performance of machine tools
nor are there any testing standards. Reallzing this prob-
lem, " The Machine Tool Industry Research Association (MTIRA)
of England has devised a cutting test +that could be used as
a test of dynamic performance for lathes and other turning
machines.

The MTIRA cutting test for a lathe is to compare the
chatter-free machining performance of two or more lathes by
cutting the tapered workpiece. This procedure enables the

determination of the limiting width of cut at which chatter
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commences on each lathe to be compared.

Several Important conditions of the MTIRA cutting test

for a lathe are described below.

(a) All bolted Joints, and silding elements not required *to

be In motion during the test must be locked or clamped.

(b) Before any test or series of tests the spindle or table

must be run at two-thirds maximum speed for one hour.

(c) The ambient temperature must have been kept within t5 °c
of a mean ambient temperature, which is recommended as 20 °C,

for at least 12 hours before the tests are commenced.

(d) The outer 5 mm of the stock as suppl ied must be removed
before +the workpiece Is manufactured and all workpieces for

use in any one set of comparative tests must be manufactured

from the same bar.

(e) For sintered carbide tips, the normal rake angle should

be té degrees.

(f) The geometry of the chip breaker and its position rela-
+ive to +the cutting edge must be the same for each

comparative test.

(g) The cutting edge angle should be 0, 60 or 75 degrees.

Though the MTIRA method Is very practical, [t has a
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problem fhafw the scatter of data obtained through its pro~-
cedures even for the same type of machine are so wide that
+hose standardizatlions of the cutting test are far from per-
fect. The MTIRA method falled t+o consider some Iimportant
chucking conditlons, e.g. t+he chucking force, the chucking
length, the relative shape of the Inner face of jaws with
respect to the ‘testpiece speclification and the number of
jaws [58].

The slipping of the testpliece from the jaw face and the
stalling of +the machine were experienced by the author of
+his thesls when the 2 HP Rockwell lathe was used to perform
MTIRA cutting test.

The detection of the exact position of the chatter
+hreshold was another problem because the position of
chatter was not always clear due to the eccentricity of the

workplece which was sl ipped from the jaws.

3.3.2 The Metal Cutting Test Used in This Work

Since the purpose of This experiment is to investigate
+he effects of the spindle properties on the metal cutting
performance, [t was necessary to elIminate the effect of the
bed as much as possible. For this purpose, the housing of
the spindle bearing system was mounted on the bed of an

existing Monarch 12 Inch lathe, which has 5 times the power
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capaclty of the manufactured spindles (See Fig. 3.1).

The power was dellvered fto the Monarch lathe by a 10 HP
D.C. motor +to change the cutting speed steplessly. The
power of the manufactured spindle bearing system was
delivered from +the chuck of the Monarch lathe to the rear
sleeves of the manufactured spindle by a flexible coupling
(Love Joy No.I=-150) +to avold allgning problems with the
shafts.

Before the metal cutting test, the spindle bearing sys-
+em was run at 1280 rpm, the maximum speed of the monarch
lathe, for one hour. The ambient temperaure was kept within
20 + 2° more than 24 hours before the tests.

The workpiece material In the cutting test was the AISI
1045 carbon steel. The workplieces were made from the same
bar and the outer 5mm of +the bar stock as suppllied was
removed before the workpieces were made. The shape of the
workpiece was cylindrical and the cutting experiment was
conducted when the workplece diameter was within 2.0 - 2.2
inch (See Fig. 3.2).

The cutting tool matertal was the throw-away carbide
+1p SNMP-432E manufactured by TRW. The tool shank used has
a1l inch x 1 Inch cross sectional dimension and an approach
angle (cutting edge angle) of 45 degrees was used. The tool
overhang was maintalned at 2.0 -ach and the tool center
height was kept within £ 0.01 +Imes of the workpliece diame-

ter. The surface cutting speed was maintained at 330 % 5
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ENGINE LATHE (Monarch 10 HP)

NEW HEADSTOCK

/h-_/ WORKPIECE

7

r

BED

\ FLEXIBLE COUPLING

Fig. 3.1 Experimental Set-up for the Metal Cutting Test of the
Manufactured Spindle Bearing Systems
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Fig. 3.2 Steel Bar Workpiece Used in the Metal Cutting Test
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ft/min and +he feed rate was maintalined at 0.008 inch/rev.
The chuck clamping torque was maintalined at 30 ft-1b by the
torque wrench.

In +he cutting operation, the cutting tool edge was
engaged from +the right end of the workpiece. The cutting
tool edge was used for only one cut. The width of cut was
Increased by the dlal gage of the Monarch lathe. |f the
width of cut is close to the critical value, the spindle
bearing system becomes unstable and chatter begins after one
revolution of the workpiece. The width of cut at chatter
initiation could be detected within 0.0025 Inch accuracy by
t+his method.

A+ the onset of chatter, the width of the cut of The
graphite epoxy composite spindle was a 0.04 £ 0.0025 inch.
While 1t was a 0.0325 + 0.0025 inch for the steel spindle.
Therefore, the increase Iin the width of cut of the graphite

epoxy composite spindle was 23 %.

3.4 The Vibration Characteristics of the Spindle Bearing

Systems

I+ Is necessary to obtain the dynamic characteristics
of the machine tool structure to predict the onset of the
machine tool chatter. Since the main contributing part of

t+he dynamics of the machine tool structure Is the spindle
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bearing system [2], It Is Important to know the dynamics of
the spindle bearing system.

For +his purpose, It [Is necessary to obtaln the
+ransfer function of the spindle bearing system In the work-
Ing frequency range Instead of the simple +time history of
+he vibration of the spindle bearing system.

Several researchers have attempted to obtaln the
transfer function of the machine tool structure by both
theoretical and experimental methods [5,59,60,61].
Howevever, attempts to obtain the transfer function by both
methods In the range of the cutting force and the cutting
frequency have not been successful because of the difficul-
+ies of the high frequency vibration pick-up [56] and the
large vibration exclting force which Is usually order of
thousand pounds in an engline lathe.

The two common methods of vibration pick-up use either
an accelerometer to obtain acceleration or an electromagnet-
lc device to obtain velocity [59]. Accelerometers generate
a voltage proportional to the acceleatlon of the mechanical
vibration and have a high natural frequency response.
Velocity plck-ups geneate a vol tage proportional to the
veloclity and have a low natural frequency response. The
dlsadvantage of acceleometers s that nolse «can cause
erroneous signals and also two Integrations are necessary to
get displacement signals, which are of great Importance In

machine-tool vibrations. In addition, the voltage output Is



smal | compareé with the voltage output of velocity pick-ups.
The disadvantages of velocity pick-ups are that I+ should be
mounted In a rigld structure and costs much more compared to
the accelerometer.

The two common methods of vibration excltation are *to
use elther a vibration exciter or an Impulse hammer.

There are two basic types of the exciter, the electro-
magnetic exclter and the hydraulic exclter. The
electromagnetic excliter has a high frequency charactelstics
but has a small force amp!litude which Is usually few pounds.
The hydraullc exciter has a large force amplitude but has a
low frequency characteristics.

Since the damping properties of the machine tool Is
nonllnear, It Is necessary to give the same magnltude of the
exclting force and frequency in order to get a transfer
function which gives reliable natural frequencies and damp-
ing of the machine tool. . However, this Is practically
impossible because the natural frequencies of the machline
tool structure ranges from a few hundred to a few thousand
Hz and the maximum cutting force of a medium size lathe Is a
few thousand pounds.

Another method of vibration excitation is to use
Impulse signal. This method was widely used In the area of
measurements and instrumentation to get the transfer func-
tion of a structure after the publication of the

Cooley-Turkey algorithm for the fast Fourler ftransform In
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1965 [53]. However, this method can not predict accurately
the damping of the machine tool structure because this
method should sample the time history of the vibration for a
some perlod. It will glve the average damping value In the
decay of the vibration curve.

Since the Impuise method |Is very easy to use, the
impulse signal was used to test the dynamic characteristics
of the spindle bearing system in this experiment although It
has some disadvantages as mentlioned previously.

Fig. 3.3 Is the transfer function obtained by the HP
5423A Structural Dynamic Analyzer. The Impulse was gliven to
the upper part of the spindle nose by the impulse hammer and
+he acceleration was picked up at the lower part of the
spindle nose by the BBN 507 LF/HS accelerometer. There are
two dominant natural frequencies of the spindle bearing sys-
tem. The first natural frequencies of the graphite epoxy
composite spindle bearing system was increased about 16 %
compared to that of the steel spindle bearing system. The
second mode of the graphite epoxy composite spindle has two
adjacent frequencies. From Fige 3.3, we can see that the
graphite epoxy composite spindle bearing system at the
second vibration mode has more damping than the steel spin-

dle bearing system.
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Fig. 3.3 Transfer Functions of the Spindle Bearina Systems Obtained by

the HP5423A Structural Dynamic Analyzer
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4. THé ANALYSIS OF THE SPINDLE BEARING SYSTEM

4.1 Introduction

The static stiffness is one of the most Important pro-
perties of machine +tools because the static stiffness and
damping determine the dynamic performance of the machine
tools. Static stliffness is defined as the ability fto resist
deflecton under the actlon of static cutting force [42].

Therefore, in Section 4.2 the equations of +the static
st1ffness are derived through the elastic bending model and
applied to the manufactured spindie bearing systems in order
to <calculate its deflection characteristics. Also the
method chosen to estimate the static stiffness of the bear-
ing Is discussed in this secton.

With the Increase in performance of high speed rotating
machinery, many theoretical predictions of rotating machin-
ery have been aitempted. Many results are available in the
rotor bearing systems [62,63].

However, the dynamics of the spindle bearing system of
+he machine *ool 1Is seldom complete because the spindle
bearing systems have several components whose dynamic
characteristics are +too complex to be analyzed. Several
Investigators have attempted to predict theoretically and

experimentally the dynamics of the spindle bearing system
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[2,14].

The dynamics of the spindle bearing system Is more com-
plicated if the workplece Is engaged In the chuck because of
the joints between these elements. The stiffness and damp-
ing of a joint are dfficult to predict because the damping
and stiffness are governed by the surface phenomena and
clamping forces of the joint [33-41]. A workpiece dynamics
without including the spindle bearing characteristics was
attempted by Ismail[44]. This workpiece dynamics calculates
natural frequencies accurately but not the damping values.

In secton 4.3, the dynamics of the spindle bearing sys-
tem, without +taking 1Into <consideration of the chuck and
workpiece, Is investigated. In section 4.4, +the natural
frequencies of the manufactured spindie bearing system are
calculated using the developed dynamic model and the calcu-
lated natural frequencies are compared to those obtained by
the structural dynamic analyzer in Chapter 3. In section
4.5, +the damping estimation method of the spindle bearing

system Is discussed.

4,2 The Static Analysis

Fig. 4.1 shows the mode! of the spindie bearing system

with following assumptions :

(a) The front three bearings which are placed near the head
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Fig. 4.1 Mathematical Model of the Spindle Bearing System
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stock of a spindle bearing system, are simplifled as a

spring with spring consfanflﬁ_and a viscous damper with

viscous damping coefficient bl.
(b) The rear two bearings are simplified as a spring with

spring constant kzand a viscous damper with viscous damping

coefficlient b2'

(c) The flexural rigldity (E1) of the spindie Is assumed to
be constant for simplicity
(d) The mass of the spindle nose (Ms), which Includes the
masses of the inner races of the front bearings, and the
mass of the power transmission sleeve (Mp), which ncludes
+he masses of the inner races of the rear bearings, are
modelled as !umped masses acting at x = 0 and x = L+ a
respectively.

Under the static force having magnitude F,a*® the spin-

dle nose, the moment-curvature relations are

d7y
EIT;.-E = - k2 Yo X - k] Yo<x -2> (4.1)
X
where
2 = bearing span

ET = flexural rigidity

= static stiffness of the front and rear bearings,
respectively

x
—
-

rel
N
[}

Yos ¥, = deflection at x = 0 and x =2, respectively

A
v
]}

singularity function [64]
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Integrating Equation (4.1) twice, the deflection equation
becomes

k2 Yo k

From the force and momentum equilibrium condition, Yo and

¥y can be caiculated as follows.

a
=m—F
AR (4.3)
2+ a
i 2F° (4.4)

From the boundary conditions y =Y, at x = 0 and y =y at x

= 9, AL and A2 of Equation (4.3) can be calculated as

[EI (2 +a a al
A, = [ + —)=—1]F
1 2 ) °
) k] k2 6. (4.5)
Era (4.6)
A, === F, .
2 k2 2
where
a = length between the front bearing and the spindle nose

The static compliance C, which is the Inverse of the
static stiffess K at the spindie nose, Is obtained from

equation (4.2).
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1

2 3 a 21 a y
C=1/K=—(a%¢+a"), ] (=2 2t (4.7)
3EI % O +9,)+k2( 7)) ;.

All the spindle bearlings are preloaded to glve high
static stiffness and better accuracy. In order to estimate
the static radial stiffnessk, of the preloaded bearing, the

following empirical equation [2] 1s used.

ko = 2.2-1@-co+a»(srnc§43. F1/3. 223, 413 (n/m) (4.8)

e

wvhere

F

bearing pretoad (N)

d = the ball diameter (mm)
Z = the number of balls
@« = the contact angle between the ball and race

The bearing data of SEB 70 which was used In the manufac-

tured machine tools are following.

F= 800 N = 180 Ib

d= 9,52 mm
1= 22
a = {5 degree

Then the static stiffness of the SEB 70 bearing Is
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) 5
k, = 1.34-108(N/m) = 7.66-10 (1b/1In) (4.9)

Stone [14] gives the stiffness data of several kinds of
machine tool bearings. The static stiffness data of simllar
ball bearings with 60 mm bore diameter In the Stone's paper
was reported to be about 1.5~18 (N/m). Stone's data Is
almost ldentical to that calculated above, If we take Into
conslderation the dlfferent preload values between the two
machine tool bearings. Therefore, the calculated values of
the static stiffness of the bearings are used with confi-
dence In estmating the static and dynamlic stiffness of +the
spindle bearing systems.

The manufactured spindle bearing systems have three
front bearings, one is not preloaded and the two rear bear-
Ings which are preloaded. The stiffness of the unpreloaded
bearing has zero value If we use Equation (4.8). However,
this Is not resonable because the bearing without any clear-
ance between the bearing race and the ball of a bearing will
produce some static stiffness even If there Is no axial pre-
load. In Stone's paper [14], the radiai static stiffness of
the unpreloaded bearing was glven about the half value of
the preloaded bearing Instead of zero value.

Therefore, In this thesis the static stiffness of the
unpreloaded bearing was assumed to be half the value of the

preloaded bearing. Then the static stiffness k1 and k2 are
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. 6

k] = 3.35-108 (N/m) = 1.92-10 (Ib/1In) (4.10)
8 6

kp = 2.68-10 (N/m) = 1.53-10 (Ib/1in) (4.11)

The design values of the both spindles are

El = 35.0-10% 1b.in?
a= 2.5 In
2 =5,0 in

Then the compllance of the spindie bearing system at

spindle nose Is computed from Equaton (4.7) as :

C = 4,45@0'7(from the bending of the spindle)

+].3440‘6 (from the deflections of the bearings)
-8
= 1.79-10°6 ¢1n/1b) = 1.0 - 10 (/M)

The bearings produced 75 § of the total compliance of

spindle bearing system Iin this case.

4.3 The Dynam!c Analyslis

Machine tool structures are continuous systems and

the

the

are

described by partlial differential equations. These are for-
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midabie equations wlth complex boundary conditlons,
nonl inear damping and compllicated constraints. The number
of the natural frequencies of the machine tool structures
are Infinlte. However, the flirst two natural modes of the
spindle bearing system are usualliy dominant. Therefore, the
first two natural modes of the vibration of the spindle
bearing system were Investigated In this analysis.

In order to caiculate the first two natural frequencies
of +the spindle bearing system, the Rayleligh=-Ritz method was
used because the damping factor of the spindle bearing sys-
tem Is wusually less than 0.2. Then the error from
neglecting the damping will be less than 1 §.

The first mode of the lateral vibration of the spindle
bearing system was assumed to be the rigid body motion of
the spindle between the bearing span. The deflection of the
spindle 1[Is expressed as the following equation If we glve
force Fop at the spindle nose :

a
_ a [-21 1 1

Therefore, the lateral deflectl!on y(x,t) at the first

mode Is assumed as fol iows :

a
yixt) = py(6) [-gog s C2A +50) + -}?]-E}x] (4.13)

0k kg

and the second mode of the l|ateral vibration was assumed to
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be +the bending vibration between the bearling span. If we
subtract Equation (4.12) from Equation (4.2) to get the pure
bending motion without rigid body motion, the deflectlion

shape Is expressed as following :

_ 1 ,a
y/Fo "'ET'( 5T % ——gr < x -2 s3_ak X ) (4.14)

The above equatlion Is valid only if the bearing support has
a point contact. However, spindle bearings have some length
and can produce clamped condition. Therefore, yi{x,+) at the

second mode Is expressed as :

y(xst) = Py(t) (%i' x3—%}£<x-£>3—%‘x) + P3(t)cos%-x (4.15)

where P](f), P2(+) and P3 (+) are assumed arbitrary time
functions. The cosine functlion represents the clamping con-

dition because Its derivatives are zero at x = 0 and x = 2.

From these two assumed modes, the kinetic energy T and
the potentlial energy U of the lateral vibration of the spin-
dle bearing system can be calculated (See Fig. 4.1) as

fol lows :

T _g_££+a( ) dx +_E \ (B%)Ha (4.16)

2 k
u = £l 2y 12 dx +_2?,y§ +_Ly§ (4.17)
X
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where
P = mass density per unlt iength of the spindle
Mp = mass of the power transmission slieeve
Ms = mass of the spindle nose

In deriving Equaticn (4.16) and (4.17), the masses of
the spindle nose and the power +transmitting sieeve are
model led as iumped masses acting at x = 0 and x = g+a
respectively. Aiso the gravity Is negiected In deriving the

potential energy.

4.4 The Numerlical Values

4.4.1 The First Mode

With Equations (4.13), (4.16) and (4.17), the klnetlc
energy T and the potential energy U at the first mode were

calculated as follows :

e 322 ttar A a1y .l .2
T = P57 [--F-z-;f {-;;( k]+—k;) +m}x] dx

2 ]
+ P].[TMp(%z-i-)z +-%—Ms-{—l-]<-]-—(1 +22 4 (%)2—,}-2-}]

or



22. a a ., 1
T=P [ (2 +a) =Sl +=—) +—1} (2+ a)
1% kzz 22 ALY )
3 .

P LBl e (o) 4]+ B M )

+Lms {%(—1(]4- 32 . (_%)2_]'(_%2 ] © (4.16a)
and

2

P a 2 2 42

02

1[ a” mé--)-] (4.17a)

With the design values of the spindle bearing system

(See Table 4.1), the numerical values of the kinetic energy

T and potential energy U at the first mode were caiculated

as follows :

T (graphite spindie) = 1.473-10°13 p?

1.864-10"13 pf

T (steel spindle)

U (graphite spindle) 6.676+10 "7 Pf

2
1

U (steel spindle) 6.676-10~7 »p

With the Lagranglan equation, the calculated natural fre-

quenclies are as follows :



Table 4.1 Design Va

2
EI (lb-:in )

a (in)

g (in)
kl(lb/in)
kz(lb/in)

p (slug/in)
Mp(slug)

Ms(sluq)

Graphite Spindle

35.0-10°

2.5

5.0
1.92-10°
1.53-10°
4.60-10
0.10
0.15

3
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jues of the Spindle Bearing System

steel Spindle
35.0-10°
2.5
5.0
1.92-10°
1.53-10°
1.54.1072
0.13

0.18
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* 6.676:10" - 12
m](graphlfe spindle) = 1.473qﬂ—13

7.374-10° rad/sec

1.17 kHz

6.676-10"+ 12
w](sfeal spindle) 1486440'13
6.655-103 rad/sec
1.04 kHz

The experimentally determined natural tfequenclies of both

spindles at the first mode are as follows (See Fig. 3.3) :

Wy (graphite spindle) 1.09 kHz

W; (steel spindle) 0.94 kHz
The numerlcal factor 12 was multipiled In calculating natur-
al frequencies because the unit of mass Is slug, the unit of
force Is pound and the unit of length Is Inch. The error In
calculating the natural frequencies |Is about 10 §. This
error may come from the inexact estimations of +the bearing
stiffnesess and the lumped masses.

Since the mass denslty per unit length of the graphite

epoxy spindle Is about 1/3 of the steel spindle (See Table
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4.1), theoretically the first natural frequency of the gra-
phite epoxy composite spindle bearing system can be
Iincreased about 70 % higher (J3 - 1) than that of the steel
spindle bearing system if the spindle nose mass and the
power transmlission sleeve mass are negligible. Then the
maximum width of cut of the graphite spindle bearing system
will increase about 70 $ if the chatter Initlates near the
first natural frequencies, because the first mode of the
spindle bearing system Is rigid body motion between bearing
span(See section 4.2). The bearing damping is approximately
proportional to the frequency of the lateral vibration (See
Section 4.5) and the maximum width of cut of a machine tool
that can be taken without expectation of chatter Is approxi-
mately proportional to damping If the static stiffness Is
constant (See Appendix E). However, the mass of the spindie
nose contributes in lowering the first natural frequency of
the spindle bearing system. We cannot elminate this mass,
but we may reduce It greatly If the spindle bearing system
Is for a milling or a grinding machine because the stiff
chuck and spindle nose are not required In these machines as

they are with the engine lathes.

4.4.2 The Second Mode

From the Equation (4.15), (4.16) and (4.17), the kinet-
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lc energy T and the potential energy U of the spindle

bearing system were calculated as fol lows

- g4ap p (2 3 L ta _os3 _ 2% 2 Ll 2
T--%{ [ by(gpx - =g <x -% £-x) + Py cos(g—-x) 1° dx

2 3

Mp 52 . Ms ra &+ a ¢ : m 2

t5-P3 +3 [ =P, +P; cos {2 + a)] (4.18)
_ EI .+a 2
V=701 Pz(%x _&_;_a_ <x -2> ) '%2 Py cos%x]zdx
k k

-1 p2 .2 p

+z P37 R (4.19)

With the design vaiues of the spindle bearing systems
(See Table 4.1), +the kinetic energy T and the potential

energy U of the spindle bearing systems were calculated as

fol lows :

.2 . . .2
17.60 Py~ 0.0311 P, Po+ 0.05863 Py

T(graphite spindle)

. 2 - .2
23.68 P5-0.1041 PpP3+ 0.09387 R

T(steel spindle)

U(graphite spindle) U(steel spindle)
8 2 7 72
= 12(2.734-10 Po+ 7.0°10 PpRy+ 1.195-10 P3)

g 2 8 8 2
= 3,280-10 Po+ 8.40-10 PoP3+ 1.434-10 B

By the Lagrange equatlion, the eigen value probiem of

the graphite epoxy composite spindle bearing system is

expressed as follows :
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8

17.60 w2 - 3.280 10° - 0.0156 w2 - 4.20 10°| [P,

=0

8
-0.0156 w2 - 4.20 10° 0.0586 w2 - 1.434 10° | [P,

(4.20)

From this eigen value problem, the frequency equation of the
graphite epoxy composite spindie bearing system becomes as

follows :

' 2
(17.60 w® - 3.280018)(0.0586 w2 - 1.434-10°) - (0.0156 W2+ 4.20.108)% = 0

or

1.69 kHz
8.0 kHz

1.06-10% rad/sec
5.0-10%

Wy (graphite spindle)

w3 (graphite spindle) rad/sec

wy caliculated Is the natural frequency of the bending mode

and has no meaning because the boundary conditions for

w
3
the third mode were not Imposed in the expression of y(x,t).

By substituting Wy to the eigen value equation, the reliation

of Pzand P3is obtained as follows :
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P3= -3008 P2

Therefore, the mode shape of the composite spindie bearing

system Is expreesed as follows :

3 ag . . m
-Tx 3.08 COS'-Q?(

By the same method, +he natural frequency of the second

mode of the steel spindle bearing was caculated as follows

2
(23.68 w’- 3.280-10%) (0.09387 w’- 1.434:10%) - (0.0521 w™+ 4.20-108 y2= 0

or
wy (steel spindle) = 1.46 kHz
and
e3= -3.10 Fb
The experimentally determined natural frequencies of
t+he both spindlie bearing systems at the second mode are as

follow (See Fig. 3.3) :

wy (graphite spindle) = 1.50 kHz

Wy (steel spindle) = 1.61 kHz



The caléulafed natural frequency of the steel spindle
bearing system Is 9 % lower than that which Is experimental-
ly determined. On the other hand, the <calculated natural
frequency of the graphite epoxy composite spindle bearing
system is 12 % higher than the experimental value. The
positive error of 12 4 for the composite is significantly
higher than the negative 9 4 error for steel. This discre-
pancy in the calculations stems from the shear effect of the
graphite epoxy composite material, which has 1/4 of the
shear modulus of steel.

If a conventional beam 1Is subjected both a bending
moment and a shear force, the deflectlion produced Is due
largely to the bending moment. For the graphite epoxy com-
posite material, the deflection due to shear is considerable
because of its small shear modulus.

The governing equation of +the deflection of a beam

which is under both a bending moment and a shear force, 1Is

expressed as [65]

2

E1d ¥ _ - EL (4.21)
dx2 b AG

for which

M, = "k Y Xok y<x-X (4.22)

q= -k, y°< x >- kg y< % - 2 > 4 (4.23)

Here M£ is the bending moment, ¢« the shear coefficient [66],

A the cross sectional area, G the shear modulus of a beam
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and q +the concentrated load acting in +he positlive

y-directlon (Sese Fig. 4.1).

Integrating Equation (4.21) twice, the deflection equation

becomes
k, Yo k. y
El y = -2 3_ 1%, . EL -
y e x —Hex P R S A 'R AL EE L
+ A3 x + A4 (4.24)

Where 43 and A, are Integrating constants.

From the force and moment equllibrium conditlions,

= - 2 (4.25)
yo kzl Fc
_ 2+ a (4.26)
YVomi Tz Fo
1
From the boundary conditions, y = Y, at x = 0 and y = y_ at

x =g, glving

A3=[.§.I.(2v_t_a.+i+'s.ﬂ)__a&]po (4.27)
22 ky k, AG 6

A, - _EL 2 (4.28)

4 = Fo

The compliance C' at the spindle nose Is expressed as
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Yo+a 1 2 3 1 a. 2 1,a.,2,K a
c! = —F-;:—-=TE—f(aﬂ. +a)+—1z]-(1+"i‘) + ‘T{;(T) +I6-2._(2+a)

(4.29)

The last term of Equation (4.29) represents the deflec-

+ion due to shear. |In order to estimate the numerical value
of this term, the shear coefficient should be known. From
Cowper [66], the shear coefficient for the hollow circle

Is expressed as

(7+6v)(1+ m2 )2 + (20 + 12 v) m2
) (4.30)
6 (1+v) (l+m )

where m = ry /5 and V = Polsson's ratio

Since m and V of the graphite epoxy composite are 0.68 and

0.28 respectively,

K = 1.79

Using the design values given In Tablie 4.1, the last term of

Equation (4.29) becomes

K 2 (p4+a)=1.1010"°

el in/1b

|f we compare the above value with the calculated com-
pliance of 1.79 x 1076In/Ib (ignoring shear ef fects) In
Section 4.2, we see that the shear accounts for 61 % of the
deflection due to bending. This value of the shear contri-

bution 1Is too large. This discrepancy comes from
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integrating the approximate beam deflection eqation rather
than the governing differential equation of an orthotroplc
hollow cylinder [67, 68, 69, 701]. The effect of shear
deformation drops I[f warping Is prevented at the boundary.

Timoshenko [65] gives two equations for the cantlilever beam

deflection :

*3 2
P 2 h
*3 2 3
B2 b b (4.32)
Y =T (1+0.71 2'*2-0.10 2*3)

where P Is the load acting at the end of the beam, o* Is the

beam length and h Is the depth the rectangular beam.

Equation (4.31) Is the deflectlion equation for a cantilever
which can warp freely at the boundary, and Equation (4.32)
is the deflection equation of a cantilever which cannot warp
at the boundary. The first terms of Equation (4.31) and
(4.32) represent the deflection due +to bending while the
other +terms represent deflection due to shear. As we can
see, the shear effect of Equation (4.32) Is less t+han that
of Equation (4.31).

The best way to obtain the deflection shape of the
spindle 1Is to Integrate the governing differential equation
of the orthotropic hollow cylinder with +he boundary condi-
+ions for the bearings. lﬁ addition, 1f we do not Include

the clamping effect of the bearing mountings which Is
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represented as a cosine function In Equation (4.15), the
integration of the above equation will result only In cor-
recting the first ferm in Equation (4.15). The dlrect
integration of the governling equéflon of the orthotropic
hollow cylinder with the inclusion of the clamped condition
of the bearing support Is not easy.

To avoid this dIfficulty, the shear effect 1in the
deflection of the graphlite epoxy composite spindle s
estimated using Equation (4.32). Equation (4.32) was
derived for steel whose value for E/G is 2.6. Since the
graphite epoxy composite materlal has an E/G value of 9.7,

Equation (4.32) should be corrected as

=-12:-2[1+-9—°-7-(o71—h%- )] e’ (1+265——h-2-) 4.3
Y T 3ET 2.6 o *2 " 3EL Y (4.33)

In deriving Equation (4.33), the last term of Equation
(4.32) was neglected because the second term is usually much
larger than the third term. Also the variation of the shear
coefficlent was not considered because it does not change
much for a rectangle or a circle [66].

In order to obtaln the shear effect of the graphite
epoxy composite spindle, the equivaient depth h should be
estimated first. |If we estimate h for a rectangle which has

the same area as the composite spindle, h Is calculated as

2

h = jﬂ( 1.2327 - 0.842) = 1.60 inch
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|# we estimate h for-a rectangle which has the same sectlion-
al moment of (inertia of the composite spindle, h 1is

calculated as

b= [ ar ( 1.232% - 0.86% ) 19°%% = 2.03 inch

In order to calculate the largest shear effect of the compo-

site spindle, h = 2.03 inch is selected. Then the second

term of Equation (4.33) Is

2 2
h 2.03
2,65 - = 2.65 = 0.20
g2 7.5

Therefore, we can conclude that the shear deformation
accounts for approximately 20 4 of the bending deflection.
When there is an additional deflection due to shear

deformation, Equation (4.15) should be changed to
¥y =y, t g

where Yy is the deflection due to bending (same as in

Equation (4.15) and Yg is the deflection due to shear.

Since Jgy {s estimated as 0.2, we obtain
s/ ¥,

ys(x,t) = 0.2 yb(x,t)
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The po+en+lal.energy relation, Equation (4.17) should con-
+aln bending, shear and bearing potential energy effects.
The shear energy of the spindie Is neglected because of its
small shear modulus and small deformation compared to those
due to bending. Then the kinetic energy T and the potential

energy U are calculated from Equations (4.18) and (4.19) are

as follows.

02 - . 02
T = 25.34 PZ - 0.0448 P2 P3 + 0.0844 P3
U = 3.280'109 Pg + 8.40'108 P2 P3 + 1.732’108 Pg

By the Lagranglan equation, t+he natural frequency of bending

s calculated as

wz(graphite spindle) = 1.49 kHz

The calculated frequency (1.49 kHz) Is very close to the
experimentally determined one (1.50 kHz). Therefore, this
method will be used In calculating the bending natural fre-

quency Iin the next chapter.
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4.5 Damping Estimation
4.5.1 The Source of Damping of the Spindle Bearing System

In this sectlion damping factor or loss factor will Dbe
used to represent damping characteristics. Damping factor
{s selected from other damping parameters (See Appendix A)
because |t describes the material damping well. The damping

factor or loss factor N is defined as

AU
n= S (4.34)
max
where AU Is the energy dissipated per cycle and Upax s the

maximum potential energy stored In the system.

The damping factor of the steel Is less than 0.001 for
vibration frequencies higher than 100 Hz [46]1. Crawley [49]
shows that the damping factor of the graphite epoxy compo-
site at 200 Hz vibrational frequency Is about 0.015 (See
Fig. 4.2). Moreover, +he damping factor of the graphite
epoxy composlite has the tendency to Increase slightly with
frequency, while the damping of the metal has the tendency
to decrease with frequency for vibration frequencies higher
+han 100 Hz. High dampling property of the graphite epoxy
composite comes from +he damping of the epoxy material.

Usual ly polymeric materials have high damping for a wide
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range of frequency. snowdon [55] gives the damping factors
of several polymeric materials. He shows that the damping
factor of plasticlized polyvinyl actate has almost constant
damping factor up to 10 kHz (See Fig. 4.,3). Also, Ferry
[71] gives a similar trend of the damping factors for sever-
al nolymeric materials. Since the natural frequency of the
bending vibration s about 1.5 kHz, the material damping
factor of the graphite epoxy composite material Is chosen as
0.02. The resaon why 0.02 damping factor Is chosen Is
further explained when the experimental data of Ftg. 4.8 Is
discussed iIn the later part of this section.

The data of bearing damping Is rare. Stone [14] gave
some damping properties of the spindie bearings. The
viscous damping coefflicient of the itghtly preioaded ball
bearings for the machine tools was glven about 1000 N-s/m
or 5.7 Ib-s/in in Stone's paper. The viscous damping coef-
ficient of the unpreloaded ball bearing was gliven almost the
same value of the preloaded ball bearing 1In this paper.
This value of the viscous damping coefficient was used In
+his thesis to estimate the overall damping factor of the
spindle bearing systems because it Is too difficult to meas-
ure the damping of the bearing wlth some preload. Then the
total damping coefficients of the front and rear bearings
will be about 17.1 Ib+s/In and 11.4 Ib-s/in respectively.

The epoxy adhesive bonded area between the graphite

shaft and the two steel sleeves of the graphite epoxy compo-
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slte splndle-bearlng system may produce some damping. In
order to Investigate +the damping property of the bonded
area, three shafts were made and tested : a steel shaft
(See Fig. 4.4a), a steel shaft with *the bonded steel
sleeves (See Fig. 4.4b) and a graphite shaft with the bond-
ed steel sleeves (See Fig. 4.5). The Hysol EA 9309.2 epoxy
adhesive (See Appendix D), which Is the same epoxy adhesive
ysed In the graphite epoxy composite spindle, was used In
bonding operation. The graphite epoxy composite shaftt has
almost same dimensions of the spindle of the graphite epoxy
composite spindle bearing system. The steel shaft was made
from a thick pipe (AISI 1018) because of the boring diffi-
cuity of a solid bar. The Inside diameter of the steel
shaft 1Is 2.0 inch which Is a little larger than the spindie
of the steel spindle bearing system. Since the outside
diameter of the steel shaft is the same slize as the spindie
of the steel spindle bearing system, the bending stiffness
was lowered 2 §.

The frequency and damping data (Table 4.2, Table 4.3
and Table 4.4) and the transfer functions (Fig. 4.6, Fig.
4.7 and Fig. 4.8) of these shafts were obtained by glving
an Impulse at the upper center of the shaft and picking up
an acceleration signal at the lower center of the shaft.
The acceleration signal was processed by the HP 5423A Struc-
tural Dynamic Analyzer.

Fig. 4.6 shows the transfer function of the steel
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Table 4.2 Frequency and Damping Data of Fig. 4.4

FR E.jl__lﬁ! ENCY DAMPING __ _ _

2o ame = -..-o—.--—-—]-

MODE 1
HZ /s | % 1 H_ | L Bs

P o — e

, |
i | 3.150 ki 19.792 K} 15.732 M 495.548 0 3.114

e v e 02 ¢ ® @ O o= oS o
.
.

2 4.750 K| 29.845 Ki 87.636 A 3.213? 20.4168
! :. 5
3 ; 5.150 K| 32.358 K; 20.841 1 1.083% 8.879
| ' i -
4 i 8.200 Ki 38.858 K| 134.087 é 8.428 # 51.058 @
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TRANS
50.000

-30.000 - , ' u y T
0.0 HZ §.0000 K

Fig. 4.7 Transfer Function of the Steel Shaft with the Epoxy Bonded
Steel Sleeves

Table 4.3 Frequency and Damping Data of Fig. 4.5

FREQUENCY | _ DAMPING _
MODE ) l
B I 200 M., N T B R
1| 2.950 K| 18.535 k| 52.880 i :.554% 9.768
2| 5.025K 31.573 k| 29.288 é 1.973E 12.397
3 % 5.375 KE 33.772 K| 137.104 é 7.assi 48.303
4| 5.800 K| 38.442 K 63.145 § 3.862] 23.012
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50.000

LGMAG
08

~-20.000

0.0

Fig. 4.8

HZ

the Epoxy Bonded Steel Sleeves

Table 4.4 Frequency and Damping Data of Fig. 4.6

MODE

- ——

FAEGUENCY

3.500 K
4,675 K
5.275 K

HZ ..

" R/S

21.891 K
29.374 K
33.144 K

DAMPING

_._7“[ Wz i _R/S

199.434
1.004
887.519

—_— 2

|
6.0000 K

Transfer Function of the Graphite Epoxy Composite Shaft with

!
6.980
48.928

43.858

46.8148;

i

294.855
294. 169
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shaft and Téble 4.2 shows the damping ratio (which is one
half the damping factor, See Appendlix A) of the same shafft.
As already mentioned, the damping ratio of the steel shaft
is negligible (order of 0.001) if the frequency Is higher
than 3 kHz.

Fig. 4.7 shows the ftfransfer function of the steel
shaft wlth the bonded steel sleeves and Table 4.3 shows the
damping ratio of the same shaft. The damping ratio of the
steel shaft with the bonded steel sleeves was more than 300
4 higher than the damping ratio of the steel shaft at the
first mode. However, the absolute Increase of the dampling
ratio owing to the bonded area Is less than 0.001, which s
negligible. This result verifies the fact that the damping
of a st1ff structure can not be Increased much with only one
layer visco~elastic constrained damping [16,22].

Fig. 4.8 shows the transfer function of +the graphite
epoxy composite shaft with the bonded steel sleeves. The
first natural frequency comes from the property of the steel
sleeves and the second and the third natural frequencies
comes from the property of the graphite epoxy composite
shaft. Table 4.4 shows the damping ratios and the natural
frequencies of the graphite epoxy composite shaft with the
bonded steel sleeves. The damping factor (twice of damping
ratio) of the first natural frequency Is order of 0.001.
The damping factors of the second and third natural frequen-

cles are about 0.02. As already mentioned, this value of
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damping fac+§r is used 1In future calculation because the
damping factor of the graphite epoxy material Is not sensi-
t+ive with frequency variation.

From these experimental results, we can seee that the
viscous damping of the bearings and the material damping of
the spindle are the two main sources of the damping of the
spindle bearing sysfem.

The energy loss per cycle AU from the bearing s
expressed, when +the lateral vibration Is sinusoidal with

respect to time, as follows :

g

- 4y 4t - 2
Ay =f* fygedt =mbuwA (4.35)

where

f 4= viscous damping force of the bearing

b = viscous damping coefflicient of the bearing
w = frequency of the lateral vibration
A = ampllitude of the lateral vibration

The energy loss per cycle AUm from the material damp-

ing of +the spindle Is calculated by the definitlion of the

damping factor as follows (See Equation 4.34) :

- u
B = 27y Uy (4.36)

where
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bending potential energy of the spindle

=

Jon
U]

damping factor of the spindle material

From Equation (4.35) and Equation (4.36), the total energy

loss factor per cycle U of the spindle bearing system can

be calculated as follows

2 2
AU = m (b yy +byy )+ 2mn Un (4.37)
The overall damping factor of the spindle bearing system is

expressed as

2 2
R R ST

L = 7 2U U (4.38)

where

U is given by Equation (4.17).

4.5.2 The Calculation of the Damping Factor

(a) The First Mode

The bending potential energy U of the spindle at +he
first mode is zero because the first+ mode was assvaed as a

rigid body motion. Then i:2 total potential energy U is
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k K
.22 12
U‘Ub‘z yo +2 yﬂ,

From Equation (4.13), y and Yy were calculated as follows :
0 Z

«
o
[

= Pﬁ”“%g)

a1
y, = P()(0 +3) ;

Then from Equation (4.38), the overal | dampling factor of the

spindle bearing system is expressed as follows :

b b
-1 2 a%
w [ k]2 ( 1+ ) )2 + k2 2]
n = L
] a \s 1 a s (4.38a)
7O e

In order to calculate the overall damping factor, the exper=

Imentally determined natura! frequencies are used which are

1.09 kHz 6.85~103rad/sec

w](graphife spindle)

w](sfeel spindle)

5.91-103rad/sec

0.94 kHz

Since the viscous damping coefficients of the bearing were

assumed as

17.1 Ib-s/in

(=
n

b2 11.4 Ibes/in
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and other parameters are

6
k = 1.92:10 TYAL
k, = 1.53-10%1b/1n

Then the calculated overall damping factors are as follows :

n,(graphlite spindle) 0.060

1

n1(s+eel spindie)

0.051

The calculated damping factors are close to +he experimen-

tally determined damping factors both of which are abou*

0.05.
(b) The Second Mode

With the result of Section 4.4.2, the total potentlial energy

U and the bending potential energy Ugpare calculated as fol-

2
U = %l.££+agi-x- L0 TP PR 3.08-%7 cos™x)%dx
'3

) )
k k
—Ll.3 082 +—=23.082
+5-3.08° +5%3.08

2.053+10°
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N 2
+ i T 2
Ug =_2;_£!L+a(_%_x "LT'a' <x -9> + 3.08 Jzcos 7 x)7dx
- 2.037-10°

graphite epoxy composite s

e 4.4, the

1f the damping factor of the

assumed 0.02 from the experimental result of Tabl

overall damping factor of the graphite epoxy composite spin-

dle bearing system can be calculated as follows
1 .5.10%6.28 (17.1-3.08% + 11.4-3.08%)
9

n, (graphite spindle)
2.2.053 10

2.037-10°

2.053-10°

2

+ 0.02

2.05-10°

By the same method, the overall damping factor of the

steel splindle bearing system was calculated as follows

ny(steel spindle) = 1.70-1073

In calculating the overal | damping factor of the steel spin-

dle bearing system, the material damping factor of steei was

assumed to be 0.001.

However, the experimental ly determined damping factors

of the graphite epoxy composite spindle bearing and the

steel spindle bearing system are 0.114 and 0.074 respective=

lye.
Therefore, the larger part of t+he dampling at the second
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mode may coﬁe from other sources rather than material damp-
ing and bearing damping. The damping source may be the
joints between the bearings and the spindle. The difference
between the damping fators of the two spindle bearing sys-
tems are 0.02 in calculated values and 0.03 In
experimentally determined values. Therefore, damping factor
of about 0.07 at the second mode may come from joints.

The 16 4% increase of the natura! frequency of the gra-
phite epoxy composite spindle bearing system at the first
mode compared to that of the steel spindle may explain the
23 % increase of the width of cut of the graphite epoxy com=
posite spindle bearing system. The chatter of the machine
tool wusually occurs near the first natural frequency If the
cutting speed Is low. The damping of a spindle bearing sys-
tem at +the first mode s proportional to the natural
frequency of the lateral vibration of the spindle because
the damping of the spindle bearing system at the first mode
comes largely from the damping of bearings. if the cutting
force 1Is lincreased In the metal cutting operation, the oil
gap of the bearing will be decreased. This will increase
t+he damping of the bearing because the damping of the bear-
ing iIs Invrsely proportional to the oil gap of the bearing
C76]. As a result, the spindle bearing system which has a
high natural frequency will have a high cutting force and
high bearling damping. The Increase of damping also

increases the cutting ability of a mchine tool (See Appendix E)
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5. THE OPTIMAL DESIGN OF A SPINDLE BEARING SYSTEM

5.1 Introduction

The performance results of the manufactured graphite
epoxy composite spindle bearing system, as described in
Chapter 3, are as follows :

(a) The damping of the graphite epoxy composite spindle
bearing system at the second mode was increased about 50 %
compared to that of the steel spindle bearing system

(b) The wid+th of cut for the metal cutting test of the gra-=
phite epoxy composite spindle bearing system was increased
by 23 % compared to that of the steel spindle bearing sys-
tem.

(c) The natural frequency of the graphite epoxy composite
spindle bearing system at the first mode was Increased by 16
4 compared to that of the steel spindle bearing system.

In order to further improve the performance of the
spindle bearing system, In +his chapter the performance of a
spindle bearing system Is optimized and the relationships
among +the parameters of the optimal spindle bearing system
are formulated for use in the design stage.

in Section 5.2 the general description of the optimal
design procedure for a spindle bearing system is presented.

In section 5.3 the procedure develioped In Section 5.2 s
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11lustrated +hrough Its application to the design of a mil-

l1ing machine.

5.2 Optimal Deslign Procedure for a Spindle Beuvring System

5.2.1 Preliminary Speciflications

In order +to design a spindle bearing system, several
preliminary specifications of +the spindle bearing systems

should first be gliven. These specifications are

(a) Type of Machine (Lathe, Milling Machine, Boring
Machine or Grinding Machine)

(b) Maximum RPM

(c) Static Stiffness at the Spindle Nose

(d) Minimum Fundamental Natural Frequency

If the type of machine Is determined, we can select the
minimum values of a, Mp and Ms (See Fig. 4.1). The value
of a cannot be reduced significantly to increase the static
stiffness and the natural frequency of the spindle bearing
system, because the labyrinth seal and the spindle case must
be mounted between the spindle nose and the front bearings.
The values of Mp and Ms aiso cannct be reduced much In a

lathe. However, for a grinding machine and a milllng

machine, the values of Mp and Ms can be reduced significant-
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ly. For the grinding machine and the milling machine, the

spindle mass constitutes t+he targest fraction of the total

mass of the spindle bearing system. In order to reduce this
fraction, we will consider the use of graphite epoxy compo-
sites.

Specification (d) given above Is usually not required
by customers, but Is included In this thesis because dynamic
performance Is dominated by the fundamental natural frequen-
cy. The damping of a spindle bearing system 1In the
fundamental natural mode of vibration is proportional to the
natural frequency (See Chapter 4), while the width of cut

for a machine tocl without chatter Is proportional to the

damping (See Appendix E).

5.2.2 The Selection of a Lubrication Method

The first step In the design of a spindle bearing sys-
tem is +to select a lubrication method. There are two main
lubrication methods : grease lubrication and oil lubrica-
tion.

The maximum RPM for oll lubrication in roller bearings
s about +two times higher than that for grease {ubrication
(See Table 5.1). However, the use of grease fubrication for
roller bearings has been steadily increasing [73]. The sim-

plicity of housing designs and decreased sealling and
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Table 5.1 Maximum Speed for 0il Lubrication and Grease Lubrication [721]

APPROXIMATE MAXIMUM SPEED (REV/MIN) OF GREASE-LUBRICATED RADIAL BEARINGS

Bearing series number

Bearing 02 03 04
diameter (light) (medium) (heavy)
(mm) Speed (rev/min)
20 15 000 12 000 9 000
30 10 000 8 500 7 000
40 8 000 6 700 5700
50 6 800 5500 4800
60 5 500 4500 4 000
70 4 700 3900 3500
80 4 000 3300 3000
90 3 600 3000 2 600
100 3000 2 500 2 300
110 2 800 2200 —
120 2 500 — —_
130 2300 — —

Pressed metal
cage retaining Land-riding Mounting

Bearing 1 pe factor elements cages factor
Radial bearing with ball or roller clements 1-00 0-7 —_
Radial bearings with taper rollers 0-60 — —
Spherical roller bearings 0-40 — —
Adjacent pairs or vertical shaft bearings — — 0-75
Housing and outer race rotating — — 050

MAXIMUM SPEED FOR OIL LUBRICATION

Maximum speed

Type of bearing NiDp
Ball bearings:
Radial, pressed-steel cages 550 000
Radial machined cages 800 000
Radial special cages and precision compornents 2 000 000
Roller bearings:
Cylindrical elements, solid machined cages 550 000

Taper elements and doutle-row sclf-aligning units 375 000
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maintenance reﬁulremenfs have led to almost universal use of
grease lubrication for ball and rol ler bearings In electric
motors, household appllances, automotive wheel bearings,
machine tools, aircraft, and rallroad apparatus. 01l lubri-
cation s still used where the oil is also needed for
related mechanical devices (e.g. gears, [n which the bear-
ings must operate at very high temperatures or high speeds),
or to permit lower starting torque, or fo provide more cool~-
ing than is possible with grease.

When grease Is used, 1+ takes up 1/3 of the non-sol id
volume of a spindle bearing system ; seal ing the grease
ensures that it lasts for the |ifetime of the spindle bear-
ing system. In most cases, sealed grease lubrication should
be the first choice In the optimal design procedure unless

other conditions prohibift its use.

5.2.3 The Selection of Bearings

The two most widely used bearings for machine fools are
angular contact ball bearings and tapered roller bearings
(See Fig. 5.1). The characteristics of the angular contact
ball bearing are high accuracy, high speed and low friction
while the characteristics of the tapered roller bearing are
high stiffness, low speed and high friction. The maximum

speed of the tapered roller bearing is about 60 4 of that of
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Fig. 5.1 Basic Principles of Bearings [56] : (a) Angular Contact
Bearing ; (b) Tapered Roller Bearing
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the angular contact bal| bearing (See Table 5.1).

The angular contact ball! bearing has self allgning
characteristics even if +the inner and outer races of the
bearing are not perfectly parallel. However, the tapered

roller bearing requires accurate alignment between t+he Inner
and outer races of the bearing ; otherwlise the line contact
of the rollers and the race of the bearing will furn into a
polnt contact.

For this reason, the angular contact ball bearing 1is
the first choice for the bearing mounting and the spindle
machining.

In addition, the development of new cutting tool mater-
fals elevates the Importance of the high speed
characteristics of a spindle bearing system.

However, the tapered roller bearing may be the only
choice when very high static stiffness Is required for the
spindle bearing system.

After the selection of the type of bearings, we should
determine how many bearings are required to satisfy the
given specifications. If we Increase the diameter of a
angular contact ball bearing by a factor of two to increase
+he radial static stiffness, +he radlal static stiffness
increases about two times (for example, the SEB 140 angular
contact ball bearing has 1.9 times +he stiffness of the SEB
70 bearing). However, the maximum speed decreases almost

|inearly with an increase of the diameter of the bearing
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(See Table 5.1). In this case the lubrication method should
be changed to prevent the maxImum speed from decreasing. As
a result the size of the spindle bearing system will

increase dramatically.

One feasible method of increasing the bearing stiffness
s to use more bearings. [If the mounting of many bearings
s difficult, tapered roller bearings represent the next
choice for increasing the static stiffness.

From these considerations, one of the goals of the
optimization of the spindle bearing system Is to select the
minimum number of bearings which satlisfy the glven speclfi-

catlions.

5.2.4 The Relationships Among the Properties of an Optimal

Spindle Bearing System

From Equation (4.7) and Fig. 4,1, the compliance of

the spindle nose was expressed as fol lows :

2 2 5.1
cC = 1/K = E__L&JLﬂlu+l— (1 +iM2.+l_.@q (5.1)
3 EI k1 2 k2 L
where a Is the fixed length between the front bearing and
t+he spindle nose.

If we Increase any of the values of kg, k, and El of

Equation (5.1), the compl iance decreases. However, the com=-
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pl lance decreases flrst and increases after some tength 2, »
if we Increase % (See Fig. 5.2). Therefore, there Is an
optimal bearling span length which glves the maximum static
stiffness.

1§ we dlfferentiate Equation (5.1) w.r.t. 2 and equate
zero, we can get the following relationship between g, and

other properties of the spindle bearing system :

—a8d (5.2)
El = LI T -
o[ &)

Equation (5.2) Increases monotonically with a» Increase of
L, e Therefore, the large optimal bearing span length
requires a large value for EIl.

If we substitute EI of Equation (5.2) In Equation

(5.1), the minimum compliance Cmin Is expresssd as fol lows

g

0

a ay ra (1,1 1 a2, 1 ;a2
¢ = 2ATN R i) ril R0 R C()° 6

Fig; 5.3 shows the characteristics of Equation (5.3).
The dominant factors of Equation (5.3) are a/g, and H
The rear bearing stiffness k2 has |ittle effect on the stai-
ic stiffness characteristics of a spindie bearing system.
If we Increase the optimal bearing span lergth % , the siat-

ic compliance decreases but never beccwras smaller than

1/k] . Therefore, we should Increase the number of bsarings
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Fig. 5.2 Relationships Between the Compliance C and the Bearing
Span Length %
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(or change the bearing type) rather than increase the
optimal bearing span %26 1f the required compliance is less
t+han 1/k] R Moreover, the sectional moment of inertlia |
with the given bearing diameter, which satisfies the max i mum
RPM condition and Equation (5.2), cannot be achlieved even if
we use a solid bar as a spindle, 1f the optimal bearing span
length is too long.

However, the optimal bearing span length cannot be too
smali. |¥ +he optimal bearing span length is too small, we
should use many bearings to satisfy the given compl fance
conditions (See Fig. 5.3). Since the bearing has some
length, many bearlngs cannot be mounted In a shorft bearing
span.

The optimal bearing span length of the spindle bearing
system is also constrained by the bearing preloading charac-
teristics. If +the temperature difference between the
spindle and the spindle case Is 20°F, +he maximum values of

2 /D of the angular contact ball bearings are as follows :

2.5 for the SEB 220 with heavy preload (D = 220 mm)

2,/D
2,/D = 8.0 for the SEB 10 with heavy preload (D = 10 mm)

where D Is the bearing inner diameter.

The wall thickness of the spindle of a lathe (hence the .
optimal bearing span length as given by Equation (5.2)) can-

not be increased significantly in order to Increase the
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sectional moduius |, because +he bar work of a lathe
requires a large Inner diameter for the spindie.
The difficulty of boring a spindle 1Is another con-

straint on the optimal bearing span length.

Fig 5.4 shows these constriants. From this figure we
can see that a temperature compensation mechanism Is neces~
sary If we want to use n, number of bearings. However, If
we use n, number of bearings with samé compl lance condifion,
t+he temperature compensation mechanism !s not necessary.

The preloading constralnt is usually the first encoun-
tered constralint and the femperature compensation mechanism
is usually required to glive a moderate value of the optimal
bearing span length £, In a high speed, high accuracy
machine tool spindle bearing system. This is a major con-
stralnt in +he machine tool spindle bearing design.
However, the graphite epoxy composite spindle bearing system
bypasses this constralint because of Its near-zero thermal

expansion coefflicient.

5.2.5 The Calculation of the Natural Frequency of the Spin-

dle Bearing System

The next step of the design procedure of the “spindle -
bearing system Is to calculate +he natural frequencies. The

mathematical model of the spindle bearing system developed
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Fig. 5.4 Several Limitations on the Optimal
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in Chapter 4 predicts the natural frequencies well. Also,
t+he model! predicts the damping of the rigid body mode well
but does not predict tThe damping of the bending mode.
However, the damping for the bending mode Is large compared
to that of the rigld body mode (See Fig. 3.3). Moreover,
1f the spindle material is made of a graphite epoxy compo=
site material, the damping of the bending mode Is larger
t+han 10 $. Therefore, the primary concern s to Increase
+he natural frequency of the rigid body mode In order to
increase the damping of the spindle bearing system at this
mode.

In order to Increase the natural frequency of a spindle
bearing system, the spindle bearing system should have high
static stiffness. |t should also have smail spindle mass
and spindle nose mass. The spindle nose mass of amilling
machine can be reduced greatly compared to that for a lathe.
Hence, the optimal design procedure for the spindle bearing
system of a milling machine Is presented In the next section

using both steel and graphite epoxy composite materials.
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5.3 The Example of the Optimal Design Procedure of a Mil-

ling Machine

In this section the optimal design procedure of a
milling machine is presented using the principles developed
in the previous sections. The objectives of the optimal

design of the milling machine are selected as follows :

(a) Minimal Maintenance Requirements
(b) Ease of Manufacture
(c) Small Number of Bearings and Small Size

for a Given Set of Specifications.

Let us design a milling machine which has the following

specifictions :

a= 2.0 in

Ms = 0.03 slug

Mp = 0.03 slug
C=1.50-10"° in/1b

Maximum RPM = 4,000 RPM

Minimum Natural Frequency = 1.50 kHz

Then the design steps are as follows.
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Step 1 :

The first step in the optimal design of a spindle bearing

system s to select the lubrication method. From objective

(a), the first choice of lubrication method Is sealed grease

lubrication. If other conditions preclude the use of this
method, oil lubrication will be the next choice.
Step 2 :

After the selection of the lubrication me+thod, the +type of
bearings should be determined. From objective (b), the
first choice for the type of bearings s angular contact
ball bearings. If other conditions preclude the use this
type of bearings, then the tapered roller bearing will Dbe

+he next cholce.

Step 3 :

After the selection of the lubrication method and the type
of bearings, the bearing diameter, +he number of bearings,

the optimal bearing span length 2o and the sectional moment
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of Inertia | of the spindle should be determined.

Sometimes there Is no solution in t+his step which s
compatible with the lubrication method and the bearing type
selected In steps 1 and 2. In this case we should go back
and change the lubrication method or the type of bearings.

In order to have high bearing stiffness, we should
select the largest bearing diameter which satisfies the max-
imum RPM condition (See Table 5.1). [|If we select the medium
preload condition, the maximum diameter of the angular con-
t+act ball bearing, which allows 4,000 RPM (actually 3,900
RPM), Is 70 mm (from Table 5.1).

Therefore, let us select the SEB 70 bearing with a con=
tact angle of 15 degrees, and a preload of 180 Ib (maximum
preload of 230 ib). Then from Equation (4.9), the static
st+iffness of the bearing Is 7.66-10%1b/In.

if we can use seperate preloading mechanisms for the
front and rear bearings, the number of front bearings and
+he number of rear bearings need not be the same. We can
use more bearings In the front of the spindle because the
front bearings greatly affect the static stiffness of the
spindie bearing system (See equation 5.3).

However, in this design, the same number of bearings
for the front and rear of the spindle are assumed in order

to simplify the preloading mechanism.
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For the first trial, let us use one bearing at the
front of the spindle and one bearing at the rear of the

spindle. Then
K =k, = 7.66-10° 1b/1n

1.50.10°%

From Equation (5.3) and the compllance condition (C
in/1b), the optimal bearing span length g/ Is calcuiated as

follows :

1.50-1070= 2(2)( 1 +-%—)(2.62-10'6-%-+ 1.31:107%)

+1.31.10°%01 +-%ﬂ2 +1.31.1078 ()2
or

2,/a = 33.3

Since a = 2.0 inch was glven in the preliminary specfica-

t+ions, we obtaln
2, = 66.6 Inch

With these values, EIl Is calculated from Equation (5.2) as

2:66.6° 9

= 1.06-10
2.0 -6 6
6 [5xoe-2.62:107 + 1.31°107]

2

El = 1b-in



121

Since a 70 mm‘dramefer solid graphite epoxy composite bar
with winding angle [+ 15]s has El = 65.7-106lb-In, there is
no solution In this case (See Fig. 5.4). The largest
optimal bearing span of the 70 mm spindle using graphite
epoxy composite, which has a winding angle [+15]s, is calu-

|ated from Equation (5.2) as follows :

2
65.7.10% 1b-in? = e
L%+ T
or
2./a < 9.5

For the second trlal, let us use +wo bearings at the

front of the spindle and two bearings at the rear of the

spindle. Then
6
k. =k, = 2k, = 1.532-10 Ib/in

From Equation (5.3) and the given compliance condition, the

optimal bearing span length Is

1.50-10°8 = 2(=2)( 1 +2(1.251-1070 8+ 6.527.10"7)
2‘0 20 E10
+6.527.1077( 1 +-%--)2 +6.527+107 (J%:)z
or
%0 /a = 10.0

With the gliven bearing stiffnesses and the maximum El = 65.7
6 2
10 Ib - in of the 70 mm spindle, the largest optimal bearing
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span length Is

2
65.7-106 1b-in? = —2Ls — -
6E—1.251-10"° + 6.527-107']
or
Lo fa £ 6.5

Therefore, there is no solution In this case elther.

For the third trial, let us use t+hree bearings at the front

of the spindle and three bearings at the rear of the spin-

dle. Then

K = k. = 3ke = 2.30-10° 1b/in

17 k2
From Equation (5.3) and the given compliance condition, the
optimal bearing span length is
5001075 = 2(2.)( 1+ 8.696-107 .+ 4 348-1077)

. 7[': 2,0 2,0 . » .

or

2./a = 1.9

Wi+h these values and Equatton (5.2), EIl Is

2.3.82

6(1/1.9-8.696-1077 + 4.348+10°

6 2

= 5.393-10" 1b-in

7y
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In +this case there is an optimal solution because the calcu-

lated EIl is less than 65.7-1061b-ln%

If we use [+ 15]s graphite epoxy composite as the
spindle material, the inner diameter of the spindie (Di) 1is
68.5 mm, or 2.70 inch. The wall thickness of the spindie Is
only 0.03 inch In this case. If we use steel as a spindle
material, the wall thickness 1Is thinner than 0.03 inch.
Therefore, It is not the optimal solution from the point of
view of spindle boring operation or of manufacturing the

graphite epoxy composite shaft.

We now have two options :

(1) Increasing the wall thickness (hence increasing the
optimal bearing span length from Equation (5.2)) to
Increase the statlic stiffness (See Equation (5.3)).

(2) Decreasing the bearing diameter to increase the

maximum RPM.

Let us consider the second case : decreasing the bearing
diameter to Increase +the maximum rotational speed. |f we
select the SEB 60 bearing with a 15 degree contact angle,
the maximum rotational speed Is 4,500 RPM with medlum pre-

load (from Table 5.1). The bearing data of SEB 60 are as

fol lows :
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d= 7.94 mm

If we glve 130 |b preload +o the bearing, the radial

stiffness of the bearing from Equation (4.8) is

ko = 2.2-105% cot(18)- (sin(18)*/3 (-%%%5)‘/3-222/3-7.94‘/3

- 6.35-10° (1b/in)

ky = kp = 3ko = 1.91:10° 1b/1n

Wi+h these bearing stiffnesses and the given compliance con=
dition, +the optimal bearing span length from Equation (5.3)

is

1.5.107°

2 &0 +-%—o(1.05-1o‘5-%—-+ 5.25-107)

+5.25:107(1 +29% + 5.25 1077 (247
] [o]

or 2.,/a = 3.57

With these values, EI! from Equation (5.2) is calculated as

follows
a£2 2
ElI = . a°( 7 7 ) 1 : = 20.52 1b-in
6[—2( =+ —) +—

1f we use [+ 15]s graphite epoxy composite as the spindle

material, the inner and outer dlameter of the spindle In
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+his case are 1.90 inch and 2.36 inch respectively (mass
density per length = 2.77-10'%Iug/!n). If we use steel as
the spindle material, the inner and outer diameters of the
spindle are 2.03 Inch and 2.36 inch respectively (mass den-

Zlug/in).

sity per length = 1.0-10"

The maximum length of the steel spindle for SEB 60 with
130 Ib preload without temperature compensation, when the
temperature dlfference between the spindie and spindle case
is 20°F, 26 = 5.1 Inch from Equation (3.1). Therefore, tem-
perature compensation is necessary for the steel spindle In
this optimal solution. If static stiffness were tfo be
increased rather than the maximum speed, then the optimal

solution of the steel spindle wlthout temperature compensa=

+ion would be possible.

Step 4 :

Since all the properties of the spindle bearing system
were determined 1in the last three steps, the natural fre-
quencies of the spindle bearing systems can be calculated.

If we use [+ 15]s graphite epoxy composite as the
spindlie material of the milling machine, we have the fol low=-

Ing properties :

6
k1 = k2 = 1.91.10 lp/1In
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a=21n

o= 7.1 In

El = 20.52 ib-in2
Ms = 0.03 slug

Mp = 0.03 slug

o= 2.77-10°s1ug/1n

If we use steel as the spindle material of a milling
machine, all the properties are same except for p , Ms and
Mp. Since the steel spindle has the [larger mass density
(0.01 slug/in) +than graphite composite spindle, the lumped

mass Ms and Mp are Increased by the fol lowing amount :
(6.01 slug/in = 0.00277 stug/in)+2 in = 0.0144 slug

Therefore, the properties of the steel spindle for the

milling machine are as follows :

6
1.91.10 Ib/1In

k, = k2 =
a=21n

2o =7.1 1In

El = 20.52 Ib-iff
Ms = 0.0444 siug
Mp = 0.0444slug

p =0.01 slug/in
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(a) The Fundamental Mode

From Equations (4.16a) and (4.17a), the kinetic energy

T and potential energy U are calculated with the above spin-

dle properties as follows :

-14 2

T(graphite spindle) = 1.852-10 P
T(steel spindle) = 3.997-10'F]
U(graphite spindle) = U(steel spindle) = 4.520-107p°

Therefore, the natural frequency of the graphite spindle Is

4.520+10 - 12
1.852+10 -*

1.71'104 rad/sec

w; (graphite spindle)

2.72 kHz

By the same method the natural frequency of the steel

spindle Is calculated as

W) (steel spindle) = 1 85 kHz

The natural frequency of the graphite spindle in this case

ls about 50 % higher than that of the steel spindle.

The damping factor of the graphite spindle from Equa-

+lon (4.26a) Is calculated as fol lows
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LS AL (140.28)° G171 o.28°
1.71-10 6.2 6. 2
) (1.91 107) (1.91 10)
ny (graphite spindle) = 1 o 282 A 1 -1.282
1.91 10E 1.91 106
= 0.153
In +this calculation, the fol lowing viscous damping

coefficients were assumed :

bl = b2 =17.1 1b-s/in

By the same method the damping factor of the steel spindle

s calculated as follows :

ny (steel spindle) = 0.102

(b) The Bending ™ode

The shear effect term In Equatlon (4.33) for the optimaily

deslgned graphite epoxy composite spindle Is

2
2.65—=0.05
2

From this result and using Equations
(4.18) and (4.19), the kinetic energy T and the potentlial
energy U are calculated as follows :

T(graphite spindle) = 2.815 p2- 0.273 p, P, + 0.0310 1532

|52
‘ 3
U(graphite spindle) = 12¢1.24216 P§+ 1.906-10" P,

T(steel spindle) = 4.466 |'=22-o.406 r32|53+o.0566

6

+3.916-10 P_)

2
3
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7

9 2 8 2
= . ® + . . + . .
1.49010 P2 2.287-10 P2 P3 4.70-10 P3

U(graphite spindle) = U(steel spindle)

By the Lagrange equation, we have +he following weligen

value problem for the graphite epoxy composite spindle bear-

ing system :

2.815 w? - 1.490-10° — 0.137 & - 1.144-10° P,

- 0.137 mz - 1.144-108 0.0310 wz - &.70-107 P3

From the eigen value problem, we can obtalin following

frequency equation :

7

W4 - 3.063-10° w? + 8.313-10%7 = 0

or

wz(graphl're spindle) = 1.735-101+ rad/sec = 2.76 kHz

|f we substitute the frequency obtained 1in the eigenvalue

equation, the following relatlion Is obtalined.

By the same method, +he natural frequency of the steel spin-
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dle is obtained as follows :

w, (steel spindle) = 2.2 kHz
P3= -4.5 P2

Table 5.2 compares several characteristics of the
manufactured graphite epoxy composite spindie bearing system
and the optimally designed graphite epoxy composite spindle
bearing system.

Table 5.3 compares the several characteristics of the
optimally designed graphite epoxy composite spindle bearing
system and the optimally designed steel splindle bearing sys-
tem. Figure 5.5 shows the proposed spindle bearing system
for the milling machine.

In summary, the graphite epoxy composite spindle bear-
ing system Is better +han the steel spindle bearing system
in maintaining the bearing preload at higher bearing tem-
peratures. The graphite epoxy composite spindle bearing
system is suitable for a high speed machine tool which has a
small spindle nose mass, because +he natural frequency of a
spindle bearing system is dependent on the spindle nose mass
as well as the spindle mass. Since the graphite epoxy com=
posite spindle [s very Ifght and has high material damping,
this spindle Is suitable for both high speed alr bearing and
magnet bearing because these two bearings have littie damp-

ing and require the highty damped spindie material. The
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Table 5.2 Comparison of the Properties of the Manufactured and the
Optimally Designed Graphite Epoxy Composite Spindle Bearing
Systems

Manufactured spindle Optimally designed Spindle

C (in/1b) 1.79+107° 1.50-10°°
a (in) 2.5 2.0

g (in) 5.0 7.1

ET (1b-in) 35.10° 20.52-10°
Frequency of

rigid body motion 1.09 kHz 2.72 kHz
Frequency of

e 2ion 1.50 KHz 2.76 KHz
Maximum RPM 4,000 4,500
Number of 5 (SEB 70) 6 (SEB 60)

bearings
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Table 5.3 Comparison of the Properties of the Optimally Designed
Graphite Epoxy Composite Spindle Bearing System and the
Optimally Designed Steel Spindle Bearing System

Graphite spindle Steel spindle
Eiggg;g:ggﬁn not necessary necessary
o (slug/in) 2.77+1073 1.041072
Frequency of
rigid body motion 2.72 kHz 1.85 kHz
Frequency of 2.76 kHz 2.2 kHz

bending motion
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acceleration and deceleration time of the graphifte epoxy
composlite spindle can be reduced significantly in high speed
machining because of its Iight weight and low rotational
moment of (inertia. The decrease of the acceleration and
deceleration time will Increase the prcductivity In automat-
ed factories.

The disadvantages in the use of the graphlite epoxy
composite spindle over the conventlional spindle are that the
raw materfal for the composite spindle Is expensive and also
difflcult to be machined. I+ wusually requires grinding
machines or diamond grit tools +o machine the graphite epoxy
composite. As for the cost of the material, the price cof
high strength graphite fiber pre-preg t+ape Is about § 30 per
pound and the price of high modulus graphite fiber pre-preg
tape Is about 80 $ per pound. The future prices of graphite
epoxy composites will be cheaper than these values.

However, these two disadvantages can be minimized by
designing the spindie such fthat the machining requirements
will be reduced. During the process of manufacturing the
steel spindle about 90 % of the raw material should be
machined out. However in the case of the composite spindle,
+he shape of the graphite epoxy material can be made to
resemble the final design of the spindle. Thus, minimal

machining 1Is needed and the expensive raw material Is con-

served.
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6. THE MANUFACTURING OF THE COMPOSITE BED

/
6.1 Introduction

I+ has been established that some damping materlals,
such as visco-elastic materials [16-27] or sands [6], can
Increase the damping of the machine too! structure. Polymer
concrete 1Is another high damping materi{al which has been
used in machine tool structures in Europe Co].

In this chapter the composite bed structure Is designed
and manufactured using these high damping materials simul-
taneously. In section 6.2 the manufacturing method of the
composite bed structures is presented. In section 6.3 the
dynamic performance of the composite bed Is compared fo that

of the existing, similar size cast iron bed.

6.2 The Manufacturing Method of the Composite Bed Structure

From the several polymer concrete materials avallable
[10], the epoxy resin concrete was used In manufacturing the
composite bed. It has a modulus of elasticity about 5.3
Mpsi and a coefficlent of thermal expansion about 5.3-166/°F
(See Table 6.1). Its modulus of elasticity and density are

about 0.2 and about 0.3 times +hat of the cast iron. The
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Table 6.1 Properties of Polymer Concrete [10]

Taui_o 1. Properties of Polymer/Concrete Compozgites in Comparison with Ovdinary Concrete (1)

Property PC PiC PPCC Concreta
Compresgive strength, psi 20.000 21,000 6.000 $ Q000
Tensile strength. psi 1.400 1.500 600 250
Modulug of elasticity, 10° psi 53 6.1 38 36
Shear strength, 10° ps 37 kY] 20 11
Modulus of rupture, 10° ps 2.2 3.0 2.4 0.7
Coetficient of expansion,

10-* in./in.-°F 53 5.1 43 4
Water permeability, 10~ fyr 0 1.2 ke X:] 53
Water absorption, %w 0.3 22 36 53
Freeza/thaw resistancs,

= of cycles 3.300 4,600 1.600 590

% weight lost 0 0 12 25
Hardness, impact hammer SS 52 41 32

Acid resistance
% weight lost after
3 months of immaersion:

5% HCI 0.3 S 13 24
15% HCI 3 9 19 27
10% H.SO, 1.2 26 30 39
Sulphate attack
% expansion after
2 years of exposure 0.003 0.006 0.25 05
Corrosion by distilied water None None Slight Severe
Thermal conductivity
BTU/ft*-h-°F 1206 1.265 1.308 1.332
Table 2. Comparison of PC with Other Structural Materiais (1)
Strength Strength to
property (S). Density (W) welight ratie (S/W),
Material psl |- o psi-RR¥/\d
Tensile
Concrete 250 156 1.8
PC 1.400 140 10
Polymer 7000 62 113
Steel 70.000 490 143
Alumimum 30.000 165 182
Glass 7.000 137 51
Compressive
Concrete 5 000 156 32
PC 20.000 140 143
Polymer 15.000 62 242
Steel 42.000 490 a6
Aluminium 25.000 165 152
Glass 300.000 137 2,190
Modulus of elasticity, €
Concrate 36 x 10° 158 23 x 10°
PC 5.3 x 10* 140 38 x 10*
Polymer 04 x 10° 62 0.6 x 10°
Steel 30 x 10¢ 490 8.1 x 10°
Aluminium 10 < 10° 165 8.1 x 10°

Glass 10 « 10 137 7.4 x 10*
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damping factor of the epoxy resin concrete Is about 0.02 at
about 1,000 Hz vibration frequency. This value of damping
factor Is very iarge compared to the damping factors of
steel and cast [lron. The damping factor of the metalllc
materials is usually less than 0.001 at about 1,000 Hz
vibrational frequency.

The dynamic performance of the machine tool structure
s dertermined by the pfoducf of the stiffness and dampling
of the structure (See Appendix E). Therefore, the epoxy
resin concrete machine tooi bed can perform statically and
dynamical ly better than t+he steel or cast Iron bed structure
i1f we design an epoxy concrete bed which has more sectional
moment inertia (1) than that of the steel or cast iron bed.
The method to increase the stiffness of a structure which Is
composed of high damping material costs less than the method
+o increase the damping of a structure which Is composed of
high stiffness material Cel.

Koenigsberger [74] has suggested the closed box
cross-sectlon as a bed shape to increase both the bending
and torsional stiffness. Other researchers [6] polnted out
the possiblility of Increasing stiffness by using wel ded
steel structure Instead of cast Iron.

With these concepts in mind, the model of the composite
bed in +hls research was made as a box type cross-section
structure (See Fig. 6.1). The model of the slide was made

with a welded steel structure (ASTM A36 steel plate) and the
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Welded Steel Structure
Epoxy Bonded Area

_.Sand
-

Wood Pattern

Polymer Concrete
Epoxy Bonded Area

Steel Plate

(b)
Composite Bed Structure : (a)Overview ;
(b)Cross section.

Fig. 6.1
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bottom plate was made with 0.5 Iinch thick ASTM A36 steel
plate. These two steel plates were bonded to the epoxy con=
crete structure by epoxy adhesives to glve constrained
damping to the bed structure. The epoxy adhesive used In
+he bonding operation is the same epoxy used In maklng epoxy
concrete.

The polymer concrete I[s composed of epoxy, epoxy har-
dener, portiand cement, sand and pebble.

The epoxy resin used is EPON 828 made by the Shell
Chemical Company and the hardener used Is Ancamide 506 made
;y +he Paclfic Anchor Chemicai Corporation. Ancamide 506
hardener Is the Amine based hardener which can be cured at
room temperature and has long pot |1fe (6 hours).

The size of the sand used Is 50 sieve number and *the
diameter of pebble used is from 1.0 in to 1.5 in.

The welght percentages of the resin, portiand cement,
sand and pebble are 10 §, 10 %, 40 4 and 40 % respectively.

The inside of the polymer concrete is composed of the
plywood pattern and the sand. The Inside wood pattern Is
not eliminated from the composite bed to Increase damping.
Several sizes of sand (1, 25, 50 and 100 sieve numbers) were
poured Into the wood pattern because sand has good damplng
properties [1f the ampl Itude of vibration exceeds 0.001 In
Cel.

Fige 6.2 shows the prototype composite bed on which

the graphite epoxy composite spindle bearing system was
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Fig. 6.2 Composite Bed Model on Which the Graphite Epoxy Composite
Spindle Bearing System is Mounted
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mounted.

6.3 The Dynamic Test Results of the Composite Bed

The vibration characteristics of the composlite bed were
measured by an accelerometer and a data acqusition system.
The accelerometer used Is BBN instruments Company 507 LF/HS
having a sensitivity of 100 mv/g. The data acqusition sys-
t+em Is composed of [BM personal computer and Tektronix 7603
dlgital osciiloscope (See Fig. 6.3). The vibration charac-
teristics of the cast Iron bed, which was manufactured by
Delta Rockweil Company, was measured to be compared to that
of the composite bed.

The outslide dlmenslons‘of t+he composite bed are tdenti-
cal to those of the cast Iron bed. The inside shape of the
composite bed Is different from that of the cast iron bed
because the box type cross section was employed in manufac-
turing the composite bed. Fig. 6.4 shows the detalled
cross-sections of the composite bed and the cast Iron bed.

The vibrations of the beds were induced by dropping a
steel ball at the center of the sl ldes of the beds (See Fig.
6.5). The Impulse kinetic energy of the steel ball which
was given to the cast iron bed was reduced to half of the
Impulse kinetic energy which was given to the composlte Dbed

because +the stiffness of +he cast iron was so low +hat the
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Fig. 6.3 Data Acquisition System Used in Measuring the Vibration of
the Composite Bed
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Fig. 6.4 Cross Sections of the Beds : (a) Cast Iron Bed ;
(b) Composite Bed
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Steel Ball(0.75 in. Diameter)
Accelerometer
Slide 0 o~

1
5.0in .

Bed

Fig. 6.5 Vibration Test Method of the Composite Bed
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accelerometer output from +he cast Iron bed was saturated.

Fige 6.6 shows the vibration characteristics of the
composite bed and the cast lron bed. The vibration of the
composite bed disappears after 2.5 milisecond. However, the
vibration of the cast [lron bed continues until 5.0 mil-
Isecond. Also Fig. 6.7 shows the  high frequency
characteristics of the composite bed.

In order to calculate the approximate damping factor of
+he beds from the vibration curve of Fig. 6.6, logarithmic
decrement method was used (See Appendix A). The approximate
damping factor of the composite bed Is 0.055 and that of the
cast iron bed is 0.035. Therefore, the damping of the com=
posite bed 1Is about 60 g higher than that of the cast fron
bed. The cast iron bed was equipped with saddle, head
stock, power transmitting gears and several screws when the
vibration test was conducted. The composite bed had no such
components when the vibration test was conducted.
Therefore, 60 % higher damping of the composite bed Is
remarkable because the natural frequency of the composlite
bed Is higher than that of the cast Iron bed. The dampling
of the conventional material usually decreases with the
Increase of the frequency C46, 75].

The vibration amplitudes of the two beds from Flg. 6.6
are almost the same even +hough the Impulse which was given
+o the composite bed was 50 $ larger than that which was

glven to the cast iron bed. Therefore, we can estimate that
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Fig. 6.6 Vibration of the Beds : (a)Composite Bed (0.2
1b-in Kinetic Energy) ; (b)Cast Iron Bed (0.1
1b-in Yinetic Energy)
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AMPLITUDE (fraction of paak) ve. FREQUENCY (kHz)
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(b)

Fig. 6.7 Fast Fourier Transform Results of the Vibration
& of the Beds : (a)Composite Bed ; (b)Cast Iron Bed
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the stiffness and damping of the composite bed were both

increased at least 50 $ compared to those of the cast Iron

bed.
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7. DISCUSSIONS AND CONCLUSIONS

The spindle bearing system of a lathe was bullt using
graphite epoxy composites to Increase the natural frequency
and damping of the spindle bearing system. A steel spindle
which has the same flexural rigidity (EI) as the graphite
epoxy composlite spindle was also built In order to compare
performance characterlistics.

The graphite epoxy composite spindle bearing system |Is
better +han the steel spindle bearing system In maintalining
+he bearing preload at higher bearing temperatures, satis~-
fies the nolse Iimitation reqirements, and Is capable of
+ransmitting the required torque in metal cutting opera-
tions.

The manufactured graphite epoxy composite spindle
bearing system was observed to have a fundamental natural
frequency at 1.09 kHz which Is rigid body motion and the
second natural frequency at 1.50 kHz which Is bending motion
of spindle. The steel spindle has Its fundamental natural
frequency at 0.94 kHz and the second natural frequency at
1.61 kHz. The fundamental natural frequency of the graphite
epoxy composite spindle bearing system is higher by 16 § but
i+s second natural frequency is decreased by 7 § because of
the shear effect of the graphite epoxy composite material.

However, the damping of the graphite epoxy composite spindle
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bearing system at the second mode was Increased by about 50
£.

The metal cutting ability of the graphite epoxy compo-
site spindle Increased by only 23 % : +the first natural
frequency cannot be Increased dramatically due to the large
spindle nose mass of the lathe even when the composite spin-
dle has very low mass density.

In order to Improve the metal cutting performance of
the spindle bearing system, It Is necessary to increase Its
fundamentai natural frequency because the damping of the
lateral vibration of +the bearing Is approximately propor=
+ional to the natural frequency [76] and the metal cutting
ability of the machine tool Is approximately proportional to
t+he damping of the machine tool (See Appendix E).

In order to further improve the performance of the gra-
phite epoxy composite spindle bearing system, the optimal
design procedure of the spindle bearing system was
. developed.

The optimal design procedure implles that It Is neces-
sary to reduce the spindlie nose mass as well as the spindle
mass In order to Increase the first natural frequency of the
spindie bearing system. Therefore, the graphite epoxy com=
posite spindle bearing system 1Is suitable for a spindle
bearing system which has a small spindle nose mass. |f we
designed optimally a high speed miliing machine wusing gra-

phite epoxy composites, the metal cutting performance would
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increase by 50 $ over that for a steel spindle bearing sys-=

t+em.

In the metal cutting test of Chapter 3, the chatter In
+he metal! cutting test appeared only when t+he negative rake
angle cutting tool and 45 degree cutting angle were used.
If the manufactured spindle bearing system were a high speed
grinding or milling machine, +he second mode of vibration
might appear easily and the graphite epoxy composlte spindle
might perform much better than the steel spindle bearing
system [In the second mode of the vibration because of the
high damping of the grahite epoxy composite spindle bearing
system at this mode.

Slnée the graphite epoxy composite spindie 1Is very
Itght and has high material damping, this spindle Is suit-
abie for both the high speed air bearing and the magnet
bearing. These two bearings have little damping and require
the highly damped spindle materlials. The damping of the
graphite epoxy composite will play a major role In these
high speed and low cutting force machine tools.

The mode!l of the polymer concrete composite bed has
very sti#f structures because of Its box type cross section.
I+s damcing property Is superior to that of the <cast Iron
bed.

The machine tool has many complex shaped components
which are attached to the bed. However, this complexity can

be reduced by changing the design Ca9l.
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There are several advantages in manufacturng a polymer
concrete composite bed which uses polymeric materlal as a
bonding agency. We can use one moid repeatedly to manufac-
ture many composite beds, but cast Iron beds require the
same number of molds as beds. In addition, the polymer con-
crete composite bed can be cast at room temperature without
causing any alir pollution.

The cost of epoxy Is about 10 times greater than that
of cast Iron. The manufacturing cost of the composite bed
Is competitive because only 10 ¢ epoxy Is requlired, while
the other Ingredients are very inexpensive ; moreover thase
ingredients need only be mixed, while cast 1Iron would
require melting a+ high temperatures, which is expensive
process.

in conclusion, the graphite epoxy composite spindie
bearing system for a high speed milling machine or a high
speed grinding machine and the prototype polymer concrete

bed are recommended for production.
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Appendix A : Definitions of Damping Parameters

Several commonly encountered damping parameters

are

defined 1In +this appendix, as are the relationships among

them.

1.

The damping factor, less factor or loss coefficient,n Is

defined as

AU

S ———

N = ZnUmax

AU being the energy dissipated per cycle and
maxImum potential energy stored In the system.

The qual ity faéfor, Q also called the dynamic

ampl ication factor is +he Inverse of the damping

factor, or

_2mlmax
Q =3y
The speclific damping capaclity v is defined as

_ AU

¥ = Tmax

The fraction (or ratio) of critical damping,
half the damping factor

_ AU
© “ZnUmax

The log decrement, &1s the logarithm of the
two response peaks of a system undergoing free

vibration

Umax,

g Is

ratlio

the

one

of
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] Xm
S -1rlog——-—

X
m+n
where Xm and Xm+n are ampl Itudes of the m and m+n th
peaks, respectively and n Is the number of
cycles between these peaks. |t can be shown for a

simple spring-mass-damper system that S§and the

fraction of critical damping rare thus related.

For z<< 1, the above expression reduces to

§=2ng

For systems with potential energy stored In the form of
strain energy, the complex modulus E' can be used to

express both energy stored and dissipated, since
E* = E + 1 E"

where E is the real or elastic modulus and E"™ Is the loss
or dissipation moduius. The damping factor is related to

E' thus

" E

Finally. the relationship among the varlous parameters is

ALY LE ., .8
N=97]Q 72rn E 2t =3
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Appendix B @ Calculation of the Material Properties of the Graphite

Epoxy Composlite Spindie

8.1 The General Theory

The graphite fiber used for the spindle Is high modulus
Cetlon G=50 : {ts tenslie modulus {s 345 GPa. The epoxy
used In making the composite is Fiberite 9481. When 40 %
epoxy resin is added, the composite has +he following

englneering properties.

EL = 207 GPa (30 Mpsi) (B.1)
Et = 7.85 Gpa (1.14 Mpsi) (B.2)
\)LTg 0028 (Bo})
GLT— 4.48 Gprpa (O. 65 Mpsi) (B.4)
3:‘ o -0.54 x 10~ /% (-0.3 x 10 6 jor) (8.5)
12"‘2 - 25.2 X 10°%/x (14 x 10 6 or) (B.6)
»

: = (8.7)
112 0 3

L2 1.6 %10 kg/m (8.8)

From these properties, t+he unidirection ply properties

can be calculated by +he Classical Composite Laminate Theory

(8.1, B.2].
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v ¢ E
Ve = LT T 2 o.0106 (8.9)
TL L
* EL
EY )| 5 == 207 GPa (30.1 Mpsi) (8.10)
i Jo Vo V
LT TL
E .
= 7. .14 b
E:zzz= —L— 85 Gra  (1.14 Mosi) (8.11)
LT TL
vt Er
Et122 =T—T—V_ = 2.20 Gpa (0.32 Mpsi) (B.12)
LT TL
E¥z12 = GLT = 4.48 GPa (0.65 Mpsi) (B.13)

From the above results the invarint properties of
ply are as follows

I =-%-( E¥,11+ E¥yz2+ 2EF122 ) = 54.9 GPa (7.97 Mpsi) (B.14)

Iz ='%'( E¥,11+ E¥222 - 2 Ef122% 4 Ef2r ) =28.6 GPa (8.15)
(4.15 Mpsi)

R, = 1/2 ( E¥i111- 53222) = 99.8 GPa (14.48 Mpsi) (B.16)

R, = 1/8 ( Efi11+ E¥222- 2 E¥y22- 4 E¥yy2) =24.1 GPa (B.17)
(3.50 Mpsi)

The Young's modull of the composite ply

angle @ are as fol lows.

Egﬂﬁ I+ 1+ R, cos(26) + R, cos(48) (B.18)
Egggz= I, ¢+ I, - Ry cos(28) + R, cos(46) (8.19)
E[l:?lﬁ L -1~ R, cos(48) (B.20)
Egglz= I, - Ry cos(4e) (3.21)
EE?}zs 1/2 Ry sin(20) + R, sin(4e) (8.22)

Egg}z= 1/2 R1 sin(2e) - R2 sin(48) (B.23)

the

with
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Table B.1 shows the Young's modull of the ply with sev-

eral winding angles

The tensor for stretching are defined as follows.

e 00:7 c[8;] B.24
Augoy =% tp} Eagdy (8.24)

The thermal expansion coefficients of plies are expressed as

* * .
&?%] = 011 cc326 4+ 22 sinze (B.25)
* *
&g%] = 011 sinze + Q22 c0529 (B.26)
* *
&?%1 = (11 - @22) sin O cos 8 (B.27)

The ply thermal influence coefficients are defined as

(611 [o4] [e1]
B = EaBOY'aOY (B.28)

The laminate thermal influence coefficients are expressed as

fei]
L _ [6i]
YaB i Tag tply (8.29)

Then the thermal expansion coefficients of a laminate are expressed as

L _ -1 L ' (B.30)
%8 = A aBoy Yoy
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Table B.1 Young's Moduli of the Plies with Several Winding Angles

GPa Q° ‘1 59 10° 15° -5°
g}?gl 207 } 205" | 196 182 | 205
gle) s es | 7.02 |80 | 916 1 722 |
E}?}, 2.20  3.65 7.85 ! 14.3 3.65 |
EEPJZ _ 4.48 | 5.93  10.1 | 16.5 5.93.
aﬁﬁl 0.0 ! 16.9 % 32.6 45.8 i -57.4 |
EEﬁl 0.0 i 0.413 i 1.58 4.07 -0.413




B.z

(1) IF we use [ = 5]s winding angle, the

can be calculated as follows(tply

Allll
A2’.222
A1).22

1212

Ayi2 =

as f

L
El
L
Er
L -
G 1
QL
11

4D
22
4 L
12
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Numerical Examples

=2 x 0.135 mm x 2 x 205 GPa = 111 MN/m (0.618 M1b/in)
=2 x 0.135 7m x 2 x 7.92 GPa = 4.28 MN/m (0.024 M1b/in)
=2 x 0.135 mm x 2 x 3.65 CPa = 1.97 MN/m (0.011 Mlb/in)
=2 % 0.135 Tm x 2 x 5.93 CPa = 3.20 MN/m (0.018 M1b/in)
ARjy212= 0
Then the laminate engineering properties are calculated
ol lows.
2

10 ppyy - Au22)’y= 205 cpa (29.7 Mpsi)

? (ﬁzzzzz
N " - 1

= [ Azz22 HEZL . 7.85 GPa (1.14 Mpsi)

F‘Alzxz = 5.93 cPa (0.86 Mpsi)

= -0.70 x 10'6/K
s 24.8 x 10‘6/K

=0

several

= (0,135 mm) .

properties



(2) By the same method, |f we use L =

the

lows

lamlinate

, =106 MN/m

= 4.43 MN/m

=4.24 MN/m

5.48 MN/m

Az212 = 0
188 GPa

7.99 GPa

10.3 GPa
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10]s windl

englineering properties are calculat

(0.591 Mlb/in)
(0.025 Mlb/in)
(0.024 Mlb/in)

(0.031 Mlb/in)

(27.3 Mpsi)

(1.16 Mpsi)

(1.49 Mpsi)

ﬂxl = -1.22 x 10-6/K

-6
25, = 23.9 x 10 /K

ng angle,

ed as fol-



as follows :
Ai11115 98.3 MN/m
R2222 4.95 MN/m
Ar122% 7.72 MN/m
Ai212% 0.027 MN/m
Ar112= A2212 = 0
and
Et = 160 GPa (23.2 Mpsi) .
E% = 8.13 GPa (1.18 Mpsi)
G|I:T =16.5 GPa (2.40 Mpsi)
afu = -1.98 x 10 °/K
a:; = 22.3 x 10 °/K
ale =0
REFERENCES :
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(3) If we use [+ 15]s winding angle, the laminate engineering properties

(0.549 Mlb/in)
(0.028 Mlb/in)
(0.043 Mlb/in)

(0.050 Mlb/in)

(-1.1 x 10"8/°F)

(12.4 x 10" 2/°F)

[B.1] R. M. Jones, Mechanics of Composite Materials, McGraw-Hi1l, Inc.,

1975.

[8.2] S. W. Tsai and H. T. Hahn, Introduction to Composite Materials,

Technomic Publishing Company,

Westport, Conneticut 06880, 1980.
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Appendix C : Calculation of the Power and Torgue Capability
of Adhesive Bonded Joint

The theoretical model, which was developed by R. D.
Adams [69], is used to calculate the power and torgue
capability of the epoxy adhesive bonded joint.

The joint under consideration is shown in Fig. C.1l.

The adhesive shear stress is given by Eguation (c.l).
Ta 1-y(l-co hal)
T, " i?;z{{ sinﬁa; }coshaZ - ysinhaZ] (C.1)
wherg 206
ma‘c
s ..____141 (c.2)
Gi1Jit

GxJax
v= r2G1J1+21G2J2 (C.3)

S\ %

@ = %ﬁ (C.4)

_'r1+rz
a 2 (C.5)

The maximum stress in the adhesive which occurs at
7z=0 and Z=1 is expressed by Equation (C.6).

- T l;ﬂglocoshulz .6
‘a 2nac sinhal (c.6)

The torque capability is calculated from Eaguation

(C.6).

2
ycoshlel=y
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GRAPHITE COMPOSITE

L3}

C.L. e e e ————

Fig. C.1 Theoretical Model of the Epox

T

y Adhesive Bonded Joint
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Fig. C.2 shows the shear stress distribution, which
are the result of applying a toraque to the joints. In
addition to the closed-form theory (Equation C.1l), the
shear stress distribution, which are calculated by the
finite element method with different shapes and boundary
conditions of the joint, are presented in Fig. C.2 also.

The numerical results with the design values of the
graphite epoxy composite spindle are as follow.

(1) If we use the graphite epoxy composite which is
wound [+ 15]s,

Ga = 1.03 GPa (1.5 x 105psi)
T, " 34.5 MPa (5.0 x 103psi)
t =0.203 mm (0.008 in)
ry = 31.29 mm (1.232 in)
r, = 31.32 mm (1.233 in)
¥yt T
a =i -3131m (12325 in)
Gy = 16.5 GPa (2.4 x 10°psi)
G, = 68.9 GPa (10 x 10%psi)
5o=3ar2e? - 21.3ah =18 x 10° m* (2.836 in%)
32 = § 33.3¢% - 31.50") = 3,00 x 10° m” (0.930 in%)

1 = 66.7mm (2.625 in)



Shear stress ll‘.)llnu” opplied shasr cteese
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® Squesc-edges flaite elemeat
ey Tiaite slenms andod wieh athesive tillec (Cose B
s Jemee Pezticlly tepsted ceast jolns B © 0.29
o Pesticlly tasazed ssast jolos @ © 0.3

Shear St

and Scar

ress Distributions in Tubular Lap
£ Joints Subjected to Toraue
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Zwaztlca - 5 »
Then § = -E-;J—;C-—- = 4.61 x 10 / mm (29.75/ in")
y - —Sad2El = 0.5748
4 r2G1J1+r1G2J2
d.% .
a = ("1).) = 0.283/mm (7.194/in)
27alt
a , sinhal 3 2
T= 3 Jcoshal+l-y ®1.31'x 10O Nm (9.689 x 10”7 1lb ft)

If the motor speed 1is 1000 rpm, the horse power 1is

HP = T'w= 138 kW (185 HP)

(2) If we use the graphite epoxy composite which is

wound [+ 10]s,

G, = 10.3 GPa (1.5 x lO6 psi)

5 = 7.43 x 1072/ mm®  (47.92 / in’)

y = 0.686
o =0.329 / mm (8.360/ in)
2 4. .
T 29.44 x 10 Nm (0.836 x 10 1b in)

1f the motor speed is 1000 rpm, the horse power is

HP = T-w = 99.2 kW (133 HP)
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(3) If we usé the graphite epoxy composite which is

wound [+ 5ls,

Gy = 5.93 GPa (0.86 x lO6 psi)
2 . 2
§ = 0.129/mm (83.02 / in®)
y =0.790
g »0.404/mm (10.25 /in)

2
T =6.71 x 100 Nm (0.594 x 104 1b in)

1f the motor speed is 1000 rpam, the horse powar is
HP = T-w = 70.9 kW (95 HP)

From the above results, we can see that the oower
transmiting capability of the epoxy adhesive joint
becomes lower as we decrease the windina angle of the
graphite fiber. However, the power transmiting capability
can be increased if we reduce the torsional stiffness
of the steel sleeves oOr design the tapered scarf sleeves.
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Appendix D : Properties of Hysol EA9309.2 Adhesive

EA 9309.2
High Tensile Shear and Peel Strength
at Moderate Temperatures

DESCRIPTION

HYSOL Adhesive EA 9309.2 consists of a white epoxy paste (Part A), and a blue liquid curing agent
(Part B). EA 9309.2 bonds metal skins and honeycomb core to yield tough permanently flexible joints
that resist humidity, water and most common fluids. Its outstanding feature is high shear and peel
strength on aluminum bonds at moderate temperatures.,

PROPERTIES

Viscosity at 77°F: :
Part A — approximately 4,000 poise (Brookfield, HBT, #7 Spindle, 20 Rpm)
Part B — approximately 0.5 poise (Brookfield, LVF, #1 Spindle, 60 Rpm)

Storage Stability:
At least 1 year at 77°F for separate components.

TYPICAL CURED PROPERTIES

The following data were obtained on chromic acid etched 2024-T3 clad aluminum. The adhesive was
cured for 5 days at 77°F. Specimens employed the following metal thicknesses:

Tensile Lap Shear: 0.063 inch, 0.5 inch overlap bond. one inch wide.

90° Bell.Peel: 0.025 to 0.063 inch, 0.5 inch wide.
180° T-Peel: 0.020 inch, 1 inch wide.

Climbing Drum: 0.020 to 0.063 inch, 1 inch wide.

Lap Shear Strength vs. Temperature.

Test Temperature °F: -67 77 180 250 350
Lap shear strength (psi): 4,700 5,000 1,150 720 600

Peel Strength vs. Test Method. The effects of three test methods are compared below for room
temperature performance:

Test Method: 90 °Peel T-Peel Climbing Drum
Peel Value at 77°F: 69 pli 42 pli 75in. 1b./in.

Peel Strength vs. Temperature. Effect of temperature on T-Peel strength is shown below:

Test Temperature °F: -67 77 180

——

Strength, Ib./in. 10 a2 9
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Appendix E : Dependence of the Metal Cutting Performance on the

Damping and Stlffness of a Machine Tool [41].

The geometry of a two-dimensional, or orthogonal, cut-
t+ing operation s shown simplified 1In Fig. E.1. .The
relative displacements of the tool and the workpliece are
x(t) and y(1+), respectively. The + x-dlrection Is taken as
the outwardly directed normal fto +the finished surface.
Thus, the vibrating machine tool produces a surface undul a=
t+ion equal fto x(¥).

In Fig. E.2, the resultant cutting force R(t) Is shown
resolved Into its two components Fp(t) and Fq(t). There Is
good reason to bel ieve that the thermoplasticity relation-
ships wﬁich defline the dependence of R(t) on x(t) and y(+)
will Involve oniy x, % and y and not X, y, etc. Hence, for

t+he variation of forces, we will write

QL
p

= AEE §£2 X OFR 4v
dFp = = dx + T di+ G dy

Since the vertical force Fp can be written

Fp = uDs

where

u = energy per unit volume, psi
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Fig. E.1 Geometry of an Idealized Dynamic Cutting Process

— Iy

v +y(¢)

Fig. E.2 Force Relationships for Vibrating Machine Tool
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D = width of cut, Inch
s = feed rate, Iinch
Therefore,
afp _ U,
5S D (u+ Sre

In general u varies as the -0.2 power of the feed s ;

hence, sau/a§'= -0.2u, and

3Fp _ Afp _
5s X 0.8 Du

When only x is varied, x = y = 0, the direction R is essen-

t1ally constant. Since Fp = R in the metal cutting process,

we can write

AR
X =~ 0.8 Du

From the vibration theory for the one degree of free-

1
A k/L1 - w/mn <14+ (ZCw/wn)

where A Is the amplitude of the vibration In +the direction
of R and k 1is the stiffness In the same direction. If

cu/wn=l for the Instabllity
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A A/AR = 1/(2Tk)

1¥f the angle between the resul tant displacement and the

x=-direction Is Y,
x = cosY A
Therefore,

Mo M1 1]
AR " Cosy:AR 0.8 Du cosy 2k

hence, Dmax =%%—m ( Dmax = D)
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