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ABSTRACT

A two-dimensional numerical model of a plate-fubé heat exchanger for use
as a dehumidifier in a humidification-dehumidificet (HDH) desalination systems is
developed, because typical heating, ventilatingd amr conditioning (HVAC)
dehumidifier models and plate-fin tube dehumidifigometries are not intended for the
considerably higher temperature and humidity raifferences which drive heat and
mass transfer in HDH desalination applications. €kperimentally validated model is
used to investigate the influence of various heahanger design parameters. Potential
improvements on common plate-fin tube dehumidifésigns are identified by
examining various methods of optimizing tube disaneand longitudinal and transverse
tube spacing to achieve maximum heat flow for aegiguantity of fin material at a
typical HDH operating point. Thicker fins are reaoended than for HYAC geometries,
as the thermal conductive resistance of HVAC fiestiicts dehumidifier performance

under HDH operating conditions.
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INTRODUCTION

The ever-increasing demand for clean water is it patisfied by desalinating
seawater or brackish water with the humidificatdetumidification (HDH) process [1,
2]. The development of HDH desalination systems masle remarkable progress in
recent years [3-11]. However, most improvementseheencentrated on new system
configurations, thermodynamic analysis, and prdetancept experiments. Solar heaters
[12, 13], humidifiers [14] and thermal compresddsis] are the HDH desalination system
components so far investigated in most detail. Dedifiers, however, have often been
adopted from existing heating, ventilating, andcainditioning (HVAC) technology, for
which they are mass produced at low price, rathen tdeveloped in the HDH context.
An intensive study on flat-plate and plate-fin tutehumidifiers for HDH desalination
systems has been performed [16, 17] one step tewiangroved HDH desalination
system configurations. Thiel and Lienhard [18] istvgate in-tube condensation for
dehumidification in an HDH desalination system gmdvide a literature survey on
condensation of water vapor from an air-steam métlihe current paper investigates
plate-fin tube heat exchangers as components fegration into HDH desalination
system design.

Narayan et al. [3] describe in detail various HDébkaination systems and designs.
Figure 1 shows a simple closed-air open-water watated HDH desalination system.
The main components are a humidifier, a dehumidifeexd a water heater. In the
humidifier, warm saline water is partially evapedinto an air stream. Nearly saturated
air exiting from the top of the humidifier is trgsted to the saline water-cooled
dehumidifier. Within the dehumidifier, the air hufity decreases with decreasing
temperature, and some of the water vapor condemseRicing pure water which is
collected at the bottom of the dehumidifier. Thi®quct water can be used for the
intended purpose. Latent and sensible heat arsféraed from the air to the saline water
side to preheat the saline water. In a closedyaiesn, dehumidified air is recirculated to
the humidifier. In a water-heated cycle, the prédeaaline water is further heated by a
(solar) water heater before being sprayed intchtiaidifier. Saline water not vaporized

in the humidifier is discarded. Many variants dsthasic architecture exist [3, 4].



Heat Exchangersfor Dehumidification

Various heat exchanger types have been used asnatbfers in HDH desalination
systems. The majority of reviewed papers [3] rédeplate-fin tube heat exchangers (cf.
Figure 2, top), the most economical type for HVA€hdmidification. This type is often
adopted for HDH processes as well. Air flows arothltubes and along the plate-fins in
direction of gravity; saline water passes throufle tubes. Saline water may be
distributed from a port manifold to all tubes, bettubes may be set up in a multi-pass
configuration. In process industry and HVAC systemg-configuration and adjustment
of the flow cross-section achieves equal mass-flmes in all tubes. In a multi-pass heat
exchanger, return bends route the saline wateugtreseveral tubes. The result is a
single-pass or multi-pass crossflow configuration.

Plate fins enhance air-side heat transfer by istngathe air-side surface area. They
can be flat, or corrugated or perforated to indturdulence. Common standardized
geometries for air-cooling and dehumidifying heatheangers are according to [19]:
outside tube diameters 8.0, 10.0, 12.5, 16.0, 2a&r@ 25.0 mm; longitudinal and
transverse tube spacing ranging from 15 to 75 nnmsgacing from 1.4 to 6.4 mm; and
according to [20] fin thickness from 0.005 to 0.0@8hes (0.127 to 0.203 mm). In
refrigeration applications outside tube diameteos larger than 10 mm are common
nowadays. To prevent excessive fouling and erosgawater velocities between 1.5 m/s
and 2.4 m/s are recommended [21, 22].

Criteria for the selection of heat exchanger maleriare cost, mass, corrosion
resistance, thermal conductivity and possible nrangi Plate-fin tube heat exchangers
in HVAC systems typically consist of Cu tubes withfins [19], permitting high thermal
conductivity at moderate cost. Circular tubes ageaaded to press-fit the surrounding
plates.

In a corrosive atmosphere, however, this standangAlCcombination forms an
electrochemical cell which induces corrosion. Calbys, which have a higher corrosion
resistance, are standard for the tubes of mariage{iih tube heat exchangers. For
seawater-operated HDH dehumidifiers the SOLDES epto[23] recommends CuNi
90/10 for the tubes, Al or Cu for the fins, andrdtss steel 304L for the frames, casing



and collecting basin. In practice, Houcine et &4][reported corrosion of these
dehumidifier materials after only six months of ogi®n.

Improved corrosion resistance is achieved by addisgnall proportion of Fe to the
tube alloy. On the basis of over 20 years’ expegeat a seawater corrosion test facility
at Helgoland, North Sea, Germany, Happ [21] recondaeCuNiFe 90/10 tubes with Cu
fins. To slow down or even inhibit corrosion of thies and extend the life time of the
dehumidifier a coating layer on the air side isfulseThe carry-over of saline water
droplets from the humidifier to the dehumidifierexls to be avoided by the system
design.

DEHUMIDIFIER MODEL

A numerical model is developed for detailed analys the dehumidifier, and the
resulting equations are presented here. The segmgesggment (or cell method) [25] is
applied. In contrast to standard two-zone modeds §B, 27], the heat exchanger is not
only subdivided into one dry and one wet sectian,ib discretized into several segments
in the air flow and saline water flow directions dohieve a two-dimensional solution
instead of an average outlet state for this 2 dm®nsional problem. The air and saline
water outlet states are determined for given air saline water inlet conditions and heat
exchanger geometry.

The model incorporates the following assumptions features:

» Steady-state conditions apply to heat and massféan

* Mass transfer is determined by the Chilton-Colbbeat and mass transfer
analogy [28]

* The Lewis numbeLe = 0.865 [29] is used, which applies accuratelyHioH
operating conditions [16], instead of the commasuasgptionLe = 1.0

* The high-rate mass transfer model with a logarithmiass transfer driving
force is applied [28]

» The surface area of a segment is either fully driyly wet

» The effect of condensation-induced fluid motionmat to the main air flow

direction is taken into account by the Ackermanmeaxion factor [30]



» The thermal conductive resistance of the conderfdatevhich forms on the
heat exchanger surface is taken into account byg@t'’s condensation theory
[28]

* The energy balance includes the enthalpy changigeatondensate in air flow
direction

* The velocity reduction in each segment due to cosakon is taken into
account

* As the heat transfer coefficient, air temperatune aumidity ratio do not
change much within each segment, heat conductiathantube and fins is
assumed one dimensional in the radial directioa isegment, but different
from segment to segment

» The heat exchanger is adiabatic with respect toetmdronment (no heat
losses)

* Heat and mass transfer are calculated at constesgyre.

Governing Equationsfor the Wet Control Volume

Figure 2 (center) illustrates the two-dimensionaicbtization of the plate-fin tube
heat exchanger in theandz directions. Figure 2 (bottom) shows an enlargesawof the
wet control volume with the variables used.

Heat and mass transfer are simulated at constassyme and are not coupled to the
pressure drop calculation, as the pressure dromivas influence on the fluid properties
and the heat transfer calculation. The pressurp draalculated after the heat and mass
transfer calculation is completed and takes theperature and velocity distribution into
account.

The derivation of governing equations for the pfatetube heat exchanger model is
analogous to Sievers and Lienhard [17]. The egnattmmprise the water mass balance
dn,, =-myda,, (1)

the air-side energy balance
- CKQ = mdadha + d(mpwhpw) = mdadha + n.qudhpw + hpwdhpw’ (2)

the saline water energy balance
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the mass transfer equation
aa

he M H
d, == 2w emin 0622, q(A +A), (4)
M, 2

pw
pa 1+

(@]

0.622
and the heat transfer between the air and the osatkefilm

h,y M 1 o

y,dh, =h, | 7, -t )+ 2 Le™in—0022 | d(A + A,), (5)
Cpa M a 1+ a)l

0622
with the Ackermann correction factor [30]
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to include the influence of condensation-induceddfimotion towards the interface. The
temperature of the interfacial boundary betweenlpcowater and air is
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and the mean product water temperature accordiBgdasivan and Lienhard [31] is

0228
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The exponentn of the Lewis number in the heat mass transferagyoin Eqgs. (4), (5),

(8)

and (7) equals the Prandtl number expomenf the heat transfer equations. Typicatly
= 1/3 is used for the heat mass transfer analogjly [2

Governing equations for the dry control volume espond to Sievers and Lienhard [17].



This system of equations is used to determine iB&iltltion of the heat flow

transferred to the saline water si@e the mass flow of product waten_, , the humidity

pw?

ratio w,, the air temperature,, the product water temperatutg,, the saline water

temperaturet,, and the temperature of the interfacial boundaryrhe humidity ratio at

the interfacial boundary is taken to bge = w_, (p.t,) .

The thermophysical properties of dry air are defifrem the composition of dry air
[32]. Molar masses from Coplen [33], the specifis gonstant of dry alRja = Ry/Mga =
0.287117 J/(mol K), and the ratio of the molar reassf water and dry ail,/Mgs =
0.62217~ 0.622 are used. The thermophysical propertieshéonid air are calculated
from HuAir [34], those for water from IAPWS-IF97 §3 36], and those for standard
seawater of salinity 35 g/kg from Shargawy et3r][as saline water.

The governing equations for the dry or wet controlume are solved for each
segment in sequence from the air inlet to the @ileg beginning with an initial estimate
of the saline water outlet temperature. The wetigedegins once the air-side surface
temperature is lower than the air dew point tempeea Subsequent segments in the air
downstream direction are also assumed to be wetsystem of governing equations for

dry or wet control volumes is solved by a trusteaglogleg algorithm [38].

Heat Transfer Equationsfor Plate-Fin Tube Heat Exchangers
Air-side heat transfer in a plate-fin tube heathenger depends upon its geometry,
i.e. tube diameter, tube spacing, number of tulesrdin spacing, fin thickness, and

surface geometry, and is quantified either by tbéo@rnj-factor

j - Nul/3 - ' hta Pr2/3 - hta Pr.2/3 (9)
RePr (m,/A)c,, PaW.C,,

or by the Nusselt numbétu

Nu = %. (10)

a

Available equations only cover a limited set of getries. The four air-side heat transfer
equations for staggered tube arrangement [39-4fdiin Table 1 are applied here. (The

tubes are staggered in air-flow direction and melitransverse (normal) to air-flow



direction as shown in Figs. 2, 6, and 7.) For thegeations, the air flow velocity

w, =, /(A.p,) is derived from the minimum free flow aréamin between the tubes

and the fins Ac = Acmin). Various characteristic lengths are used to calculate the
Reynolds numbeRg. Wang et al. [42] use the fin collar diametie= d,+2 di when the
tubes are surrounded by a collar of fin materiatQuiston [39] has derivegfactor
equations for dry surfaces and for wet surface$ Wiltn or dropwise condensation,
whereas Gray and Webb [40], Pacheco-Vega et a], ptid Wang et al. [42] have
determinedj-factor equations for dry surface only. Gray andb®/e j-factor equation
[40] is also published in [43].

Apart from these equations derived specificallygtate-fin tube heat exchangers of a
particular geometry, Gnielinski's parallel-plate ctitheat transfer equations [44, 45],
listed in Table 1, may be applied to air-side heeansfer over a wide range of heat
exchanger geometries. Here the Reynolds nuiRlagr= p w d/u is calculated from the
air flow velocity

m, s-dfiz s-dfi
s w

w=———
WLp, s ¢
with the air face velocitywy, wheres is the fin spacingd: the fin thickness and

(11)

mod;

=1-—
v 4 X

the air-side porosity of the plate-fin tube heattenger. The hydraulic

t 7N
diameter isdy, = 4 VJAs = 4 VJ(A: + As ), whereAs is the wetted surface area enclosing
the wetted volum¥s,.

Local heat transfer coefficients in circular tujés, 47] are applied on the saline
water side. Heat transfer through the condensdie # described by Nusselt's
condensation theory [28]. For all equations, thgrhysical properties are evaluated at
the arithmetic mean fluid temperature between ialed outlet of each segment; the
temperature dependence of the fluid properties dmtvbulk and wall or interface surface

temperature within a segment is neglected(RePr)’** = 1

Fin and Surface Efficiency for Plate-Fin Tube Heat Exchangers
To simplify the simulation, heat conduction throutjte tubes and fins is modeled

using fin and surface efficiencies. The fin effiuy is



actuaheatlowtransferrebyfin

Ny = : : (12)
heaflowtransferrelbyfin attubesurfacéemperatue
and the surface efficiency is [48]
n = actuaheaflowtransferrebyfin andtube _ A+ A
° heaflowtransferrelbyfin andtubeattubesurfacéeemperatue h, A +h, A,
(13)

whereA; is the air-side heat transfer surface area ofitthe not occupied by fingy is the
air-side heat transfer surface area of the finsAmé; is the total air-side heat transfer
area. The surface efficiency is used in the aie-didat transfer calculation in Egs. (4),
(5), (7), and (8). When equal heat transfer coeffits h; on the tube surface arg on
the fin surface are assumed, the surface efficiemsymply

Af
CA+A,
The fin efficiency for thin fins of constant thiokssd; << X, di << X; is [49]

_ tanh{mdd, /2)
7t mdd, /2

s =1 @-7:). (14)

: (15)

wherem is the fin parameter and d,/2 the weighted fin height. This equation is based
on the analytical solution for a fin of uniform e section, corrected to allow for
different fin geometries.

For dry heat transfer, the fin parameter is

m:nb:(kzr;aJ . (16)

For calculation purposes, the plate fin is subdidichto hexagonal fins around each tube
as shown in Fig. 7. For these, the calculationmpatar
®= $—1 1+ 035|n$ (17)

d2 d2

with the equivalent fin diametel

1/2
d, = 127bF{ ;(C - o.3j , (18)

R

where



X, =(X2+1/4X2)"? (19)
for staggered tubes is uselis the longitudinal tube spacing in the air-flowedtion, X;
the transverse tube spacing normal to the air-fiaection, andor is the smaller of the
two distances X, andX::
by = X,for2X, = X, or b, =2X,for2X, <X, (20)
In-line configurations, whose heat flow is pooe rarely used in plate-fin tube heat
exchangers and are thus not considered here. Titex beat transfer characteristics of
staggered tubes are more suited to heat-transtepragnt, despite the higher pressure
drop.
For combined heat and mass transfer (wet heatférartbe fin efficiency is lower
than in the equivalent dry case. A solution usihg Chilton-Colburn heat and mass

transfer analogy is adapted from [50] to represiaatsituation:

m? :m§(1+sz), (21)
hf

B=—""& 22

C,aLe’? (22)

b2 — Cosat(t fintip) _a‘sat(t|) . (23)

t t,

fintip

The fin tips are represented by the edge of theagnmxs of Fig. 7. There are no
partially wet fins in the system investigated, bBe telative humidity of the moist air
entering the dehumidifier in HDH desalination sys¢as high. The fin tip temperature is
determined by solving

ta _tfintip + BC:O /(1+b2 B) _ 1

= , (24)
t,-t, + BC,/@0+b,B)  cosh{md, /2®)
C:O = wa _a2 _bzta’ (25)
W (e ) — ., (t
a2 — wsat(t| ) _ sat( fmtlp) sat( I)tI . (26)

toi — 1,

fintip

A high fin efficiency, i.e. a fin temperature cloge the tube temperature, requires
direct mechanical contact between fin and tube ratothe entire tube perimeter.
Corrosion, thermal expansion and the manufactupirogess can lead to a significant

contact resistance. Contact is perfect and permaméyif the fin is integral to the tube.

10



Pressure Drop Deter mination

Air and water experience a pressure drop when plasg through the heat exchanger.
A trade-off between good heat transfer charactesistith a small heat transfer area (low
investment costs) against a low pressure drop Mithenergy consumption by fans and
pumps (low operating costs) is normally required.

In general the pressure drop in the heat exchaager

Ap:Z:ApM,i +Z(Apg,i +Apdeqi +Apf,i)’ (27)
j i

wheredpw; is the pressure drop associated with inlet antébah the air side or return
bends on the saline water sidepy; is the geodetic pressure drofpgeci is the
deceleration pressure gain; afjg; is the frictional pressure drop per tube riow

Using a total pressure loss coefficiéhtthe pressure drops at inlet, outlet and in the

return bends are calculated from

W2

Ap,, =K = (28)

whereK = 4 for each return bend [51] in the saline wéitaw, and Kays’ data [52] foK
= f(Re,geometryfor inlet contraction and outlet expansion for #dw. The pressure
drop Apgq resulting from the geodetic height change is |ow therefore neglected.

The air-side humidity ratio change results in asigant deceleration pressure rise

mY(1 1
Bpp.=| |2 aw,. 29
P (Aj[pa ppWJ“’ 29)

On the saline water side the pressure change deeddoity variation is negligible.

The frictional pressure drop in the saline watewfis expressed as

Az w.,©
Ap, =&— W 30
pf Edh psw 2 ( )

where ¢ is the (Darcy-Weissbach) friction factor. Smootlbés are assumed, so the
friction factor is independent of the surface rouggs. For tube flow the Hagen-
Poiseuille and the Konakov friction factors are laggh

64

for laminar flonRe, < 2300 (31)
Rey,

f:

11



£ =(18log,,(Re, )-15) for 2300 <Rey, < 10. (32)

The air-side frictional pressure drop is determiasdh combination of the drag of the
flow across the tubgps and the drag of the flow along the fips as proposed by Gray
and Webb [40]

Ap, =Apy +Ap,,. (33)
This approach separates the two effects that caysessure drop and thus provides a
physical basis for an extrapolation to new georestrfwo different equations are used to
determinedpy for the fins andipy for the tube in Eq. (33). The pressure drop ferfths
(plates) is calculated either according to Gray\afebb [40]

AN w2
Apy =< ow Tpa 5 (34)
where
&1ow = 0508Re;™ (X, /d,) ™" (35)
with the air flow velocity at the minimum free floareaw, = m,/(p, A, ,;,) in Eq. (34)
and inRey,, or according to Hagen-Poiseuille and Konakov [53]
Ay  w?
Apy =& d_hpa7 (36)
96 :
ik = for laminar flowRey, < 2300 (37)
R&,
£=(180g,,(2/3Re,)-15)7  for 2300 <Reyn < 1C° (38)

with w according to Eq. (11) arlde, as mentioned there. The pressure drop associated
with the tube

W2

Apy =4.p, 7 (39)
is either taken from Zukauskas [54] or determineminf the following equations from
Gaddis and Gnielinski [55]

‘= &4 N 51525 1—exp{— Red2+200] (40)
Re;, Rey; 1000

12



2807(X, /d,)* - 06) + 075
4(X, 1

5|:( for X,/d, > 052X /d, +1  (41)

= ' for X, /d, <05,/2X./d, +1 42
gtl (4(Xt/d2( | 2 t 2 ( )

3 3
£ =25+ 12 o4 Zr-a] —o0d Ze-q, (43)
(X, /d, - 085) X, X,

whereRey; is calculated with the air-flow velocity. at the minimum free flow area and
X from Eq. (19).
The equation of Gray and Webb [40] is restricteth®range given in Table 1 within

which it is more accurate than Egs. (31) and (82)erwise the alternative is applied.
No suitable method of determining the wet pressliop in the condensate-air flow
on the air side could be found. The correction bgng/et al. [56], though accurate, is

limited in range, which is problematic when varyihg geometry.

Sensitivity Analysis

The sensitivity analysis shown in Fig. 3 reveals éffifect of an increasing number of
segments on the simulation result. The number gieats used to discretize a single
heat exchanger tube is varied from 10 to 100 inreiments of 10. Only the changes in: air
temperature difference from inlet to outlet, praduater temperature difference from
inlet to outlet, heat flow to the saline water ahé air humidity ratio difference from
inlet to outlet are shown here. The product wagerderature difference is determined as
the difference between air inlet temperature aratiyget water outlet temperature. The
salinity is that of standard seawater. Here andllithe following calculations, standard
seawater is used as an example for saline watersdfme water with different salinity,
similar results are found.

A comparison of sensitivity and validation resuitgplies that 20 segments per tube
suffice for significant accuracy within short siratibn time. So all simulations are done
with 20 elements per tube for optimized performare® 20 segments per tube the grid

convergence index (GCI) [57] is -2.15 % for the tamperature difference from inlet to

13



outlet, -2.09 % for the product water temperatufieiience, -0.54 % for the heat flow,
and -0.35 % for the humidity ratio difference bedtwenlet and outlet.

Validation

Data from McQuiston’'s experiments for plate-fin eudehumidifiers [58], Series
10000 with condensation of water from humid aie ased to validate the numerical
model. The heat exchanger’'s geometrical data aue:staggered copper tubes in air flow
direction withd, = 9.957 mm spaced longitudinally §t= 16.764 mm and transversely
X¢ = 25.400 mm, and; = 0.1524 mm thick plain aluminum fins with coaspaced a
=3.175 mm.

On the seawater side, the equations for heat tansf tubes are applied. To
compensate for condensation-induced fluid motiba,Ackermann correction [Eq. (6)] is
always applied to the air-side heat transfer coieffit. For the low mass transfer HVAC
experiments considered, it has a negligible infbgean the results. The experimental and
simulated results are compared in Fig. 4, and tagimum and root mean square (rms)
deviations are listed in Table 2. Apart from thetamperature difference between inlet
and outletAt,, the highest accuracy is achieved by Gray and V¥ebfuation. That
equation should therefore be applied if the heatharger geometry lies within its
validity range (cf. Table 1).

The heat transfer equations for parallel-plate diwet (Gnielinksi [44, 45]) lead to
less accurate results compared tojtfector equations specifically fitted for the pldie
tube geometry. But their validity range is wideanhthat of thg-factor equations by
McQuiston [39], Gray and Webb [40], Pacheco-Vegale{41], and Wang et al. [42].
Equations for parallel-plate duct flow thus appbya broad range of geometries, as is
necessary when optimizing the heat exchanger gepmet

Since McQuiston’s-factor equation is accurate to no better than &b0% for Series
10000, the model with this equation operates witheénachievable accuracy.

Unexpectedly, a dry-factor equation with a suction correction achieties best
agreement with the experimental results.

A validation of the different pressure drop equagifor tube and fins is shown in Fig.

5. No combination is adequate. Combinations of Guagy Webb’s equation for the fins

14



with Zukauskas’ results (rms 44%) or with Gaddigiation (rms 37%) for the tube agree
poorly. Gnielinski’'s combination of the Hagen-Paitle and Konakov parallel-plate
flow equation with Zukauskas’ results for the tueads to larger deviations of rms 57%.
However, the wide range of applicability of thiswdaination is advantageous. The use of
Wang et al.’s [56] wet pressure drop correctionlidvanly for a limited range of
geometries, reduces the rms to an acceptable 16%.

Inside its validity range, the Gray and Webb heatdfer and pressure drop equation
is combined with Zukauskas’ result. Outside of ttdsge, the parallel-plate duct heat

transfer equation and the parallel-plate duct presdrop equation are applied.

Comparison with other Models

Several different dehumidifier models are availabl¢he literature, e.g. [26, 27, 59,
60]. Table 3 shows the main characteristics ofdileumidifier model from the standard
AHRI 410 [19, 26], the ASHRAE Handbook Fundamenfé® and the model presented
in this publication. It is important to note thhetAHRI 410 model is only recommended
for air temperatures up to 38 °C and is thus nqiliegble for HDH desalination
operating conditions. Besides the standard AHRI, 4i£3cribed in ASHRAE Handbook
HVAC Systems and Equipment [19], the ASHRAE Handb&ondamentals suggests
another method, based on simple heat and masdetramalogy with a Lewis factor of
1.0. The shift of the interfacial boundary statethe dehumidifier along the saturation
line is accounted for by a step-by-step calculatipralf- or part-value method).
According to [60], the extrapolation to very higlass transfer, as in HDH desalination
systems, should be avoided. These two methodsoarmonly applied and thus represent
a standard for the simulation of dehumidifiers raoeended by ASHRAE [19, 60] and
by VDI [27]. This supports the need for a dehunigdiinodel specifically developed for
HDH desalination operating conditions with highemperature and humidity ratio.

The AHRI 410 model uses one dry and one wet seotibereas the model presented
here utilizes the segment-by-segment approach wehtbe dehumidifier. Due to this
fundamental difference AHRI 410 applies averagentophysical properties opposed to
the local thermophysical properties determined \lid segment-by-segment approach.

As a result, the air flow velocity reduction is aoated for in each segment in the present
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model. Being small for HVAC operating conditionisistvelocity reduction is in the order
of 20 % for HDH operating conditions. The local a@ties are used to determine local
heat transfer coefficients for each segment whighcambined with the local driving

force opposed to average velocities, average heasfer coefficients, and average
driving force in the two other models.

The local velocities and temperatures are alsoiegph the determination of the air-
side pressure drop [Egs. (27), (28), (33) to (4@)]ch has a quadratic dependence on
velocity and thus cannot be calculated correctlyabyaverage velocity and temperature
throughout the dehumidifier. The prediction of #ieside pressure drop from a usually
isothermal pressure drop coefficient is thus impbvo include the effect of varying
velocity due to temperature and humidity ratio aem

The segment-by-segment method leads to outletl@sofvhich enable incorporation
of the effect of a non-uniform distribution of tpeoperties at the dehumidifier inlet and
outlet. Examples are a non-uniform velocity digitibn at the dehumidifier inlet due to
curvature of the air ducts. The knowledge of thdedprofiles is important when, for
example, HDH desalination systems with extract®l] pre designed.

In HDH dehumidifiers, the ratio of the mass flow moduct water to air is much
higher than in HVAC dehumidifiers. As a result (itteange in) the enthalpy flow rate of
the product water, which is usually neglected inA@/models, needs to be accounted
for in HDH dehumidifiers. The product water enthalfow rate at the outlet is in the
order of 5 % of the total heat transfer rate.

The mass transfer driving force, In((@#0.622)/(1+4,/0.622)), in Eqgs. (4), (5), (7) is
approximated by a first order series expansionive @»..-®)/0.622 in the ASHRAE
model [60]. This linear approximation is only vafor low humidity ratios and leads to
considerable errors for HDH operating conditions: $aturated air of 0.48 bar and 60 °C
in contact with a tube surface of 20 °C, the ernrorthe driving force due to the
linearization is 35 %.

The Lewis number Le = 0.865 leads to a factor ofie 1.102 in the mass transfer
equation [Eq. (4)] and in the dominating mass ti@ngart of the energy balance on the
air side [Eqg. (5)].
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DEHUMIDIFIER SSIMULATIONS

Simulations are performed for inlet conditionsha bperating point shown in Fig. 6;
this operating point was selected by an entropyeggion minimization of the entire
HDH desalination system [62].

The developed plate-fin tube heat exchanger madeked to show the influence of
different geometric parameters on heat exchangdorpeance. This is possible within
the narrow validity range of the empirigaflactor equations, or within the wider validity
range of less accurate duct flow equations.

When using seawater, especially at elevated terysera seawater-side heat
exchanger fouling is an important issue: the wanbetsurface and the return bends are
susceptible to fouling. The return bends make m@chacleaning difficult. A seawater
pretreatment is necessary to reduce fouling withim heat exchanger and to ensure
smooth operation with little downtime. Although tifi@uling resistance changes over
time, the literature recommends constant valuesldsign purposes. A fouling resistance
of Ry = 0.09 niK/kW, valid for seawater at temperatures up to 6(463], is applied.

Typical Smulation Results

The model determines the two-dimensional distriyutf the temperatures of the air
bulk, the air-condensate interface, the air-sideetaurface and the seawater bulk, the
amount of product water, the heat flow to the searyand the air-side as well as the
seawater-side pressure drop.

The initial geometry used (Figs. 6 and 7) representypical HYAC dehumidifier
geometry, which will be improved upon later in tbentext of the HDH desalination
system. The following materials are selected, icoedance with [21]: tubes of CuNiFe
90/10 k = 51.7 W/(m K) [64]) and fins of Clk(= 401 W/(m K) [64]).

Figures 8 and 9 show results for the initial geagnased as a basis for the parameter
variation. The heat transfer is determined with@ray and Webb equation [40], and the
pressure drop with the Gray and Webb equation ¢djbined with Zukauskas’ equation
[54]. Results are visualized as a three-dimensiplwlof one complete longitudinal tube
row of the heat exchanger of Fig. 6 where all tudreslongitudinally series-connected in

a seawater-side multi-pass configuration. The gl seawater temperature distributions
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are shown in Fig. 8, in which humid air entersltleat exchanger from the left, and flows
through the ducts created by the plate-fins andiratdhe tubes towards the right. (To
permit visualization of the temperature variatiarthe tubes, the 270 fins are not shown.)
In this multi-pass heat exchanger, seawater entersheat exchanger via the tube at
upper right in crossflow to the air, is conveyedrs end of each tube to the next in a
return bend, and finally exits the heat exchandeupper left. The water temperature
increase is higher than the air temperature deerdasthis simulation, the air outlet
temperature is higher than the seawater outlet degiyre.

When the tube surface temperature is below the &rcdew point temperature, water
vapor condenses on the surface of the tube anfinheThe condensate (product water)
is transported downwards by gravity and by the shaaes at the liquid-gas interface
with the air flow towards the heat exchanger attetpwhere it is separated from the air
flow. At the given operating point, the heat exd@mnsurface is fully wet. This justifies
the assumption of either fully dry or fully wet segnts.

The reduction of the humidity ratio and the heax fbased on the outside surface area
of the bare tubes is shown in Fig. 9. The heat fldweach tube varies according to
seawater flow length because of the higher heaistea in the seawater inlet region.
Seawater flow is fully developed at the end of etatie. Short tubes or inlays within the
tubes will increase the heat flow. The seawatesque drop is increased by using
shorter tubes which increase the number of retemdbs. The heat flux in the air flow
direction increases with the temperature differebetween air and seawater. The
equations used in the simulations yield meéactors only, so the increased heat transfer
at the air inlet is not represented. Simulationagibeat transfer equations for duct flow
predict that the developing air flow has a sigmifit local influence. Condensation
increases the air-side heat transfer coefficientabgut 8%, depending on the local
condensate production. Latent heat transfer acedontapproximately 95% of the total
heat transfer, and sensible heat transfer foreaheming 5% only. The overall influence
of the Ackermann correction is thus small.

Higher heat transfer in the developing seawater flegion at each tube inlet causes
the amount of condensate produced to vary slighilly seawater flow length. Because

the surface temperature of the tubes falls suffttygo increase the mass transfer driving
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force despite the decreasing bulk humidity, condengroduction increases in the air
flow direction. The air becomes saturated afteersain flow length. Because the sensible
heat transfer is small, condensate production aadl flux show the same trend.

The overall effect of the seawater inlet flow oe #ar flow is negligible owing to the
multi-pass crossflow configuration.

A single-pass configuration, in which all tubes aomnected in parallel, has a low
seawater mass flow per tube, which would result ihigh thermal resistance on the
seawater side relative to the other thermal rasiss® A substantial reduction in tube
diameter is not possible, and would also considgratcrease the fin conductive

resistance, making a single-pass heat exchangeitainie here.

Parameter Variation

The number of tube rows in air flow direction, firethickness, the tube diameter, the
fin spacing and the air-side velocity are variethrtsig from the initial geometry
described in the typical simulation results for thphss heat exchangers. Unless
otherwise stated, all other parameters are constadtequal to those of the initial
geometry in Fig. 7. The heat transfer is determingt the Gray and Webb equation
[40], and the pressure drop is determined withGhay and Webb equation [40] together
with the Zukauskas equation [54]. The geometriapeaters are varied over the whole
validity range of these equations. The foulings&sice oR;, = 0.09 MK/kW [63] leads
to a heat flow reduction of about 10%. Becausehefénhanced air-side heat transfer,
fouling has a stronger impact than in flat platatrexchangers [17].

To determine the effect of additional tube row® ttumber of tube rows in air flow
(longitudinal) direction is varied from one to tefigure 10 shows the effect of the
number of tube rows upon the heat flow, and in wpon the outlet temperatures, the
product water mass flow, and the air-side presswo@. The histograms on the right-
hand side show the variation of these quantitieth Wie number of tube rows. Each
additional tube row has a smaller effect thanieslpcessor. The air-side pressure drop of
each additional tube row is approximately the saasethe velocity is not significantly
reduced. A heat exchanger with just one tube raw thansfers the highest heat flow per

air-side pressure drop.
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The influences of fin thickness, tube diameter, dpacing and air face velocity are
shown in Fig. 11. For the fin thickness variatitre tistance between the fins is kept
constant whilst the fin thicknesh is varied. The total number of fins and the transf
area thus decrease with increasing fin thicknesshasfinned tube length and tube
diameter remain constant. The heat exchanger peafaze nevertheless improves with
increasing fin thickness. The heat flow improves d&yout 13.3% over the range
considered (0.1 mm to 0.5 mm).

Increasing the tube diameter reduces the heatférasuea but increases the heat flow
owing to the increased air flow velocity, which neases the pressure drop too. The
surface efficiency is also increased. It is reabtanto select a tube diameter such that the
seawater-side thermal resistance does not exceedaitfside resistance. If the flow
velocity remains high enough to prevent excessivelirig, wider tubes favorably
decrease the seawater-side pressure drop anchiteefinal resistance.

The fin spacing is varied from 1.15 to 4.15 mm; ithidal heat exchanger geometry,
including fin thickness, otherwise remains constdhe heat exchanger surface area and
the amount of condensate define a minimum fin sgatielow which the condensate
films on both sides of the parallel fins touch,uléag in blockages which prevent proper
heat exchanger operation. The heat transfer ceeififor heat transfer between parallel
plates decreases with increasing fin spacing, mdtoantified for the dehumidifier in
Fig. 11. A larger fin spacing has the advantaga oféduced pressure drop. The ratio of
heat flow to air-side pressure drop increases initheasing the fin spacing.

The air-side velocity is varied by changing the ragss flow at constant geometry.
For the geometry given, the outlet temperatures,pitoduct water mass flow rate, the
heat flow rate and the air-side pressure dropralteiase with increasing the air mass
flow.

An increased air-side velocity for constant massvflates can also be achieved by
varying the air flow cross-sectional area. The ltesuvariation in tube length is shown
as the square-marked line of Fig. 11. Heat exchrapgidormance is strongly influenced
in both cases. When the heat transfer surfaceismeauced by 50%, thus doubling the
air face velocity from 4.0 m/s to 8.0 m/s, the Héaw falls by 31.9%.
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I mprovement of the Geometry

The initial heat exchanger geometry is adapted fHWMAC dehumidifiers [19, 20,
58], and cannot be assumed to be inherently sudgeHIDH dehumidifier operating
conditions, which encompass significantly highemperature and humidity. The
potential for increasing heat flow and the chandeaio enthalpy flow rate in the
dehumidifier is therefore evaluated.

The heat flow in a segment is given by Eq. (2) endelated to the change of air

enthalpy flow rate, Eq. (5)

Af
dh, =h, [ J7,d(A +A) = na[---]tﬁl— e Lo )Jd(A +A) (44)

using either the surface efficiengy or the fin efficiencyys . This expression depends
upon heat exchanger geometry and material, and ugdsa the operating point. The
operating point is prescribed by an entropy ger@raminimization of the HDH
desalination system. The bracketed term [...] depepd®s the operating point only, and
is thus likewise prescribed. Thus only geometry muaderial can be varied.

Equation (44) can therefore be maximized by inéngathe heat transfer coefficient
hw, by enlarging the heat transfer surface at@q + A;), or by improving the surface
efficiencyzs. The air-side heat transfer coefficient, whicldétermined by the duct flow
equations for the identification of improved geonest, can be increased by increasing
the air flow velocity which leads to a larger pragsdrop. The potential of enhancing the
heat transfer surface area by additional finsdécated by the variation of the fin spacing
in Fig. 11. The heat transfer surface area per keihgth is limited by the minimum fin
spacing which avoids blockages.

Most of the previously-shown dehumidifier simulaigo achieve a low surface
efficiency of about 50%, which limits the use of-side surface enhancement. The
surface efficiency can be expressed in terms ofithefficiency. As described above, the
fin efficiency for simultaneous heat and mass ti@nslepends upon the following
parameters from Egs. (15) to (26):

* Fin thermal conductivityk: Cu fins maximize thermal conductivity in terms of

cost and tube material compatibility.
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* Fin thicknessd;: Equipment cost and weight increase with fin thiess.
Geometries using the same volume of fin materialaf@iven tube diameter are
therefore compared. The fin efficiency of thickpdtfins is generally higher than
that of thin fins. Mechanical stability limits thewer fin thickness. The net effect
of varying the fin thickness by adding fin matefsakhown in Fig. 11.

* Tube diameted,: Fin efficiency increases with outside tube diaanebut the
lower seawater velocity increases the seawatertsatenal convective resistance.
The net effect of tube diameter variation is shawhig. 11.

* The parameter8 and b, from Egs. (22) and (23) which are defined by the
operating point.

» The tube spacings; andX; can be varied. Three effects determine whethendhe
effect of increasing the tube spacings is positiveegative. Firstly, fin efficiency
decreases with increasing tube spacing as the #heonductive resistance of the
fin increases. Secondly, the heat flow increasethagin surface area increases.
Thirdly, the mean air flow velocity decreases wititreasing tube spacing
(mainly X;), and the heat flow decreases. The tube spaciogicdive selected to
ensure that the fins operate fully wetted, i.etrsd the fin temperature is below
the dew point temperature everywhere. The tubeirspas varied at constant fin
volume.

Improved heat exchanger geometries for the givaaratimg point are identified by

three different methods:

1. A parametric study is performed for a given randegeometries. This
computationally expensive process leads to accuraselts and permits
optimization of an objective function that combirtee heat flow and the air-
side pressure drop.

2. The geometry is optimized using a trust-regionewfl/e algorithm. The result
is accurate, but reveals nothing about the germladvior of the system, in
contrast to Method 1. This is reasonable if just dptimized geometry is of
interest, not its performance relative to otherrgeties.

3. The heat exchanger is simulated for an initial getwynwith many segments to

determine arithmetic mean quantities for all segiemhich are used for the
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integral evaluation of Eq. (44) over the given mangf geometries. The
geometry which maximizes the objective function, ), is identified and

simulated. The result is used to re-evaluate E4). (fhe process is iterated
until the change in the objective function is smiathan a given limit. This

method is far more time-efficient than an actuahudation of all possible

geometries, but is accurate only for geometriesse&hautlet conditions are
similar to those of the improved geometry. It ilégd to identify geometry

ranges for further investigation by the first metho

The following simulations are performed to demaaistrthe existence of improved
geometries.

For the initial geometry of Fig. 7, the tube spagsirare varied whilst the amount of
fin material is kept constant. The distance betwtberfins, tube diameter and tube length
are also kept constant. Figure 12 presents reolts the three methods of optimizing
the geometry for increased heat flow. The left-hamde displays the result from the
parametric study (Method 1) and the optimizer (Meitl2), and the right-hand side the
result from the integral evaluation of Eq. (44) (N&d 3). All methods lead to the same
geometry for maximum heat flow and show similar eyah behavior. The resolution of
the parametric study is lower and the calculatgibresmaller (because of the computing
time required), but the accuracy is constant olrerentire region (in contrast to Method
3), and additional quantities such as the air-pigkssure drop are calculated and can be
used to select a geometry. The white squares itadite steps of the trust-region-
reflective algorithm of Method 2, which yields ancarate result without facilitating
better understanding of the influence of the geoynet

The right-hand plot shows the result from Methodo8 determining improved
geometries. The resulting maximum heat flow geoynetgrees with that from the
parametric study (Method 1). Geometries with a mmrably lower heat flow are
somewhat misrepresented by the far faster Methath®&h however accurately provides
the desired information as to which geometries eaehia high heat flow. The shape of
Eq. (44) is a combination of the shapes of the dificiency, of the heat transfer
coefficient, and of the heat transfer surface afBae heat transfer coefficient is

approximately symmetric and varies only slightlytiwirespect to transverse and
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longitudinal tube spacing, as the flow is mostlyniaar or transient. This symmetry
depends upon the air flow velocity. The heat tranafea is symmetric. The asymmetric
character of Eq. (44) for this configuration resdibm the surface efficiency.

The results of the parametric study for HDH dehufigis are displayed in Figs. 13
and 14. At small tube spacing, the increased seirfaea results in an increased heat
flow. At a certain tube spacing, this effect is weighed by the increased thermal
conductive resistance resulting from the low firckhess, as shown by the projections of
the surface in Fig. 13.

A given longitudinal tube spacing has an optimuangverse tube spacing, and a
given transverse tube spacing has an optimum ladigil tube spacing. This is a
valuable result for applications in which one tubgacing is predefined by other
constraints. For freely variable longitudinal amdnsverse tube spacings, heat flow is
maximum for a transverse tube spacingof 24.2 mm and a longitudinal tube spacing
of X, = 16.2 mm in Fig. 13.

This maximum lies within a region of suitable gednes whose heat flow is almost
as high, permitting determination of a final geomdtom the pressure drop shown in
Fig. 13. For a low transverse tube spacing thdl@i-velocity is high, leading to a high
air-side pressure drop which decreases with incrgasansverse tube spacing. This
effect dominates the pressure drop. As the longialdtube spacing increases, the
pressure drop initially slightly decreases becaisbe decreased flow velocity, and later
slightly increases owing to the increasing flowgtn

Another meaningful measure of heat exchanger pwdnce is the ratio of heat flow
to the fan power needed to convey air through #a Bxchanger, cf. Fig. 14. The highest
heat flow to fan power ratio is achieved for latgensverse and low longitudinal tube
spacing.

For HVAC dehumidifiers the maximum heat flow coatels to a different geometry,
cf. Fig. 15, demonstrating that plate-fin tube dekdifiers for HDH desalination systems
must be designed differently than HVAC dehumidgieUpon changing the operating
point from Fig. 6 to a pressure of 101.325 kPa whih same air flow velocity for given
longitudinal and transverse tube spacings, the maxi heat flow occurs at a larger

longitudinal and transverse tube spacing, cf. Efy.(upper right). As the pressure is
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increased, the humidity ratio falls, and the aitesheat transfer coefficient and surface
area become more important relative to conductiothe fins. Figure 15 (lower left)
shows the heat flow maximization for a typical HVAd&2humidifier with inlet air
temperature of 30 °C, inlet relative humidity of%Qinlet air pressure of 48.0 kPa,
coolant inlet temperature of 5 °C and the initigometry of Fig. 7. The same flow
velocity is chosen as for the upper left HDH cadee heat flow is generally much lower
than for the HDH operating point. The lower air parature results in a lower humidity
ratio and thus a lower mass transfer driving fot@ent heat transfer is reduced, and the
air-side heat transfer increasingly becomes theifighfactor. High heat flow is therefore
achieved at a larger longitudinal and transverd® tepacing (i.e. a greater air-side
surface area with thinner fins) than for a HDH deaidifier, cf. Fig. 15 (lower left).
Figure 15 (lower right) shows the result for anuattHVAC operating point at the
conditions of the lower left figure except for aepsure of 101.325 kPa. As the tube
length is about half that for 48.0 kPa, the heavfis approximately halved, too. The
maximum heat flow of HVAC dehumidifiers is achievaideven greater longitudinal and
transverse tube spacings, thus differing from et flow maximizing geometry of HDH
dehumidifiers.

Figure 16 shows the influence of air face velochw. increase from 4 m/s to 6 m/s
(achieved by reducing the tube length) diminisieshigh heat flow region as well as the
heat flow itself (owing to the reduced surface gréat the optimum geometry is not
noticeably changed.

The tube spacings, tube diameter and fin volumevared in order to find further
heat exchanger geometry improvements. Figure 1wslibe heat flow for the tube
diameters 10.03 mm, 12.5 mm, 15.0 mm, 17.5 mm, 2h@ mm (ordinate) with the
initial fin volume, twice and four times that volem(abscissa). Increasing the tube
diameter reduces the fin volume, as larger holestrha punched into the plates, thus
reducing the heat transfer surface area.

Within the geometry range investigated, there iakee diameter that maximizes the
heat flow for a given fin volume. An increase irbéudiameter frond, = 10.03 mm
increases the maximum heat flow even though the¢ tnaasfer surface area and fin

volume are reduced by the increased tube diamévera larger tube diameter, a higher
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surface efficiency is obtained at a greater tulzeisyg, i.e. for a greater transfer area, and
the maximum heat flow therefore increases. At daaertube diameter, any further
increase in the heat flow is negated by the fiune reduction, so that a further increase
in tube diameter reduces the maximum heat flow.

Increasing the fin volume increases the maximunt th@a. A small fin volume has a
distinct maximum heat flow, whereas for a largevithume the maximum heat flow for a
given tube diameter is indistinct.

For a given ratio of longitudinal and transversbetispacing to tube diameter, the
pressure drop decreases with increasing tube deanoét Fig. 18.

As the tube diameter is increased, maximum heat #oachieved at a greater tube
spacing with a higher pressure drop.

Starting from the initial geometry designed for a/AC dehumidifier, HDH
dehumidifiers can employ larger tubes and thickes fo increase the heat flow. HVAC
systems are subject to a small refrigerant voluetgiirement which does not apply to
HDH desalination systems. A larger tube diametehjciv increases heat flow, is
therefore feasible for HDH desalination systems.e Tteduced heat exchanger

compactness is less critical for HDH desalinatigsteams than for HVAC systems.

Conclusions
Plate-fin tube heat exchangers are evaluated f@& as dehumidifiers in HDH
desalination systems. A time-efficient model withe tfollowing characteristics is
developed:

» Discretization of the dehumidifier into a high nuenlof segments

» Application of a non-linear mass transfer driviogce

» Use of a heat and mass transfer analogy with tlesbeumber_e = 0.865

» Change in product water enthalpy flow rate fromnseigt to segment is accounted

for

The model is validated by experimental data. Thalver of segments is selected on the
basis of a sensitivity analysis. The model deseribe physical processes accurately and
uses local quantities instead of averaged quastifidus, it is more accurate than
standard two-zone models which need less comptitimg Though less accurate than
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large-scale CFD methods, it requires only a smattion of their computing time.

Therefore, it is useful for designing dehumidifidis different operating conditions

within a short time. The information to evaluateast function for the optimization of a

dehumidifier is provided by the model.

A typical HDH dehumidifier operating point leadit@minimized entropy production

is used to demonstrate the influence of variousupeters. Three different methods of

determining dehumidifier geometries which maximieeat flow are presented here: a

parametric study, a common trust-region-reflecéiigorithm, and a fast method.

The major conclusions from the simulations are:

Seawater fouling is relevant, as the air-side traasfer surfaces are enhanced.
For a given volume of fin material, heat-flow maxied geometries in terms of
tube spacings and tube diameter can be found.

HVAC dehumidifier geometries are not necessariliesuto HDH desalination
systems, where the high humidity ratio leads to rpearface efficiency.
Geometries can be improved in terms of the heaw,flthe material used
(investment cost), and the heat flow per fan powperating costs).

Improved equations for the wet pressure drop aeelee for a better description.
Existing wet pressure drop correction methods f@HHdehumidifiers are of
limited use because of their narrow validity range.

For HVAC conditions, the heat flow varies littletlie fin surface area exceeds a
certain limit for a given fin volume. For HDH opé&ra conditions the optimum
heat flow is more distinct, and increasing the tgpacing above a certain value
reduces the heat flow.

Unlike HVAC systems, whose requirement for a lowfrigerant volume
prescribes narrow tubes, the tube diameter in H@bhlihation systems can be
increased to reduce the thermal conductive resistéiom fin surface to inner
tube surface. However, this also effects the pressrop.

Within the investigated geometry range, an optintube diameter can be found

for a given initial fin volume.
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* Fins should be thicker than HVAC dehumidifier firsénce restricted conduction
within the fins increasingly inhibits good perfomta as the latent heat flow
increases.

* For a heat-flow maximized geometry with staggendokes in air-flow direction
and in-line transverse (normal) to air-flow directithe longitudinal tube spacing
is usually less than the transverse tube spacing.

» Small transverse tube spacing should be avoidedusecof the large pressure
drop.

The two-dimensional numerical model of plate-fibéuneat exchangers can be used for
other dehumidification tasks too.

Acknowledgments

The authors would like to thank the German Acadexchange Service (DAAD),
the K. H. Ditze foundation and the E. Meurer fourmfafor supporting M. Sievers’ stay
at the Massachusetts Institute of Technology. li¢hhard V acknowledges support from

King Fahd University of Petroleum and Minerals tihgh the Center for Clean Water and
Clean Energy at MIT and KFUPM.

28



Nomenclature

Z533C AR

— (7] ©
QgroDpoTE

~—+
D

tsu
tow

heat transfer area,’m

cross-sectional area,’m

wetted surface area,’m

surface area of tubes without fins’> m

specific heat capacity at constant pressure; Xy
diffusion coefficient of water in dry air, 1™

fin collar diameter, m

fin thickness, m

hydraulic diameter, m

inner tube diameter, m

outer tube diameter, m

acceleration due to gravity= 9.80665 m$

height in air flow direction, m

specific enthalpy, J ky

specific latent heat of vaporization, Jkg

heat transfer coefficient, W frK™
Colburnj-factor,j =h p™* w' ¢,* Pr
total pressure loss coefficient
thermal conductivity, W M K™
finned tube length (one pass), m
Lewis numberLe=kc,* o' D*
molar mass, g mdl

Prandtl number exponent, fin parameter
mass flow rate, kg's

number of longitudinal tube rows
Nusselt numbetNu = h; dy k*

pressure, Pa

Prandtl numberr = ¢, u k™

heat flow, W

Reynolds number with characteristic lengtiRg = w xp £/
thermal fouling resistance,{ W™

salinity, kg kg"

fin spacing, m

Schmidt numberSc=u o' D™

Sherwood numbeBh= hy, d,D™

temperature, °C

air temperature in bulk flow, °C

saline water or seawater temperature in bulk ff@v,
product water temperature, condensate temper&tre,
width normal to air flow direction, m

flow velocity, m &'

213
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Wo

N‘<><2<2<§

air face velocity, m'$

velocity at minimum flow area, m's

longitudinal tube spacing (see Fig. 7), m
transverse tube spacing (see Fig. 7), m
coordinate (see Fig. 2), m

coordinate in air flow direction (see Fig. 2), m
coordinate in tube axis direction (see Fig. 2), m

reek Symbols

G
{

SRDMNTFS

Ackermann correction

fin efficiency

surface efficiency

dynamic viscosity, kg fhs*
Darcy-Weissbach friction factor
mass density, kg th

relative humidity

humidity ratio, kg kg

scripts

Subscrip

T T T """ 09 O
gQJ

2 =

N< X s —~0

wall surface on condensate side
humid air

dry air

deceleration

fin

liquid

vapor, gaseous

at the interfacial boundary between air and conatens
laminar

product water

saline water, seawater

tube, turbulent

water

in X direction

in y direction, at position y

in z direction, at position z
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Table 1: Heat transfer equations applied to theide with staggered tube arrangement,
to the seawater side; and to the condensate-filptaite-fin tube heat exchangers

Position Heat transfer equation Range
Reference
Air side 3/8” <d,<5/8”

McQuiston [39]

. (1-1280Re,? ).
" | 1-512(Re;?
j, =0.0014+0.2618IP J(s)

A,
JP= Re;S“(A‘ ]

9.525mm «,<15.875mm
1"<(X; or X))<2”

25.4 mm<¥; or X)<50.8
mm

1.814 mm<s<6.35 mm

A
0.1524 mm«<0.254 mm
A+ A - 4 X, i A min 1.02 m/swip<4.06 m/s
A,  md, d, WL 0.01<JP J(s)<0.05

J(s) = 084+ 410°Re*® for film

condensation

J(s) =1 for dry surface
Air side 2400<Rg,<24700 forj,

Gray and Webb
[40]

= [0991(224Re;§°92(n J 4) 0051 20 ] i

j 00312

s—-d
j, = 014Re; 5%(X, 1 X, )‘OSOZ(d_f
2

1.97<X/d,<2.55
1.70<X/d,<2.58
0.08<5/d,<0.64
1<n<8
500<Re;»<24700 forj,

Air side A +A, - 00187 not specified
- _ 00778
Pacheco-Vega J, =—0.0281+ 0.0606Re,, { A, ] assumed equal to Gray and
et al. [41] Webb
Air side 1<n<6

Wang et al. [42]

i, = 0108?%029(;} (dsj ‘[dsh J (Z]
A=19-023In(Re,,)
B =-0236+ 0126In(Re,.)

o 22
]

C=-0361-——— 004

In(Re,)

6.35 mnxd,<12.7 mm
1.19 mnxs<8.7 mm
17.7 mnxX<31.75 mm
12.4 mnxX<27.5 mm
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142
0076(X'J
d,
D=-1224-— "/

In(Re,.)

0058n
In(Re,,)

E =-0083+

F =-5735+ 121In(ﬂ]
n

d, =d,+2d,

_4AH
d, =

A+A

Duct flow
Air side
Gnielinski [45]

1/3
Nu, , = (NU|3,1 +Nu’,, + Nuf”ys)

Ny, = 7541

Nu,,, = —1i4](Rethrdh /y)?

1/6
Nu,,y]3:1[ 2 ) (Re,, Prd, / y)"?

2\ 1+ 22Pr

Laminar flow
Reyn < 2300

Duct flow
Air side

Gnielinski [44,

45]

o - 07 /8Re,Pr (1+ 1
Yk +127¢/8(Pr2-1) " 3
k, = 107+900/Re,, - 063/(L+10Pr)

£=(180g,,(2/Re,,)-15)?

Turbulent flow
10' <Re, < 3 10
0.5 <Pr<100

Tube flow
Seawater side
Gnielinski [46]

Nu,, = (NU2, + 07% + (NU?,, - 07%) + Nu?,, )}

Nu,, = 366

Nu,,, = 1077Re,, Prd, / 2)""°

2\ 1+ 22Pr

1/6
Nul‘z’3=1( 2 j (Re,,Prd, / z)"?

Laminar flow
Re;; < 2300

O<Re, Prd/z<o

Tube flow
Seawater side
Gnielinski [46]

(£/8)Re,, Pr

Nu,, = 1
IETEPYAPT: (SEEN) e

Turbulent flow
10* < Re < 10
0.1 <Pr <1000
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¢ =(L80g,,(Re,;) - 15)*

Duct flow, tube Nu, == Y)NU,, 5300 + ¥YNU,, 10000 Transition flowo4
flow 2300 <Rgpx <1
air side _ Re;,~2300
' ~10* -230¢
seawater side
Gnielinski [44-
47]
Condensate 3 1a Laminar condensate film
[28] h - kpw _ ppw(lopw _pa)ghfg kpw 1
oy = =
P 5pw 4tupw(tl _to) y
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Table 2: Maximum and root mean square (rms) denatbetween experimental results
[58] and simulation for various air-side heat tfengquations from Fig. 4

&(4dwa) &( Q ) &(4ta) &(dtsw)

Maximum deviations

Simulation, McQuiston [39] 0.37/59 39.8/45 81135 0.02/4.5
Simulation, Gray and Webb [40] 0.13/20 20.995. 1.3/96 0.01/5.8
Simulation Pacheco-Vega etal. [41] 0.49/7.1 3G&® 2.0/13.80.02/5.9

Simulation, Wang et al. [42] 051/6.8 49.6/12.41.3/9.4 0.03/12.4
Simulation Gnielinski [44, 45] 0.97/135 108221 3.1/22.90.06/22.1
rmsdeviations

Simulation, McQuiston [39] 0.30/4.7 26.9/38 1.5/11.3.02/3.8

Simulation, Gray and Webb [40] 0.09/14 83/22 11/79 0.01/22
Simulation, Pacheco-Vega et al. [41] 0.41/6.1 53C.7 1.7/12.4 0.02/4.7
Simulation, Wang et al. [42] 0.34/50 425/7506/43 0.02/75
Simulation, Gnielinski [44, 45] 0.84/126 98767 16/11.80.06/16.7
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Table 3: Characteristics of dehumidifier models

AHRI 410 [19, 26] ASHRAE [60]

this paper

Calculation method one dry and
one wet segment
Driving force averaged,
logarithmic
Lewis number 1.0
Lewis factor 1.0

Thermophysical propertie averaged
Flow velocity averaged
Heat transfer coefficient averaged

Fin efficiency averaged dry,
averaged wet

Air outlet averaged

Condensate film enthalpy no
accounted for in energy
balance

step-by-step
for wet part

step-by-step,
linear

1.0
1.0
averaged
averaged
averaged

averaged dry,
averaged wet

averaged
no

segment-by-segment
in two dimensions

local,
logarithmic

0.865
#1.0
local
local
local

local dry,
local wet

local
yes
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Figure 3: Sensitivity of the plate-fin tube heatcleanger model to the number of
segments for the given setup with a single tubeng@as relative to the simulation with
10 fewer segments are displayed
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Figure 4: Comparison of experimental results [S83r(es 10000) with simulations using
the wet surfacg-factor from McQuiston [39], the dry surfagdactor from Gray and
Webb [40], from Pacheco-Vega et al. [41], and friMang et al. [42], and the heat
transfer equations for parallel-plate duct flow @yielinski [44, 45], each with the
Ackermann correction [Eq.(6)] to determine air-sigkat transfer
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Figure 5: Comparison of experimental pressure {8p(Series 10000) with simulations
using thej-factor equation from Gray and Webb [40] and défdr pressure drop
equations: Zukauskas [54] (tube) with Gray and Wébis), Gaddis [55] (tube) with

Gray and Webb (fins), Zukauskas (tube) with Gnikirj44, 45] (fins), Zukauskas (tube)
with Gnielinski (fins) with wet pressure drop cartien according to Wang et al. [56]
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Figure 6: Inlet conditions at the operating poB][and initial heat exchanger geometry
with 8 tube rows longitudinally (in air-flow dirdon) and 12 tube rows transversely
(normal to air-flow direction). Air flows in direicin of gravity.
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Figure 7: Initial geometry of the plate-fin tubeah@xchanger. Transverse tube spacing
Xiddy = 2.4925, longitudinal tube spaciXgd, = 2.1585, and CuNiFe 90/10 tubes wath

= 0.15 mm thick Cu fins spaced &t 2.5 mm with a finned tube length= 675 mm
achieve an air-face velocity of 4.0 m/s at the apeg point of Fig. 6. Dimensions in this
figure are in mm
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Figure 8: Air and seawater temperature distribuiiorihe heat exchanger specified in
Fig. 7 for air-face velocity 4.0 m/s and seawatatrance velocity 1.86 m/s. Inlet
conditions as given in Fig. 6. The air temperatarezpresented by the color at the base
of the figure, and seawater temperature by ther ajlthe tubes
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Figure 9: Distribution of humidity ratio and he&tX per bare tube surfacein the heat

exchanger specified in Fig. 7 for air face velodt) m/s and seawater entrance velocity
1.86 m/s. Inlet conditions as given in Fig. 6.
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pressure drop for the initial setup of Figs. 6 @nd
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Figure 11: Influence of fin thickness, tube diamef®m spacing and air face velocity on

heat exchanger operation. The air face velocitghianged by varying either the mass
flow or the tube length. Parameter variations drews relative to the initial setup of
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Figure 12: Optimization of longitudinal and transses tube spacind and X; for the
initial geometry of Fig. 7. Left: Result from Metthd and Method 2 showing the heat
flow. Right: Result from Method 3 showing hi, (ActA¢) relative to it’'s maximum value
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Figure 13: Heat flow and air-side pressure dropaagunction of transverse and
longitudinal tube spacing for a given volume of firaterial using the initial geometry of
Fig. 7 with a fixed tube diameter of 10.03 mm amed fin spacing of 2.5 mm
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Figure 14: Heat flow to fan power ratio as a fuoctof transverse and longitudinal tube
spacing for a given volume of fin material using tinitial geometry of Fig. 7 with a
fixed tube diameter of 10.03 mm and fixed fin spgadf 2.5 mm
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Figure 15: Heat flow as a function of transverse mgitudinal tube spacing for a given
volume of fin material using the initial geometriyFig. 7 for HDH dehumidifier for the
operating point from Fig. 6 (upper diagram) and &oHVAC dehumidifier for the
operating point of Fig. 6 but with air inlet temptire 30 °C, relative humidity of 50%,
and coolant inlet temperature of 5 °C (lower diagkadisplayed in each case for air
pressure 48.0 kPa (left), and air pressure 101kB25right)
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Figure 16: Heat flow as a function of transverse mgitudinal tube spacing for a given
volume of fin material using the initial geometriyfig. 7 with a fixed tube diameter of
10.03 mm and fixed fin spacing of 2.5 mm for acdavelocity 4.0 m/s (left) and 6.0 m/s

(right)
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Figure 17: Heat flow as a function of the ratiost#nsverse and longitudinal tube
spacing to tube diameter, tube diameter and fimmel for fixed fin spacing of 2.5 mm
and the operating point of Fig. 6
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Figure 18: Pressure drop as a function of the satiotransverse and longitudinal tube
spacing to tube diameter, tube diameter and fimmel for fixed fin spacing of 2.5 mm
and the operating point of Fig. 6
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