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Abstra_ct- oo

. This dissertation extends the use of the dynamic stiffness and transfer matrix methods
in marine riser vibration. Marine risers possess a predominant chain topology. The
transfer matrix method is appropriate for the analysis of such structures. Wave trans-
mission and reflection matrices are formulated in terms of transfer-matrix elements.
The delta-matrix method is introduced to deal with numerical problems associated
,With"*yery long beams and high frequencies. The general internal relationships be-
tween the transfer matrix and dynamic stiffness methods are derived and applied to
the problem of a non-uniform beam with discontinuities. An implicit transfer matrix
of a general non-uniform beam is derived.

The vibration analysis of non-uniform marine risers is addressed by combining the
procedure of the dynamic stiffness method with the WKB theory. The WKB-based
dynamic stiffness matrix is derived and the frequency-dependent shape function is
expressed implicitly. The Wittrick-Williams algorithm is extended to the analysis
of a general non-uniform marine riser, allowing automatic computation of natural
frequencies. Marine riser models with complex boundary conditions are analyzed.
The WKB-based dynamic stiffness method is improved and applied to a non-uniform
beam system with discontinuities. A dynamic stiffness library is created.

- Dynamic vibration absorbers and wave-absorbing terminations are investigated
as a means of suppressing vibration. The optimal tuning of multiple absorbers to a
non-uniform beam system under varying tension is investigated. The properties of
wave-absorbing terminations of a beam system are derived.

The vibration of two concentric cylinders coupled by the annulus fluid and by
periodic centralizers is modeled. The effects of coupling factors on vibration are nu-
merically evaluated. It is shown that a properly designed inner tubular member may
be used to damp the flow-induced vibration of the outer cylinder. '

‘Thesis Supervisor: J. Kim Vandiver
Title: Professor of Ocean Engineering
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Chapter 1

Introduc_tion

1.1 Problem Statement

Marine structures such as production risers and deep-water pipelines are susceptible
to Vortex-Induced Vibration (VIV}, which results from complicated, non-linear in-
teractions between structural motions and vortex-shedding. VIV is of great practical
importance because it may cause fatigue failure.

Much research has focused on understanding the VIV phenomenon. King (1977)
[2], Sarpakaya (1979) (3], and Griffin and Ramberg [4] reviewed the early studies of
VIV and its applications. Vandiver (1993) [5] summarized his 17 years of experimen-
tal observations, discussed the phenbmenon of long flexible cylinders, and identified
the dimensionless parameters important to the prediction of VIV. Recently, Vandiver,
Allen, and Li (1996) [6] investigated the occurrence of lock-in under highly sheared
conditions and indicated two dimensionless parameters to predict the likelihood of
the occurrence.

There is broad research work done on structural dynamic analysis and on the VIV
suppression of marine risers. Kim (1983) [7] assumed that the continuous coefficients
are slowly varying and used the WKB asymptotic method to analyze a slender beam.
The MIT Sea Grant Program supported the studies on the dynamics of compliant
risers and cable dynamics, shown respectively in the references by Patrikalakis, et al

[8, 9] and Triantafyllou, et al [10]. Li (1993) [11] modeled a riser as a string system,

17



used the transfer matrix method to study the dyramics of strings with rigid lumps,
and evaluated their effects on wave propagation. Vandiver and Li (1994) [12] devel-
oped for tension-dominated structures a device called a wave absorbing termination,
which is capable of suppressing the vibration. Levesque (1997) [13] studied vibration
suppression in a finite length string with constant ténsion using the transfer matrix
method and found that a translational mass-spring-dashpot absorber works better
than in-line absorbers.

There are a number of analysis programs [17], such as SHEAR7, VIVA, and Vi-
CoMo, available to the industry to predict the VIV of marine risers. SHEAR7, which
is widely applied, uses mode superposition of uniform string and beam models to eval-
uate which modes are likely to be excited, and estimates the cross-flow VIV response
in steady, uniform or shear flows. The program is capable of evaluating multi-mode,
non-lock-in response, as well as single-mode, lock-in response.

As offshore drilling and production proceed into deep waters, marine risers become
longer and more flexible. Deepwater marine risers are very susceptible to VIV [18].
The increase in length lowers the natural frequencies and the magnitude of current
required to excite the VIV. Long slender risers with complicated boundary condi-
tions can cause numerical difficulties in dynamic analysis. A typical marine riser is a
long non-uniform beam structure with discontinuities. Its variable properties include
mass density, bending stiffuess, and effective tension. Due to discontinuities such as
buoyancy elements, the mass per unit length changes discontinuously. The dynamic
behavior of such a slender system having variable properties and discontinuities is
difficuit to predict.

Floating production platforms require more complex riser configurations for well
production or fluid injection fiuids, between the subsea well-heads and the surface
production facilities [19]. One type of riser assembly is made up of two concentric
cylinders separated by a gap filled with viscous fluid. Centralizers are discretely and
longitudinally distributed in between the two cylinders. Both predicting VIV and
suppressing vibration require analysis of a coupled two-riser system, evaluation of the

effects of coupling factors, and determination of the spacing of centralizers.
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This thesis focuses on the dynamics of a long slender non-uniform riser structure

and a coupled double-riser system. The specific objectives are as follows:

(1) to construct effective numerical approaches for a long non-uniform marine
riser with discontinuities and variable properties including bending rigidity, mass
per unit length, and effective tension;

(2) to explore new means such as dynamic vibration absorbers and wave-
absorbing terminations to control vibration; and

(3) to formulate a coupled double-riser system and to numerically evaluate the
effects of coupling factors, such as fluid viscosity and spacing of centralizers

between two risers.

1.2 Technical Summary of Numerical Methods

A typical marine riser is a non-uniform beam structure with discontinuities. An an-
alytical solution to its partial differential equation is generally not possible. We have
to use a numerical technique for analyzing the dynamic behavior of a marine riser. A
number of approaches can be employed to analyze marine risers, such as the Transfer
Matrix Method (TMM), the Finite Element Method (FEM), the Finite Difference
Method (FDM), and the Dynamic Stiffness Method (DSM). Each method has its

advantages and disadvantages.

The transfer matrix method
The TMM, also known as the line-solution technique, has its origin in Germany. It
is one of the most appropriate methods for the analysis of a chain-type structure
because only successive multiplications are necessary to fit the elements together and
intermediate conditions have no effect on the order of transfer matrix required. Hence,
this method handles discontinuities very conveniently.

The line-solution methodology theoretically can be applied to appropriate struc-
tural members to solve problems involving almost any physically conceivable situa-

tions to which a line-type solution applies. However, the fact that a computer requires
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calculations to be performed on the basis of a limited number of digits introduces com-
plications into the numerical implementation of a line solution for certain classes of
members, such as those members whose higher natural frequencies are to be sought
and those members which include stiff spring supports. Numerical problems arise
when large, almost equal numbers are subtracted. Due to the limited number of dig-
its carried by computers, the results may be inaccurate or totally meaningless.

It has been found that the TMM works quite well for a string model but will have
numerical problems for a beam structure when its length is larger and a high natural
frequency analysis is desired. In this case, we have to improve the TMM to avoid the
numerical problems.

The finite element method and the finite difference method

The FEM is a flexible and powerful tool which is widely used in engineering, and
‘which in particular is employed extensively in the analysis of solids and structures.
The FEM requires the division of a structural domain into many subdomains called
elements. On the basis of frequency-independent shape functions, it effectively re-
duces a continuous model into one having finite degrees of freedom. The accuracy
with which the behavior of the substitute finite degrees-of-freedom system represents
that of the real structure clearly depends on the number of elements and their as-
sumed shape functions. The FDM gives a pointwise approximation of the governing
equation. The accuracy of this method depends on the number of grid points. It
can give accurate results if sufficient grid points are used. Hence, both methods are
effective for the analysis of lower frequencies of structures. If high natural frequencies
are to be sought, a large number of degrees of freedom is required.

For a uniform beam element under linearly varying tension, we have found the
stiffness matrix using the FEM, shown in Appendix A. This matrix is more efficient
than that of a conventional constantly-tensioned element in analyzing a uniform riser
under linearly varying tension.

The dynamic stiffness method
Historically, Kolosek first presented the idea of the DSM in the early 1940s and found

an elaborate formulation of this method in 1950. This method has a great appeal
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since it is based on the exact dynamic stiffness matrix derived from the free vibration
analysis. The DSM performs free and forced vibration analysis within the differential
equation theory of beams, thus avoiding assumed modes and lumped masses. This
method enables one to analyze an infinite number of natural frequencies and modes
by means of a finite number of degrees of freedom. The difference between the DSM
and the FEM is that the shape function in DSM is frequency-dependent while that
in the FEM is independent of frequency. The DSM is appropriate for the analysis of

low frequencies as well as high frequencies.

A marine riser structure possesses a predominant chain-type topology. For ris-
ers in deep water areas, the high order natural frequencies and multiple modes are
potentially excited by VIV. Hence, this thesis employs and explores the TMM and
DSM for the analysis of a long slender non-uniform riser structure and a complicated

coupled double-riser system.

1.3 Overview of this thesis

This thesis investigates the vibration analyses of a long slender non-uniform riser
structure with discontinuities and a coupled double-riser system by improving the
transfer matrix and dynamic stiffness methods, explores new means such as dynamic
vibration absorbers and wave-absorbing terminations to control vibration, and eval-
uates the effects of coupling factors on the frequency response of a coupled dual riser
system.

Chapter 1 states the topic and specific objectives of this thesis, summarizes the
numerical methods which are employed for the analysis of marine risers, and presents
the two methods, the TMM and DSM, to be used and explored in the thesis.

Chapter 2 discusses the transfer matrix method and its application for a beam
structure. The first few sections outline the transfer matrix method and illustrate
the applications with examples. In order to consider wave propagation in a beam

structure with discontinuities, the chapter derives wave transmission and reflection
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matrices in terms of transfer-matrix elements. The method presents numerical prob-
lems in analyzing a beam structure when the length is very large or high natural
frequencies are desired. The chapter specifically introduces the delta-matrix method
and illustrates the method with examples. We often approximate a non-uniform beam
by a number of stepped uniform ones. This chapter investigates three approximate
schemes for a beam structure under variable tension and shows their convergence rates
with an example. This chapter finally presents a symbolic operation-based transfer
matrix method to avoid numerical problems.

Chapter 3 introduces the dynamic stiffness matrix analysis of a uniform beam
structure and discusses the analysis of complex natural frequencies. For a uniform
Euler beam, the chapter derives the elemental dynamic stiffness matrix and the cor-
responding frequency-dependent mass and stiffness matrices. The global dynamic
stiffness matrix is then assembled as in the FEM. Natural frequencies are determined
by equating the frequency determinant to zero. The chapter introduces the Wittrick-
Williams (W-W) algorithm, as a more reliable method for determining natural fre-
quencies. In order to include damping effects, this chapter finds complex frequencies
by means of the Muller method.

Chapter 4 investigates the vibration analysis of non-uniform marine risers by com-
bining the DSM procedure in Chapter 3 with the WKB theory, which assumes that
the coefficients in the differential equation of motion are slowly varying. The WKB-
based elemental dynamic stiffness matrix is first derived and the frequency-dependent
shape function is expressed implicitly. Natural frequencies are found by equating to
zero the determinant of a global dynamic stiffness matrix. Two non-uniform risers
appear as an illustration of the efficiency of this method.

Chapter 5 extends the W-W algorithm to the analysis of a general non-uniform
marine riser and combines the algorithm with the WKB-based dynamic stiffness
method described in Chapter 4. This technique allows automatic computation of
natural frequencies of a non-uniform beam structure. On the basis of the WKB-
based DSM, the chapter derives the formulas for calculating mode shapes, slopes and

curvatures. This chapter further analyzes marine riser models with complex bound-
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ary conditions.

Chapter 6 generalizes the internal relationship between the TMM and the DSM
and discusses its application. Due to different sign conventions which may be used in
the two methods, the chapter generalizes the relationship by introducing correspond-
ing transformation matrices. Using this internal relationship, the chapter then derives
an implicit transfer matrix of a non-uniform beam from the dynamic stiffness matrix
found in Chapter 4 and shows the application by an example of a riser under linearly
varying tension. Again, using the relationship, the chapter improves the WKB-based
DSM for describing a non-uniform beam structure with discontinuities. Further using
the relationship, this chapter establishes a dynamic stiffness library.

Chapter 7 discusses the vibration suppression of a general beam structure by
means of dynamic vibration absorbers and wave-absorbing terminations. The first
few sections introduce the optimal tuning of a single dynamic vibration absorber to a
uniform beam. The chapter next studies optimal tuning of multiple identical dynamic
absorbers to a uniform beam with general boundary conditions. The chapter next
investigates optimal tuning of multiple identical absorbers to a non-uniform beam
system under varying tension. Since practical structures have structural damping,
the chapter discusses the effects of structural damping on the optimal tuning. Based
on the research by Vandiver and Li, this chapter further extends the analysis of wave-
absorbing terminations of a beam system.

Chapter 8 systematically investigates the vibration analysis of coupled beams.
The first few sections discuss the coupled vibration analysis and the optimal tuning
of a dynamic absorbing beam, coupled by distributed springs and dampers to a second
beam. The chapter then analyzes the coupled system in which both uniform beams
are under constant tension. The complexity of the coupled system is next increased
by the introduction of an ideal fluid in between two beams. The effects of the fluid on
natural frequencies and mode shapes are discussed. A practical composite riser struc-
ture is‘ modeled as a generally coupled double-beam system, in which both beams are
non-uniform ones under variable tension, the fluid in between the beams is viscous,

and stiffness and damping from discrete centralizers are longitudinally distributed.

23



The chapter mathematically formulates the coupled system, numerically solves for
both real and complex natural frequencies, and evaluates the effects of coupling fac-
tors on the vibration.

Chapter 9 summarizes new contributions made in this thesis and recommends

further research in the future.
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Chapter 2

Transfer Matrix Method

2.1 Introduction

The transfer matrix method is ideally suited to vibration analysis of a structure which
has a predominant chain topology. The size of the transfer matrices is dependent on
the order of the differential equations of the system. Discontinuities such as a con-
centrated mass and a mass-spring absorber present no difficulty since they have no
effect on the order of the transfer matrices required. A marine riser is a chain-like
structure and it is convenient to employ the transfer matrix method to analyze it. Li
and Vandiver [11, 20] modeled a marine riser as a string system and studied the wave
propagation by the transfer matrix method.

However, this method has numerical problems in solving beam-like structures
when the structural length is very large or high order natural frequencies are desired
[21]. Researchers have been improving the method to avoid the numerical problems
[22].

The next section of this chapter briefly outlines the transfer matrix method. The
third section illustrates the applications of the method with examples, solving for nat-
ural frequencies and mode shapes. The fourth section derives the wave transmission
and reflection matrices in a beam structure due to discontinuities and gives illus-
trative examples. The fifth section discusses the numerical problems of the method

in analyzing a beam structure, specifically introduces the delta-matrix method, and
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illustrates the improved method with examples. The sixth section investigates three
approximate schemes for a beam structure under variable tension and shows their con-
vergence rates with an example. The final section of this chapter presents a symbolic

operation-based transfer matrix method to avoid the numerical problems.

2.2 An outline of the transfer matrix method

2.2.1 state vector and transfer matrix

The state vector at a point ¢ of an elastic system is a column vector whose components
are the generalized displacements and the corresponding generalized forces at the
point. For a uniform beam, the displacements are lateral displacement y and slope 8,
and the corresponding forces are shear force  and bending moment M. The state

vector in this case is:

- -

(2.1)

5; =

Y

g

wl
[ @
We should note that the displacements and corresponding forces in Eq. (2.1) are in
positions which are symmetrical about the center of the column.

We define the transfer matrix as the matrix which relates two state vectors at

different positions in an elastic system, namely:
sip1 = Uss;, (2.2)

in which Uj; is the transfer matrix and s; and s;;; are the state vectors at stations
¢ and ¢ + 1, respectively. It is evident that if there are n components in the column
vector, then the transfer matrix is square and of the order of n. When 7 and 7 + 1
are the different points of a continuous system, the transfer matrix relating the state
vectors at these points is known as a field matrix. The transfer matrix relating the

state vectors on either side of a point is known as a point matrix.

26



There are a number of approaches to deriving a field matrix [21]. A uniform beam

section, shown in Figure 2-1, appears as an example.

Qj
e ff STPr

. L
l i+l
|

Figure 2-1: A typical uniform beam section

The differential equation of motion for a beam is:

dty
EI-&F — pAW?Y =0, (2.3)

where pA is the mass per unit length, ET is the bending stiffness, and Y is the

transverse displacement amplitude. We find its transfer matrix on the basis of Eq.

(2.3):

[ S(kL) ITGG)  whaU(kL) gLV (kL) |
kV (kL) S(kl) s (k) w1z U (kL)

EIK*U(kl) EIKV(kL;) S(ki;) 1T (kL)

| EIK*T(kl;) EIRPU(KL)  kV(kL) S(kl;)

in which k* = %‘}’2 and the frequency-dependent functions are:

S(kl;) = %[COSh(kli)-i'COS(klz’)];

T(kl) = %[sinh(kl,—)+sin(kl,;)];
Ukl = %[cosh(kl,—)—cos(kli)];

V(kl) = -;—[sinh(kl,-)—sin(kli)].

A point matrix relating the left and right state vectors at a discontinuity can be
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constructed by considering dynamic equilibrium of the point.

2.2.2 Eliminating intermediate state vectors and finding fre-

quency determinant

Elimination of intermediate state vectors
Taking a uniform beam as an example, we divide the beam into n sections without

lumping the masses at the station points, as shown in Figure 2-2.

Figure 2-2: A beam divided into n sections

Equation (2.4) shows the transfer matrix of a uniform beam. The following matrix

relations exist between adjacent state vectors:

Sf = Uisy;
Sé" = UgS{z;
Sh_i = Uni88y;
$n = Unsi,. (2.5)
Noting that st = s (i = 1,2, --- n — 1) in this case, we obtain from the last two
equations in (2.5):
$n= U, Up_is% . (2.6)

We continue this procedure until obtaining the relation between the state vectors at

the two ends of the beam:

S, = Un U'n—l T U2 U1 = USO, (27)
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where U is the overall transfer matrix formed by taking the products of all the inter-
mediate transfer matrices in the order indicated. In this manner all the intermediate
state vectors i*lave been eliminated.

Frequency determinant

Equation (2.7) is expanded as:

Yy Uir U1z Uiz U4 Yy
# U] Uzp Uoz Uy 7
= (2.8)
M U3z Uzpx Uzz Uzg M
Q Ugr Ugz Uqgz U4y Q
- - n L - L - 0

The frequency determinant is formulated by applying the boundary conditions to Eq.

(2.8). For a simply-supported beam, the boundary conditions are:

Yo = 0, Mo = 0, Un = 0, Mn = 0 (29)

Substituting Eq. (2.9) into (2.8) leads to:

12 8o + 114 Qo = 0,

Uzo 9@ + Uzq Qg = {. (210)

For a nontrivial solution of Eq. (2.10), the determinant of the coeflicients must be

zero, namely:

Ug U
S Y (2.11)

Uzz Uzq
Since the elements wu;;, (¢,k =1,---,4) are known functions of the circular frequency

w, this frequency determinant serves to calculate the natural frequencies of the beam
structure.

For other boundary conditions the frequency equation will require that other
sub-determinants of the overall transfer matrix U vanish. For example, for a beam

clamped at station 0 and free at station n, we find the frequency equation by following
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the same procedure:
s B, (2.12)
Ug3 Ugq
Ounce the natural frequencies are known, we set equal to one one of the state com-
ponents corresponding to the final frequency determinant. The other state component
is found by means of one of the final equations such as Eq. (2.10). Tt then follows

that the corresponding state variables at all stations can be determined. Hence, we

obtain the mode shape in this procedure.

2.2.3 Response analysis

In order to find steady-state forced vibrations, we add an extra column to the transfer
matrix Eq. (2.4) to include forcing terms. The extended state vector and transfer

matrix are:

y
g
Si={ M|, (2.13)
Q
1

('Uwu Uz U1z U O

U1 Uy Uz Uy O

(]
1

U3l Use U3z Usa Sfm |- (2-14)
Uqy Uga U4q3 Uy fq

0 ¢ 0 0 1

N -

where f,, and f, are external moment and force, respectively.

For example, the extended point matrix of a concentrated mass m;, on which a
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harmonic force p(t} = ppe™* acts, is:

1 000
0 100 0
Ui={ 0 010 0 (2.15)
wm; 0 0 1 pg
0 000 1|

As in the undamped case, the relation between the state vectors at the boundaries
0 and n of the system is achieved by the multiplication of the extended transfer
‘matrices. The unknown initial parameters at the boundaries are first solved. Hence

the state vector at each node can be obtained as previously.

2.3 Vibration analysis of a beam structure with
discontinuities

In order to solve natural frequencies and mode shapes, we first find field matrices of
continuous sections and point matrices at discontinuities. For a uniform beam section
under constant tension, we derive its transfer matrix from the differential equation of
motion, as shown in the example of Section 2.7. The transfer matrix is also available
n {21]. However, we need to note the differences in the sign convention. The point

matrix describing the mass-spring-dashpot absorber is found as follows:

I 00 0]
0 100
U, = , (2.16)
0 010
2k+‘
| pered 9 g o1 |

where m is the mass of the absorber, k is the spring stiffness, and ¢ is the damping

of the absorber,

With the field and point matrices, we calculate the overall transfer matrix and
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then find the frequency determinant by means of the boundary conditions. We de-
termine the natural frequencies by plotting the determinant versus frequency. Once
natural frequencies are found, the corresponding mode shapes are calculated by fol-
"lowing the procedure in Section 2.2.

Since the field and point matrices are available, we can easily obtain the corre-
sponding extended matrices by including the terms of external exciting forces. Fol-
lowing the procedure in Section 2.2.3, we solve for the state vector at each node and
hence find the steady-state response.

The following examples illustrate the vibration analysis of a beam structure with
discontinuities by means of the transfer matrix method.

(1) A simply-supported uniform beam under constant tension

A simply-supported uniform beam first appears as an illustration. The beam’s spec-
ification is as follows:

Length I = 50.8 m;

Mass per unit length pA = 78.0 kg/m;

‘Bending rigidity EJ = 24 Nm?; and

Tension T" = 10000 N.

The analytical solutions of natural frequencies are:

n’m? [EI T2
= 2 . (r=1,2 .) 17
w. =\ 74 1+n27r2EI n=1,2..) (2.17)

Figure 2-3 shows the determinant of the transfer matrix of the beam versus fre-

quency. The troughs correspond to the natural frequencies. Table (2.1) indicates the

first seven natural frequencies found by means of the TMM and Eq. (2.17). This

table demonstrates that the TMM is accurate in finding the natural frequencies.
The mode shapes can be found numerically and compared to the analytical so-

lution which is known to be ¢,(z) = sin(%%). The mode shapes are normalized to

have maximum amplitude 1.0.
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Figure 2-3: The determinant of the transfer matrix versus frequency

order | by TMM | by Eq. (2.17)
1 2.12 2.12
2 8.12 8.12
3 18.12 18.12
4 32.12 32.12
5 50.12 50.12
6 72.12 72.12
7 98.13 98.12

Table 2.1: Comparison of natural frequencies found by using the TMM and the
analytical solutions
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(2) A simply-supported and constantly tensioned uniform beam optimally
tuned by an absorber

We attach an undamped mass-spring absorber at the midpoint of the beam in {1},
shown in Figure 2-4. The absorber is optimized to tune the first mode of the beam:
‘The first natural frequency: ; = 2.12;

The first modal mass of the beam: m, = pAl/2;

Natural frequency of absorber: w? = k/m;

Absorber mass ratio: u = m/m; = 0.01; and

Optimal frequency ratio [25]: f = w,/h = 1/(1 + p) = 0.9091.

Figure 2-4: The simply-supported constantly tensioned uniform beam attached by a
mass-spring absorber at the midpoint

We evenly discretize the beam into two segments so that each segment has the
same transfer matrix. The undamped point matrix describing the discontinuity due
to the absorber is obtained from Eq. (2.15) by setting ¢ = 0. The overall transfer
matrix is the product of all the field and point matrices. We then find the natural
frequencies by plotting the corresponding undamped frequency determinant. Figure
2-5 shows the determinant versus circular frequency. The first eight natural frequen-
cles are found by inspecting those coinciding with the troughs: 1.72, 2.36, 8.12, 18.14,
32.12, 50.12, 72.12, and 98.12.
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Comparing the results with those obtained in (1}, we find that the absorber causes
the first natural frequency to split into two but has liftle influence on higher order
natural frequencies. Figure 2-6 shows the first four mode shapes and indicates that
the first two mode shapes corresponding to the first two natural frequencies are sim-
ilar. The mode shapes as drawn do not show the position of the absorber which is
in phase with the beam for the lowest frequency and out of phase for the second

frequency.

Idat{U} (log10)

Figure 2-5: The determinant of the transfer matrix versus frequency
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Figure 2-6: The first four modes of the composite system

(3) Steady-state response of a free-free pipe structure

Case (a): A uniform free-free pipe

The parameters of the pipe are as follows:

Length: { = 6.10m;

Outer diameter: d, = 0.0230 m;

Inside diameter: d; = 0.0206 m;

‘Bending rigidity: ET = 1.0284 x 10° N.m? and

Amplitude of the exciting force at the left end: p, = 1000 N.

Figure 2-7 shows the transfer mobility (ag.) versus frequency. The mobility (azy)
is the harmonic velocity at R due to a unit exciting force at L. We calculate the
velocity amplitude of the right end due to the unit harmonic exciting force at the
left end. The peaks correspond to the natural frequencies. The first elastic natural
frequency found from this figure is 3.84 while the analytical solution is 3.83. Other

natural frequencies are all close to those analytical values.

36



30 T T ™ T T T T T

20+ : P A : - -

1 1
20 40 60 80 100 120 140 160

Figure 2-7: The transfer mobility of the free-free pipe

Case (b): A uniform free-free pipe with mass attachment at midpoint
On the basis of the free-free pipe in (a), we attach a concentrated mass (m=1.40 kg)
at the midpoint, shown in Figure 2-8. Figure 2-9 shows the transfer mobility (ag.)

versus frequency. The result in (a) is also included for comparison.

m

‘Figure 2-8: The simply-supported constantly tensioned uniform beam attached by a
mass-spring absorber at the midpoint

For a free-free beam, the midpoint is a node of even elastic modes. Hence, for the

even elastic modes, the mass attachment has no influence. Figure 2-9 indicates that
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Figure 2-9: The transfer mobility of the free-free pipe with mass attachment

the natural frequencies of the even elastic modes are identical and that the mobility
peaks coincide at the frequencies. For odd elastic modes, the midpoint is not a node.
The mass attachment influences the old elastic modes, and it increases inertia of the
system. Thus Figure 2-9 shows that the natural frequencies of the odd elastic modes

are lower than in the case without the mass attachment.

2.4 Wave reflection and transmission in a beam

structure due to discontinuities

2.4.1 The derivation of wave reflection and transmission ma-

trices

The equation of motion of a uniform beam under constant tension is:

dy .y Py
Bl =~ T +pA=2 =0, (2.18)
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where y(z,t) is the displacement of the beam, ET is the flexural rigidity, pA is mass
per unit length of the beam, and T is the tension. The shear force ¢} and bending

moment M are:

Q = EI9*y/8z* - T dy/ 0z, M = EI 8%*y/0z>. (2.19)

Assuming y(z,t) = e/**~%% and substituting it into Eq. (2.18) results in the

following dispersion relation:
ETE* + Tk? — pAuw® =0, (2.20)
where the propagating wavenumber k; and evanescent wavenumber k; are:

_ pAw?
kl_idzm \/4EI "EI’

1, T 1. T pAW?
— - 4
ky = iJQ I) +\/4(E1) e (2.21)

The solution to Eq. (2.18) can be written as the sum of four flexural wave components:

ylz, 1) = (ate ™7 4 a ™% 4 ghe™F® 4 gref®) e, 2.22
N N

where the amplitude ¢ may be complex. The a* and a~ represent respectively
positive-going and negative-going propagating waves and the a}; and aj; are positive-
and negative-going attenuating waves which decay exponentially.

As in [26], we group the wave amplitudes into 2 x 1 vectors of positive-going waves

at and negative-going waves a:

+
a
at = ,
a}*v)
a-
a = . (2.23)
a}_\,}
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With Eq. (2.22), we calculate the derivatives of y{z,t) and suppress the time-

"dependent term of e*:

dy . _ i o _ -
_y — —zk1a+e ikix + zkla etklﬁ-“ _ k2&+8 kox + lc2a ekzz_
dr N N )
&2 : . _ _
57 g = ~k¥ate T _ kg et 4 plafe R 4 k20 €M7,
T
a? , ; 3 _ _
a—g = ikjate T — iklame™® — klate %" 4 klay et (2.24)
T

The bending moment M and shear force () are expressed in terms of wave ampli-

tudes by means of Eq. (2.19):

M = EI{—kiate ™ — kla=e™? 1 f2afe b 4 kZaye*?®);
Q = HEIE + kyT)a*e ™ — j(EIKS + b, T)a"e*1®
1 1
—(EIKS — kyT)afe ™ + (EIKS — kyT)aye™®. (2.25)

The state vector on the left of a discontinnity is written in terms of the wave

amplitudes:
y
dy/oc |
M
Q
i 1 1 1 1 fat
~ik ~k ik k. ak
' : ' 2 M1 (2.26)
—EIK} Elk? ~EIk? EIk? a”
|U{ETR} + ki T) —(ETKS — koT) —i(EIR} + kyT) (EIKE — ko T) 1\ ey

Equation (2.26) is rewritten in the following abbreviated form:

sz =Ry ay. (2.27)
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The wave amplitudes a;, are formulated as:
a, = Rg'sz. (2.28)
Likewise, the wave amplitudes on the right side of the discontinuity are written as:
ar =Ry 'sp. (2.29)

Using the TMM, we establish the relation between the state vectors on both sides of

a discontinuity:

Sp = usjy. (230)

Equations (2.27) to (2.30) lead to:

agp = (Rz'uR;)a; = wag, (2.31)

where w = Rz’ uR;.
A set of positive-going waves aj is incident upon a discontinuity and gives rise to
the transmitted af;, and reflected a;. The relations among the waves are defined as

follows:

aj, = taj,
a; = raj, (2.32)

where t and r are the transmission and reflection matrices, respectively.

With Egs. (2.32), we write Eq. (2.31) in the partitioned matrix form:

+ +
ap Wi1 Wis ay
ar = = . (233)
= +
ag Wo1 Wiy ray
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Expanding Eqgs. (2.33) results in:

ag = (Wn -+ ngl') az,
ap = (wy +wgr)aj. (2.34)

Comparing the first equation in Eqs. (2.34) with the first one in Eqgs. (2.32) leads to:
t = wy; -+ War. (235)

Noting that the incident waves are ay, we have ap = 0. Since the wave amplitudes

a; are arbitrary, the second equation in Egs. (2.34) leads to:

r=—W,, Wy. (2.36)
Substituting Eq. (2.36) into Eq. (2.35) results in:
t = Wi - W12W2_21W21. (237)

Hence, the reflection and transmission matrices are expressed in terms of elements

of the transfer matrix.

2.4.2 Examples

(1) On boundaries of a simply-supported beam
As a special case, we consider wave reflection at boundaries of a simply-supported
beam. The boundary conditions are: y = 0 and M = 0. |

Substituting the boundary conditions into Eq. (2.26) leads to:

1 1 at 1 1 a” 0
+ = (2.38)
—EIE} EIk: af —EIk? EIk: ay 0

42



With the definition of the reflection matrix r in Eqs. (2.32), Egs. (2.38) are further

written as:

1 1 1 1 at 0

+ r} = (2.39)
—EIk} FEIk? —EIK? ETkK2 af 0
Since the a* and a}; are arbitrary, we then have:
1 1 1 1 0
+ r= . (2.40)
—EIk? EIk2 —EIk? EIkZ 0
At the simply-supported boundaries, r reduces to:
-1 0
r= . (2.41)
0 -1

This result is the same as that obtained in [26]. The elements in the first column of

r are the familiar reflection coefficients for incident propagating waves.

(2) At the attachment point of a mass-spring absorber

For a constantly-tensioned uniform beam with a mass-spring absorber, we consider
‘wave reflection and transmission at the attachment point. The specification of the
composite system is:

Length of the beam: [ = 592.53 m;

Bending rigidity: ET = 2.8219 x 107 N.m?2,

Mass per unit length: pA = 169.21 kg;

Tension: T = 3.1442 x 10° N;

Mass ratio (absorber mass/beam modal mass of first mode): u = 1/20;

Natural frequency of absorber: w? = kg /m;

The first circular natural frequency of the beam: ©; = 0.2288; and

Optimal frequency ratio: f = w,/f = 1/(1 + p) = 0.9524.

Figure 2-10 shows the transmission coefficients versus frequency. This figure indicates
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‘that at the optimal frequency ratio f, the incident propagating wave is totally reflected

(t1: =~ 0 at the point).

1.2 T T T T i T T T 1
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Figure 2-10: The modulus of transmission coeflicients
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(3) A change in the section

We now discuss wave reflection and transmission due to a change in a beam section.
The left side of the beam has the same properties as in Example (2). The right side
of the beam has similar properties except that EI, = 2FE1.

Figure 2-11 demonstrates the reflection and transmission coefficients for the sec-
tion change of the beam. This figure indicates that due to the impedance mismatch-
ing, incident waves give rise to reflected and transmitted waves at the discontinuity.
The reflection and transmission wave amplitudes are found by calculating (r] {a;,}
and [t] {a;,}, respectively. The elements in the first column of r and t are the wave
amplitudes due to a unit propagating wave while the elements in the second column

correspond to those due to a unit evanescent wave.
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Figure 2-11: The reflection and transmission coefficients of r and t
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2.5 Numerical difficulties and the delta-matrix

2.5.1 Numerical difficulties

Although from the theoretical standpoint all problems in the transfer matrix method
have been solved, this method has a special place among other matrix methods.
"Numerical difficulties prevent wide applications of the method ([21},{22]) .

In order to demonstrate the numerical difficulties with the ordinary transfer matrix
method, we consider a simply-supported uniform beam. Equation (2.4) shows the
transfer matrix of the beam. Equation (2.11) depicts the frequency equation, which

can be specifically written as:

2 [sinh(kl) + sin(kl)] 15 [sinh(kl) — sin(kl)]
£l [sinh(kl) — sin(k!)] o= {sinh(k) + sin(ki)]

é (sinh(kl) + sin(kL)J” — {sinh(k) — sin(&1)]2} = 0. (2.42)

Expanding the left hand side of Eq. (2.42) leads to:

1

17z (4sinb(kD) sin(kl) = 0. (2.43)

'The natural frequencies are the solutions to sin(kl) = 0. The solutions are:

kl = n. (2.44)
Since k = (-‘%)%, the natural frequencies are:
EI nm
2 _ HE N4 — -

It is obvious that sin(k{) is responsible for the solutions to Eq. (2.42). However,
in the transfer-matrix analysis the elements of the determinant of Eq. (2.42) are
numerical so that the contributions of the sin(kl) terms cannot be isolated. Hence,

the influence of sin(kl) can be swamped by sinh(kl) as soon as (kl) is much larger
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than 1 and insufficient digits are carried out in the computation.

2.5.2 The delta-matrix method

There are_quite a number of schemes to avoid numerical difficulties in the transfer ma-
trix method, such as the delta-matrix method [21], the successive reduction method
by detachment of spring constants{22} and the Riccati transfer matrix method [27].
However, none of these improvements is really perfect. The delta-matrix method is
not an elimination technique but an expansion technique to produce the super-matrix
from the transfer matrix. Compared with other approaches, this method is better.
However, this procedure has the following two disadvantages:
(1) since it is a determinant operation only, it is impossible to obtain mode shapes
“after finding the natural frequencies;
(2) Tt will most probably be limited to fourth order problems due to the enormous
increase in the number of elements when cases of higher order have to be dealt with.
A delta matrix U2 is a square matrix formed from a corresponding transfer ma-
trix U in such a way that each element corresponds to a 2 x 2 sub-determinant in
the transfer matrix. There exist 36 sub-determinants in a 4 x 4 transfer matrix.
Hence, the delta-matrix has 36 elements and is of order 6 x 6. The transformation
is accomplished through the use of the following lexicon which identifies the number
of the row and column in the delta-matrix with the corresponding pairs of rows and

columns in the transfer matrix. If we express respectively the transfer matrix U and

row or column in delta-matrix 1 2 3 4 5 6
row or column pair in transfer matrix | 1,2 11,3 (1,412,31{2,413,4

Table 2.2: Delta-matrix lexicon
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the corresponding delta-matrix U2 as:

U11 Uiz Uz U4

u U U [ .
U= 21 22 23 24 , (246)

Uz Uzz Uszz Usq

Uqr Ugz U4 U44q

A A A A A AT
U1p Uiz Uz Uy U Uyg

A A A A AN A
Ugy Ugg Ugg Ugy Ugs Uogg

A A A A A A
Ub = U3y U3y Uzz Uzq Uzs Uge (2.47)
o A A A A A AT ’

Ugy Ugo Uyg Ugq Ugp Ugg
A A A A A A
Ugy Usy Usy Usg Ups Usg
A A A A A A
Ugr Ugy Ugy Ugy Ugs Ugg

we may then illustrate the use of the lexicon by the following examples:

Uy U
ui={ |, (2.48)
i U2l Uszz ]
Ui U
Wl = 12 U3 , (2.49)
| U3z us3 |
[ wis e |
uls=| M (2.50)
| U43 U4q ]

In the delta-matrix technique, a delta-matrix corresponding to each transfer matrix in
Eq. (2.7) is constructed according to the above transformation. The product of these
delta-matrices is then taken and must be equal to the delta-matrix corresponding to

the product matrix U. This is fortunately true [21, 23], and the rule is that if

UnUn~1 "'U2U1 =U
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then
Udud, ..U UL = U, (2.51)

Boundary Conditions
If the transfer matrix relating the state vectors at the two ends is U, the frequency

determinant for a beam built-in at both ends is:

Uz U4

7

U2z U4
or UI% = 0. Similarly, the condition for a simply-supported beam is:

Uiz Ulq

Usz2 Usq
or UQAS = {.
All possible boundary conditions and the corresponding frequency sub-determinants

can be found from a table in [21].

2.5.3 Examples

(1) A uniform riser under constant tension

A uniform riser first appears as an illustration of the delta-matrix method. The data

of the riser are as follows:

Length of the riser: [ = 1400 x 0.3048 = 426.72 m;

‘Bending rigidity: EI = 3.5793 x 107 N.m?;

Mass per unit length: pA = 357.0832 kg/m; and

Constant tension: T = 2.27 x 105 N.
We first employ the conventional transfer matrix method to solve for natural fre-

quencies by plotting the frequency determinant. Figure 2-12 shows the determinant

versus frequency in Hz. Due to the word length (double precision) with which a
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computer calculates, the TMM is totally useless in finding natural frequencies. The
roots in the figure are false values generated by numerical problems. It means that in
this case we cannot find any frequency by means of the conventional transfer matrix
method. We have to use the improved TMMs to analyze this example.

We regard the whole riser as one section, first finding the transfer matrix and

26

det{u)
=)
L
l_

-1 1 i 1 I 1 L
o] 0.02 0.04 0.06 0.08 0.1 0.12 .14 o186 0.18 0.2
Fraquency, {Hz}

Figure 2-12: The determinant versus frequency (Hz)

then transforming it into the delta-matrix. Figure 2-13 shows the determinant cor-
responding to the delta-matrix versus frequency in Hz. The downward sharp peaks
correspend to the natural frequencies. Table 2.3 indicates the natural frequencies
found by means of the delta-matrix method. The analytical results from Eq. (2.17)
are also included for comparison. Compared with the analytical solutions, the natural

frequencies obtained by means of the delta-matrix method are accurate.
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Figure 2-13: The determinant versus frequency (Hz)

order | delta-matrix | analytical solutions
1 0.030 0.0297
2 0.0597 0.0601
3 0.0915 0.0920
4 0.1273 0.1260
5 0.1630 0.1627
6 0.2029 0.2027
7 0.2467 0.2463
8 0.2944 0.2940
9 0.3462 0.3459
10 0.4018 0.4023
11 0.4613 0.4635
12 0.5292 0.5295
13 0.6008 0.6005
14 0.6764 0.6765
15 0.7560 0.7576

Table 2.3: Comparison of natural frequencies (Hz) found by using the delta-matrix
and the analytical solutions
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(2) A uniform riser under linearly varying tension

We now further analyze a uniform riser under linearly varying tension. The riser has
similar properties except the tension, specified as follows:

Minimum tension at the bottom: Ty = 222410 N; and

Linearly varying factor: o = 1.6819 x 10° N/m.

We divide the riser into 20 equally-sized sections. For each section, the tension is
at its average value. Figure 2-14 shows the absolute determinant corresponding the
overall delta-matrix versus frequency. The troughs coincide with the natural frequen-
cies. Table 2.4 indicates the first 13 natural frequencies in Hz found by plotting the
determinant. Using 200 elements, we calculate the natural frequencies by means of
Shear7, and include the results in the table for comparison. The table demonstrates
that the natural frequencies obtained by means of the delta-matrix method are quite

close to those found by using Shear7, which employs a WKB solution found by Kim

[7].

order | by delta-matrix | by Shear7
1 0.0458 0.0447
2 0.0905 0.0902
3 0.1373 0.1370
4 0.1860 0.1857
5 0.2367 0.2368
6 0.2905 0.2004
7 0.3472 0.3470
8 0.4078 0.4067
9 0.4715 0.4699
10 0.5401 0.5367
11 0.6117 0.6073
12 0.6883 0.6819
13 0.7690 0.7607

Table 2.4: Comparison of natural frequencies (Hz) found by using the delta-matrix
and Shear7
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Figure 2-14: The delta-matrix determinant versus frequency (Hz)
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2.6 Three approximate schemes for a beam under
variable tension

'A non-uniform beam under variable tension is approximated by a number of homoge-
neous beams under constant tension, which can be solved analytically. As the number
of the stepped beams increases, the results converge on the exact solution of the orig-
inal beam.

There are three approximate schemes for a beam under variable tension to gen-
erate stepped uniform beams under constant tension, as depicted in Figures 2-15 to
2-17. We assume that each section is under tension at the left node in (a) and at the

right node in (b). In (c), average tension is chosen for each section.

Figure 2-15: The approximation scheme (a)

Figure 2-16: The approximation scheme (b)
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Figure 2-17: The approximation scheme (c)

We employ the uniform riser under linearly varying tension in Section 2.5.3 as an
‘example to illustrate the three schemes and to compare their convergences. Under
the schemes, we employ the delta-matrix method to solve for the natural frequencies
of the riser.

Figures 2-18 to 2-20 show the absolute determinant versus frequency in Hz in
Schemes (a), (b} and (c), respectively. In order to observe the convergences, these
figures plot the results under different numbers (N) of the stepped beams. The troughs
coincide with the natural frequencies.

Figure 2-18 shows that if the riser is approximated by Scheme (a), and as the
number of stepped beams increases, the natural frequencies approach the exact values
from below; namely, the troughs shift to the right. When N = 80 the first few natural
frequencies converge while the high order natural frequencies do not converge.

Figure 2-19 shows that if the riser is approximated by Scheme (b), and as the
-number of stepped beams increases, the natural frequencies approach the exact values
from above; that is, the troughs shift to the left. When N = 80, we observe similar
trend of convergence to that in Figure 2-18.

Figure 2-20 shows that if the riser is approximated by Scheme (c), the rate of
convergence improves significantly. When N = 40, all the first 13 natural frequencies
converge upon the exact values.

In order to obtain all the exact values of the first 13 natural frequencies, we need
to employ a much high number of stepped beams by using the approximate schemes

(a) and (b}, demonstrated in Figures 2-21 and 2-22.
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Figure 2-18: The absolute determinant of the riser versus frequency in Hz { approxi-
_mate scheme (a) }
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Figure 2-19: The absolute determinant of the riser versus frequency in Hz ( approxi-
mate scheme (b) )
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Figure 2-20: The absolute determinant of the riser versus frequency in Hz ( approxi-
mate scheme (c) )

In all three approximate schemes, with sufficient numbers of stepped beams, all
thirteen natural frequencies converge on the exact values depicted in Tables 2.4 and
5.1. Hence, if the riser is approximated by scheme (c), the rate of convergence of the

natural frequencies is the fastest.
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Figure 2-21: The absolute determinant of the riser versus frequency in Hz ( approxi-
-mate scheme (a) )
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Figure 2-22: The absolute determinant of the riser versus frequency in Hz ( approxi-
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2.7 A new transfer matrix method based on sym-
bolic operations

Using the transfer matrix method, we establish an overall transfer matrix relating to
state vectors at boundaries. Considering boundary conditions leads to a frequency
equation in the form of a 2 X 2 determinant. The numerical difficulty originates from
numerically calculating the frequency determinant when it is equal to the difference
between large and almost equal numbers and the number of decimal digits necessary
.exceeds the capacity of most high-speed digital computers.

For a simply-supported beam, we can extract the harmonic terms and analytically
find the natural frequencies without any numerical problem by expanding the 2 x 2
determinant and simplifying the expressions. For a complex system, the frequency
equation is complicated, and furthermore it will be cumbersome to extract the roots.
In this case, it is advisable to replace algebraic by numerical computation, which may
cause numerical problems. In order to overcome the numerical problems, Section 2.5
discusses the delta-matrix method.

However, a number of software programs such as Maple and Mathematica can
do much more complicated algebraic operations. Hence, we present a new transfer
matrix method based on symbolic operations. With these programs, we first do sym-
bolic calculations for obtaining an overall transfer matrix, then expand the frequency
equation in terms of a 2 x 2 determinant and simplify the expressions, and finally
numerically solve the simplified equation. With this technique, we can avoid the nu-
merical problems.

The following two examples appear as an illustration:

(1) A simply-supported uniform beam under constant tension
Section 2.4.1 shows that the wave solution of a uniform beam under constant tension

can be written as:

y(z,t) = [er sin{ A z) + co cos(Az) + ez sinh{\z) + ¢4 cosh(Agx)]e™?, (2.52)
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where A; and X, are:

1, T 1. T pAw?
A= \" 2+\/ ST T

> B
\/4 =) psz. (2.53)

With Eq. (2.52), we calculate the derivatives of y{x,?) and suppress the time-

Agz

/

dependent term of e®*:

%)

B_z = c¢Arcos(Aiz) — cpAy sin( Az} + ez Az cosh(Aez) + c4Ag sinh(Aox);

2
—gxg = —cAlsin(Aiz) — AT cos(Mz) + ez A2 sinh(Agz) + ¢, A2 cosh{Agz);
5 ) :
6‘_;3}' = —c1 Al cos(Az) + A3 sin{ M) + caAd cosh{Apz) + ey sinh(Az)(2.54)

Substituting the derivatives of y into Eqs. (2.19) leads to:

M = EI[-cAlsin(Az) — c2A? cos(\iz) + e3A2sinh( M) 4 ¢4 A2 cosh(hoz)],
Q = EI[—ciAcos(Az) + A} sin(Az) + ¢33 cosh(Agz) + ¢4 A3 sinh(Apz)]
~T{e1 A cos(Aiz) — ey sin{ Ay z) + e3Az cosh(Aez) + cgAg sinh{Apz)]
= —ci(EIN + 1)) cos(Mx) + co( EINS + T)y) sin(Arz)
+c3(BINS — T)y) cosh(Mpz) + C4(E'I)\g — T'A2) sinh(Aqz). (2.55)

At z = L, the state vector is:

Si+1 =

O B o«

z=L
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sin(A; L) cos(A L) sinh(Ao L) cosh(Ay L)
A1 cos(M L) —Aysin{ )\ L) Az cosh{AzL) Ao sinh{Ag L)
—EINsin(\L) —EIMcos(mL) EINsinh(AL) EIN cosh(AsL)
| —acos(ML)  asin(\L)  Bcosh(hL)  fsinh(AL)

where o = (EIXHT),) and 8 = (EID3-TX,).

Equation (2.56) is rewritten in the following abbreviated form:

Si-i-l - .A. C

Likewise, we obtain the state vector at x = 0:

y 0 1 0 1 | e
el M 0 Ao 0 || e
Tl T 0 _EIX2 0 ED|
Q) . |-(BIsTA) 0 (EDETX) 0 |\e

Equation (2.58) is rewritten in the following abbreviated form:

S,':BC.

Si+1 — U; 54,

equation is indicated in Eq. (2.11).
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€1
C2
C3

C4
(2.56)

(2.57)

(2.58)

(2.59)

We have: C = B™!s; from Eq. (2.59). Substituting this result into Eq. (2.57) leads

(2.60)

where u is the transfer matrix relating to the state vectors of s; and s;41, 1; = AB™1,
We divide a uniform beam under constant tension into two equally-sized sections.

The overall transfer matrix is then u = v, u; = u?, and the corresponding frequency

As depicted in the first example in Section 2.5.3, there are numerical problems in



directly numerically solving the beam structure for natural frequencies. When the
-beam is much longer or high natural frequencies are needed, we have to resort to the
improved transfer matrix method such as the delta-matrix method.

We now solve this problem by means of the transfer matrix method based on
symbolic operations. We employ Maple VI to calculate all the algebraic operations
stated above, first calculating the elemental transfer matrix and then the overall
transfer matrix, and finally finding the frequency equation in the 2 x 2 matrix and
simplifying the final expression. We obtain the simplified frequency equation by

means of Maple VI:

4cosh(/\2L) sinh(AeL) sin{M L) cos(ML)

: 2.61
SN 0 (2.61)

If the whole length of the beam is [, then L = [/2. Equation {2.61) is written as:

Slnh()\gl) sin()\ll)
= (. 2.62
Thus sin(A;l) = 0, and the roots are:
Al = nm. (2.63)

Substituting Eq. (2.53) into Eq. (2.62) results in the analytical solutions of the nat-

ural frequencies, shown in Eq. (2.17).

{2) A constantly tensioned uniform beam with an absorber at the midpoint
We now analyze a constantly-tensioned uniform beam with a mass-spring absorber
by means of the symbolic operation-based transfer matrix method. The undamped
transfer matrix of a mass-spring absorber, u,, is obtained from Eq. (2.16) by setting
‘¢ = 0. The transfer matrix of the beam section on either side of the absorber, u; and
uy, is derived in (1). The overall transfer matrix is: u = u, 1, u; = vy u, u;.

Following the same procedure as in (1), we find the following frequency equation
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of the composite system by means of Maple VI:

2 sin{A; L) sinh{A, L)

(2w*mA;® cosh(A, LYEJ Az cos(A; L) — w?mcos(A; L) sinh{)\y L)A; k
+2w?mA; EJ A% cosh(he L) cos(A; L) + w?mcosh(Ag L) sin(A; L)Ag k —
212 cosh(Ag LYEJ Az kcos{A; L) — 2 ;s EJ Ay® cosh(A, L)k cos(A; L))
JA22ET X% (=k 4+ mw?) (A2 + X, D] =0, (2.64)

‘where the m and k are the absorber mass and stiffness, respectively. We can find the
roots by plotting the left hand side of Eq. (2.64) versus frequency.

We attach a mass-spring absorber at the midpoint of the uniform riser under con-
stant tension discussed in Section 2.5.3. The parameters of the absorber are specified
as follows:

The first natural frequency of the beam: Q; = 2 x 7 x 0.0297 = 0.1866;

Modal mass of the beam: my = pAl/2 = 7.6187 x 10* kg;

Mass ratio of the absorber: p = m/m, = 1/10;

Frequency of the absorber: w, = \/k/_m; and

Optimal frequency ratio: f = w,/4 = 1/(1+ p).

The absorber is optimally tuned to the first mode of the uniform beam. Again, as
depicted in Section 2.5.3, there are numerical problems in analyzing this system by
-means of the conventional transfer matrix method.

Figure 2-23 shows the absolute value of the left hand side of Eq. (2.64) versus
frequency in Hz. The troughs coincide with the natural frequencies of the composite
system. Table 2.5 indicates the first 16 natural frequencies. The first 15 natural fre-
quencies of the beam, shown in Table 2.4, are also included for comparison. This table
demonstrates that the absorber has high influence around the frequency to which it
1s tuned while it has little influence on other natural frequencies. In addition, the ab-
sorber causes an additional natural frequency. There are two frequencies distributed
around the first natural frequency of the beam itself (f, = 0.0297H z), one lower than
fi and the other higher than f;.
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Figure 2-23: The absolute determinant of the system versus frequency in Hz

order | with absorber | no absorber | order
1 0.0239
2 0.0328 0.0297 1
3 0.0597 0.0601 2
4 0.0925 0.0920 3
5 0.1263 0.1260 4
6 0.1631 0.1627 5
7 0.2029 0.2027 6
8 0.2467 0.2463 7
9 0.2944 0.2940 8
10 0.3462 0.3459 9
11 0.4019 0.4023 10
12 0.4635 0.4635 11
13 0.5292 0.5295 12
14 0.6008 0.6005 13
15 0.6764 0.6765 14
16 0.7580 0.7576 15

Table 2.5: Natural frequencies (Hz) of the composite system
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Chapter 3

Dynamic Stiffness Method

3.1 Introduction

Historically, Kolosek first presented the idea of Dynamic Stiffness Method {DSM) in
the early 1940s, and gave an elaborate formulation of this method in 1950. Since
then the DSM has been widely used in the vibration analysis of beam structures. |
Improvements on calculating natural frequencies have been made by the Williams
and Wittrick (W-W) algorithm {28] and Simpson’s Newtonian iteration method [29].

‘The DSM has a great appeal for an exact dynamic analysis of a uniform beam
structure, as it is based on the exact dynamic stiffness matrix derived from the free
vibration analysis. The DSM performs free and forced vibration analysis within
the differential equation theory of beams, thus avoiding assumed modes and lumped
masses. This method enables one to analyze an infinite number of natural frequencies
and modes by means of a finite number of degrees of freedom.

The next section of this chapter introduces the derivation of the elemental dynamic
stiffness matrix of a uniform Euler beam, and then shows the frequency-dependent
mass and stiffness matrices based on the theorem developed by Richards and Leung
[30]. The third section discusses the assembly procedure for obtaining a global dy-
namic stiffness matrix, and determining natural frequencies. The third section then
illustrates the DSM with an example. The fourth section introduces the W-W algo-

rithm. Finally, this chapter discusses complex frequency analysis.
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3.2 Derivation of elemental dynamic stiffness ma-
trix and frequency-dependent mass and stiff-

ness matrices

3.2.1 Elemental dynamic stiffness matrix

The equation describing undamped bending vibration is:
EI8%y/0x* + pAd*y/Ot* = 0, (3.1)

where K is bending rigidity, pA is mass per unit length, and y is lateral displace-

ment.

Assuming y = Usinwt, and substituting it into Eq. {3.1), generates:

— — Mg =0, (3.2)

2
where M\ = *",ﬁ,—‘}’.

The general solution to Eq. (3.2) and its first three derivatives are:

¥ = Bjsin Az 4+ By cos Az + Bssinh Ax + B4 cosh Az;
7' = ABjcos Az — AB;sin Az + ABj cosh Az + ABysinh Az;
7' = —XBysinAz — A?B,cos Az + A?Bssinh Az + X2 By cosh Az;
7" = —A’Bjcos Az + ABysin Az + A*Bjcosh Az + A*Bysinh Az, (3.3)

The geometric boundary conditions for a simply supported beam are as follows:

atx = 0, U= U1y, g'z' = 91, (34)

66



4 |
stz =1, U=y, &% = §,. (3.5)

Equations (3.4) and (3.5) lead to:

Uty [ 0 1 0 1 | B
& A 0 A 0 B
L= 2 (3.6)
Uy sin Al cos Al sinh A\l cosh Al B;
> | AcosAl —Asin Al Acosh Al Asinh Al 1\ Bs

Finally, with one symbol to represent each matrix in Eq. {3.6), it is written in abbre-

viated form as:

Vr = CB. (3.7)

The nodal forces represented by the first three derivatives of Eq. (3.3) can be
expressed in terms of B;. The force boundary conditions for a beam element can be

written as:

d*v d*u

m1 = —EIE |2=0, Sty = EI@ |z=0; (3.8)
d*v d*y

Mo = EIE |x=l:. Soy = “Efaﬂx—a Iz:; . (39)

The nodal forces at two ends of a beam element are written by means of the ex-

pressions in Eqgs. (3.8),(3.9), and (3.3), as follows:

S1y i */\3 0 A3 0 ] Bl

M 0 )\2 0 - AQ Bz
=FKI

S2y McosAl —A¥sin Al —A3cosh Al —\3sinh Al B,

my | —A%sin Al —X?cosAl  A?sinh Al AZcosh Al 1\ Bs

(3.10)
Similarly, with one symbol to represent each matrix in the equation above, it can

be written as:
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F = WB. (3.11)

It is obvious that the vector B can be evaluated in terms of the nodal displacements
by inverting Eq. (3.7):
B=C1Vg (3.12)

Hence, substituting Eq. (3.12) into Eq. {3.11) leads to:

F = WC™Vp. (3.13)

The matrix product, WC™1! in Eq. (3.13), represents the dynamic stiffness matrix
of a beam element by definition, because it expresses the relationship between the

nodal forces and the nodal displacements; that is,

K()\) =WC1, (3.14)

It is important to note that this stiffness matrix is a function of the frequency pa-
rameter A because both W and C depend on A.
Using Maple V to carry out the symbolic operations of the inversion and multi-

-plication in Eq. (3.14), the dynamic stiffness matrix of a uniform beam element is

found to be:

Fs —-Fl F Fil

EI | —Fd FlI* -Fl R®
Bl R _Rl F F
Fsl RIP Fl F? |

, (3.15)

where the frequency functions F; (¢ = 1 — — 6) are defined by:
Fy = —A(sinh A — sin A)/§;

Fy = —A(cosh Asin A — sinh Acos A)/é;

Fy = —X%(cosh A — cos A)/6;

Fy = X*(sinh Asin A)/§;
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Fy = X3(sinh A + sin A)/§;
Fy = —X*(cosh Asin A + sinh A cos M) /§; and
§ =cosh Acos A — 1.

3.2.2 Frequency-dependent mass and stiffness matrices

A theorem by Richards and Leung [30] allows ready determination of [M] and [K],

which are frequency-dependent. The theorem states that:

O[D(w)]
M)} =-—5"5= (3.16)
Noting that:
dF; dF; dX
— = —_— 3.17
dw?  dX\ dw?’ ( )
dA A
a? = 1 (3.18)

and defining G; = ’"j—f‘i#, we obtain the following equation by using Eqgs. (3.17) and

(3.18) and the definition of A:

EI dF,
B dw?

= G;pAl. (3.19)
Then the fundamental [A(w)] can be written as:

r

Ge —Gi Gs Gil |
—Gyl G —Gil G2
M) =par| ~* 7 R (3.20)
Gs -Gl Gg Gyl

Gl Gi? Gid G2 |

Maple is first used to derive %i, prove some identities, and then simplify the form.
Finally the functions G; are written as:

Gy = (FiFy — Fy — F3)/4)\*

Gy = (F} — ) /40,
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Gy = —(FiFy + 2F3)/4)%
Gy = —(FyF3 + 2F,) /404,
Gs = (F3Fy — 3F3) /404,
Ge = (F? — 3F;)/4)1.
Then [K(w}] will be given by:

[K (@)} = [D(w)] + w*[M(w)].

(3.21)

We can further prove that if A = 0, then the frequency-dependent matrices [M (w)]

and [K(w)] degenerate into conventional mass and stiffness matrices as in the finite

element methbd.

In the neighborhood of A = 0, the functions F; and G; are of the 0/0 type. Using

Maple V, we expand the F; and G; as polynomials of A:

3

Fy

Fy

1 1097 899
94 - 34 A8 12
120"t Gossad00” T 28952224000
L 520181117 o, 976451037 "
81958386400450560000"  2172065878267084800000
+0(A%)
1 71 127
4___)4_ /\8-—*‘”*—/\12
105" ~ 43650007 3972969000
20403571 . 65608307 o
320149946876760000°  515441414471583600000
+O(X*)
13 1681 112631
64 2 34 A8 12
+ 120" T 23282800" T 762810048000
41460911, 85141179649 o

140099805812736000 143948729568791347200000
+0(X*)

11 993 3547
-6+ —! A8 12
210" ' 2910600 © 23837814000
4215149 . 166313573 @
14228886527856000° ' 281149862439045600000
+0{X*?)
9 1279, 5301

—12 — A% — —
70 3880800 8475667200

)‘12
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(3.22)

(3.23)

(3.24)

(3.25)



B 417329273 N 80596657487 320
303549579260928000 29322889356605644800000
+O(%) (3.26)

13 59 551
F = 12— = 4 8 12
6 35" T 1617007 794593800
753689 A6 52483633 \20

 547264866456000°  18090422758206800000
+0O(2%) (3.27)
1 1097 899 o
- —— - - A
G 140 34927200)‘ 9417408000

5220181117 - .
- A 2
Soageseeso0iis6a0000” T W) (3.28)

1 71 s 127
- )8
G 105 + 2182950A + 1324323000
20403571

12 i6 3'29
80037486719100000"  + O (3.29)
131681, 112631

420 11642400° 254270016000

41460911 ; .
- 3.30
35024951453184000" T 9 (3.30)

11 223, 3547
210 1455300" 7945938000

215149, 9
sss72z1631960000" T O (3.31)
5801,

Gy = b —2D) iy
® 7 70 7 1940400 2825222400
417329273 2 ”
3.32
+ 75887394815232000 + O (3.32)
13 59 551 4
Go = 35+ 30850" T 264864600

753689
A2 4 O(A9), 3
*+136s16z16614000"° T V) (3.33)

Gs =

If the constant terms in Egs. (3.22) to (3.33) are substituted into Egs. (3.15),
{3.20), and (3.21), then the frequency-dependent fundamental matrices [M(w)] and
[K{(w)] will degenerate into consistent mass and static stiffness matrices, again, as in

the finite element method.
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3.3 The global dynamic stiffness matrix and de-

termination of natural frequency

3.3.1 The global dynamic stiffness matrix

In the previous section, we showed the dynamic direct-stiffness matrix and frequency-
dependent mass and stiffness matrices of a uniform beam element. This section ob-
tains system matrices and solves for natural frequencies and mode shapes.

In general, it is more convenient to formulate the elemental dynamic stiffness ma-
trix with respect to local coordinates, which may differ from element to element; and
therefore, such element matrices should be transformed so that they are all referred
to a global coordinate system. Assemblage is then carried out by satisfying the dual
conditions of geometric compatibility and force equilibrium at the common nodes.

Transformation matrices are usually derived as the relationship between the two
sets of displacements or the two sets of forces in local and global coordinate systems.
The nodal displacements u, in local coordinates can be related to the nodal displace-

ments 1, in global coordinates by:

[ue] = [T¢][ae]- (3.34)

The transformed dynamic stiffness matrix (now in global coordinates) is:

[Ee] = [Te]T[ke} {Te] . (3'35)

There are one-to-one correspondences between the elemental nodal displacement

components i, in global coordinates, and system displacements u:

[@e] = [C}fu], (3.36)

in which [C,] is a rectangular matrix consisting of ones when there are correspon-

dences, and zeros when there is no correspondence. Using Eq. (3.36), the n, x n,
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element matrix k. can be transformed into an n X n matrix [k],
LA (CARNTA[ (AN (3.37)

where n, and n are the numbers of the degrees of freedom of the element and system
matrices, respectively.
All element matrices are now of the same order n, and the direct summations

yield the systemn dynamic stiffness matrix:

K] = Yl (3.38)

Finally, the restraint conditions are imposed so that the global dynamic stiffness

matrix is modified. Natural frequencies will be obtained from the following equation:

KU =0, (3.39)

where K is the global dynamic stiffness matrix whose elements are functions of vibra-
tion frequency, and U is the vector of the amplitudes of sinusoidally varying nodal

displacements.

3.3.2 The Determination of Natural Frequencies

The determinant |K| of the global dynamic stiffness matrix is a transcendental func-
tion of the frequency of vibration, becoming infinite at certain values of the frequency,
and possessing an infinite number of roots to equation |K| = 0.
Several features of the solution to Eq. (3.39) are important [31}:
(a) [K| =0, U # 0 is one set of solutions.
(b) |K| = oo, U = 0 is not necessarily a trivial set of solutions; but it sometimes cor-
responds to a mode shape whose nodes correspond to the nodes of a beam structure.
It was suggested previously that Gauss elimination is seldom used directly for

vibration analysis. However, it does play an indirect role successfully when used to-
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gether with the Sturm sequence. The latter is very important in solving eigenvalue

problem in FEM {32].

3.3.3 An example

. A simply supported beam was used to model a pipe in our lab. Its data are as follows:

length L = 5.6906 m { = 18.67 ft);

bending stiffness EJ = 8.66 x 10> N m?; and

mass per unit length pA = 1.8320 kg/m.

The first 12 circular natural frequencies w, were found by means of an analytical

formula for a simply supported beam:

0.0210 x 10%, 0.0838 x 10%, 0.1886 x 10%, 0.3353 x 10%, 0.5239 x 103, 0.7544 x 103,

1.0268 x 10°%, 1.3411 x 10%, 1.6973 x 103, 2.0055 x 102, 2.5355 x 103, 3.0174 x 103
The beam was evenly discretized into four beam elements. A Matlab code (ds-

tiff1.m) was developed for the vibration analysis. Figure 3-1 shows the determinant

of the global dynamic stiffness matrix versus different ranges of circular frequency.

The troughs correspond to natural frequencies, the values of which are close to the

exact ones. This figure also indicates that the determinants of the dynamic stiffness

-matrix at two circular frequencies are infinite. Compared to the analytical results of

natural frequency, these frequencies are both associated with modes in which all the

joint displacements are zero.
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Figure 3-1: The determinant of the dynamic stiffness matrix versus frequency
3.4 Use of the W-W algorithm to analyze a uni-
form beam structure

A real structure, assembled from elements possessing distributed parameters, has an
infinite number of degrees of freedom and an infinite number of natural frequencies.
Unlike in a lump-mass model, the determinant |K| of the global dynamic stiffness ma-
trix in Eq. (3.39) is a transcendental function of the frequency of vibration, becoming
infinite at certain frequency values, and possessing an infinite number of roots to the
equation [K| = 0. In addition, it cannot be discounted that solutions to Eq. (3.39)
of the form U = 0 might also be relevant and nontrivial. It is possible to envisage
mode shapes in which all nodal displacements are zero.

Converging on the natural frequencies of a structure having a uniform distribu-
tion of mass presents a number of problems. Several natural frequencies may be close
together or coincident, while others may correspond to U = 0. Also, as |K| is now
highly irregular function of w, any trial and error method, which involves computing

K| and observing when it vanishes, may miss roots. The Wittrick-Williams algo-
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rithm provides a foolproof basis for the automatic computation of any and all natural

frequencies for a uniform beam structure. This algorithm(28, 33] states that:
J = Jo + s{K}, (3.40)

where J represents the number of natural frequencies of a structure exceeded by some
‘trial frequency, w*, and s{K} is the sign count of the matrix. s{K} is equal to the
number of negative elements on the leading diagonal of the upper (or lower) triangu-
lar matrix obtained from K, when w = w*, by the Gaussian elimination procedure.
‘The rows of K are taken as pivotal in order, and suitable multiples of each pivotal
row are added to all following rows, so that all elements below the pivots become
zero. .Jo represents the number of natural frequencies which would still be exceeded
if constraints were imposed upon the structure so as to make all the nodal displace-
ments U zero. When U is null the structures degenerates into component members

in isolation, with their ends clamped. Hence:

Jo=_ Jm, (3.41)

in which the summation ¥~ extends over all the members: and J,, is the number of
‘natural frequencies between zero and the trial value of w, for a member with its ends
clamped.

From Eq. (3.15), natural frequencies of a uniform beam element with its ends
clamped will occur when one or more of the elements of D are infinite. It is easily
verified that the number of the natural frequencies lying between zero and any trial
w* is:

Im=1— %[1 — (—1)sign{6}]; i = largest integer < 2, (3.42)
where sign{d} is 1 when § is positive, and is -1 when 6 is negative.

A simple but effective method for converging on a specified r-th natural frequency

based on the result of Eq. (3.40) characterizes calculating the number of natural

frequencies, J, of a structure exceeded by some trial frequency, w* [33]. We first try
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a large value of w and see if the corresponding J is > r. If it is, w is an upper bound,
w,, on the natural frequency. If not, we will double w repetitively until an upper
bound is obtained. An initial lower bound, w;, is zero. Every time a value of w is
tried, it will always give a new value for either w; or w,, depending upon whether
J is less than r or not {(except in the unlikely event of w being exactly equal to the

natural frequency). New values of w are obtained from the equation:

1
w= i(w; + wy), (3.43)
and the method can be made to converge to any specified accuracy.
For the beam structure in Section 3.3.3, using only one element, we employ the

-W-W algorithm to find the first 12 natural frequencies, which are almost identical to

the analytical ones.

3.5 Complex frequency analysis

The above vibration analysis is for an undamped beam structure. If damping is in-
volved, the determinant of the global dynamic stiffness matrix is frequency-dependent
as well as complex. The complex solutions to Eq. (3.39) can be determined by using

an iterative root-searching technique. The frequency solution is written as:
W = Wy + w;, (3.44)

where the real part w, represents the damped frequency and the imaginary part w;
‘represents the exponential decay factor.
The frequency equation of a beam structure can be obtained by setting the deter-

minant of the global dynamic stiffness matrix equal to zero:

K(w)] = 0. (3.45)
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Frequently, |K(w)| is known implicitly; namely, a rule for evaluating |K(w)]| is known,
but its explicit form is unknown. There are a number of iterative methods to solve
Eq. {3.45), such as the bisection method, the secant method and Newton’s method.
Some methods are not very satisfactory when all the zeros of a function are required
or when good initial approximations are not available. The Muller method [34] is
iterative, converges almost quadratically in the vicinity of a root, does not require
.the evaluation of the derivative of the function, and obtains both real and complex
roots even when these roots are not simple. It is a successive iteration toward each
particular root by finding the nearer root of a quadratic whose curve passes through
the last three points.

Once the complex frequency is found, the nodal displacements can be found by
Gauss elimination to the free vibration equation; the corresponding complex mode

shape is determined by means of the frequency-dependent shape function.

An example: A simply-supported beam
Taking the beam model in Section 3.3.3 as an illustration and assuming that the struc-
tural damping is 0.01, then the bending stiffness is: EJ = 8.66 x 10%(1 +0.011) N m2.
We find the complex natural frequencies by means of the Muller method. The
undamped natural frequencies are employed as initial guesses, which the method re-
quires. Table 3.1 shows the first five complex circular natural frequencies and includes
the undamped solutions for comparison. This table indicates that for the lightly
damped beam structure, the damped natural frequencies are close to the undamped

ones.

Order | undamped damped
1 20.95 | 20.95+0.1047 i
2 83.82 | 83.82+0.4192 1
3 188.59 | 188.59+0.9423 i
4 335.27 | 335.284+1.6758 i
5 523.86 | 523.87+2.6180 i

Table 3.1: Complex natural frequencies of a damped beam
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‘Chapter 4

WKB-Based Dynamic Stiffness
Method

4.1 Introduction

Marine risers are widely used in the offshore industry for a variety of purposes, such
as deep water drilling, export and production. Slender marine risers are often subject
.to Vortex-Induced Vibration (VIV), and therefore require accurate dynamic modeling
for prediction of natural frequencies, mode shapes and fatigue damage rate. A typical
marine riser tends to have a large characteristic length with rigid lumps and varying
tension, flexural rigidity and mass density. The dynamic behavior of such a riser with
variable properties and discontinuities is difficult to predict.

A great deal of research has focused on vibration analysis of a beam structure.
For a uniform Euler beam under a constant axial load, the effect of the axial load on
the natural frequencies has been found by considering the natural frequencies to be
functions of a non-dimensional load parameter and boundary conditions [35]. Using
the dynamic stiffness method, Howson and Williams [36] discussed the natural fre-
quencies of Timoshenko members under constant tension. For a uniform beam under
a linearly varying axial load, Laird and Fauconneau [37] discussed the upper and
lower bounds of the natural frequencies. Using a power series expansion, Dareing and

‘Huang (1] found the natural frequencies of a uniform marine drilling riser. When the
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axial load is zero at one end of a beam, Huang and Dareing [38] found that the natural
frequencies are functions of boundary conditions and an axial traction parameter.

A dynamic riser model is needed which is able to account for non-uniform proper-
ties such as mass density, bending rigidity and tension distribution, and discontinuities
such as intermediate supports. A closed form solution to such a system is not gen-
erally possible. An approximation to the vibration analysis of such a riser may be
accomplished by replacing the variable parameters with constant ones. For example,
a variable axial load is often approximated by a tension that is constant over each
element. However, many degrees of freedom in the approximation are required in
order to obtain accurate results.

. This chapter investigates the vibration analysis of marine risers by combining the
dynamic stiffness method [39, 30] with the WKB theory {40}, which assumes that the
coefficients in the differential equation of motion are slowly varying. The WKB-based
dynamic stiffness matrix is first derived and the frequency dependent shape function
is expressed implicitly. Next the natural frequencies are found by equating to zero
the determinant of the global dynamic stiffness matrix, which is obtained by follow-
ing the procedure of the conventional finite element method. Finally, two example
non-uniform risers are analyzed, and the results are compared to show the efficiency

of this method.

4.2 Derivation of the WKB-based dynamic stiff-
ness matrix

A general marine riser is a long slender beam system with variable tension distribu-
tion, bending rigidity and mass density. The mass/length changes are often discon-
tinuous. Such a riser can be discretized into elements having continuously varying
properties within the elements and allowing discontinuities to occur between elements.
For each element, the WK B-based dynamic element stiffness matrix is derived by com-

bining the dynamic direct-stiffness method [39] with the WKB approximation method
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1401, which is a powerful tool for obtaining a global approximation to the solution of
a linear differential equation.
The equation of motion of a riser is written as:

Z w2 - 2w s m 2 = s, (4.1)
where w is the transverse displacement of riser, £ is the Young’s modulus of the
beam material, I{xz) is the area moment inertia of the beam, T(z) is the tension of
the beam, m(z) is mass of the beam per unit length, [ is length of a riser element,

and f(z,t) is external force per unit length.

We define the following non-dimensional parameters:

s=z/l, T = wyt, wozw/%é%, V=4
El(ls) Ts)H? mils
P(s)=20d sy = Tt U(s) = 502,
14
flovm) = et

where D, is effective diameter of riser, and the subscript o represents the values at
a reference cross section. Eq. (4.1} is rewritten in the following non-dimensional form:

a2 5%y 0 i)d oY
52lP8) 571 - 5';[@(3)“5; +Us) 55 = fls 1) (4.2)

Letting Y (s, 7} = R(s)H(7), the equation for R(s) is

d? d*R d dR
g L) oal = Q) -] = U(s)A*R =0, (4.3)

where A = =18 dimensionless frequency.
Assuming that P(s), Q(s) and U(s) in Eq. (4.3) vary slowly with respect to s,
compared with variations of E(s), R (s) and R’ (s), rewrite Eq. (4.3) as

d’R dR

PR 2P (TR L P ) - QT - g () R

7 —U(2)A’R =0,

(4.4)
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where z = ¢s, £ is a small parameter.

The formal WKB expansion is written as:
R(z) ~ exp|> Z 578 §— 0. (4.5)

Substituting this equation into Eq. (4.4), identifying the same order terms, truncating

the series and selecting ¢ = ¢, Kim [7] found the asymptotic solution,

R(s) = To(s)[Cusin{ [ ha(€)d€) + Cocos( [ ha(€)ds)]
+ Ti(s)[Cs sinh( /0 " hi(€)dE) + Cy cosh( /0 s. ha(£)dE)], (4.6)

.where, C; (¢ = 1 — 4) are constants of integration, and

QUA2 RLS

TI(S):\H”S (P +api
B = Jpl3 - ng:%((%) w24,
() = \%%+% (24422,
) = |42 LT
Note that: ﬁ_: = foz_s’ %Z%’- = %“42?}2” %’ = %%. Neglecting higher order terms,

then the nodal displacement vector, Vg, can be formulated in matrix form:

Vi [ o T(0) 0 Ty | { ¢
0, _n ngoglhzgo) 0 Tlgoglhlgo) 0 Cy | (4.7)
U2y BlTQ(l) B2T2(1) Bng(].) B4T1(1) 03
0, ] Bsz(i)hz(l) _B1T2{1)h2(1) B.;Tl(})hl(l) B;:,Tl(})hl(l) ] C,

Eq. (4.7) can be written in abbreviated form as

Vi = D,GC. (4.8)
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The nodal forces, F, for an element with changing properties can be written as

&R EI(s)D. d°R BoloD. R,
my = —BI@)D. " lmg = - =225 2, = —P(s) 222 (4.9)
FEI(s)D.d*R EolyD. d°R
Mo = EI(:E)De_zIm_l '(l—z) ds 2| =] = P( ) Olg ds? ls 1, (410)
&R dR EI{s)D,d°R T(s)D.dR
= —EI(z)D. ¢ dr 3| T(x)De“d'_;[zzﬁ T a3 1= d—]s_o,
(4.11)
&R dR EI(s)D, &R T(s)D, dR
Soy = _(Ej(m)Dewixz::J - T(-T)Dealz:l') = _Z—SF s=1 d_ls 1-
(4.12)

Substituting for R(s) from Eq. (4.6}, Egs. (4.9) to {4.12) can be written in the matrix

form:

F=DDC,

where, defining: Bj(s) = sin f§ ho(£)d¢;

By(s) = cos f5 ha(£)d¢;

Bs(s) = sinh f; hy(€)d&; and

.Ba(s) = cosh f§ h1(£)d,

the non-zero elements of the matrix D are:

D(1,1)
D(1,3)
D(2,2)
D(2,4)
D(3,1)
D(3,2)

D(3,3)

SRAPO)T0)A(0) - QOT(0)a(0),

P{0YEyI
GOy } o, )m300)

PO)E ],
ROLY

Ti(0)h1(0),

92 (PTDA(L) + Q)T (1)ha(1),

SPOTAD) + QT (WA (),
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_ EylyBs

D(3,4) = 3 (POT(H)RY) + QT (L)A (1),
D(4,1) = —%Bﬁz(l)ié(l),
@2 = TPl g ),
D(4,3) = %Bﬂl(l)hf(l),
D(4,4) = —P%B,;Tl(l)hf(l).

Combining Eq. (4.8) with Eq. (4.13) leads to:

F=KVpg, (4.14)

where K = DG™!, shown in Eq. (C.1) of Appendix C, is the WKB-based dynamic

-element stiffness matrix, whose elements are derived by using Maple V.

4.3 Frequency dependent shape function

In order to derive the frequency dependent shape function, rewrite Eq. (4.6) as

T2(s) sin f; he(£)dE ] Cy
R(s) = Ty(s) cos f; ho(€)dE Cs ‘ (4.15)
Ty(s) sinh f5 he(§)d¢ Cs

i Ty (s) cosh f§ ki (&)dE ] Cy

-

Solving for C from Eq. (4.8) and substituting it into Eq. (4.15) results in:

R(s) = &V, (4.16)

where @, shown in Appendix B, is the frequency dependent shape function obtained

by means of Maple V.
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4.4 Natural frequencies and mode shapes

With the derived local WKB-based dynamic stiffness element matrix K in Eq. (4.14),
one can obtain the global dynamic stiffness matrix by following the procedure of the
conventional finite element method {41], in which local elements are cast into global
form by coordinate transformations. Then boundary conditions are imposed. Finally,
-the equation of motion of free vibration in the restrained global dynamic stiffness form

can be written as

Ke{w)X = 0. (4.17)

Natural frequencies can be found by equating to zero the determinant of the
global dynamic stiffness matrix Kg. The eigenvalues, or the natural frequencies, are
obtained by plotting the figure det[Kq{w}], and finding the roots.

Once the natural frequencies are found, one can use Eq. (4.17) to solve for a
specific mode shape. An effective way is to use a triangular decomposition. For
a specific natural frequency, w,, one can use the Gauss elimination to decompose
Kg(wn) as,

KG(wn) = [Ln][Un]: (4.18)

where [L,] is a lower triangular matrix and [U,,] is an upper triangular matrix. Then

the nth eigen vector is solved from:

[U.)X. =0, (4.19)
where X, = [561,352, s ,xn]T:
U U2 Uin
U222 U n

-
B
1]

un—l,nAl Un-—-1,n
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Assume Zn = 1, the (n — 1)th row in Eq. (4.18) gives

Upn_1n-1Fp-1 F Up_1n = g, (420)
then,
Un—1,n
Ty = ———. 4.21
' un-l,nr-l ( )

Similarly, one can obtain from the (n — 2) row in Eq. (4.18),

Up—2n—1Tn—1 + Up—
Try = — n—2,n—14tn—-1 11 2,n_ (4‘22)
ru%—2,11,—2
The general recurrence relation can be written as
n
Z U kT
=2 (i=1,.--,n—1). (4.23)

U;,;

Hence, mode components at element nodes are calculated from the above formulas.
Then one can use Eq. (4.16) to calculate mode components for any points within an
element. In this way, accurate mode shapes can be obtained.

On the basis of the above procedure, Matlab codes solving for natural frequencies

and mode shapes for marine risers were developed.

4.5 Numerical examples

4.5.1 A uniform drilling riser under linearly varying tension
[1]

The parameters of a simply supported riser are

Length | = 500ft;

Outer diameter d, = 24 in.;

Thickness ¢t = 5/8 in;

Young’s modulus £ = 30 x 10° Ib/sq in.;
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Moment of inertia I = 3136.9in?;
Mass per unit length m = 20.8 Slugs/ft(includes mass of drilling mud and sea water);
Tension at the bottom ball joint Ty = 286, 000 1b;
Net weight of riser per unit length in sea water w = 214 Ib/ft (includes 38 Ib/ft for
choke and kill lines);
Cross-sectional area of the riser exterior A, = 3.14 sq ft.;
Cross-sectional area of the riser interior A; = 2.99 sq ft.;
Density of sea water g, = 64.8 Ib/cu ft;
density of drilling mud p,, = 85 lb/cu ft.
This riser was discretized into five elements with equal length. Figure 4-1 shows
the determinant of the dynamic stiffness matrix of the 500-ft riser versus frequency.

Table 4-1 shows the first five natural frequencies found from Figure 4-1. In order to

70 T T T T T T

BB v e b e

1det(K)! ¢og1q)
3 3

@
N

63

- ; : ; ; ; ;
[+

Figure 4-1: The determinant of the dynamic stiffness matrix of a 500-ft riser versus
frequency

verify the results, a finite element procedure which assumed constant tension over each
beam element was developed. Converged values for natural frequencies were found

employing 60 elements in the FEM. The approximation result [1] previously obtained
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.by means of a power series expansion is also included for comparison. It is observed
from Table 4-1 that the natural frequencies acquired by the WKB-based dynamic
stiffness method using only five elements are accurate. Measuring the position z(m)
from the bottom, Figure 4-2 depicts the first three mode shapes.

Table 4-1 depicts that the natural frequencies obtained by Dareing and Huang [1]
are also accurate, compared with those obtained by using the FEM and the WKB-
based dynamic stiffness method. However, their finding of “points of inflection” in

mode shapes is not correct.

Table 4.1: Comparison of circular natural frequencies

Order  Dareing and Huang [1] (60 ggnl\lffents) %%Eﬁesn%x
1 0.8150 0.8150 0.8150
2 1.8036 1.8038 1.8037
3 3.0876 3.0879 3.0875
4 4.7375 4.7377 4.7375
5 6.7890 6.7896 6.7890

A — Ist mode
\ -—- 2nd mode
A — - 3rd mode

Mode component Y

Position x(m)

Figure 4-2: The first three natural mode shapes for a 500-ft riser
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4.5.2 A non-uniform riser with variable properties

Due to attachments such as buoyancy modules, a typical marine riser is a system
with variable properties including tension and mass density. The simply supported
Helland-Hansen riser is one such riser, with the following specification:
Length L = 689.29 m;
QOuter steel diameter d, = 21 inches;
.Inner steel diameter d; = 19.75 inches;
Buoyancy diameter d, = 44.5 inches.

Figures 4-3 and 4-4 show the variations of the mass density and tension at the
measured points which are marked, respectively. The position is measured from the
bottom. These figures demonstrate that the mass density does not change continu-

ously, and tension does not vary linearly.

2000 -r g + -r e { oy Y L4
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Position x {m)

Figure 4-3: The mass density variation of the Helland-Hansen riser
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There are eleven segments in Figures 4-3 and 4-4, each of which has continuous
variation of mass and tension. By dividing each segment into two equally-sized ele-
ments, we used 22 elements to do the WKB-based dynamic stiffness matrix analysis.
Figure 4-5 shows the first 20 natural frequencies found by means of plotting the de-
terminant. The approximate results using Shear7, which assumed the riser to be an
equivalent uniform beam with linearly varying tension, are included for comparison.
The Shear7 results are accurate for lower order natural frequencies.

Figure 4-6 depicts the 20th mode shape, which is of interest. The locations of
the antinodes are not evenly spaced. Therefore, the mode differs from trigonometric
ones.

It is found that 282 elements are needed for the standard finite element method
to obtain a good 20th mode shape and a converged natural frequency of 0.6952 Hz.
'This is close to 0.6955 Hz by the WKB-based dynamic stiffness method with only
11 elements. Very few elements are necessary if they are chosen wisely. Within each
element, properties must vary slowly so as to satisfy the WKB assumptions. Discon-
tinuities should occur at the junctions of elements. In this example, the mass/length
changes abruptly ten times requiring a total of eleven elements to adequately model

the system.

90



28F-

Tensgion T (M)
<]
(=]

I
S

POk

1.8 l l l l 1 l 1 i i 2 1 L (
0 50 100 150 200 250 300 350 400 450 S00 550 600 650 700
Positicn x {m}

Figure 4-4: The tension variation of the Helland-Hansen riser

The Comparison of Natural Freq {Hz} of the Helland Riser
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Figure 4-5: The comparison of the natural frequencies with those obtained by Shear7
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Figure 4-6: The 20th mode shape of the Helland-Hansen riser
4.6 Conclusions

Knowing natural frequencies and mode shapes is important in the prediction of the
VIV of marine risers. The WKB-based dynamic stiffness method has been intro-
duced to analyze non-uniform marine risers on the assumption that the properties
are slowly varying within elements. When compared with a conventional finite ele-
ment method, the present method demonstrates some advantages, such as eliminating
spatial discretization error and finding accurate natural frequencies by means of a lim-
ited number of elements.

In determination of natural frequencies from Eq. (4.17), it is noted that X =0 is
not necessarily a trivial set of solutions but corresponds, sometimes, to a mode shape
‘whose nodes are nodes of the FEM. To find natural frequencies, an infallible search
algorithm is available for structural analysis where element properties are uniform
[31]. In the future this method will be used to extend the algorithm to the frequency

analysis of marine risers whose element properties are non-uniform.
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Chapter 5

The WKB-Based Dynamic
Stiffiness Method with the W-W
Algorithm

5.1 Introduction

Chapter 4 presented the derivation of the WKB-based dynamic stiffness matrix

method for a general nen-uniform riser. The natural frequencies are obtained from:

K(w)X = 0, (5.1)

where K is the global dynamic stiffness matrix whose elements are, in general, tran-
scendental functions of circular frequency w, and X is the vector of nodal displace-
ments.

In Chapter 4, we found the roots to Eq. (5.1) using the determinant plotting
method. However, solutions in the form of det K{w) = 0o and X = O might also
be relevant and nontrivial. It does not mean that all frequencies making K{w) = co
are eigen-frequencies. If fewer elements are used, the determinant may change sign
by passing through zero as well as via infinity. In order to avoid numerical problems,

the determinant plotting method requires the use of more elements.
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For a uniform beam member, Wittrick and Williams [28] presented an automatic
computation of natural frequencies. For a tapered beam whose section properties
vary regularly, Banerjee and Williams [42] gave a procedure to calculate natural fre-
quencies. This procedure, however, requires a preliminary step of finding the natural
frequencies of clamped-clamped tapered members.

A typical marine riser is a slender system having non-uniform properties including
mass per unit length, bending rigidity, and tension. The second section of this chap-
ter extends the Wittrick-Williams (W-W} algorithm to a general non-uniform marine
riser, and combines the algorithm with the WKB-based dynamic stiffness method.
The third section illustrates this technique with examples to automatically compute
natural frequencies. Using the WKB method, the fourth section derives the formulas
for calculating mode shapes, slopes and curvatures. Finally, this chapter analyzes the

marine risers with complex boundary conditions.

5.2 Extension of the W-W algorithm to non-uniform

marine risers

Based on a theorem due to Lord Rayleigh, the W-W algorithm [28] states that:

J =3y +s{K}, (5.2)

where J represents the number of natural frequencies of a structure exceeded by a
trial frequency, w*, Jo represents the number of natural frequencies which would still
be exceeded if constraints were imposed upon the structure so as to make all nodal
displacements X zero, and s{K} is the sign count of the matrix K. s{K} is defined
in [28], and is equal to the number of negative elements on the leading diagonal of the
upper triangular matrix obtained from K, when w = w*, by the Gaussian elimination
procedure, which is discussed in Chapter 3.

Chapter 4 derives the WKB-based dynamic stiffness matrix of a non-uniform riser
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member. The global dynamic stiffness matrix K is obtained by assembling all the
contributions from elements. Clearly s{K} is easily computed by the Gaussian elim-
ination procedure without row interchanges. The key in the extension of the W-W
algorithm to vibration analysis of a general riser is the computation of Jp.

Jo can be found from

'J{) = Z Jm, (53)

where J,,, is the number of natural frequencies of a component member, with its ends
clamped, which have been exceeded by w*, and the summation extends over all the
component members.

For a general marine riser, Eq. (4.5) in Chapter 4 expresses the non-dimensional
asymptotic solution of vibration amplitude, R(s). The boundary conditions for a

clamped-clamped riser member are:

R(0) = R'(0) = R(1) = R'(1). (5.4)

The boundary conditions in Egs. (5.4) result in the following characteristic equation:

0 T»(0) 0 73(0)
13(0) h2(0) 0 11(0) h1(0) 0 0. (55)
T5(1) By T>(1) B T1(1) Bs Ti(1) By
Ty(1) Bsha(1) ~T3(1) Byho(1) Ti(1) Baha(1) To(1) Bshs(1)

We know from Chapter 4 that the functions in Eq. (5.5), T1(s), T2(s), hi(s), and
ha(s), are highly dependent on the circular frequency w, and B; (i = 1, 2, 3, 4) are
implicit functions of w. Hence it is not simple to directly find the closed-form compo-
nent of J,, arising from Eq. (5.5). However, we can indirectly find .J,, by analyzing the
corresponding simply-supported beam system; namely, the boundary conditions of a
riser element are first assumed to be pinned-pinned rather than clamped-clamped.

For a pinned-pinned riser element, the WKB method [7] leads to the following

frequency equation:
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L 1 T(z) 1|, Tz,  mzwp,
—= = 4 dr = 5.6
./0 J 2EI(z) 2J(EI($)) T EI@ (5-6)
where the subscript P on wp, indicates “pinned” boundary conditions, and L is a

riser element length. Hence, the number of natural frequencies of a simply-supported

riser element exceeded by the trial w* is J,, which is defined as:

f \/ 2EI($) +3 \/ EI(z:) )? +4mE$I{‘2} dzx
the highest integer < .

(5.7)

With a pinned-pinned riser element treated as a complete structure, for which the

dynamic stiffness matrix is B, Eq. (5.2) then gives
Jo = Jm + s{B}. (5.8)

Then
In = Jo. — 3{B}, (5.9)

where s{B} is the sign count of the matrix B.
Although its explicit form is not readily found, the WKB-based dynamic stiffness

matrix, B, of a simply-supported riser element is symbolically written as:

b1 b
B=| = . (5.10)
bor by

Due to the symmetry of B, bjs = by;. The leading principal minors of B are: b;; and
biiboo — b7y
It is known that the number of negative characteristic values, s{B}, of B is equal

to the number of changes of sign between consecutive members of the Sturm sequence:

{1, bu, bbb} (5.11)

It can readily be shown that:
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1 bll bgg - b%g

s{B} = 5[2 —sgn(bu) - sgn(T)], (5.12)

where sgn(by;) and sgn(t%fl_bfl) are +1 or —1 depending on the signs of b;; and
bﬁ%ﬁa, respectively.

Substituting Eq. {5.12) into Eq. (5.9) results in:

g2
I = Je — %{2 — sgn(by) — sgn(bib—?;——fl% ]. (5.13)
11

Hence, .Jy is obtained by using Eq. (5.3). As a result, J for a general riser is
found from Eq. (5.2) when w = w*. Thus a computer convergence routine can be
written which adjusts w* systematically to certainly converge upon any specified nat-
ural frequency of a riser. The W-W algorithm is therefore extended to the analysis

of a general non-uniform beam member, and combined with WKB-based dynamic

stiffness matrix method.

5.3 Examples of marine risers

We developed the computational codes of the WKB-based dynamic stiffness method
with the W-W algorithm. This new method allows us to use the minimum number
of elements to accurately analyze a non-uniform riser with variable properties and
‘discontinuities. The advantage of this approach is particularly evident for calculating
higher order natural frequencies.

The first example is a uniform beam under linearly varying tension. The second
example is a typical riser with variable properties. For both examples, the results
found by Shear7 are also included for comparison. The comparison depicts the accu-

racy and efficiency of this method.

Example 1 A marine riser under linearly varying tension

A simply supported riser appears as an example with specification as follows:
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Length { = 1400 ft;

Young’s modulus £ = 29000 Ksi;

‘Moment of inertia 7 = 0.02074 ft*;

Total mass per unit length including added mass effects m = 7.45789 Slugs/ft;
Minimum tension Ty = 50000.0 Pounds;

Linearly varying tension factor a = 115.25 Ib/ft.

Using only one element to analyze this riser, Table-1 shows the first 13 natural fre-
quencies . The results obtained by Shear7 using 200 and 1000 segments, respectively,
are also included for comparison. The Shear7 solution is a WKB solution with lin-
early varying tension and constant structural properties. Table 5.1 demonstrates that

the natural frequencies found by means of the W-W algorithm are accurate.

Order | shear7{200) | shear7(1000) | W-W
1 0.0447 0.0448 | 0.0448
2 0.0902 0.0903 | 0.0903
3 0.1370 0.1372 | 0.1373
4 0.1857 0.1860 | 0.1861
5 0.2368 0.2371 | 0.2371
6 0.2904 0.2908 | 0.2909
7 0.3470 0.3474 | 0.3475
8 0.4067 0.4072 | 0.4073
9 0.4699 0.4704 | 0.4705

10 0.5367 0.5372 } 0.5373
11 0.6073 0.6079 } 0.6080
12 0.6819 0.6825 | 0.6827
13 0.7607 0.7614 | 0.7615

Table 5.1: Comparison of natural frequencies (Hz)

Example 2 The Helland riser with variable properties
_The Helland riser appears as the second example, the parameters of which are specified
in Chapter 4. Figures 4-2 and 4-3 demonstrate the variations of the mass density and
tension, respectively.

We find the natural frequencies and the mode shapes by using only 11 elements,
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each of which has continuous variation of mass distribution and effective tension.
Figure 5-1 shows the first 20 natural frequencies. We also include for comparison
the approximate results by means of Shear7, which simply assumes constant average

mass density and linearly varying tension for the whole riser.

The Comparison of Natural Freq {Hz) of the Helland Riser

1 (Hz)

0 2 4 6 8 10 12 14 16 18 20
Order {n)

Figure 5-1: The comparison of the natural frequencies with those obtained by Shear7

5.4 Calculation of mode shapes, slopes and curva-

tures

5.4.1 Introduction

Mode shapes, slopes and curvatures are useful in the prediction of vortex-induced
vibration of a riser. Once natural frequencies of marine risers are found by means of
the WKB-Based dynamic stiffness method in connection with the W-W algorithm,
mode shapes, mode slopes and mode curvatures can be derived from the frequency

dependent shape function. Equation (4.5) in Chapter 4 is written as:
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R(s)

[ Tu(s) sin fg ha(€)de

T (s)sinh f§ hy(€)dE
| 73(s) cosh 3 ha(€)dt |

Ty(s) cos fg ho(£)dE

where the column vector C = G~ V.

R(S) - (I)VF,

Ci

C
1, (5.14)

Cs

Cy
(5.15)

where @, shown in Chapter 4, is the frequency dependent shape function obtained by

means of Maple V.

With natural frequencies, mode components at nodes are found by using trian-

gular decomposition of the global dynamic stiffness matrix, discussed in Chapter 4.

Mode components at any point within an element is obtained with Eq. (5.15).

Formulas for calculating mode slope and curvature are derived from Eq. (5.14).

Mode slope is formulated as:

T;(s) sin Jg ha(€
, Ty(s) cos f§ halé
Ty(s) sinh fg h1(§)d€ + Ta(s)h
T1(s) cosh f3 h1(€)dE + Tr(s)hy(s) sinh f§ h,

)t + Tofs)ha(s) cos 3 ha(€)d | [ €
)d€ To(s)hafs) sin f§ ha(£)dE Cy (5.16)

1{s) cosh f; h1(£)dE Cs

(£)d¢ | Cy

Defining B1(s) = sin f§ ho(€)d€, Ba(s) = cos [; ha(€)d€, Bs(s) = sinh f; hy(£)d€, and
By(s) = cosh [ hi(£)d¢, Eq.{5.16) is rewritten as:

R (s)

T;(s)Bi(s) + Ta(s) B (s) |
T5(5) Ba(s) + Ta{s) By(s)
T;(5)Bs(s) + Tu(s) By(s)
(s)Ba(s) + Ti(

!

Ti(s)Bs(s) + T} $)By(s) |
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Similarly, mode curvature is obtained as:

[ T0 (5)Bi(s) + 2T5(s) B, (s
T (3) Bs(s) + 2T2’(3)Bz(3
Ty (s)Bs(s) + 2T;(s)By(s

I T, (s)By(s) + 2T, (s)By(s

R'(s) =

T T

+ Ta(s)B) (s) |
+ Tu(s)B; (s)
+ T1(s)B;(s)
+ T1(~9)B:1r (s) ]

Using C = G~ Vg, Eqgs. (5.17) and (5.18) are further written as:

i T1(s)Bs(s

§

) B
Rn(s) _ SiBQES) + 2T2(8

T, ( )

Ty (s )
( (s)
T ( )

[ Ty(s)Bu(s) + Ta(s) B (s)

T4(s)Ba(s) + Ta(s) By(s)
[ (5)Ba(s) By(s)
(s)Ba(s)

By(s) |

-T

8)By(s) + 2T5(s)B,(s) + To(s) By (s)
Bj(s) + Ta(s) By (s)

B.(s) + Ti(s) B (s)
s)Ba(s) + 2T1(s)By(s) + T1(s)By (s) |

G V.

G 'Vg.

(5.18)

(5.19)

(5.20)

The final step is to find formulations of basic operators in Eqs. (5.19) and {5.20).

‘Neglecting high order small terms, we formulate each basic operator as follows:

Bi(s) = sin [§ he(€)dE;
Bi(s) = By(s)ha(s); and
By (s) = hy(s)Ba(s) — h3(s)Bi(s).

Bsy(s) = cos [ ha(£)dE;
B,{s) = —B(s)hz(s); and

B, (s) = —hy(s)Bi(s) — h3(s)By(s).
Bs(s) = sinh f§ hy(€)d§;
B)(s) = Ba(s)hs(s); and

Bj(s) = hy(8)By(s) + h3(s)Ba(s).
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By(s) = cosh [§ hi(£)dE;
B,(s) = Bs(s)hi(s); and
B (s) = hy(s)Bs(s) + h}(s)Bu(s).

2 2,341

Ti(s) = 75[5(8)° + 2958 + L((£)? + 44 )3) 5,
2 24351
To(s) = Jpl-3(3)° — 2955 + 3((§) + 45 )35,

It is very tedious to derive T\(s), T} (s), To(s) and 7T} (s). The details of the
‘derivation are not given here. However, as in Shear7, these derivatives can be ne-
glected. Our numerical experiments have shown that the difference between final
results calculated by keeping or neglecting the terms associated with the derivatives

is very small.

5.4.2 Examples

Example 1 A 1400-ft riser under linearly varying tension

'This riser is specified in Example 1 of Section 5.3. It is a uniform beam under linearly
varying tension. We analyzed this example for a particular current profile by Shear7
and found that the 6th, 7th and 13th modes were dominant. Figures 5-2 to 5-9 depict
the mode shapes, slopes and curvatures of the first to 7th and 13th modes. The nth

mode shape of a pinned-pinned beam with varying tension is [43]:

I i 1 T{s} 1], T(s) 5 m(s)w?2 '
Y, (z) —sm[/o J—EW—F-Z*J[EI(S)] +4 EI(s) ds], (5.21)

where z is the spatial location. On the basis of this equation, Shear? finds the ap-
proximate solutions to mode slopes and curvatures by neglecting higher terms. We

include the results by means of the formulas in Shear7 for comparison. Figures 5-2 -
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to 3-9 indicate that the formulations in Section 5.4 are correct.
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Figure 5-2: The 1st mode shape, slope and curvature of the 1400-ft riser
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Figure 5-4: The 3rd mode shape, slope and curvature of the 1400-ft riser
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gure 5-6: The 5th mode shape, slope and curvature of the 1400-ft riser
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Figure 5-7: The 6th mode shape, slope and curvature of the 1400-ft riser
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Figure 5-8: The Tth mode shape, slope and curvature of the 1400-ft riser
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Figure 5-9: The 13th mode shape, slope and curvature of the 1400-ft riser

Example 2 The Helland-Hansen riser with variable properties
The Helland riser re-appears as an example to illustrate calculations of mode shapes,
slopes and curvatures, as discussed in Section 5.4.1.

Figures 5-10 to 5-16 indicate the mode shapes, slopes and curvatures of the 1st to
oth, 18th and 20th mode, respectively. These figures demonstrate that the curvature
of lower modes is sensitive to the discontinuities of the riser.

We normalize the mode shapes such that they have a maximum displacement
equal to 1, as required by Shear7 program. The results of natural frequencies, mode
shapes, mode slopes, and mode curvatures are exported from the WKB-based DSM
model to the built-for-purpose vortex induced vibration prediction program, Shear?7.
Appendix D shows the VIV results by Shear7 (version 3.0) for a particular current
'proﬁle and indicates for comparison the results by the approximation used in Section

4.5.2.
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Figure 5-11: The 2nd mode shape, slope and curvature of the Helland riser
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Figure 5-13: The 4th mode shape, slope and curvature of the Helland riser
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Figure 5-15: The 18th mode shape, slope and curvature of the Helland riser
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Figure 5-16: The 20th mode shape, slope and curvature of the Helland riser

5.5 Marine risers with complex boundary condi-
tions

The WKB method is an efficient tool for analysis of a marine riser with pinned-
pinned boundary conditions. For a simply supported riser, the natural frequencies
are obtained numerically from an implicit integral characteristic equation, and the
mode shapes are explicitly written as a simple harmonic function. However, for a
-riser with other boundary conditions, numerical problems appear when its length is
very large or high natural frequencies are involved.

We illustrate this point with the 1400-ft riser, which is analyzed in Sections 5.3
and 5.4. The pinned-pinned boundary conditions are now assumed to be cIamped;
clamped. Eq. (5.5) shows the characteristic equation. It should be noted that the
frequency equation obtained by Kim [7] is not correct: the element at 4 x 1 should
be 75(1) Bohy(1) rather than T5(1)B;ho(1). The natural frequencies, in principle, can
be found by means of the determinant-plotting method.

We found that the maximum determinant was even greater than 1.0x10% which is

111



far beyond the number a computer can handle. Figure 5-17 shows the determinant of
the riser versus frequency. The frequencies corresponding to zeros of the determinant
.in this figure are not real eigen-frequencies. They give false roots due to numerical
problems, which is similar to what we found in Chapter 2.

If the riser length is reduced, for example, to 400 ft, there is no numerical

2000 T

15001

1000 -

500+

det
[=]

-500 "

—1000} 1

-1500 h

_2000 1 il 1
0 0.05 a1 615 0.2 025 0.3
Freqt (Mz)

Figure 5-17: The determinant of the fixed-fixed 1400-ft riser versus frequency

problem in calculation of the first five natural frequencies. Figure 5-18 shows the
determinant of the 400-ft riser versus frequency. The first five natural frequencies
found from this figure are close to the exact ones: 0.1547, 0.3366, 0.5654, 0.8507,
0.1197 (Hz). Figure 5-19 demonstrates the absolute determinant of the fixed-fixed
400-ft riser versus a large range of frequency. This figure indicates that even for this
short riser, there exist numerical problems for calculating high natural frequencies

from the characteristic equation.

However, using the WKB-based dynamic stiffness method with the W-W algo-
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Figure 5-18: The determinant of the fixed-fixed 400-ft riser versus frequency
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Figure 5-19: The absolute determinant (logl0) of the fixed-fixed 400-ft riser versus
frequency
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rithm, we accurately find high natural frequencies. The first 20 natural frequencies
in Hz are obtained as follows:

0.0474, 0.0954, 0.1446, 0.1955, 0.2486, 0.3043, 0.3630, 0.4249, 0.4903, 0.5594, 0.6324,
0.7094, 0.7908, 0.8764, 0.9664, 1.0614, 1.1609, 1.2652, 1.3744, 1.4886.

‘Taking the 1400-ft riser as an example, we further analyze several structural mod-
els used in Shear7. Using the WKB-based DSSM with the W-W algorithm, we solve
for natural frequencies and the corresponding mode shapes, slopes and curvatures.
Having analyzed previously a pinned-pinned beam with varying tension, we now dis-

cuss other structural models.

(1) Free-pinned beam with varying tension
The first ten natural frequencies in Hz are found by means of the WKB-based DSSM
with the W-W algorithm:
0.02235, 0.06732, 0.11314, 0.16045, 0.20988, 0.26192, 0.31690, 0.37508, 0.41198, 0.50183.
Testing with different numbers of elements, we found the result was independent of
the discretization.

Based on Section 5.4, Figures 5-20 and 5-21 show the mode shapes, slopes, and
curvatures of the first and fifth modes. Since the boundary condition is free-pinned,

‘the mode shapes vanish at the right end, and the curvatures are zero at both ends.
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Figure 5-20: The 1st mode shape, slope and curvature of the free-pinned beam with
varying tension
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Figure 5-21: The 5th mode shape, slope and curvature of the free-pinned beam with
varying tension
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(2) Pinned-pinned beam with varying tension and rotational springs at
both ends

‘The rotational stiffness ratio is defined as:

where £ is rotational spring stiffness, [ is the riser length, and ET is bending rigidity.
Setting stiffness ratio r = 100, we obtained the first ten natural frequencies in Hz:
0.04665, 0.09388, 0.14227, 0.19237, 0.24464, 0.29949, 0.35728, 0.41813, 0.49753, 0.55036.
Figures 5-22 and 5-23 show the mode shapes, slopes and curvatures of the first and
fifth modes. Since both ends have rotational springs, the modes vanish at both ends,
but the curvatures at both ends are not zero.

In addition, Table 5.2 indicates the first five natural frequencies under different
spring stiffness ratios. When r = 0, the riser is a simply-supported model, the natural
frequencies of which are found in Section 5.3. When r = 1.0 x 10% or 1.0 x 10'°, the
riser boundary condition is close to clamped-clamped. When r = 1.0 x 10°, the nat-
ural frequencies are same as those obtained previously. Hence we verified the results

of the riser when it is clamped-clamped.

r 1 2 3 4 5
0 ]0.0448 | 0.0903 | 0.1373 | 0.1861 | 0.2371
1.0 x 10% | 0.0467 | 0.0939 | 0.1423 | 0.1924 | 0.2446
1.0 x 10% | 0.0474 | 0.0954 | 0.1446 | 0.1954 | 0.2485
1.0 x 10%9 | 0.0474 | 0.0954 | 0.1446 | 0.1955 | 0.2486

Table 5.2: Natural frequencies (Hz) of the 1400-ft riser under different spring stiffness
ratios
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Figure 5-22: The 1st mode shape, slope and curvature of the 1400-ft riser with rota-
tional springs

0.05 T T T T T T T T T

Figure 5-23: The 5th mode shape, slope and curvature of the 1400-ft riser with
rotational springs

117



(3) Free-pinned beam with varying tension and rotational spring at z =1
‘Setting the spring stiffness ratio r = 100, we found its first ten natural frequencies in
Hz: _

0.02250, 0.06775, 0.11386, 0.16145, 0.21113, 0.26339, 0.31857, 0.37694, 0.43874, 0.50414.
Figures 5-24 and 5-25 show the mode shapes, slopes and curvatures of the first and
fifth modes. In this case, mode components at the right end are zero, and the curva-

tures at the left end are zero while those at the right end are not zero.

bl 1 b
¢ a1 0.2 G3 04 0.5 06 0.7 ca 049 1

1 1 1
0 o1 0.2 0.3 04 05 &6 0.7 08

Figure 5-24: The 1st mode shape, slope and curvature of the free-pinned beam with
varying tension and rotational spring at z =/
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Figure 5-25: The 5th mode shape, slope and curvature of the free-pinned beam with
varying tension and rotational spring at z = [
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Chapter 6

Relationship Between Transfer
Matrix and Dynamic Stiffness

Methods and Its Application

6.1 Introduction

Matrix methods of structural analysis have come more and more into practice. Among
those matrix methods, the transfer matrix method holds a special position. Uhrig
[22] showed that under a particular sign convention the transfer matrix method can
be transformed into either the displacement method or force method in structural
analysis. Using the same sign convention for transfer matrix and stiffness matrix,
Pestel {21] derived transfer matrix from stiffness matrix; Pilkey [44] found the relation
between transfer matrix and stiffness matrix. However, the sign conventions between
the transfer matrix method and the stiffness method are often different. Li [11] noted
the difference in sign conventions and derived the transfer matrix from the stiffness
matrix for a second-order subsystem.

This chapter first generalizes the relationship between the Transfer Matrix Method
(TMM) and the Dynamic Stiffness Method (DSM) by introducing the corresponding

transformation matrices due to different sign conventions. The next section of this
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chapter discusses the derivation of an implicit transfer matrix from the dynamic
stiffness matrix found in Chapter 4, and shows an example of a riser under linearly
varying tension by means of fewer transfer matrices. The fourth section extends
the WKB-based dynamic stiffness method to a general riser with discontinuities. The
final section employs the relationship between the two methods to establish a dynamic

stiffness library.

6.2 The relationship between transfer matrix and

dynamic stiffness methods

6.2.1 Relationship between the transfer matrix and the dy-

namic stiffness matrix

We first derive a dynamic stiffness matrix from a transfer matrix.
The transfer of state variables from station 7 to station ¢ + 1, across segment :, for

a member with n {even) state variables is written as:

8iy1 = U;s; + Fy, (6.1)

where s is an n x 1 matrix of state variables, U is an n x n transfer matrix, and F is

an n x 1 matrix of loading functions. Eq. {6.1) can be partitioned as:

dis _ Up U d; . Fq ! (6.2)
Pi+1 Uan Uxn | | b F,

1 i

where d contains the n/2 displacement variables and p contains the corresponding
n/2 force variables. The U; (3, j = 1, 2) are (n/2) x (n/2) submatrices. Fy is an
{(n/2) x 1 submatrix of loading function terms corresponding to the d state variables
and F, contains the forcing terms for the p state variables. For convenience, the
subscript 2 to U and F is omitted in the following derivations.

Expanding Eq. (6.2) results in:
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diyn = Upd; +Upp; + Fg, (6.3)

piri = Und; + Ussp; + Fp. (64)

Eq. (6.3) reduces to:

P = _U1_21U11di + U1_2ldz’+1 - U1_21Fd- (6.5)

Substituting Eq. (6.5) into Eq. (6.4) yields:

Pit1 = (Ua ~ UpUL Un)d; + UpUL diyy + Fp — Uy UL Fy. (6.6)

-Uy 0 Fy
—UpUR 1|\ F, |

(6.7)

Egs. (6.5) and (6.6) are rewritten in matrix form:

i d;
) P _ 4
Pi+s1 diys

In local coordinate system of the DSM, the nodal force vector is:

p=| P =1, ™ |, (6.8)
Pit1 Pi+1

where L, is the transformation matrix between a nodal force vector in the DSM and

d;
+L,
din

~U Uy Uy,
Uy — U22U1_21U11 Uy Uiy

a force state vector in the TMM.

Substituting Eq. (6.7) into (6.8) gives:

~Up Uy Uy

P=L,
Uy — UpUUy UsUp,

~Us o F,
-UUy 1 Ky '

(6.9)
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The matrix L, can be diagonally partitioned as:

L. O
L,=| " . (6.10)
0 Ly

Likewise, the nodal displacement vector in the DSM is expressed as:

d; d;
Xe=1 _ =Ly , (6.11)
diyq diy;

‘where L; is the transformation matrix between the nodal displacement vector in the
DSM and the displacement state vector in the TMM, and can also be diagonally

partitioned as:

Ly 0
Ly=| " : (6.12)
0 Lg

Substituting Eqgs. (6.10) to (6.12) into (6.9) results in:

K.X.=F,, (6.13)

where the dynamic stiffness matrix, K, is :

K, = *LplUlﬂlellL(ﬁl LplUlmzngzl (6.14)
Lp2(Ug — UppUm U )Ly LU U Ly
the force F, is:
L,ip; L, Upt 0 F
F,=| P |4 P I (6.15)
Lp2pi+1 Lp2U22U;21 _Lp2 Fp

Following the same procedure, we find the transfer matrix in terms of the subma-

trices of the dynamic stiffness matrix K.:
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~1g7—1 —13-—1
—Lg Koo KennLa Ly KoLy

Ly (Ken — KenKhKen)Lar L Keny KoLy

U= (6.16)

Egs. (6.14) and (6.16) establish the general relationship between the transfer matrix

and the dynamic stiffness matrix.

6.2.2 Relationship between the two methods

(1) Transfer matrix method as a means of elimination
Transfer matrix method is a means of elimination of intermediate state vectors. Al-
though from the theoretical standpoint all problems in this method had been solved,
numerical difficulties prevented its wide practical application [44]. There are numer-
ous suggestions for overcoming the computational difficulties, which are discussed in
‘Chapter 2. An effective technique, which runs counter to the idea of the TMM, is
based on the classical elimination process, the Gauss climination [44, 22].

The state vector for a member with changes in field (Figure 6-1) is written for

each section as:

ald al az

Figure 6-1: A member with section changes

st = wsp+Fy
S = U351 + F2
Sp = UpSp_1+ Fp, (6.17)
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where u; = u;(a;,a;_1)-

Eq. (6.17) is rearranged as follows:

U8y ~ 81 = —Fl
11981 —89 = —Fg
UpSp_1 — 8 = —Fp. (618)

The structure of Eqs. (6.18) suggests the simple technique of eliminating all the in-
termediate unknowns sp, Ss, ---, used in the TMM. All the state vectors s; can be

expressed in terms of sg:

5; = (ujuj—l e 112111)50 + Fj

= H(Gj, CI())S() + Fj, (619)

where u(a;, ap) is a transfer matrix from section aq to a;.

Use of a classical elimination technique, such as the Gauss process [45], will over-
come the numerical difficulties inherent in the transfer matrix solution in Eq. (6.19).
‘The member is divided into segments of such length that they can be represented by
transfer matrices without numerical complications. Then Gauss elimination can be
employed to transform the coefficient matrix into an upper and a lower triangular
matrix, and thus it solves the problem {44, 22].

It should be noted that the coefficient matrix in Eq. (6.18) is not symmetric,
thus not convenient for decomposing into triangular matrices. In the following, we

will transform the Egs. (6.18) into the form of the direct dynamic stiffness matrix

method.

(2) Dynamic stiffness matrix method
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It has been verified that the field transfer matrix relation for one element in Eq. (6.1)

can be transformed into Eq. (6.13), which for convenience is rewritten as:

kll k12 di _ fi (6 20)
kar koo dit1 fitr

If we do similar operations for each row in Eqs. (6.18), then the Egs. {6.18) can be

trapsformed in to the following form:

Bk al [p
K kL & =11 (6.21)
Bk, || & |8

where the superscripts refer to the number of elements, and elements not shown are

-ZeTOs.

Noting d5™' = di, the geometric continuity leads to:

- I r 1
dit I
. di—l
i I
) = d; , (6.22)
di I
. dit
3 I .
i 1] AN

where [ is a unit matrix, and elements not shown are zero submatrices. Egs. (6.22)

can be written in the abbreviated form:

d=LX, (6.23)

where d is a super-vector containing the component displacements of all elements, L

is the the index matrix.

Substituting Eq. (6.23) into Eq. (6.21) and pre-multiplying by LT yields:
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KX =F, (6.24)

where the global stiffness matrix K and force vector F are:

ki ki
ki kg
K =L k2, k%, | L, (6.25)
k3 kg
.
1
1
2
F=LT| 21, (6.26)

2
2

It can be shown that the elements in Eq. (6.23) k(4,2) = k33" + &%y, k(3,5 + 1) = ki,.
Equations {6.24) to (6.26) are the formulations of the dynamic stiffness matrix

method, the global stiffness matrix is symmetric, i.e., KT = K.

6.3 Derivation of a transfer matrix from the WKB-
based dynamic stiffness matrix

In the local coordinate system of the DSM, defined in Chapter 4, the nodal force

vector is:
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S1y Qz
D m Mi
p=| " |=|™|=Lp , (6.27)
Dit1 S2y Qiv1
| T2 ] Mi+1 i

where Ly is the matrix relating nodal forces in an element reference to the corre-

sponding state force components defined in Chapter 2. Ly for a beam then is:

1 0 0 0]
0 -1 0 0
Lp = .
0 0 -1 0
000 0 1]

In order to relate state vectors in the TMM, the following transformation is used:

Qz Mi
M; i
=1L, ¢ s (6.28)
Qit1 Mt
My Qit1
where L, is:
0010 0]
1 000
L. =
0001
i 0 010 |

Hence the transformation matrix L, defined in Eq. (6.8) is:

L, = LgL,
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0 10 0|
|-t o00 0
T 1o 00 -

001 0

The transformation matrix Ly defined in Eq. (6.11) is a 4 x 4 identity matrix.

Chapter 4 has found the WKB-based dynamic stiffness matrix of a general non-
uniform riser under linearly varying tension. With the transformation matrices L,
-and Ly, the corresponding transfer matrix is obtained implicitly by means of Eq.
(6.16). In order to avoid the numerical problems, we transform this transfer matrix
into a delta-matrix, discussed in Chapter 2.

The 1400-ft riser in Chapter 5 is employed here as illustration. Figure 6-2 shows
the determinant of the delta-matrix versus frequency (Hz) by discretizing 3 equally
sized segments. The troughs correspond to the natural frequencies. The first thirteen
frequencies in Hz are obtained by zooming in around the peaks:

0.0448, 0.0905, 0.1370, 0.1860, 0.2370, 0.2904, 0.4068, 0.4705, 0.5372, 0.6076, 0.6824,
0.7618.

They are quite close to those obtained in the example of Chapter 5. Figure 6-3 further
depicts the accuracy of this new type of delta matrix. This figure indicates that only
a few transfer delta-matrices are required to solve for natural frequencies with good

' accuracy.

6.4 Dynamic stiffness method for a riser with dis-
continuities

A typical marine riser is a general non-uniform beam system with discontinuities.
Chapter 4 derives the WKB-based element dynamic stiffness matrix of a non-uniform
beam structure. Chapter 2 indicates that as a means of elimination of intermediate
state vectors, the transfer matrix method is a convenient approach to handle dis-

continuities. Using the relationship between transfer matrix and dynamic stiffness
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Figure 6-2: Frequency analysis of the 1400-ft riser using a new type of delta-matrix
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Figure 6-3: Frequency analysis of the 1400-ft riser by 3 and 10 elements respectively
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matrix, we first obtain an overall transfer matrix for a substructure, then find the
corresponding dynamic stiffness matrix from the transfer matrix. Hence in this way
we extend the WKB-based DSM to a general riser with discontinuities. In some cases,
we can also extend the W-W algorithm to the analysis of natural frequencies of such
a sysitem.

In addition, the internal degrees of freedom of each substructure are not employed
in this technigue. Therefore the order of the model is greatly reduced by means of
‘the combination of transfer and dynamic stiffness matrices. For example, a type of
submerged floating pipeline in deep water has a large number of discrete buoyancy
modules and one vertical tether at each mooring point, as shown in Figure 6-4. Using
this technique, we first obtain the overall transfer matrix for each span segment along
which a large number of discrete buoyancy modules are distributed, and then find the
corresponding dynamic stiffness matrix. The part within each span here is regarded

as a substructure or “super-element”.

Buoyancy modules

T Tether

Figure 6-4: A submerged floating pipeline

A constantly tensioned beam system with evenly distributed dynamic absorbers,
as shown in Figure 6-5, is used here as an example, whose specifications are as follows:
length [ = 609.6 m;
elastic modulus F = 2.0 x 10" N/m?,
outside diameter OD = 0.3397 m;
inside diameter ID = 0.3204 m;
moment of inertia 7 = 1.3642 x 10~ m?;
mass per unit length p4 = 78.57 kg/m;
constant tension T = 1.39 x 10° N;

number of absorbers N, = 19;
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mass of absorber m = 0.2pAl/{ Ny, = 25.21kg; and
‘stiffness of absorber & = 46.24 N/m.

The 19 absorbers are evenly distributed along the simply supported beam. The

Figure 6-5: A beam system with absorbers

“super-element” here is a constantly tensioned uniform beam with a mass-spring ab-
sorber on its right end. Tts dynamic stiffness matrix is derived in the next section.
Figure 6-6 shows the determinant of the system versus frequency. The troughs corre-

'spond to the natural frequencies. The first five natural frequencies in Hz are: 0.0345,

0.070, 0.105, 0.142, 0.181.
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Figure 6-6: The determinant of the system versus frequency
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6.5 Establishment of dynamic stiffness library

The combination of transfer and dynamic stiffness matrices encouraged us to estab-
lish a dynamic stiffness library. Pestel and Leckie [21] gave a catalogue of transfer
matrices. Using the general relationship in Section 6.2, we can transform it into that
of the corresponding dynamic stiffness matrices in a sign convention we define. For a
member with discontinuities, we first find its overall transfer matrix, and then trans-
form this matrix into the dynamic stiffness one. The following two examples illustrate
this technique.

(1) A uniform Bernoulli-Euler beam

Chapter 2 shows that its transfer matrix U whose elements are:

U(L,1) = 1/2 cosh(kl) + 1/2 cos(kl);
1/2 sinh{kl) + 1/2 sin(kl)

U(112) = k ’
1/2 cosh{kl) — 1/2 cos(kl
1/2 sinh(kl) — 1/2 sin(kl

U(2,1) = k(1/2sinh(kl) — 1/2sin(kl));

U(2,2) = 1/2 cosh{kl) + 1/2 cos(kl);
1/2 sinh(kl) + 1/2 sin(kl}

U23) = ETk
1/2 cosh(kl} — 1/2 cos{kl

U(3,1) = k*EI (1/2 cosh(kl) — 1/2 cos(kl));
U(3,2) = KkEI (1/2 sinh(kl) — 1/2 sin(kl));

U(3,3) = 1/2 cosh(kl) + 1/2 cos(kl);
UB4) = 1/2 sinh(kl)]:— 1/2 sin(kl);

U(4,1) = K*EI (1/2 sinh(kl) + 1/2 sin(kD));

U(4,2) = K*EI (1/2 cosh(kl) — 1/2 cos(kl));
U(4,3) = k(1/2sinh(kl) — 1/2 sin(kl));
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U(4,4) = 1/2 cosh(kl) + 1/2 cos(kl). (6.29)

The transformation matrices of L, and Ly are indicated in Section 6.3. With Eq.
(6.14), we find the corresponding dynamic stiffness matrix, k, by means of Maple.
The dynamic stiffness matrix is symmetric, which is also verified by using Maple. The

upper triangular elements of k are:

__EIK (cos(kl) sinh(kl) + cosh(kl) sin(kl))

k(1,1) = cosh (k1) cos(kl) — 1 ’
EI k? sinh{kl) sin(kl) )
k(1,2) ~ cosh(kl) cos(kl) = 1’
_ EI k? (sinh(kl) + sin{kl)}
k(1,3) = cosh(kl) cos(kl) =1 ’
_ EI'k*(—cosh(kl) + cos(kl))
k{1,4) = cosh(kl)cos(kl) =1 '
_ kEI{cosh(kl)sin(kl} — sinh(kl) cos(kl))
k(2.2) = - cosh{kl) cos(kl) — 1 ’
_ EI'k*(— cosh(kl) + cos(kl))
k(23) = - cosh(kl)cos(kl) -1
_ EIk(sinh{kl) —sin(kl))
k(2,9) = - cosh(kl)cos(kl) =1
k(3.3) = — EI k* (cos(kl) sinh(kl) + cosh(kl) sin(kl))
T cosh(kl) cos(kl) — 1 ’
k(3,4) = ET k* sinh{kl) sin(kl) )

cosh(kl) cos(kl) — 1’

k(4,4) = Elk(— cosl;()isc;)(:;(clzls)(—;-l;:(is(fl) sinh(%1)) _ (6.30)

This dynamic stiffness matrix k is identical to that expressed by Richards and Leung
[30]. Hence this example justifies the technique of deriving a dynamic stiffness matrix

by means of the relationship between transfer and dynamic stiffness matrices.

(2) A uniform tensioned beam with a mass-spring-dashpot absorber on its
right end

The example in Section 6.4 uses the dynamic stiffness matrix of this subsystem. Chap-
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ter 2 shows the transfer matrix U/; of a uniform tensioned beam, whose elements are:

cos(A; )As2  cosh{A, l))\;z_

Uit = A2? + A2 A2+ A2
i(L2) sin(A; 1) (~EIX,* +T) sinh(\: 1) (BT \,* +T)
) = - + N
' B (As®+ A7) Ay BT (Ae® + M%) As
U(1,8) = — cos(A 1) N cosh(Az ) ;
EI (A2 4% EI (A2 40
in{\; inh
Ui(1,4) = — SII;( ! )2 N sm2 (A2I)2 ;
EI (A + M%) A BT (A2 + 27 X,
)\1' sin()\I E)Azz Ag Sinh()\g l)/\]z
Bl = - A+ A2 SYCINE VA
02,2 cos(A; 1) (~EI A +T) cosh(As ) (BIN2+T)
] = - + 3
: B (A2 +A.°) EI (X% +),7)
U(2,3) = At 811;()\1 l)2 N As smf(/\g i)2 ;
EI (A + A% BT (A% + %)
Uy2,4) = — cos(A; 1} cosh(Agzl)
e El (A% + M%) BT (A2 +0%)
EI M2 cos(h; DXs®  EI X,° cosh{Ag l)/\;2
1) = - )\22+/\j2 * VIS WA
- Arsin(A 1) (EIA® +T)  Ap sinh(Ap ) (EI A+ T)
13:2) = Aa? + A2 * A2+ A0 ’
ArZcos(As D) Ae®cosh(Azl)
Ui(3,3) = ;\22+A,2 ME+ AL
/\1 SiD(AJ l) /\2 Sinh(Ag l)
Ui(3,4) = AL T A2
(BI A2 +T) A sin( DAs® (BI X2 = T) Mg sinh(Ag ),
U1(4> 1) = /\22_{_)‘12 + )\22_}_)\12 ;
4. (—BIX? —T)cos(); 1) (—EI \s* + T)
neeT EI (As*+ %)
(BI X — T) cosh(Me 1) (ET A% + T)
+ ;
EI (A®+ /%)
EIXZ2 +T) A, sin{A; 1 EI Xg® —T) Ag sinh(A, !
a3 = (BINE+T) A sin(A D) (BIN?-T) A O=1)

EI (A2 + /%) B EI (As® +X,%)
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(—BIX? - T)cos(Ar1)  (EIX*—T)cosh(Mz 1)

Ui{4,4) = - + ) 6.31
(44 EI {A:® + %) EI (A + Ar%) (6:31)
where the A; and X, are:
17T 1, T pA
= Al—= — Z{=)2 2 P47
M= T ET +\/4(E1) TR
17T 1, T pPA
_ 4 (1 247
Az = g EI+\/4(EI) tYUET
The transfer matrix U, of a mass-spring-dashpot absorber is:
1 00 0]
0 1 00
Up = , (6.32)
0 010
| Pt 0001

where m is mass of absorber, m is spring stiffness, and ¢ is damping of absorber.

The transfer matrix U for the subsystem is:

With the transfer matrix U, the corresponding dynamic stiffness matrix k, shown in
Appendix C, is found by means of Maple.
Appendix C shows the dynamic stifiness library of the super-elements in a general

marine riser system. Dynamic stiffness matrices for other members can be similarly

derived.
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Chapter 7

‘Vibration Suppression by Means of
Absorbers and Wave-Absorbing

Termination

7.1 Introduction

A Dynamic Vibration Absorber (DVA) has wide application in reducing undesirable
vibration of structures. It originated from the Fraham’s 1909 invention. Ormondroyd
and Den Hartog {25] first analyzed the DVA. Brook [46] completed the analysis when
‘he found optimal solutions for a viscously damped absorber. However, their analyses
had considered only the application of a lumped parameter absorber to a lumped
main system. Young [47] was the first to apply an absorber to a beam. Using a single
mode approximation, Jacquot [47] found approximate tuning of a DVA to a uniform
beam with regular boundary conditions.

The second section of this chapter introduces optimal tuning of a DVA to a beam.
The third section finds an approximate optimal solution. The next section employs
an example as an illustration. The fifth section studies optimal tuning of multiple
identical DVAs to a beam with general boundary conditions. In order to describe

the characteristic of non-uniformity of a marine riser, the sixth section investigates
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optimal tuning of multiple identical DVAs to a non-uniform beam under varying
‘tension. The seventh section discusses the incorporation of structural damping. On
the basis of the research by Vandiver and Li [48], the final section derives a wave-

absorbing termination for a beam system.

7.2 Optimum tuning of a DVA to a beam with
general boundary conditions

The main idea here is that for a composite system including a beam and a DVA,
shown in Figure 7-1, we use a mode of the beam rather than a mode of the composite

system, to analyze and optimize parameters of a DVA.

by, 0

F(t)

AN

1t

Figure 7-1: Beam with a damped dynamic vibration absorber

It is well known that the characteristic functions, ¢,{2),(n = 1,2,...,c0), for a

beam constitute an orthogonal set, which satisfies the following relations:

[ bz = 0, (#9)
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/1 ¢3d$ = | (T = S)J
0

L&, d*¢,
o dz? dz? 0. (r#s),
I q2 .
[ Chryan = g, =9) (71)

where [ is the length of the beam and 8% = mw?/EIl, in which m is the total mass of

the beam, w, is the natural frequency of the beam, and E[ is the bending stiffness.
Let y(z,t) be the deflection of the beam, z = y(h, t) be the deflection of the beam

at the point 6f attachment of a DVA, and u be the absolute displacement of the

absorber mass. Then y can be written in terms of characteristic functions ¢,(z):

y= i 2 dn(z), (7.2)

where ¢, and the displacement coordinate u are considered to be the generalized
coordinates for the composite system.
Using Eq. (7.2), one can formulate the kinetic energy T, the elastic strain energy

potential V', and the dissipation function D) for this problem.

{
T = (m/2) / dz + Mu2/2
0

= (m/2) i @+ M4?/2,

n=1

V o= (EIf2) [0 l(%)?dx + (- 2)%/2,
D = (¢/2)(i~ )
= (¢/2)[i - ; dnta (W], (7.3)

where M is the mass of absorber, ¢ is the viscous damping of the absorber, and k is

the spring constant of the absorber.
We take the periodic force F'(t) which acts at z = b in the complex form, F(t) =

Pe™t, Then the generalized force, Q,, corresponding to the coordinate g, is:

Qn = ¢n(b)Pe™t. (7.4)
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Lagrange’s equations of motion have the following form:

d, oT or oV aD

496, " 3q, * B, T8~ O 79

Substituting Egs. (7.3) and (7.4) into (7.5) results in the following equations by
means of Eq. (7.1):
mg, + mwﬁqn — kgn(h)u - Z grdr(h)] — c¢n(h)[u - Z qf¢r(h)] = ¢n(b)Pe Wt
r=1 r=1

M+ K= S ade (] +efi- S ardeW)] = 0. (70

r=1

To find the steady state solution, we assume that:

Twi iwt

Gn = Ape*™”, u = uge™’, (7.7)
-and substitute them into Eqs. (7.6), thus obtaining the following:

mwi — W) A, = po(RYMPuy = $a(b)P,
(k — Mw® +icw)uy = (k+ icw) io: Andn(h (7.8)

The first equation in Egs. (7.8) represents an infinite set of equations correspond-

ing to n = 1,2,3,... . Multiplying each equation in the set by ¢,(h) and then adding

the entire set leads to:

S Angalh) = Mw%f G) P S baBgn(h)

m Swieow? m7 wl-w?
_ MLU' ’U.'.o P
= H(h,h)+ ——-—uH(b R}, (7.9)

1
where H{h,h) and H(b,h} are obtained by substituting = b in the following ex-

pressions:

n=1

BRI
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Hb,z) = iﬂ’;\(—z@gﬁ%ﬁ (7.10)

where A, = wp/w; is the ratio of the n-th natural frequency of the beam to its first
natural frequency, and f = w/w, is the ratio of exciting force frequency to first natural
frequency of beam.
Solving for ug by the second equation in (7.8) and (7.9) and then substituting into
the first equation in (7.8), we find:
Ae P aWHGR)

=) e (taien) ()

1. (7.11)
‘The steady state deflection of the beam is:

y=e™* f: Andn(z). (7.12)
n=1

We define the following dimensionless parameters:
mass ratio of absorber, u = M/m;

- - - mw2
dimensionless deflection curve of the beam, w(z) = y(z,t) (5:%);

the ratio of frequency of absorber to the first frequency of beam, p = ‘/ M—Zz;
1
ratio of viscous damping to critical damping, { = £, ¢, = 2VkM.

[

Hence the dimensionless deflection, w(z), is found from Eqs. 7.11 and 7.12:

B H(b, h)H (R, 2)(1 +i2¢f)
W) = ) Ty ) + 90 (L — H O R

(7.13)

-Eq. (7.13) is the principal equation to determine the behavior of the system. Based
on this equation, the following two cases are discussed:
(1) The undamped vibration absorber

Equation (7.13) reduces to:

H(b, hYH(h, z)

w(z) = H(b,z)+ ﬁ(%_#)—ﬂ(h,h))-

(7.14)
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Then the deflection at z = h is:

— (p2 - f2)H(b’ h‘)
w(h) = p? — f2 — pf?p?H(h,h)

(7.15)

It is noted that the deflection at x = h vanishes when f = p. The undamped
natural frequencies of the composite system are obtained by solving the following
equation:

P’ = f? = uf*PPH(h, k) = 0. (7.16)

(2) The damped vibration absorber
Replacing z = h into Eq. (7.13), one can obtain the deflection at the point where the

absorber is attached:

w(h) — H(b,h)(1~f2/p2+i2gf/p)

(1— f2/p? — nf2H(h, BY) + i2C f/p(1 — if2H(h, h)) (7.17)

As in the case of a two-degree-of-freedom system, there are two “fixed points” of
frequencies at which vibration amplitudes are independent of the damping. The two
“fixed points” of frequencies, f; and fs, are solved from the following equation [47]:

2 __ fz[QHJU'sz(h”h)
T 21— puf?H(h,h)

]. (7.18)
For any pair of frequencies f; and f, one can find the corresponding amplitudes
through Eq. (7.13) assuming ( is, for simplicity, infinite:

[w(h')]fx,h - [1 _ f)fzb}f()h, h)]fl,fz' (7'19)

By trial and error, one can find optimal absorber tuning which makes equal the

amplitudes at the fixed points.
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7.3 Approximate solution of optimal tuning

Assuming that a dynamic vibration absorber is tuned to a frequency at or near the
n-th natural frequency of a beam itself, i.e., p = A,, and neglecting the contribution

of all other modes, H(b, h) and H(h, h} are approximated as:

$n(b)@nlh
H(b7 h’) ~ —/\(,2,')_—_]((2)‘,
a(h)?
H{h,h) ;i (_ )f2' (7.20)
Equation (7.17) reduces to:
o) = bnlD)bn(R)(B* ~ 5 + 2 D) 7o

(p% = F2)(N, — f2) — wf?PP¢5(h) + 20 fp(A] — f2 — uf?¢h(h)

The modulus of w(h) is then written as:

B @) + B — PR
k)l = gﬁ”"”"”"(")\/ TR0 — PP = p PR () + 2P () — (2 = P — AR
(7.22)

A convenient way to find the optimal solution to Eq. (7.22) is to use the analogy
between this equation and the expression by Den Hartog [25] in a two-degree-of-

freedom system. The optimal tuning is found by means of the analogy:

1

An —_—, 7.23
pO/ 1+ #'95,21 (}L) ( )
3udl(h)
An = ~ > -
(Copo/An) ENADIE (7.24)
where pg and (¢ are optimal funing values.
Based on Egs. (7.23) and (7.24), ¢, is written as:
2
P AL (7.25)

O 8(1 + p2(h)

Equations (7.23) and (7.25) are approximate optimal solutions for a DVA tuned to a

beam.
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7.4 A numerical example

A cantilever beam with a dynamic vibration absorber at the free end, shown in Figure
7-1, appears as an example. A pipe in our lab is used as an illustration, with the
following specifications:

pipe length [ = 5.69 m, (18.67 ft};

mass per unit length pa = 1.8320 kg/m;

bending stiffness FT = 8.66 x 10° N.m?, (obtained by testing);

the first circular natural frequency of beam w; = 7.4641 rad/s;

distance of absorber to left end of beam h =,

distance of exciting force to left end of beam b = 1/2; and

absorber mass ratio g = 1/5.

(1) Natural frequencies of the composite system

One can find natural frequencies of the composite system by solving Eq. (7.16). Since
H(h,h) is a nonlinear function of f, Eq. (7.16) cannot be solved analytically. The
resonant frequencies of the composite system are found by plotting the left hand side
of Eq. {7.16) as a function of f and by finding the roots. Figure 7-2 shows the first

two resonant frequencies for p = Ay.

LHS of Eg. (.17}
= ra @ -
o o n m w on £ o
T T T T T

d
tn

o 1 1 s L 1 ) 1 r :
a &2 0.4 0.6 03 1 12 14 1.8 1.8 2
dimansionless frequency f

Figure 7-2: Finding roots of p* — f2 — uf?p?H(h,h) =0 for p = A,
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Table 7.1 depicts the natural frequencies of the composite system for different
tunings and indicates that a DVA causes an additional natural frequency. When
p = A1, the natural frequencies are shown in the second column of Table 7.1. In
this case, the first frequency f; = 0.65 is lower than A; and the second frequency
f2 = 1.54 is higher than A;, while the higher frequencies of the system are nearly the
same as for the cantilever beam without a DVA. Calculations are also carried out for
the DVA tuned to the second and third frequencies of the beam, respectively, and the
same trend is observed as for p = A;. The results in the first rows of Table 7.1 are
similar to in [47]. This table also indicates that the DVA results in a great effect on

the natural frequency distribution of the system around the frequency to which the

‘DVA is tuned.

noDVA [p=A1|p=X|p=2X;
1.000 0.65 0.74 0.74
6.267 1.54 4.81 5.14
17.550 634 1010 1461
34393 | 1761 | 18.70 | 26.95
56.848 | 34.40 | 34.88} 40.35
84.925 | 56.58 | 57.20 | 59.58
85.00 | 85.00| 86.65

Table 7.1: Frequencies of a cantilever beam with an undamped DVA (b=1/2, h =1,
p=1/5)

{2) Optimal tuning

‘With Eq. (7.18), one can numerically find frequencies at two “fixed points” by plot-
ting the right hand side for a given value of p, shown in Figure 7-3. This figure
indicates that there are two f-values around the frequency to be tuned for a given
p-value. Figure 7-4 depicts the curve around Ay = 1. Given p = 0.6, the two “fixed
points”obtained from Figure 7-4 are f; =~ 0.55 and f, a2 0.95.
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dimensioniess frequency

Figure 7-3: The relationship between p and f (u = 1/5)

4

3_ -
a2k -

ir .

o i ; ; i

0 1 2 3 4 5

dimensionless frequency f

Figure 7-4: The relationship between p and f (u = 1/5)
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In order to further verify that there exist these two “fixed points”, set p = 0.6,
¢ = 0.0,0.1,100, 0.4 respectively, and calculate their responses by Eq. {7.17), shown
in Figure 7-5. This figure shows two fixed points, P and @, which correspond to fi,

f2, respectively.

il I3 1
0 a5 1 1.5 2 25 3
dimensionless frequency |

Figure 7-5: The frequency response curves {(uz = 1/5, p = 0.6)

One can find the amplitudes at such a pair of frequencies f; and f, by means of
Eq. (7.19). The optimal value py is obtained by adjusting p-value and observing the
_change of the two peaks so that they are equal. It is found by trial and error that
optimal tuning occurs for p=0.56, and that the fixed points are at f; ~ 0.50 and
f2 = 0.93. The corresponding amplitudes are 2.392 and 2.409, respectively. These
results are slightly different from those obtained by Young [47)].

By a proper choice of (, the curve is adjusted to pass with a horizontal tangent
through one of the two fixed points. Figure 7-6 shows that ¢ = 0.45 is close to the
optimal one. Figure 7-7 indicates that the optimal damping ratio ¢ ~ 0.432.
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— =02

lw(h}t

dimensiontess frequency {

Figure 7-6: The frequency response curves (u = 1/5, pp = 0.56)

- - 7=045
- {=0.40
e {0,432

0 I L 1 i i L L
0 1 2 3 4 5 6 7 8
dimensioniess frequency f

Figure 7-7: The frequency response curves {p = 1/5, py = 0.56)

148



(3) Approximate optimal tuning
The approximate optimal tuning is found by means of the formulas (7.23) to (7.25).
Figure 7-8 demonstrates that the difference between the response curve by the solution

obtained in (2) and that by approximate solution is small.

— p,=0-56, L=0.432
— — approx. tuning

D 1 L 1 1 1 1 1
G 1 2 3 4 5 & 7 8
dimensioniess frequency t

Figure 7-8: Comparison of response curves with different tuning {u = 1/5)

7.5 Optimal tuning of multiple DVAs to a beam

with general boundary conditions

7.5.1 Optimal solution

For a composite system of a beam with multiple identical dynamic vibration ab-
sorbers, a mode of the beam rather than that of the composite system is employed to
find optimal tuning. Let y(z,t) be the deflection of a beam, z; = y{a;, t) be the de-
Hection of the beam at the points where DVAs are attached, and u;(t) be the absolute

.coordinate of a DVA mass. Assume that k-th mode dominates a beam’s vibration,
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then y is written in terms of the beam mode ¢ (z):
y = gr(t)ox(z)- (7.26)

Using Eq. (7.26), we formulate the kinetic energy T , the elastic strain energy
potential V', and the virtual work dw, and then derive the governing equation of

motion by using the Lagrange’s equation:
— ()= =Qn, (n=1,2), (7.27)

where L = T -V, g, is a general coordinate of the composite system, @n is the

corresponding general force.

1 N
T = 52 muZ + pA/y
N i 2
V:%Z a,—u,+EIfd dz,
=1
dw = fl (z)bydzel™t, (7.28)
0

where N is the total number of absorbers, m is mass of a DVA, and % is stiffness of
a DVA, and pA is mass of the beam per unit length.
Substitution of Eq. (7.26) into Eq. (7.28) gives:

1 1 !
T = g Yomit+ 5pAdt [ e,
2~ 2 0
1 N
v o= Equq&ka,)—uzf-i—  p1g [
dw = 5qk/0 f(z)dp(z)dze?™t. (7.29)

Since f(z) is specified for an exciting force spatial distribution, dw can be rewritten
as:

Sw = dgpepe’t, (7.30)
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where ¢; = [} f{z)q{z)dz.
With Eqgs. (7.28) and (7.29), we have by means of the orthogonality of character-

istic functions, shown in Eq. (7.1):

_lN -2 1 -212 1 2 1 2ld2¢k2
L = 5 ;mui + §PAQJ¢/O $rdr — 52’“(%%(@@) — )" — §Equ[0 ( dz2 )dz,
aL .
a—% = pAlg,
d , JL .
Ji B_fjk) = pAlgy,
oL N y
. = —k> (gedula:) — w)rla:) — EIBplgr,
Gk i=1
N N
= —k(X_dt@))ar + k. dela)us — EISg,,
i—=1 =1
oL )
au,
LY = mi
dt\on,  m
oL
% = ]C(quSk(ai) — un), (n = 1, 2, ,N) (731)

Substituting Eqgs. (7.31) into Eqgs. (7.27) results in:
N

N
pAlGe + (£ 2 (a;) + EIBiDg, — k z drlas)u; = e;ej“’t, (7.32)

i=1 i=1

Mily, — k¢k(an)Qk + ku, = 0, (?’L =12, .., N)(7.33)

Assuming ( b ) = ( © ) /%, and substituting into Eqs. (7.32) and (7.33) gen-
Uy, Un
erate:

N N
(k Z qbz(a,) + Efﬂgl - w2pAl)Qk —k Z qﬁk(a,;)U,- = €5, (734)
i=1 =1

—kr(a.)Qr + (K — mu®)U, = 0. {7.35)
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Eq. (7.35) gives the expression of U, in terms of Qy:

= — 5@ (7.36)

= 5% (7.37)

Adding all the terms in Eq. (7.37) for n from 1 to NV, we obtain the following result:

N ka N )
> drla)lUi = P— ; Prlai). (7.38)

=1

Substituting Eq. (7.38) into Eq. {7.34) results in:

N kZQ N
(kY d2(a) + BIBH — w?pADQy, — k_—m‘;z 32 (a;) = 5. (7.39)
i=1 =1
Eq. (7.39) further reduces to:
Qulw) = ek — mw?)
* pAlmuw?t — w2 (pAlk + mk TN, ¢2(a;) + mEIBH) + kEISMN
es(k/m — w?)

7.40
pAlwt — w2(pAlk/m + kXN, ¢i(a;) + EIBE) + EIBHE/m (7.40)

In order to generalize the analysis, we define the following dimensionless quantities:
di ionless fi = . jed.
~dimensionless frequency A sV ED
tuning ratio 7% = (%)(E%;),
k
mass ratio of a DVA p = %.

With these dimensionless parameters, Eq. (7.40) is simplified as:

2 _ (2
Qk(W)_ €7 T A

- Efﬁél{)«‘* — X1+ T2(1+ p XN, ¢2(a:)] + T2t (7.41)
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The frequency response of any point on a beam in terms of the dimensionless param-

eters is then:

_ ¢r9x(z) r-Xx
y(.’L‘, /\) - Efﬁzl {/\4 — /\2[1 -+ T2(1 -+ .H'E:ll d)g(a’t))] + T

}. (7.42)

For viscous damping in DVAs, it can be easily accomplished by replacing 772 with

a corresponding complex frequency-dependent quantity, namely:
T? - T? + j2CAT, (7.43)

where ( is the damping ratio of a DVA defined in the usual sense, i.e., { = ¢/ 2vkm.

It is interesting to note that the approximate frequency response function in Eq.
(7.42) is the same form as that considered by Brock [46] with the exception that the
mass ratio u is replaced by pu ¥, ¢Z(a;). Hence the results given in [46] are directly

applied to this problem. In this case the optimal tuning ratio is:

1
Ty = . 7.44
= T as, ) (49
The frequencies at “fixed points” are:
N 20
X, = Tl | Al fele) (745
1,2 0[ J2+#Zi1¢%(az)} ( )
The dimensionless frequency response is defined as:
, AV EI B
H) = VB NEIBL (7.46)

€1 ()

The square of the magnitude of the frequency response at the fixed points is then:

Hz(/\l,z) — 2+ pZzJ\;] ¢%(ai)

N 50 (747)
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Substituting Eq. (7.43) into (7.42) yields the square of the frequency response

function with viscous damping;:

(T? — A?) + (2(TA)?

(7= TS e + TP + BTV O =N h s e

With the similarity of this expression to that by Brock [46], the optimal damping can

H*()\) =

be written as:
C2 _ 3p ZiN=1 ‘ﬁﬁ(‘%) _
° T8+ X, fE(ai)]

(7.49)

7.5.2 An example of a simply supported beam tuned by
DVAs

The beam in Section 7.4 is now assumed to be simply supported. Identical DVAs are
assumed to be evenly distributed. The total mass ratio of DVAs in this example is
kept constant, namely, Ny = 0.20.

(1) Assuming that one DVA at the midpoint is tuned to the Ist natural frequency
of the beam, the optimal solution by Eqgs. (7.44) and (7.49) is: Tp = 0.7143, and
¢o = 0.3273.

Figure 7-9 shows the frequency response of the beam with one DVA tuned opti-
mally and un-optimally. This figure indicates that the vibration around dimensionless
frequency A =1 is reduced when the DVA at the midpoint is optimally tuned.

Figure 7-10 depicts that the frequency response of the beam with the 1st fre-
.quency tuned by one and two DVAs, respectively. In the first case, the DVA is at
the midpoint of the beam and corresponds to the antinode of the 1st mode. In the
second case, the DVAs are evenly distributed along the beam; namely, one DVA is at
one third and the other is at two thirds of the length. Hence, in this case one DVA

is more effective than two DVAs.
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Figure 7-9: Frequency response of a simply supported beam with 1st natural fre-
quency tuned by one DVA (u = 1/5)

"Figure 7-10: Frequency response of a simply supported beam with the Ist natural
frequency tuned by one and two DVAs respectively
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(2) Assuming that DVAs are designed to optimally tune the 3rd natural frequency,
we calculate the frequency response by means of Eq. (7.48). Figure 7-11 shows that
the frequency response of the beam optimally tuned by two, three and six DVAs,
respectively. All the DVAs are evenly distributed, as in {1). In the first case, DVAs
are at the nodes of the 3rd mode shape, thus are useless, and the corresponding
response peak is close to infinite. Compared with the other two cases, the second
case is the most effective in suppressing vibration since the DVAs are at the antinodes
of the 3rd mode shape. Hence, the effectiveness of DVAs depends on their location

distribution.

10 T T T T T T T

! : : : . : - - 2DVAs
It : : : : : —— 3DVAs
[ [RIEEETERRTEY  CAILEEEETPRTTPRTY EERRTRRTTEES [ERSERERRIRYS: e — 6 DVAS H

IHEE
w

"Figure 7-11: Frequency response of a simply supported beam with the 3rd natural
frequency tuned by multiple DVAs
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7.6 Optimal tuning of multiple DVAs to a non-

uniform beam under varying tension

7.6.1 Optimal solution

In this section, optimal tuning of multiple identical dynamic vibration absorbers to a
general non-uniform beam is investigated. Following the same procedure as in Section
7.5, we need to modify the terms to include the tension contribution and to generalize

the expressions when applying Lagrange’s equation, Eq. {7.27):

r-ly 242 [ pA@)id
= 21:1mui 2 Op j}’,‘y T,
1 [ 62 ay ,
Vo= 5 [IEI@GE? +S@(E0 + 5 Zk at) —w),  (7.50)

where S(z) is the spatially varying tension.

Substituting Eq. (7.26) into (7.50) yields:

1 N
T = 52 mus + qk/pAm)qbkd:c
1Y d? d
V o= Ekz qkd)k a;) —ui)z 2 / EI d:ik)2+3(l’)(%)2]d$ (751)

i=1

Doing the algebraic operations with Eq. {7.51) gives:

1N
L= Sy mat+ qk/pA z)¢lda

- 363w~ - 3t [P GEY + s e e

dL ot
B_Cjk = G'ic/(; pA(I)QBidCC,
) !
i(ag) = i pA)Gds,
oL N N t d
e = —k(;qﬁﬁ(ai))qk—i—k;qﬁk(ai)ui—qk [0 [EI(x){ M‘“V S(=)( dik)2]d:c,
(7.52)
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Substituting Eq. (7.52) into Eq. (7.27) results in:

N
i [ oAz + B @) + [ IBI@EE? + 5@ lasia

N
-k Z gﬁk (a,-)u,; = 6f€jut. (753)

Substituting ( o ) = (Qk ) 79t into Egs. (7.53) yields:
Un

Un
(o [ pAIRds+ B ) + [ BTG + 5P},
— kigbk(ai)Ui:q. (7.54)

Then substituting Eq. (7.38) into Eq. (7.54) reduces to:

N
(- [ pA@)stde + kX h@) + [ BTG + 5 anq,

— f{:ng i(lék az — (755)

k — mw? !

We define the following modal parameters:
modal mass m; = [} pA(z)didz;
modal stiffness ay, = [} [EI(::;)( £)? + S(z)(2x)?)dz;
‘modal frequency wi = ay/my.

Eq. (7.55) reduces to:

_ er{k — mw?)
Q@) = mmgw? — w2(kmy + mk SN, ¢ (a;) + mayg) + ko
_ er(k/m — w?)
mrwt — w2(mk/m + kXY, 63 (a) + ar) + axk/m’

(7.56)

We redefine the following two dimensionless quantities:
dimensionless frequency A = w/wy;
tuning ratio 72 = &

wg
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Eq. (7.56) then reduces to:

¢ 2 _ )2
Qulw) = L -2

o N NI T A, e+ T2 (7.57)

The expression of the frequency response function is the same as in Eq. (7.46).
With the same replacement as in Eq. {7.43), we find the optimal tuning shown in
Eqs. (7.44) and (7.49), namely: |

1
To = )
U 142l i)
Cog 3 Ei\;l qﬁ(at)

81+ p X, d3(a)]

Noting that the beam is non-uniform and under spatially varying tension, modal
parameters—-including modal shapes, mass, stiffiness, and natural frequencies— do not
have closed-form solutions. In addition, mode slope and curvature are needed in order
‘to obtain modal stiffness. In Chapters 4 and 5, we have investigated the vibration
analysis of such a beam by the WKB-based DSM with the W-W algorithm. Hence, all

the required modal parameters are found numerically using this powerful technique.

7.6.2 Optimal tuning of DVAs to a uniform beam under con-

stant tension

As a special case, this subsection discusses optimal tuning of DVAs to a uniform
beam under constant tension, in which some expressions in the above subsections are
simplified. Exact solutions for the effect of an axial load on natural frequencies are
available for pinned-pinned, sliding-sliding, and sliding-pinned single-span uniform
beams. For other uniform beams, an approximate formula for the effect of axial load
-on the natural frequencies is also available [35]. The mode shapes of the pinned-
pinned, sliding-sliding, and sliding-pinned beam are unaffected by an axial load. This

section analyzes a Simply supported beam model. Similarly, this process can provide
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closed form solutions to other beam models.
The k-th natural frequency and mode shape of a simply supported beam subject

to constant tension, sg, are:

B k2x? [E1 - sol2
Wk = T\ AV T eetED

dulz) = \/isin(ﬁ"i—‘f), (k=1,2,3,...). (7.58)

Then ¢,(z) and ¢, (z) are expressed as:

, Shr
RO Cgotiica)
sy = 2 b, (7.59)

With Eqgs. (7.58) and (7.59), the k-th modal mass and stiffness are written as:

my = PAZ,
k k
e = EH(%-)‘WSOI(”T)?

= pAlwl. ' (7.60)

The modal parameters, shown in Section 7.6.1, are now in the analytical form.

7.6.3 An example of a 1400-ft riser

The 1400-ft riser in the example of Chapter 4 is employed as an illustration. DVAs
are again assumed to be identical and evenly distributed along the beam. The total
mass ratio of DVAs is kept constant as before, Nu = 0.20.

(1) Assuming that the riser is under its average tension, Tj, = 2.224 x 10° N, Figure
7-12 shows the frequency response curves of the beam with its first frequency, w; =
0.1845 rad/s, optimally tuned by one, three and five DVAs, respectively. In the case of
one DVA (Tp = 0.7143, {, = 0.3273), the DVA is at the midpoint which corresponds

to the antinode of the first mode, hence its effect is the most evident on reducing the
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vibration amplitude.

osf -

.2 1 i 1 1 1 1 L

3 4 )
dimensionless frequency k=ovm,

Figure 7-12: Frequency response of a uniform riser with its 1st frequency tuned by
multiple DVAs

(2) Now the riser is under linearly varying tension. Figure 7-13 depicts the response
of the riser under linearly varying tension with its first natural frequency, w, = 0.2816
rad/s, optimally tuned by one, three and then five DVAs. In the case of one DVA
(Ty = 0.8333, ¢, = 0.2500), the DVA is at the midpoint, not exactly at antinode
but close to the antinode of the first mode. Thus one DVA is the most effective in
suppressing the vibration amplitude, compared with the other cases. Figure 7-14
further demonstrates that the frequency response of the beam with its 6th frequency

(ws = 1.8275 rad/s) tuned by 7 DVAs optimally and un-optimally.
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3 4 5
dimensionless frequency h=wie,

Figure 7-13: Frequency response of a non-uniform riser with its 1st natural frequency
tuned by multiple DVAs

18

HMI

05 . ; A s ;
o} 0.2 0.4 06

N =
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dimenstonless frequancy 3L=m.'u>ﬁ

Figure 7-14: Frequency response of a non-uniform riser with its 6th natural frequency
tuned by seven DVAs
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7.7 Incorporation of structural damping

In the previous sections, structural damping in the beam is neglected. When the
primary system has no damping, the optimization procedure is simplified by means
of two “fixed points” on the family of frequency response curves. If there is primary
damping, the frequency response curves do not possess any “fixed points”. In the
latter case, Thompson [49] found the optimal solution by means of the frequency
locus method; Vandiver and Mitome [50] obtained the result through small changes
around the values in an undamped case so that the double response peaks are of equal
height. For a lightly damped beam system, it is practical to employ the method by
Vandiver and Mitome.

The second example in Section 7.6.3 is further used as an illustration. Assuming
that structural damping of the riser is: § = 0.01, Figure 7-15 shows the response
-curves of a damped non-uniform beam with its 3rd frequency (w3 = 0.8624 rad/s)

tuned by three evenly distributed DVAs. The optimal solution for the undamped

4.5 T T T T T T T T
: : RN : = - undamped beam tuning
4 : —— damped beam tuning .

T

asb o

{H{AIE

[+ 22 G4 06 1.4 1.6 1.8 2

0B 1 1.2
dimensionless frequency A=wfe,

Figure 7-15: Frequency response of a damped non-uniform riser with its 3rd natural
frequency tuned by three DVAs

beam is: Ty = 0.8975,¢p = 0.1961. Using thé values as an initial guess, the optimal
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result for the damped beam is obtained through a few iterations: Ty = 0.8913,¢ =
0.1941. The height difference between the two peaks is more sensitive to tuning ratio
T than damping ratio {. Hence, it is recommended to first adjust tuning ratio so that
the two peaks are roughly at the same height, then to slightly change the damping
ratio, and re-adjust these values. A few iterations in this procedure will provide a

much improved optimal solution.

7.8 Wave-absorbing termination of a beam system

Large amplitude flow-induced vibration of cables and risers is often associated with a
phenomenon known as lock-in when a vortex shedding process is synchronized with
a natural frequency. Professor Vandiver and Dr. Li [48] presented a wave absorbing
termination to suppress cable vibration. The key idea is to design the boundary at
the points of termination of a cable so that incident waves are absorbed rather than
reflected when they hit the boundary. On the basis of their research, this section
derives a wave-absorbing termination for a beam model riser, shown in Figure 7-16.

A wave traveling to the right can be expressed as:

El

/ ST TAS

b

Figure 7-16: A wave absorbing termination

y(z,t) = (Aie™™ % + 4 e™% 4 Acekem)eit (7.61)
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“where k; is a propagating wave number, and k» is an evanescent wave number.

Based on Eq. {7.61), the derivatives of y{(z,t) are written as:

8 bz o A i

W o i + iy A + e,
T

a2y X .

5oz = RiATT—KlAEMT 4 AT

3 .

g 3; _ ik%Aie_iklx _ ikrlsArezklx 1 kS’Aﬁek”. (7.62)
€T

The boundary conditions at z = [ are:

y(x)t”z:l = h#,
M(z, )= = O,
Rz, t)e=t = Q-, : (7.63)

where M(z,t) is the bending moment, Q(z,t) is the shear force, and _ is to be
determined by considering the termination device.

The equation of motion of the rigid link is found by Newton’s second law:
J6+CHOo+ (Ka*+hS) —Q _h =0, (7.64)

where J is the mass moment of inertia of the rigid link with respect to the right pinned
end, K is the spring constant, C is the damping constant, h is distance between the
riser connection point and pivot point, a is the distance from the spring connection
to the pivot, b is the distance from the connection of the damper to the pivot, # is
the angle of rotation of the rigid link about the pivot, and S is constant tension to
which the beam system is subject.

Based on Eq. {7.64), @.. is expressed as:

_ JE+CBO+ (Ka® + hS)8

Q- 5 :

(7.65)
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Using @ = %—E—SQH

% | and assuming that 6 = 8™, Eqs. (7.63) and Eq. 7.65 reduce

to:

Aem®it 4 Aetit 4 Ateft = R,
—k2 Aje™ — KA e+ B AL = 0,
EI(ikS Aje™™ — ik3 A et 4 k3 ACe™) — S(—iky Aie™™ + ik Ape* + kpe®?) =

102 4 a2 2 -
Jw +szZ)+Ka +h5'9. (7.66)

The right hand side of the third equation in Egs. (7.66) is further written as:

1.2 irtp2 2 ~
RHS — Jw —{»zC’bi;JrKa +hS(h9)

= wZy,(hl), (7.67)

where the input impedance Z,, of the termination as seen at the connection point of

the riser is the same as when connected to a string. As shown in [48], it is:

1 . _ 2 2
= Liop g Ba e, (7.68)

Zm h? w

Combining Egs. (7.66) with Eq. (7.67) results in:

—klemikl _ gRetkily 4 pZokelpe = g
GRBI + k1S — iwZm)e ™ — GBI + ik S + iwZp,)e™r  +
(B3EI — kyS — iwZy)ere = 0, (7.69)

where the reflection coefficients for propagating and evanescent waves, r and %, are
propag g ; )

defined as:
Te= r¢=—L. (7.70)

The first equation in Egs. (7.69) gives:

2z
kolpc _ ﬂ
2

k3

e = —L(g7kil 4 peilrly, (7.71)
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Substituting Eq. (7.71) into the third equation in Eqgs. (7.69) reduces to:

ik3ET + ik1S — iwZm + g(kgm — koS — iw )
T =
ik EL + ik, S + i Zn — B(EI — by — i Z,y)

g2kl (7.72)

As in [48], we decompose the input impedance of the device into a real part, K,

and an imaginary part, X,,, namely:

Zm =R +iXpm. (7.73)

The numerator in Eq. (7.72) becomes:

2
k2Bl + ik S — iwZo, + ’fi(kgEI — kyS — iwZy,)

k3
KT o3 ki 113 ky
= E(kQEI —k2S) + (1 + k—%)me + ki El + kS — (1 + k_g)me]
= oy iy, (7.74)

where @, = %;(kgEI —kS)+ (1+ g)me, and o; = BXET + kS — (1 + %)me

In order to match the impedance perfectly, one needs:

a, =0, a; = 0. (7.75)

The first equation in (7.75) requires:

13
x,, = Ja9 = HET )
Q1+ Bla
When the device is optimally designed, w = 2.
From the definition of Z,,, we have:
—hS — K2 2
X, - hS — Ka* + Jw ' (7.77)

wh?
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Equalizing the right hand sides of Eqs. (7.76) and (7.77) at w = 2 ylelds:

Ka® + hS 2
Q_J 7 T Ia+ R/

The second equation in (7.75) requires:

1 KEI+kS

P = 1+ K/ Q

From Eq. (7.68), we have the real part of Z,,: Re[Z,,]

expressions for R, leads to:

h? KBEI + kS

o= parEE O

We define the following dimensionless parameters:
dimensionless frequency w = §;
wave number ratio k = ﬁ;

s
tension factor p = WD and

impedance ratio Z,, PE?/—Q

(koS — K3ET). (7.78)

(7.79)

= Qg—fi. Equating the two

(7.80)

The tension factor p is a parameter characterizing structural behavior and is the same

as defined in SHEAR7. For a constantly tensioned uniform beam, its wave numbers

are:

1S5 1 S oA
Y - w2 .
& \ 2FE] + \/:1( FoT i {propagating wave),

ET ET

18 pA
= —_—— 2
ko \2ET \/ (=—=)12+w (evanescent wave). (7.81)

With these dimensionless parameters, the reflection coefficient r is expressed as:

1+p— (13 1/k)0Z, — 1(k* — p)/k ikl

l+p+ (14 1K@z, +i(k? wp)/k

{1-

201+ 1/8Y)0z, +i(k? — p) /K]

—12k 1
1+p+ (1 +1/k)@Z,, + i(k% — p)/k}e : (7.82)

168



When & = 1, the device is operating at the optimum frequency. Hence the input

impedance of the termination is chosen as:

Zmo = Rro'['i-g"io,

= 1+p
bro = T/ lo=1,
_ kp— K3
. = TR 7.83
i L5 o=t (7.83)

The 1400-ft riser is again finally employed as an example. It is assumed to be
subject to constant tension equal to the average value, Ty, = 2.224 x 10° N. SHEAR7
found that the 6th frequency is one of the important frequencies. We set optimum
frequency §2 = ws = 1.8275 rad/s for this analysis. The parameters are designed to
satisfy Eqgs. (7.76), (7.79) and (7.83). Figure 7-17 shows the reflection coefficient
modulus at the termination. At @ = 1, the reflection coefficient is zero, and hence
no energy is reflected. Figure 7-17 also indicates that much energy around w =
(2 is absorbed. The effects of the parameters on the bandwidth can be evaluated

numerically.

Figure 7-17: Wave reflection coeflicient at the termination
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Chapter 8

Vibration Analysis of a Coupled
Fluid/ Riser System

8.1 Introduction

One of the major components in offshore petroleum production is a production riser.
A production riser system often consists of external casing and an internal liner, which
are separated by an incompressible viscous fluid. In addition, there may be intermedi-
ate guides or supports (centralizers) distributed between the two parallel pipes. The
objective of this chapter is to mathematically model this coupled system, to establish
the theoretical formulation systematically, to solve for undamped or damped natu-
ral frequencies, to investigate effects of coupling factors on forced vibration, and to
explore new means of vibration suppression by designing the parameters of coupling
components.

A double-uniform beam system coupled by longitudinally distributed springs or
an ideal fluid or the combination of both is studied. The beams are assumed to be
classical Bernoulli-Buler ones. Approximate closed-form solutions to natural frequen-
cies and mode amplitude ratios are first found for a coupled double-beam system. A
beam-type dynamic vibration absorber is presented and an optimal tuning design is
found. The similar research is done for the coupled System in which both beams are

uniform ones under constant tension. We introduce an additional coupling factor, an
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ideal fluid between two beams, for the coupled system. The effects of the fluid on
natural frequencies and mode shapes are discussed.

One of the difficulties in vibration analysis of a general coupled fluid/riser sys-
tem is the mathematical models of the coupling components including viscous fluid
and centralizers. The risers are general ones with variable properties and subjected
to spatially varying tension. Hydrodynamic forces act on the external riser. It is
noted that dynamic stiffness analysis converts the dynamic problem into a pseudo-
static one with frequency as a parameter. That is, time no longer appears explicitly
but is replaced by phase relationships among all variables. An approximate scheme
combining a variational principle with the Ritz method is developed to establish the
theoretical formulation systematically. The WKB-based frequency-dependent shape
function is employved as a Ritz vector. The implicit expression of dynamic stiffness is
found for the complex coupled system. The WKB-based Dynamic Stiffness Method
(DSM) with the Wittrick-Williams (W-W) algorithm is extended for the analysis of
the coupled system. Natural frequencies and mode shapes are found with good accu-
racy. Effects of coupling factors, including viscosity of fluid, damping and rigidity of

centralizers on forced vibration, are investigated.

8.2 Free vibration of a spring connected double-
beam system and optimal design of a dynamic

absorbing beam

8.2.1 Analytical solutions

For simplification, the coupled system is assumed to be composed of double uniform
Bernoulli-Euler beams. Coupling springs are evenly distributed in the longitudinal
direction. Both beams have the same length and are simply supported at their ends.
An illustration is shown in Figure 8-2.

Free vibration equations of motion of a spring coupled double-beam system are
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Eqli

Ealg

Figure 8-1: A double-beam system coupled by springs and dampers

described by the following equations:

M
EiLwol™ v mpin + S Kwi(z) — wa(2)]6(z — ) = 0,
m=1
M
ExLows™) + mgiiy + S kfwa(z) — wn (2)}6(z — z,) = 0, (8.1)

m=1

where ¢ is a Dirac delta function, w; = wy(z,t) (i=1, 2) is the transverse beam
deflection, E; is the Young’s modulus of elasticity, I; is the moment of inertia, and &

is the stiffness of centralizers. Boundary conditions for simply supported beams are:
wi(0,8) = w; (0,8) = wy(l,t) = w, (1,{) =0,  i=1,2. (8.2)

The homogeneous partial differential equations (8.1) with boundary conditions

(8.2) are solved by assuming the solutions in the form:
wi(z, 1) = > Xa()gin(t), i=1,2, (8.3)
n=1

where g;,(t) is the unknown time function, and X, (z) is the mode shape function for

a simply supported beam, namely,

Xalz) = sin(k,z), kn = nn/l, n=1,2,3, .. (8.4)
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Substituting Eqgs. {8.3) and (8.4) into (8.1), then using orthogonality of the eigen
functions, assuming that the system is weakly coupled and natural frequencies are

well separated, and neglecting cross terms lead to:

ijln + (Elflki + k*)mflfhn - k*m;IQQn = 0,

Gon + (Ezfzkf,, + k*)mEIQ% — k'm3 g, = 0, (8.5)

where

*

2k M mr:cm
7 2 sin
m:

M is the total number of springs.

Equations (8.5) can then be rewritten as:

‘iln + ng;gln - Q%oqﬁa = 0:

(:j2n + ngnQ2n - Q%{)an = O; (86)
where

= (B;Lki + k" )m;', Q% =k'm], (i=1,2).

ZZTI

The solutions to Egs. (8.6) are as follows:
fin = Cneiw"t, Qon = newnt 1= \ “1: (87)

where w, is the natural frequency of the system. Substituting Egs. (8.7) into (8.6)

results in the homogeneous equations for unknown constants C,, and D,:

(Qﬁln - wg)cﬂ - Q%U‘D‘n = 03
(Q§2n - wrga)Dn - ngcn = 0. (8.8)
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"Egs. (8.8) have non-trivial solutions when the determinant of the coefficient matrix

is equal to zero, namely:

Q2 — w? -2
1in n 10 —_ 0' (8_9)
—Q%o Doy — W
Expanding Eq. (8.9) yields the characteristic equation:
w:lu - (Q%m + ngn)wz + (Q%ngm - Q%oggn) =0. (8.10)

There are two different, real, and positive roots w?,, :

1
w%,?n = 5[(9%11: + Q%Zn) + \/(Q%m - Q’%Zn) + 49%0930]: Win < Wop- (8.11)
The solution to Eq. (8.7} can be written as:

it —iwint izt it
din = C’lnewln +C2n€ Hin +C3n€1w2n +C4ne 3w2n,

dJon = ‘Dlneiulnt -+ D2n6_iu1"t + D3neiw2nt + D4n€uiwznt- (812)

Introducing trigonometric functions, Eqgs. (8.12) are rewritten as:

2
Gin = ) [Ainsin{wint) + Bin cos(wnt)),
i=1
2
@on = I [AinSin(wint) + Bin co8(wint)]tin, (8.13)
=1
where
Q120 = 0.5{21—02[(921’111 — Qgh) + \/(Qfm ~ 0%, )2 + 402,02, ]. (8.14)

It can be found from this equation that the coefficient a,, is dependent on the lower
natural frequency wy, and is always positive, while a3, is dependent on the higher
frequency ws, and is always negative. The wy, and ws, (win < way,) are two infinite
sequences of natural frequencies of the coupled system. As shown by Oniszczuk

[51, 52, 53] for a continuously and elastically coupled system, the natural mode shapes
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of the coupled beam corresponding to two sequences of natural frequencies w;, are:
le = sin(k,,x), Xg,'n = Qinp Sin(knﬂi). (815)

A spring connected simply-supported double-beam system has two kinds of mode
shapes. One is synchronous {ai, > 0) with lower natural frequencies wy, and the

other is asynchronous (as, < 0) with higher natural frequencies way,.

8.2.2 Optimal design of a dynamic absorbing beam

Now considering dampers located with the springs, the equations of motion of the

coupled system are written as:

. M M
Eihw™ 4 + Y kwn (2) — we(@)]5(@ — am) + 3 clin(z) - wa(2)}6(a — zn) =
m=1 m=1
pe*ts(z — a),
M M
EQIQ’{U;IV) + gty + Z klwe(z) — wi{z)]d(z — zm) + Z cfwn{z) —wr(z)é(z — zm) =
m=1 m=1

0,(8.16)

where pe*? is a concentrated harmonic force acting on Beam 1, and a is the distance
of the exciting force measured from the left end.
Following the same procedure as in obtaining Eqs. (8.5}, we obtain the following

equations:

miGin + (B ik + k%) qin — k" Gon + € (d1n — G2n) = 0,

Madon + (Ealokt + k") gon — K" qin + ¢*(don — G1n) = 0, (8.17)

where ¢ = 22 M sin?(2%a). Equations (8.17) represent a two-degree-of-freedom

system with two masses and three springs, as shown in Figure 8-2 with: k; =
Eljlk;ta kg = ]‘3*, kg = Egngi, Cy = c*.
Using the Den Hartog method, Aida, et al [54] obtained an optimal solution to

the case in Figure 8-2. Applying this solution, the procedure of optimal design of a
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k;

m,

my

Figure 8-2: Two-degrees-of-freedom system for nth mode

dynamic absorbing beam in this problem is depicted as follows:
1. The mass ratio u = 72 is set at the beginning.
2. The non-dimensional amplitude of a fixed point on the resonance curve of Beam

1, Yi,, is calculated from

Yip = (8.18)

which requires By, < p'El-ll-

3. The equivalent spring constant £* and damper ¢* are given as follows:

p(2 + )
s (8.19)

¢t = 2,u1|/m1h2E1[1k;i, (8-20)

k* = EII]_;C;

in which

(8.21)
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and

he ) (2+2p) F 2¢/p(2+p) (8.22)

h% AL+ wPYipl(L+ p)Yap — e+ @) F 1] :

8.2.3 An example: A coupled double-axial cylinder system

The specifications of a spring coupled double - riser system, where tension is neglected,
are as follow:

Length [ = 1944 ft;

Young’s modulus E = 30000 Ksi;

Mass per unit length of external pipe (added mass of external fluid included with
Cy, = 1.0) my = 169.2134 kg/m;

‘Outer diameter of external pipe di, = 13.375 inches;

Inner diameter of external pipe dy; = 12.615 inches;

Area moment of inertia of external pipe I; = 1.3642 x 107* m*;

Mass per length of inner pipe (inside water included) my = 87.2117 kg/m;
Outer diameter of inner pipe dy, = 9.75 inches;

Inner diameter of inner pipe ds; = 9.155 inches;

Area moment of inertia of inner pipe I, = 4.1110 x 107° m?;

spring stiffness ratio rg, = 1.0, which is defined as

k

Tsp = E—bm’ (8.23)

where L is spring spacing.

| There are 19 connecting springs evenly and longitudinally distributed. Tables 8.1
and 8.2 respectively shows that natural frequencies, obtained by means of Eq. (8.11),
of synchronous and a,synchfonous vibrations. In order to verify the solutions, the
WKB-based dynamic stiffness method with the W-W algorithm (error requirement
1.0 x 1073) is employed for analyzing the elastically coupled system and the results are
included in the tables for comparison. Both Tables 8.1 and 8.2 indicate that solutions

by Eq. (8.11) are accurate.
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Order | by Eq. (8.11} | WKB-DSM
1 0.0017 0.0017
2 0.0068 0.0068
3 0.0152 0.0151
4 0.0270 0.0270
5 0.0419 0.0419
6 0.0596 0.0596
7 0.0795 0.0794
8 0.1009 0.1009
9 0.1240 0.1238

10 0.1494 0.1454

Table 8.1: Comparison of natural frequencies fi, (Hz) of synchronous vibrations

Order | by Eq. (8.11) | WKB-DSM
1 0.0697 0.0696
2 0.0700 0.0698
3 0.0711 0.0709
4 0.0741 0.0740
) 0.0801 0.0800
6 0.0903 0.0902
7 0.1060 0.1060
8 0.1279 0.1278
9 0.1556 0.1555

10 0.1883 0.1883

Table 8.2: Comparison of natural frequencies fa, (Hz) of asynchronous vibrations
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Effects of spring stiffness on natural frequencies are studied by varying the stiff-
ness ratio. Spring stiffness ratios are set to be 1 and then 10. Figure 8-3 depicts
the results of synchronous and asynchronous natural frequencies, which correspond
to in-phase and out-of phase mode shapes, respectively.

Figure 8-3 shows that there is a general tendency to increase natural frequencies

1.8 T T ! T

, In-phase : I
, out—of-phase | ---.-. .. e,
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0, out-of-phase

y
iz

A Y N Ry
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r
§
F

1.2

{ (Hz)
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0.6
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Order n

Figure 8-3: Effects of spring stiffness on synchronous and asynchronous natural fre-
quencies

fin with the spring stiffness ratio. The increase for lower asynchronous natural fre-
quencies is greater than for higher ones. The effect of spring stiffness on much higher
asynchronous natural frequencies is insignificant. The increase for lower asynchronous
natural frequencies is much higher than for lower synchronous natural frequencies.
Spring stiffness has almost no effect on much lower synchronous natural frequencies.

In addition, for a specific mode where all spring connecting points happen to be its
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nodes, spring stiffness then has no effect on the natural frequencies at all. In this
example, this specific mode number is 20.

Finally, design an optimal tuning to the 15th mode of Beam 1. Optimal pa-
rameters were obtained as: k* = 105.2213, and ¢* = 38.6914. The unit concentrated
harmonic force is acting on I/4 away from the left end. Figure 8-4 depicts the numeri-
“cal results by optimal and un-optimal tunings {(by running Matlab code coupfb32c.m),
where w; is the 1st circular frequency of Beam 1 (0.0115 rad/s). This figure indicates

the benefit of an optimally tuned dynamic absorbing beam (Beam 2).

~3 T T T T ] T T T T
: : : : : . optamal tuning
; : : : : . w o k=1000,c=10
~35k - - SR —- k=1000,¢ =100 H
: : : ; : : — k=100,¢c =10

100 200 300 400 Q?IOO - 600 700 80O 900 1000

Figure 8-4: Frequency response of the 15th mode due to a concentrated force
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8.3 Free vibration of a spring-coupled tensioned
beam system and optimal design of a dynamic

absorbing beam

8.3.1 Analytical solutions

Both beams in the coupled system discussed in Section 8.2 are now assumed to be
subject to constant tension. Other assumptions are the same as previously.
Free vibration equations of motion of a spring-coupled constantly tensioned beam

system are described by the following equations:

M
ExLuwi™ + mo, — Tow!) + > klwi(z) — wola)}o(z — zm) =0,

m=1
M

Ezlzwéw} + gty — Thw, + > kfwe(z) — wi(z)}d(z — zm) =0, (8.24)
m=1

where T;(z = 1,2) is the constant tension in each beam.
Following the same procedure as in Section 8.2.1, one obtains the following equa-

tions:

thn + (ErDiky + Tik2 + KM grn — k"M gon = 0,

bon + (Boloky + Tok2 + k*)ymy ' gon — k*my qun = 0. (8.25)
.Equations {8.25) can then be rewritten as:

('jln + Q?ln‘hn - Q%B(hn = 0:
‘;'-211 + Qg2nQ2n - anfhn = 03 (826)

where ;;,, (i = 1,2) is defined differently from in Section 8.2.1 as:

Vi = (Baliky + Tik}, + K" )ymy " (8.27)
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With this new definition of ;;,, natural frequencies and mode ratios have identical

formulas to Egs. (8.11) and (8.14).

8.3.2 Optimal design of a dynamic absorbing beam

Now including damping of spacers, the equations of motion of the coupled system are

written as

M
By L™ 4 gy — Tyw, + > kfwi(z) — wa(2))d(z — 200

m=1

+ Z: clin(z) — i (2))d(z — zm) = €“'6(z —a),

M
nggwgw) + Mgty — Tywy + > klwa(z) — wi(z)]6(z — zpm)

m=1

M
+ > cfin(z) — i (2))6(z — zn) = O. (8.28)

m=1

Again, Eqs. (8.28) represent a two-degree-of-freedom system with two masses and

three springs. Now re-define &, and k5 as follows:
k1 == E}_I]_ki + leﬁ, k3 = nggki + Tgkg (829)

With the new definitions of &y and k3, the optimal tuning procedure is same as in

Section 8.2.2,

8.3.3 Anexample: A coupled constantly tensioned beam sys-

tem

On the basis of the example in Section 8.2.3, the beams are now assumed to be
subjected to constant tension, which is chosen to be the average values, 7} = 3.1442 x
10° N, Tp = 1.7692 x 10 N, respectively. Assuming ry, = 0.10, Tables 8.3 and 8.4
.ShOW natural frequencies of synchronous and asynchronous vibrations {obtained by
running coupfb32bl.m) and include the results found by the WKB-based DSM with
the W-W algorithm. Both tables demonstrate that values, obtained by (8.11) with
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the new definition of Qy, (¢ = 1,2), are accurate. Figure 8-5 demonstrates optimal
tuning to the 15th mode of Beam 1. Optimal values of parameters are k* = §4.2742
N/m, ¢ = 13.7205 N.s/m. This figure indicates the benefit of using Beam 2 as an

optimally tuned dynamic absorbing beam.

Order | analy. solution | WKB-DSM
1 0.0369 0.0369
2 0.0737 0.0737
3 0.1109 0.1109
4 0.1489 0.1489
> 0.1879 0.1878
6 0.2283 0.2282
7 0.2702 0.2701
8 0.3138 0.3137
9 (0.3594 0.3594

10 0.4053 0.4052

Table 8.3: Comparison of natural frequencies f;, {Hz) of synchronous vibrations

Order | analy. solution | WKB-DSM
1 0.0436 0.0435
2 0.0788 0.0788
3 0.1163 0.1163
4 0.1548 0.1548
5 0.1941 0.1941
6 0.2342 0.2342
7 0.2753 0.2754
8 0.3175 0.3174
9 (0.3608 0.3608

10 0.4073 0.4073

Table 8.4: Comparison of natural frequencies f, (Hz) of asynchronous vibrations
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Figure 8-5: Frequency response of the 15th mode due to a concentrated force
8.4 Free vibration of a constantly tensioned beam

system coupled by an ideal fluid and springs

8.4.1 Analytical solutions

Consider a coupled fluid/riser system which consists of an external cylinder and in-
ternal one located concentrically and connected by evenly distributed springs. The
annular region is filled with an ideal fluid (incompressible and frictionless). The
beam-like vibration is studied. Two cylinders are modeled as Euler-Bernoulli beams

subjected to constant tension. The equations of motion of the coupled system are:

Iy .
Er L™ + (my + mag)in ~ Tyw), + > k[wi (@) — wo(@)](z — Trm)

m=]
+mpwz = 0,
v " &
ngg’wg 4+ {ma + mo2)z — Tow, + Z Elwa(z) — w1 (z))d(x ~ z2)
m=1

+mor; = 0, (8.30)
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" where my(4,1 = 1,2) is added mass, which is indicated in Section 8.5.1.
Following the same procedure as in Section 8.2.1 and noting that mi; = my;, the
homogeneous algebraic equations for the unknown constants C, and D, are yielded

as:

(kik? + T1k2 + k* — mo?)Cp — (B* + mppw?)D, = 0,

I

(kok? + Tok2 + k* — maw?) Dy, — (K* + maw?)Cy, 0, (8.31)

where the 7y and i, are defined as: My = mq + My, Mo = Mg + Mo,
Equations {8.31) have non-trivial solutions when the determinant of the coefficient

matrix is equal to zero. The frequency (characteristic) equation is obtained as:

(yhg — mi wl — Wi{my (kek? + Tok? + k%) + mo(kakE + T1EZ + k%)
20k ) + (ki kt + TUR2 + ) (kok + Tok2 + k") — (K72 = 0. {8.32)

Define the coefficients in this equation as follows:

A = mymy —mi,, (8.33)
B = mylkok? + Tok2 + k%) + mo(kik?® + TVE2 + k%) + 2mpok*,  (8.34)

C = (kk} 4 Tk2 + k") (ko) + Tok2 + k) — (k%)% (8.35)

Then natural frequencies are:

, BxvB?-4AC

Wy, = 74 , (i=1,2), (8.36)
‘where wf, < w3,
The mode ratio a;, is:
o k}_k;ll + leg, + k* — ﬁ’blwfn _ k* + mglwfn (8 37)
e k* + mlg(.U?n o kgki + T2kr% + k* — T?ngz-zn ' )
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In the un-coupled vibrations, one of the cylinders is rigid. The un-coupled natural

frequency, @2, is
o ki TR+ E

in

- . (i=1,2). (8.38)
UL

It can also be shown that w?, < @?, < &2, < w?, (cf. Chen 1978 [55]).
With the definition of un-coupled natural frequencies in Eq. (8.38), Eq. (8.37) is

further rewritten as

. my ((Dfn — w?n) k* + mmw;'zn
ai'ﬂ. - P] - —5 2 . (8-39)
k* -+ myawi, Mo (w5, — wiy)

The following three cases, based on Eq. (8.39), are investigated:
Case 1: only coupled by springs
Without fluid, then my, = ma; = 0, My = my, and My = ma. Eq. (8.39) reduces to:

= n) _ . 8.40
¢ k* m2(w%n_ 1.211) ( )

As discussed in Section 8.2.1, Eq. (8.40) shows that ay,, corresponding to wis, is
positive, while as,, corresponding to ws,, is negative.
Case 2: only coupled by ideal fluid
Without springs, i.e., k¥ = 0, then Eq. (8.39) is rewritten as:

Givn = ml (Q%ﬂ. — w?ﬂ _ mzlw?n (8 41)
T 2 — =2 42y :
Miay, M2 (w2n Win )

Noting that miz = mg < 0, Eq. (8.41) shows that a;,, corresponding to wy,, is
negative, while ay,, corresponding to wsy, is positive. This result is opposite to that
in Case 1.

Case 3: coupled by springs and ideal fluid

Whether mode shapes aré in-phase and out-of-phase depends on the sign of a;,,, which
is expressed in Eq. (8.39). It is known that (@2, — w?,) > 0 and (@2, — w2 ) < 0.
The sign of (k* + myyw},) finally determines that of a;. The sign of (k* + mypw?,) is

employed to predict when the phenomenon occurs that some of out-of-phase modes
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disappear while some additional in-phase modes appear.

8.4.2 An example: a constantly tensioned beam system cou-

pled by an ideal fluid and springs

The specifications of both beams are identical to those in the example in Section
8.3.3. Mass density of fluid is p,, = 1000 kg/m?3.

Case 1: Only coupled by springs (r;, = 1.0)

Table 8.5 shows natural frequencies of asynchronous and synchronous vibrations of
the coupled system.

Figure 8-6 depicts the corresponding first four in-phase and out-of-phase mode

Order { asynchronous | synchronous
1 0.0791 0.0370
2 0.1026 0.0741
3 0.1331 0.1117
4 0.1674 0.1499
3 0.2040 0.1890
6 0.2424 0.2293
7 0.2823 0.2711
8 0.3237 0.3145
9 0.3667 0.3596

10 0.4118 0.4061

Table 8.5: Comparison of natural frequencies(Hz) of asynchronous and synchronous
vibrations {Case 1)

shapes. The characteristic vibrations of the elastically coupled system are either
synchronous or asynchronous. Table 8.5 indicate that the first mode corresponding to
the lowest natural frequency is synchronous. Compared with Tables 8.3 and 8.4, Table
‘8.5 demonstrate that with the stiffness ratio of the springs, the natural frequencies
increase, as shown in Figure 8-3. With the stiffness ratio, the coupling between the

two beams becomes stronger.
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Figure 8-6: The first four synchronous and asynchronous mode shapes (Case 1)
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Case 2: Only coupled by fluid {r,, = 0)
Table 8.6 shows natural frequencies of asynchronous and synchronous vibrations of

the coupled system.

Order | asynchronous | synchronous
1 0.0157 0.0358
2 0.0315 0.0719
3 0.0474 0.1084
4 0.0636 0.1457
5 0.0801 0.1838
6 0.0969 0.2231
7 0.1142 0.2638
8 0.1319 .3060
9 0.1503 0.3499

10 0.1692 0.3957

Table 8.6: Comparison of natural frequencies(Hz) of asynchronous and synchronous
vibrations {Case 2)

Figure 8-7 demonstrates the corresponding first four in-phase and out-of-phase
mode shapes. The fluid introduces the coupling between the two beams and reduces
the natural frequencies because of the added mass. As predicted in Section 8.4.1, the
coupled system has in-phase and out-of-phase characteristic vibrations. When the two
beams are out of phase, the fluid in between is displaced and thus the fluid’s inertia
effect is large. When the two beams are in phase, the effect of the coupling fluid’s
inertia is reduced. hence, out-of-phase mode shapes are beneficial in suppressing

vibration. Table 8.6 in this case indicates that the first mode shape is asynchronous.
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Figure 8-7: The first four synchronous and asynchronous mode shapes (Case 2)
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Case 3: Coupled by the fluid and springs (r,, = 1.0)

Tables 8.7 and 8.8 show respectively natural frequencies f;, and fs, found by means
of (8.36). The results obtained by the WKB-based dynamic stiffness method are also
included for comparison. The two tables indicate that solutions by Eq. (8.36) are
accurate. Compared with Table 8.5, Both tables indicate that the natural frequencies
are lowered due to the fluid.

Figures 8-8 and 8-9 depict the first four in-phase and out-of-phase mode shapes

Order | analy. solution | WKB-DSM
1 0.0309 0.0309
2 0.0426 0.0426
3 0.0555 0.0555
4 0.0699 0.0699
5 0.0851 0.0855
6 0.1011 0.1016
7 0.1178 0.1187
8 0.1351 0.1362
9 0.1530 0.1549

10 0.1716 0.1742

Table 8.7: Comparison of natural frequencies fi, (Hz)

Order | analy. solution | WKB-DSM
1 0.0384 0.0384
2 0.0724 0.0724
3 0.1087 0.1086
4 0.1459 0.1459
5 0.1840 0.1840
6 0.2233 0.2233
7 0.2639 0.2639
8 0.3061 0.3061
9 0.3500 0.3500

10 0.3958 0.3958

Table 8.8: Comparison of natural frequencies fo, (Hz)

obtained by the WKB-based dynamic stiffness method and analytical solutions, re-
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spectively. In these figures, subscripts “i” and “o” denote in-phase and out-of-phase
modes, respectively. It is found that the first out-of-phase mode in Figures 8-6 and
8-7 disappears while an additional first in-phase mode occurs. This phenomenon can
also be observed from the coefficients of natural mode shapes a;, shown in Table 8.9.
The signs of a;, and ag, are opposite. When the phenomenon occurs, a;, and as,
have the same sign and are B()th positive in this case.

It is further found by checking the sign of (k* + mi,w?)) that this phenomenon
doesn’t occur until 7y, > 0.65. When r,, = 10, the original 3rd out-of-phase mode
disappears while an additional in-phase mode appears, shown in Figure 8-10. The

corresponding coefficients of natural frequencies a;, are depicted in Table 8.10.

Figure 8-8: First four synchronous and asynchronous mode shapes by the WKB-
DSSM (solid line: Beam 1; dash-dot line: Beam 2)
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Figure 8-9: First four synchronous and asynchronous mode shapes by using closed
form solutions (solid line: Beam 1; dash-dot line: Beam 2)

Order G1n A2n
3.1468 { 0.3768
-3.3993 ! 0.7231
-2.6794 | 0.7529
-2.5294 | 0.7608
-2.4876 | 0.7632
-2.4855 | 0.7633
-2.5034 | 0.7623
-2,6333 | 0.7606
-2.5715 | 0.7585
-2.6157 | 0.7562

O] Q0| ~I O QY| Wi 2| D] =

=

Table 8.9: Coefficients of natural mode shapes a;,{rsp = 1.0)
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In-phase mode of a deuble—const. tensioned beam systermn coupled by springs(rsp=1{)) and fluid

Figure 8-10: The third in-phase mode shapes(r,, = 10, solid line: Beam 1; dash-dot
line: Beam 2)

Order Q1p o,
1 1.0313 | -0.6287
2 1.2013 | -0.2618
3 2.5451 | 0.3120
4 | -39.3288 | 0.6012
5 -5.1384 | 0.6820
61 -3.6999 | 0.7136
71 -3.2415 | 0.7286
8| -3.0418 | 0.7364
9] -29479 | 0.7403
10y -2.9076 | 0.7421

Table 8.10: Coeflicients of natural mode shapes a;, (s, = 10)
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8.5 Theoretical formulation of a general coupled

double-riser system

8.5.1 Hydrodynamic forces of viscous fluid in between con-

centric cylinders
Consider two concentric circular cylinders separated by an incompressible viscous
fluid annulus as shown in Figure 8-11, where r; and r; are the interface radii between

fluid and tubes. In application, the length of tubes is much larger than the radii

r; {1 = 1,2). Thus, the fluid field can be two-dimensional; that is, the axial motion of

1

Yiscous fluid

Figure 8-11: Schematic of two concentric tubes containing a viscous fluid

fluid is neglected. It is convenient to express the Navier-Stokes equation in the circular
cylindrical coordinate system (r, 4, z), which governs the motion of viscous fluids. For
small amplitude oscillations, the equations of motion can be linearized. Chen[56, 57!
found that fluid forces acting on cylinders are linear functions of the cylinder motions,
and that the forces can be separated into two components: one proportional to the
real part of the coefficient oy, Re(ay), is in phase with the cylinder acceleration and
is related to the added mass effect, while the other proportional to the imaginary part
of oy, Im(cy), opposes the movement of the cylinder and is related to a damping

mechanism. The hydrodynamic forces can also be expressed in terms of cylinder
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acceleration and velocity as:
2 2
X’i. = — Zmﬂ.’i‘l — ani‘g, (842)
=1 =1

where z,(t) is the instantaneous displacement of the Ith cylinder, the dot denotes

.diﬂ'erentiation with respect to time, and

my = MTiTzRe(G’u),

Cip — p'zrrmfm(aﬂ). (843)

my and c; are the added mass and fluid damping coefficients of the system, respec-
tively.

It is convenient to define an oscillation Reynolds number Ni = wr2 /v, where v is
kinematic viscosity, and radius ratio v = r»/r;. The fluid force coefficient a;; depends
on the oscillation Reynolds number Ny and radius ratio v in a very complicated way.
Approximate solutions can be obtained in special cases, where the most often used
are shown as follows:

(a): Ng >> 1 and moderate gap (e.g., G > 0.01 and N > 10%)

_ A+ ¥?)sin(G ) — 2(2 — v + v%) cos(GBr) + 47/

- , 8.44
Bi(l = 4?)sin{GBy1) + 2v(1 + v} cos(GBr) — 4v /7 (8:44)
where G = (ry —r2)/re = (1 = 7)/v, B = —jNr
(b): Np >> 1 and G®Ng >> 1 (e.g., Ng > 10* and G?Ny, > 10%)
P11 +7%) — j2(2 - v +1?)
o = - &8.45
TR+ v+ ) (8.45)
{¢): v =0, Ng = 0
Egs. (8.44) and (8.45) reduce to that of in-viscid fluid:
1++42
&1 = 1— :;2. (846)
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All other coefficients a;; are obtained in terms of aq;:

o = g = —y(1+an),

o = 1+l +on). (8.47)

8.5.2 Formulation of a coupled fluid/riser system

It has been demonstrated that the hydrodynamic force can be calculated for two
concentric cylinders separated by an incompressible viscous fluid. The governing

equations of motion of external and internal risers in a coupled fluid /riser system are:

5 2w 3 Ow Fw
502 Lh(2) 33:21) 5, Ltz )8;)+TTL1($)—5£51 = hi(z,t) + fi(z,t), (8.48)
’ 62 82'11}2 3 6w2 62w2

@(Efg(x) LY ) — Fye —(Ty{z)— gy )+ mz(ﬂi)w = ho(z,t) + fo(z,t), (8.49)

where the subscripts ’1’ and ’2’ denote external and internal risers respectively,

filz,t) ( = 1,2) includes external exciting force and concentrated ones due to cen-

tralizers, and A;(z,t) (i = 1,2) is the hydrodynamic force defined in Eq. (8.42).
Substituting Eq. (8.42) into Eqgs. {8.48) and (8.49) yields:

g 8%w J Jw &*w O%w
@(EII(:U)aT;) — 6_x(T1($)8_5[;1) + (m]_ -+ mll)““é}“{l‘ 4 M9 6t22
ow ow
+ Cll_atl +cm—3t2 = filz,t), (8.50)
aZ BQ‘IUQ ad 6w2 8 Uy 82’{!}1
@(Eﬁ(m) 922 ) - 97 (T2(5L') (ma + mop)—~ ar +m21W
o
4+ om a“: +022% folz,1).  (8.51)

Define the following non-dimensioned parameters:

—_ — Eglg e — Wi
s=1, Wo =4/ it T = Wy, and Y; = 3,

where the subscript ’o’ represents the values at a reference cross section, and D, is an

effective diameter. Then Eqgs. (8.50) and (8.51) can be written in a non-dimensional
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form:

9% %Y,
@( 1(@@)

9 5%Y,

82(P2()52)_

where,

P, =

fi(sa

Assuming Yi(s, 1) =
(53) result in:

2
ZreZB) - Lo
& Ry
@(Pz(s)w) (Qz(
where F1(s) = fi(s,7)e ™", F(s) =
A= w/fw,.

AY; 32Y 9%Y.
(Ql( 1) + MII(S) 1 + Mia(s) P 22
BY aYs
+ Cn'a—i + clz = fi(s,7), (8.52)
d oY- 5?Y. 8%Y;
39 (Q2(s) 2) +  My(s) 5 22 Mm( )3 g
Y, Yy
+ Coo—0— a7 + Coy G = fals, 7},  (8.53)
EI; T2 m;(z)
B.1’ Qi = L My ——
mij) Cii = G s C'ij = Sy »
0 mowo mowo
_ f,‘(iL‘, t)ﬂ .
T) = DEL (1,7 =1,2).

Ri(s)e"” (i = 1,2) and substituting it into Eqs. (8.52) and

OR
)—i) - MH(S) /\2 R1 — M]g(S) f\2 R2
+ tACHE +i1ANCiely = F) (S), (854)
OR
32) —_ MQQ(S) /\2 R2 —_ M21 (S) /\2 R]_

+ 1A ngRg + 1A 021R1 = F2(3), (855)

2(s, 7)e~*"", and A is a dimensionless frequency,
? ?

The dynamic stiffness formulation of a coupled fluid/riser system is obtained by

establishing a weak form of the equations (8.54) and (8.55) using the Galerkin pro-

cedure. Equations (8.54) and (8.55) are weighted with virtual displacements, ; and

Us, respectively:

0*Ry

/ [(’?Bz(Pl( ) as?

) —

(Qz( )5

oR,;

) Mn(S) /\2 R1 — Mlg(.s’) /\2 Rg
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+ iACuRy+iACiRslds = f 5 Fy(s)ds,  (8.56)
R,

| Dlp5(Pals)55) - (Qz( )5 ) — Ma(s) A? Ry — My (s) A Ry

+ iACpRy+iACyuRlds = [ 5, Fy(s)ds.  (8.57)

Integrating over the domain of interest s and transforming — to lower the order of
the derivatives in the expressions of (8.56) and (8.57) and to incorporate the nat-
ural boundary conditions as forcing terms - gives the variational equations to be
discretized by finite element interpolations.

The first two terms in the left side of Eq. (8.56) are transformed as follows:

PRI ARLEST

= 5 2meZE)), - [2 (g2 B,

= 0 2m@ZE) L TRl (LR s, s)
o @) g

= a(@(@% s — a”‘czl( )@ds (8.59)

The first two terms in the left side of Eq. (8.57) can be transformed into similar forms
with subscript 2 instead of 1. Assuming that both beams are simply supported, we
have the displacement boundary conditions S, : ¥; = 0 and the forcing boundary
conditions Sy : F;(s) 63213 = 0, (¢ = 1,2) on the ends. Similar formulation for other
boundary conditions can be found. Equations (8.56) and (8.57) are then rewritten

as:

0%y R op
s_éis_;Pl(s)aTzlds + -~in( )55 ds — /%(Mn(s) A% —i A Ci1)Ryds

- /Ul(Mlg(S) A% —i A Ci2)Rods = /ﬁIFl(s)ds,

62 BR dv oR
b5 + [ F)52

— /UQ(MQI(S) —i A Cgl)RldS = /T_}QFQ(S)dS. (860)

Zds / By (Mas(s) A% —i A Cap) Rods
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In the finite element analysis, we approximate the system as an assemblage of
discrete finite elements interconnected at nodal points. The above equations are

further expressed as:

P PR o OR ] _
‘Z(/(m) 6‘:21 )55 zds + /( ) GTQI( °) lds_./(m) 51 (M1 (s) A —E A C1y) Ruds

- / 1 (M12(s) A* —i A Crz) Rads) = 2[ v1F1(s)ds
s(m) 0 J5m)

3 ’Uz 3 R2 892 3R2 ~ . .
Z /<m) 332 632 ds + /(m} EQQ( )_ds /3(m) 2{Ma2(s) A —1 A Coz) Ryds

_ / 03(Mar(5) A2 =i A Cyy) Ryds) = 3 / B2 F(s)ds.
slm) " s(””-)
(8.61)

The forces f;(z,t) (¢ = 1,2) in Egs. (8.50) and (8.51) include external distributed
force ff(z,t) and the concentrated forces ff(z,t) due to centralizers, which are evenly

distributed in the longitudinal direction of a riser. Thus:

filz, 1) = fi{x,t) + ff{x,t). (8.62)

The force due to coupling centralizers, which are modeled as spring-dampers, is writ-

ten as:

iz, t) = — Z[k‘ (wy = we) + ca{ty — Wn)]d{z — z5), (8.63)
oz, t) = — z_”fl [tz — wn) + otz — i )]8(a — @), (8.64)

where N,, is the number of centralizers distributed within the m-th element. It is

noted that fi(z,t) = — fS(z,t).

54 N

fi{s,7) = DB z;[k (W — w) + e (i — W)]8(z — z,)
- Ei - glknm —Y5) + eV = Ya)lb(e — ). (8.65)
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We assume that:

R{™(s) = H™ ()0, (8.66)
R{™(s) = H{™ (5) 0, (8.67)

where Hgm)(s) and Hgm}(s) are the m-th elemental interpolation function of an ex-
ternal riser and that of an internal riser, respectively. They are found in this research
from the WKB-based frequency-dependent shape functions of risers when they are
un-coupled. The U; and U, are nodal point displacements of the total element as-
semblage in external and internal risers, respectively. Likewise, the expressions are

‘obtained for virtual displacements, ¥; and s,

#™(s) = H{™ (s)0, (8.68)
7™ (s) = HY™ (5) U2 (8.69)

The formulation of the spectrum element method for the coupled problem is ob-
tained by means of substituting Egs. (8.66) to (8.69) into (8.61).
The left-hand side of the first equation of (8.61) is:

LHS = T, >/

m s

(H™ ()T PUHL ™ (s)ds + [ (H™())7Qu(s)H ™ (s)ds

{m

- H™T (M1 (s) A2 —i A Cy)H™ (5)ds] 0,

3("“)
=T ~
= U, TIf BT () (Mia(s) A2 =i A Cro)HE™ ()] 0. (8.70)

The right-hand side of the first equation of (8.61) is:
=T
RHS = U, ) [ }Hgm}TFf(s)ds

=T m 4 Nm . . .
- U Z./s(m} Hg }T[m Z[’?n(yl —Y5) + e, (Y1 - Y2)]6(z — x,)]dse™ .

n=1
A g

g
(8.71)
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The second term (I) in Eq. (8.71) is further expressed as:

=T m l4 i y y —IAT
= 0,3 [ T 7, 2o ln(ts = Ya) + eal(Fi — ¥)]6(z — )™,

n=1
l3

39 m Vv ’ y —iAT
= U Z/z(m) Hg }T[— > [ka(Y1 — Ya2) + ea(Y1 — Y2)|6(z — z,)]dze™™",

By, =
CE AR .y ine
= Ul Z Z Hl [kn(]fl - }/'2) + Cn(Y—I - )/2)] In:::cn € )
=T P & o m)T .
= U, A Do H™ [kn(R1 — Ra) + 1 A cawo(Ry — Bp)] |smsns
040 m p=1

=T N
= U, 55 HM™T8E (R - Ry) + 2 A Ry — R2)] lsss,.,

m n=1
=T Non Nm T
= U S BT (48K + 2 A )R, Jomen — > HI™WT(48K% + 42 A ) Ry |sms,],
m n=1 n=1
(8.72)
where dimensionless stiffness k, and damping ¢ of centralizers are defined as:
. k
k, = 48E:1 , (8.73)
1
enlduwy Ch
= = . 8.74
n 2Eoly  2(mol)ig (8.74)
Substituting Eqs. (8.66) and (8.67) into Eq. (8.72) results in:
AT NN )T (m) 3
() = 0, XIS HT (48K, +i2 A ) H™) |,y U,
m n=1
=T Nrm (m)T . (m) -
— U, SIS HMT (488 + 12 A )HSM ),y U, (8.75)
m n=—1
Replacing Eq. (8.75) into (8.71), the first equation in (8.61) is rewritten as:

Kllﬁl + K}zﬁg = Fl} (876)
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where,

KI‘Z

F,

S, EPOTREER™ (ds + [ E ()T Qu()H™ (s)ds
[ BT (Mis(s) A2 =i A Cua)HE™ (s)ds
[% HT (48K + 82 A GYH™] |om ), (8.77)

- / o H{T(5)(Man(s) A i A Cra)HE™ (s5)ds

Nem
SO0 BT (48K + 12 A GYHE™) [omsns (8.78)
m n=1
> f o, BT Fi(s)ds. (8.79)

Following the same procedure, the second equation in (8.61) is rewritten as:

where,

K22

K21

Fy

Kglf}l + ngfjg == Fz, (880)

S B ) P ) + [ (HE™ (5))T Qu(oV HL™ ()ds

o H (Moo (s) A2 —i A Cag)HY™ (5)ds

Z BT (48k% + 432 A ¢ YHEY] [ozs, 1, (8.81)
n=1
= 3 [ HETE) (Man(5) 4 i A OBy 5) s
Nm T
S Z HIVT (48K + 2 A ¢ H™ |, (8.82)
(m)T
2 [ iy " Fr(s)ds. (8.83)

Equations (8.76) and (8.80) are written in matrix form:

K Ki
K21 K22

U,
U,

o
= , (8.84)
F,
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With one symbol to represent each matrix in Eq. (8.84), it is rewritten in the abbre-

viated form as:

KU=F, (8.85)

where K is the global dynamic stiffness matrix of the coupled system:

Kll KI?
K2z Ko

K =

U is the global nodal displacement vector, and F is the global nodal force vector.
The construction of the spectrum element matrices, which corresponds to the
global assemblage degrees of freedom (used in Egs. (8.77) to (8.79) and (8.81) to
(8.83)), can be directly achieved by identifying the global degrees of freedom that
correspond to the local degrees of freedom. However, considering H™ corresponding
to the global assemblage degrees of freedom, only those columns that correspond to el-
ement degrees of freedom have nonzero entries, and the main objective in defining the
-specific matrix is to be able to express the assemblage process of the element matrices
in a theoretically elegant manner. In the practical implementation of the spectrum
element method, this elegance is also present, but all element matrices are calculated
corresponding only to element degrees of freedom and then directly assembled using
the correspondence between the local element and global assemblage degrees of free-
dom. Hence, the frequency-dependent shape function derived in Chapter 4 is directly

employed.

8.6 Undamped and damped natural frequency anal-

ysis of a coupled system

Assuming that fluid in between two risers is ideal and that damping in centralizers
is neglected, then the coupled system is undamped. Natural frequencies of such an
undamped system are found by means of either a determinant plotting method or an

iterative root-search technique.
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The WKB-based dynamic stiffness method with the W-W algorithm is extended
in this research to the analysis of natural frequencies of the coupled system. Each
segment with continuous properties in both external and internal risers is regarded
as one element. Each mode component at nodal points is obtained easily by Gauss
elimination. Mode distribution within each element is obtained as previously through
frequency dependent shape functions, as shown in Eqs. (8.66) and (8.67). Hence,
natural frequencies and corresponding mode shapes are found with good accuracy
by means of fewer elements. This method has been employed in the analysis of a
double-uniform beam system discussed in sections 8.2 to 8.4, which is either elastically
'coupled by discrete springs, or ideal fluid, or the combination of both. Compared with
the analytical solutions in the examples, the natural frequencies and mode shapes of
the coupled system found by the WKB-based DSM with the W-W algorithm are
accurate.

If fluid viscosity and damping in centralizers are considered, a coupled system
is a damped one. Natural frequencies of a damped coupled system are complex.
Complex frequencies are found in this research by means of the Muller method, which
1s described in section 3.5. The method requires initial estimation of roots. When a
coupled system is not heavily damped, the undamped natural frequencies are good
approximate initial values.

The above description is further demonstrated through the following example of
a coupled system in which both of the cylinders are simply supported and whose
-specifications are as follow:

Young’s modulus £ = 30000 Ksi;

Length of both cylinders L = 1944 ft;

Mass per unit length of external pipe (added mass of outside water included, C, = 1.0)
my = 169.2134 kg/m;

Outer diameter of external pipe di, = 13.375 inches;

Inner diameter of external pipe d;; = 12.615 inches;

Area moment of inertia of external pipe I; = 1.3642 x 1074 m?;

T

Minimum tension on external pipe Tip = 2.5 x 10* pounds;
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Linearly varying tension factor of external pipe a; = 47.00 1b/ft;

Mass per length (insider water included) of internal pipe m, = 87.2117 kg/m;
Outer diameter of internal pipe dy, = 9.75 inches;

Inner diameter of internal pipe dy; = 9.155 inches;

Area moment of inertia of internal pipe Iy = 4.1110 x 10~% m?;

Minimum tension on internal pipe Ty = 1.0 x 10* pounds;

Linearly varying tension factor of internal pipe oz = 30.63 1b/ft;

Number of evenly distributed identical centralizers ng, = 19.

The following four cases are investigated:

Case 1: only coupled by springs

Each riser is discretized into 20 evenly distributed elements. Setting spring stiffness

ratio k* is 1.0/48, 10/48 and 100/48 respectively, undamped natural frequencies are
obtained by means of the WKB-based DSM with the W-W algorithm and shown in

Table 8.11. This table shows that natural frequencies generally increase with rigidity

of centralizers.

Order | k, = 1/48 | k, = 10/48 | k, = 100/48
1 0.0344 0.0344 0.0344
2] 0.0692 0.0693 0.0693
3] 0.0778 0.1049 0.1049
41 0.0082 0.1416 0.1416
5]  0.1050 0.1795 0.1796
6| 01259 0.2188 0.2190
7] 0.1417 0.2217 0.2603
8|  0.1576 0.2297 0.3031
9 0.179 0.2429 0.3479

10| 0.1923 0.2593 0.3945

Table 8.11: Natural frequencies (Hz) of the double-riser system coupled by only

springs

Case 2: only coupled by ideal fluid

Natural frequencies of an ideal fluid coupled system are obtained by using the WKB-

206



based DSM with the W-W algorithm. Each riser is regarded as one element. The
first 10 natural frequencies in Hz are found as:
0.0144, 0.0290, 0.0335, 0.0439, 0.0591, 0.0672, 0.0748, 0.0912, 0.1020, and 0.1082,

respectively.

Case 3: generally coupled by springs and ideal fluid

The case is the combination of Case 1 (k* = 1.0/48) and Case 2. Natural frequencies
are found using 20 elements, as in Case 1. Table 8.12 indicates the results and includes
_those in Cases 1 and 2 for comparison. This table demonstrates that the fluid lowers

the natural frequencies and softens the coupled system.

Order | by springs | by fluid | Case (3)
1 0.0344 | 0.0144 0.0294
2 0.0692 | 0.0280 0.0368
3 0.0778 | 0.0335 0.0408
4 0.0982 | 0.0439 0.0525
5 0.1050 ; 0.0591 0.0658
6 0.1259 | 0.0672 0.0681
7 0.1417 | 0.0748 0.0804
8 0.1576 | 0.0912 0.0960
9 0.1796 | 0.1020 0.1023

10 0.1923 | 0.1082 0.1125

Table 8.12: Natural frequencies (Hz) of a coupled two-riser system
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The 11th to 16th natural frequencies in Hz are further found to be:

0.1298, 0.1381, 0.1481, 0.1672, 0.1750, 0.1875.

"The corresponding first 16 mode shapes are shown in Figures 8-12 and continued in
8-13. Both figures indicate that when the system is weakly coupled by centralizers,
its mode shapes are either in-phase or out-of-phase. As found in section 8.4.2, the
original first out-of-phase mode in Figures 8-6 and 8-7 disappears while an additional
first in-phase mode occurs. The difference in the first two modes, ®; and ®,, is that
the deformation of the internal riser is larger in ®; while that of the external riser is

larger in ®.

Figure 8-12: The first 8 mode shapes of the coupled system (k* = 1/48, solid line:
external riser; dash-dot line: internal riser)

In order to find characteristic vibrations of the coupled system, we further set

the stiffness ratio &* to be 1 and 1000, respectively. Table 8.13 shows the natural
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Figure 8-13: The 9th to 16th mode shapes of the coupled system (k* = 1/48, coupled
by the fluid and springs)
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frequencies and includes the results corresponding to &* = 1/48 for comparison. This
table demonstrates that the natural frequencies of the coupled system increase with
-the stiffness ratio £* of centralizers.

Figures 8-14 and 8-15 depict the first 16 mode shapes of the coupled system when

Order | k* =1/48 | k* =1 | k* = 1000
1 0.0294 | 0.0324 0.0324
2 0.0368 | 0.0651 0.0652
3 0.0408 | 0.0981 0.0988
4 0.0525 | 0.1313 0.1334
) 0.0658 | 0.1636 0.1692
6 0.0681 | 0.1919 0.2064
7 0.0804 | 0.2068 0.2450
8 0.0960 | 0.2089 0.2851

9 0.1023 | 0.2125 0.3264
10 0.1125 | 0.2127 0.3481
11 0.1298 | 0.2186 0.3691
12 0.1381 | 0.2278 0.4005
13 0.1481 | 0.2281 0.4160
14 0.1672 | 0.2412 0.4422
15 0.1750 | 0.2442 0.4648
16 0.1875 | 0.2549 0.4877

Table 8.13: Natural frequencies (Hz) of a coupled two-riser system

k* = 1. These two figures indicate that when the system is moderately coupled by
centralizers, the first few modes are in-phase while higher mode shapes are roughly
either in-phase or out-of-phase but with shifted peaks. Figure 8-14 shows that the
system in the first two mode shapes vibrates as 3 single beam and no relative motion

appears between the beams.
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Figure 8-14: The first 8 mode shapes of the coupled system (k* = 1, solid line:
external riser; dash-dot line: internal riser)
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Figure 8-15: The 9th to 16th mode shapes of the coupled system (k* = 1, coupled by
the fluid and springs)
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Figures 8-16 and 8-17 show the first 16 mode shapes of the coupled system when
k* = 1000. These figures indicate that when the system are strongly coupled by
centralizers, the system in the low mode shapes vibrates as a single beam and no
relative motion occurs between the beams while relative motion between the beams
in high mode shapes first appears near the bottom and then spreads towards the top
with the mode number. Since the centralizers in this case are very rigid, all the mode
shapes demonstrate that no relative motion appears at the connection points.

Figures 8-12 to 8-17 indicate that the stiffness of centralizers has a great influence

on the mode shapes of the coupled system.

Figure 8-16: The first 8 mode shapes of the coupled system (k* == 1000, solid line:
external riser; dash-dot line: internal riser)
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Figure 8-17: The 9th to 16th mode shapes of the coupled system {k* = 1000, coupled
by the fluid and springs
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Case 4: coupled by dashpot-springs and a viscous fluid

Assuming that the two risers are coupled by dashpot-springs and viscous fluid, com-
plex circular frequencies are found by means of the Muller method. Damping ¢* = 0.5
and stiffness ratio k* = 1.0/48 are assumed for the centralizers. The oscillation
Reynolds number Npg is set to be 1.0 x 10° and 1.0 x 10%, respectively. The results by
the Muller method are shown in Table 8.13, where modal damping ratios are included
in brackets. Modal damping ratio £, is the ratio of the real and imaginary parts of
the complex frequency, namely,

Wi

¢= " (8.86)

Table 8.14 depicts that modal damping ratios increase with reduction of the oscil-
-lation Reynolds number Ng. Hence it is observed from the definition of the oscillation
Reynolds number Ny that modal damping increases with kinematic viscosity of the

fluid.

O
—
al
@
H

Nz =10x 10° Np =1.0 x 108
0.2112+0.0372i (0.1761) | 0.2032+0.0394i (0.1937)
0.2527+0.04481 (0.1775) | 0.247310.0478i (0.1932)
0.3264+0.0463i (0.1418) | 0.3197-+0.0504i (0.1577)
0.4108+0.0469i (0.1142) | 0.4026-+0.05251 (0.1304)
0.5025+0.04751 (0.0946) | 0.4928+0.0547: (0.1110)
0.6001+0.0481i (0.0802) | 0.5888+0.0570i (0.0967)
0.6424+0.00471 (0.0073) | 0.6410+0.0052i (0.0082)
0.7035+0.04881 (0.0694) | 0.6905+0.0594i (0.0861)
0.8122-+0.0496i (0.0610) | 0.7975+0.0621i (0.0778)
0.8666+0.00451 (0.0052) | 0.8650-+0.00541 (0.0063)

S| O] CO| I Oy} Ot | Q| D]

fam—y

-Table 8.14: Complex circular frequencies(w = w, + iw;) of a coupled two-riser system
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8.7 Effects of coupling factors on the vibration of
a coupled system

The dynamic response in the coupled system due to harmonic excitation is found by
solving Eq. (8.85). In this section, effects of fluid viscosity (oscillation Reynolds num-
‘ber), damping and rigidity of centralizers, and spacing of centralizers are investigated
numerically through the example in Section 8.6. Structural damping of both risers
is set to be §; = é; = 0.01. The harmonic force is assumed to distribute within the
range of 10 % the length near the top of the external riser. This range is simulated as
a power-in region, in which the exciting distributed force is assumed to be in phase
with displacement. As in SHEAR7, a sign function is used to determine the sign
of the exciting force, based on the wave number of the external riser under average
tension within the power-in region.

The Root-Mean-Square value {(RMS) of the dimensionless displacement vector of

each riser is employed to measure the global vibration level:

(i=1,2), (8.87)

where NV is the number of nodal points in each riser and u;; is the displacement at
the j-th point in the i-th riser. |

Based on the theoretical formulation of a general coupled double-riser system, a
computational program is developed for the analysis. The added mass from the fluid
outside of an external riser is considered. The value of NCOUP identifies the type
of the coupled system:
(1) NCOUP = 0, without coupling only external riser is analyzed and its inside fuid
mass included.
(2) NCOUP = 1, two risers are coupled by longitudinally distributed discrete springs
and dampers due to centralizers.
(3) NCOUP = 2, two riser are coupled only by viscous fluid in between.
{4) NCOUP = 3, Two risers are generally coupled by viscous fluid in between and
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longitudinally distributed discrete springs and dampers due to centralizers.

8.7.1 Fluid viscosity

Assuming that the two risers are coupled by viscous fluid (coupling type NCOUP=2),
we investigate the effect of fluid viscosity by running the developed code. In order
to observe benefit by increasing fluid viscosity, the RMS frequency response of the
external riser when un-coupled is calculated for comparison. In this model, both the
mass of internal fluid and the added mass of external fluid are included in its mass
density. The oscillation Reynolds number, N, is first set to be 1.0x 10% and 1.0 x 103,
respectively. Given the radius ratio -y of two pipes, the fluid force coefficients are func-
‘tions of Npg.

Figures 8-18 to 8-19 show the results under different values of Ng. Figure 8-18
shows that the RMS displacement response of the external riser when coupled is much
less than than that in the un-coupled model. Figures 8-18 and 8-19 depict that the
reduction of oscillation Reynolds number results in the reduction of vibration of both

external and internal risers.
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Figure 8-18: The RMS frequency response of the external riser (fluid coupled,

NCOUP=2)
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Figure 8-19: The RMS frequency response of the internal riser (fiuid coupled,
NCOUP=2})
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‘The limit value of oscillation Reynolds number which contributes to vibration sup-
pression of the coupled system is found through continuously reducing its value and
observing change of the peaks in the response curves. Figures 8-20 and 8-21 indicate
that the limit value of Ng is about 1.0 x 10?, at which the vibration of the coupled
“system is maximally reduced. The deviation from this value results in increase of the

RMS displacement response.

N =T.0x 107
R 2

- NR=5.OX 10
Ng=0.5x 107

dimensionless frequency A=w/a,

Figure 8-20: The RMS frequency response of the external riser (fuid coupled,
NCOUP=2)

We can find an optimum kinematic viscosity v, of the fluid in between corre-
sponding to a specific current. If the current speed of interest is V = 1m/s, we can
obtain the corresponding vortex-shedding frequency f,. The outside diameter of the

external riser is D = 0.3397 m. Assuming the Strouhal number S; = 0.2, the vortex-
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shedding frequency is f, = §DLV = (.5887 Hz. The circular vortex-shedding frequency
ws =2 x 7 % f, = 3.6990 rad/s. The radius of internal riser is ro = 0.1238 m. From
the definition of Ng, we have: v = w,rZ/Ng. The optimal kinematic viscosity of the

fluid in between in this case is v, = 5.6715 x 10~%.
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Figure 8-21: The RMS frequency response of the internal riser (fluid coupled,
NCOUP=2)
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8.7.2 Damping of centralizers

Assuming that the two risers are coupled by both viscous fluid and dashpot-springs
(coupling type: NCOUP=3), the effect of damping of centralizers is studied numeri-
cally setting kinematic viscosity of the fluid » = 1.0 x 10~ and dimensionless stiffness
ratio of springs k* = 1. Figures 8-22 to 8-25 depict the RMS frequency response of
“the coupled system under different values of k*. Figures 8-22 and 8-23 show that
the damping of centralizers can also contribute to the vibration reduction of the sys-
tem. Figure 8-22 includes the result of the un-coupled external riser for comparison.
Figures 8-24 and 8-25 show the RMS response of the system under large values of
dimensionless damping c¢*. These figures indicate that the vibration of both external
and internal risers is reduced due to the damping of centralizers.

The optimal ¢* within the frequency range of interest is found by varying its value
and observing the change of the peaks in the response curves. The cross section of
the internal riser is employed as an reference one. The reference circular frequency is
wy = 3.5112 rad/s. This frequency in Hz is f; = 0.5588. As shown in Section 8.7.1, the
vortex-shedding frequency corresponding to current speed V = 1.0m/s is f, = 0.5887
Hz. The dimensionless frequency is then A, = f,/f; = 0.5887/0.5588 = 1.0535. Fig-
.ures 8-24 and 8-25 show that the optimal damping ¢* of centralizers is around 20.
Since the mode shapes at lower natural frequencies are in phase, there is no relative
motion between the two cylinders. Hence, the damping of centralizers doesn’t sup-

press the vibration of the coupled system at a very low frequency.
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Figure 8-22: The RMS frequency response of the external riser (generally coupled,
NCOUP=3)
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Figure 8-23: The RMS frequency response of the internal riser (generally coupled,
NCOUP=3)
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Figure 8-24: The RMS frequency response of the external riser (generally coupled,
NCOUP=3)
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Figure 8-25: The RMS frequency response of the internal riser {generally coupled,
NCOUP=3)
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-8.7.3 Rigidity of centralizers

Section 8.6 discusses the effects of rigidity of centralizers on undamped natural fre-
quencies and mode shapes. With the stiffness ratio &* of centralizers, natural fre-
quencies of the coupled system increase. The rigidity of centralizers influences the
mode shapes of the coupled system. When centralizers are very rigid, the low mode
shapes are similar to those of a single beam, namely two risers are linked together
and no relative motion appears between them. In this case, high mode shapes first
show relative motion near the bottom and the portion having relative motion spreads
toward the top with the mode order.

In the generally coupled system (coupling type: NCOUP=3), the fluid in between
is viscous and centralizers are modeled as dashpot-springs. Setting the kinematic
viscosity of the fluid » = 1.0 x 107" m?/s and the dimensionless damping ¢* = 1.0, we
-evaluate the effect of rigidity of centralizers on the dynamic response. Figures 8-26 to
8-29 depict the RMS frequency response of both external a,n.d internal risers. Figures
8-26 to 8-27 show that more vibration is reduced with the rigidity of centralizers.
Figure 8-26 includes the result of the external riser when uncoupled for comparison.
Figures 8-28 to 8-29 demonstrate the frequency response of the system under large
values of k*. An optimal value of k* within a frequency range of interest can be
similarly found as in Section 8.7 2.

The rigidity of centralizers doesn’t contribute to the vibration reduction of the
system at low frequencies. With the rigidity of centralizers, more and more low-order
mode shapes are in-phase and their behaviors are similar to those of a single beam.
In-phase modes don’t show the relative motion between beams and are not beneficial
to increment of fluid damping forces. Hence in-phase modes suppress the effect of

fluid viscosity.
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Figure 8-26: The RMS frequency response of the external riser (generally coupled,
NCOUP=3)
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Figure 8-27: The RMS frequency response of the internal riser (generally coupled,
NCOUP=3)
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Figure 8-28: The RMS frequency response of the external riser (generally coupled,
NCOUP=3}
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Figure 8-29: The RMS frequency response of the internal riser (generally coupled,
NCOUP=3)
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8.7.4 Spacing of centralizers

In order to check the effect of spacing of centralizers on the RMS frequency response
of the coupled system, we calculate the following two cases:

Case (1): increasing the distribution density of centralizers and setting the spacing
of centralizers equal to half of the previous one (namely the spacing is 1./40), the
total number of centralizers is double the previous one and is equal to 40.

Case (2): The distribution of centralizers is set as previously.

For both cases, the fluid viscosity is v = 1.0 x 107*m?/s, the dimensionless stiff-
ness k* is defined with respect to the spacing in Case (1) and is equal to 1000, and
the dimensionless damping of centralizers are set to be zero, i.e., ¢* = 0.0. Figures
8-30 and 8-31 show the RMS frequency response of both external and internal risers.

Both figures indicate that with the spacing of centralizers, the vibration of the
coupled system is significantly reduced over a large range of frequency. However, the
spacing does not result in the vibration suppression at low frequencies. Since the cen-
tralizers are very rigid, the modes at low natural frequencies are in-phase and their
behavior is similar to those of a single beam. Hence, the effect of the fluid viscosity
is suppressed.

We find a vortex-shedding frequency corresponding to a specific value of current
velocity. The separation of centralizers is chosen so that within the frequency range of
-interest the vibration is suppressed. In our experience, the fundamental frequency for
an one-span simply-supported internal riser should be slightly less than the vortex-
shedding frequency. In the Case (2), the first natural frequency of the one-span
simply-supported beam is fype, = 0.56 Hz. The vortex-shedding frequency corre-
sponding to current velocity V = 1.0 m/s is fy;v = 0.59 Hz. Since [span 18 less than
fviv, it is appropriate to choose the span in Case {2). It is noted that the separation

of centralizers should not be too large for the wall clearance between the pipes.
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Figure 8-30: The RMS frequency response of the external riser (generally coupled,
NCOUP=3)
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Figure 8-31: The RMS frequency response of the external riser (generally coupled,
NCOUP=3)
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Chapter 9

Summary

9.1 New contributions

This thesis makes new contributions in the following aspects:

(1) The WKB-based dynamic stiffness method is presented by combining the
DSM procedure with the WKB approximation for effectively modeling non-uniform
marine risers with variable properties. The WKB-based elemental dynamic stiffness
matrix and the frequency-dependent shape function for a general non-uniform beam
‘structure are derived and their implicit forms are given. Natural frequencies are found
by equating to zero the determinant of the global dynamic stiffness matrix, which is
obtained by following the procedure in the conventional FEM. Compared with the
FEM, much fewer elements are needed to solve for low natural frequencies as well
as high frequencies. Moreover, mode shapes, slopes and curvatures are important
data to predict the VIV of a riser. The formulas for calculating them are derived.
With the modal data as an input file (common.mds), SHEAR?7 predicts the VIV of a
non-uniform riser.

(2) The W-W algorithm for a uniform beam structure is extended to the analysis
of a general non-uniform one. This algorithm further improves the WKB-based DSM
and provides a foolproof basis for the automatic computation of any and all natural
frequencies for a non-uniform beam structure. With this technique, many fewer ele-

.ments are required for finding natural frequencies. Only one element is needed for the
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analysis of a simply-supported uniform riser under variable tension. There potentially
exist numerical problems in analyzing marine riser models with complex boundary
conditions. The WKB-based DSM with the W-W algorithm effectively overcomes the
problems and accurately generates modal data for predicting VIV.

(3) The TMM is employed to discuss the wave propagation in a beam system
with discontinuities. Wave reflection and transmission matrices are derived in terms
of transfer-matrix elements. When the length of a beam structure is very large and
high natural frequencies are desired, the TMM has numerical problems in the analysis.
The symbolic operation-based TMM is presented for overcoming the numerical prob-
lems. A non-uniform beam structure is often approximated in TMM by a number of
stepped uniform beams. Three approximate schemes for a uniform beam under vari-
able tension are specifically investigated and their convergence rates are compared.
‘Based on the relationship between dynamic stiffness and transfer matrices, a new
transfer matrix for describing the non-uniformity of a general beam structure is im-
plicitly derived and transformed into the corresponding delta-matrix for overcoming
numerical problems.

(4) The internal relationships between the DSM and TMM and between their
corresponding matrices are generalized by introducing transformation matrices due
to different sign conventions. Using the relationships, this thesis provides a unified
approach to the analysis of a non-uniform beam system with discontinuities. The
WKB-based DSM is powerful in analyzing a non-uniform beam. For a member ele-
ment with discontinuities, its overall transfer matrix is found by the TMM and the
matrix is then transformed into the corresponding dynamic stiffness matrix. Since
unwanted degrees of freedom are eliminated in the TMM, a limited number of degrees
-of freedom are needed to analyze a general non-uniform beam system with disconti-
nuities. Based on the relationship between transfer and dynamic stiffness matrices,
the dynamic stiffness library, shown in Appendix C, is further established.

(5) The means of suppressing vibration of a general beam structure is explored.
The optimal tuning of multiple identical DVAs to a uniform beam with general bound-

ary conditions is analytically found. On the basis of the WKB-based DSM, the opti-
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mal tuning of multiple identical DVAs to a non-uniform beam system under variable
tension is investigated. The effect of structural damping on the optimal tuning is
also discussed. In a double-uniform beam system weakly coupled by longitudinally
distributed discrete springs and dampers, one beam is used as a dynamic absorbing
beam optimally tuned to the other one and the optimal solution is obtained. More-
over, the wave-absorbing termination for a beam system, based on the research by
‘Vandiver and Li, is derived.

(6) The vibration analysis of a coupled double-beam system is systematically in-
vestigated from the simple to the complicated. This thesis discusses the vibration
analysis of a double-uniform beam system weakly coupled by discrete springs and
dampers distributed longitudinally. Similar research is done for the coupled system
where both uniform beams are under constant tension. When both beams are ad-
ditionally ideal fluid-coupled, the effects of fluid on natural frequencies and mode
shapes are studied. A practical composite riser structure is modeled as a generally
coupled double-beam system, where both beams are non-uniform ones under variable
tension, fluid is viscous, and stiffness and damping from centralizers are longitudinally
distributed. The theoretical formulation of such a complicated system is derived. The
effects on frequency response of coupling factors are numerically evaluated. Natural
frequencies of the coupled system are effectively found by means of the WKB-based
'DSM with the W-W algorithm. In order to check damping effects, complex natural

frequencies of the system are obtained by using the Muller method.

9.2 Further work

Further research is recommended as follows:

(1) to implement the improved numerical models in a VIV prediction program such
as Shear7 so that potential numerical problems in the analysis of marine risers with
complex boundary conditions will be overcome;

(2) to generate a guideline to an optimal design of coupling components for suppress-

ing vibration of a coupled system;
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(3) to extend the mathematical formulation of a coupled double-riser system to an-
‘alyzing a more complicated system; for example, there is the third pipe inside of an
internal riser; and

{4) to apply the improved methods to the analysis of a submerged floating pipeline
in deep water. There are discrete buoyancy elements and tethers distributed along
a pipeline. Each span part can be regarded as one element. The TMM is first em-
ployed to obtain the overall transfer matrix and then the matrix is transformed into
the corresponding dynamic stiffness matrix. In this way, all intermediate degrees of
freedom within a span are eliminated. Hence, a non-uniform pipeline system with
discontinuities is effectively analyzed by means of a limited number of degrees of free-
dom. With the modal data found by the improved approaches, the VIV and fatigue
life are predicted by using Shear7. We have conducted some preliminary work in this

aspect.
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Appendix A

Vibration Analysis of a Riser

Under Linearly Varying Tension

Using FEM

A.1 Derivation of geometric stiffness matrix

In this section, it is of main interest that FEM is used to analyze vibration analysis

of a beam under linearly varying tension. The work due to axial load is :

1 7

V==

N (w)(g—Z)de, (A.1)

where tension N(z) = Tp + az, and « is the proportional factor.

Eq. (A.1) is rewritten as:

1 rl v 1 gt v a [t Ov
W=—-[(T gy = —= T2y 2 [ (22 _
2/0(0+aa:)(am)da: _2/071"(65”"{\2 [olgras (A2
8 {n

From Eq. (A.2), the corresponding geometric stiffness induced by linearly varying
tension consists of two parts, (I) and (/). Part (1) is that due to constant minimum

tenston Ty while Part (/1) is that due to the linear increment of tension.
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‘We first consider Part (I1):

o [ g gt 0057

The corresponding geometric stiffness K;; induced by linear increment of tension

] Ge- (A-3)

Is:

dN dN
K”_.lf (A.4)

K; is further expressed as:

d
Kir = Shoo [ (o Sede+1 [ e g

{ dé a& d¢ d¢
I GZy 1 dNe dNe 1 dNe
= 7 / ( de )" de df-{—a/ f(E)df
_axg dN, rdN,
= TKI / £( df) e (A.5)

in which K; = 2 f}{ %)T ¥ d¢ is the stiffness matrix induced by constant tension
..

Maple V is used to derive the following integral:

dN dN
_/ ) (A.6)
66(¢ — 1)
(1 —4¢ + 3¢2
where (@—Q)T ( £+3¢
6£(1—¢)
1(3¢% — 2¢)
We thus obtain:
SR
w_ [Y,@Ne pdN, wl = =kl &P
Ko —/Of(dg) il B U R O%
5 10 5
0 -ir o ip
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Equation (A.5) leads to:
KH = %KI + OJK;. (AS)
Ty

Similarity, the stiffness K; is found by using Maple V:

6 1 6 1
S Ut S 1
1 232 1 1 12
K= Dof whow Tl (A.9)
Ly e _1p 8  _1y
5 10 5 10
1
o —wl —wl s

Finally, with Egs. (A.8) and (A.9), we can find that the geometric stiffness matrix

due to the linearly varying tension is:

K = KI+K[I (AlO)

T ' "
—9-1}-9@}{6 + oK, (A.11)

in which, K is shown in (A.7) and K, is:

1
: W - il
1 2 12 1 12
K,=| ® ®° “m ~wl (A.12)
¢ -8 _1g 6 _1y ) ’
10 5 16

5
Ll -Lp 1 Zp
A.2 Example

Example 1 a 1400-ft Long Riser Under a Linearly Varying Tension
Length [ = 1400 ft;

Young’s modulus F = 29000 Ksti;

‘Moment of inertia I = 0.02074 ft*;

Total mass per length including added mass effects m = 7.45789 Slugs/ ft;
Minimum tension T = 50000.0 Pounds;

Linearly varying tension a = 115.251b/ ft.
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A FEM code, which incorporates the new type element, is developed by using Matlab.

Figure A-1 shows the results. This figure shows that much fewer elements is needed

3.5 T T T T T
+
3F E
+ »
> -
25f 0 12 elements *
+ 20 elements ¥ .
* 50 elements + .
N + &
< 2t
& + ¥
g o+ *
| o P
S »
Z15F o 3 -
z o i
o *
1k ° w §
2 *
2
™ 9
0.5 Y b
.
.
L ]
L]
e *
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Order {n)

Figure A-1: Natural frequencies of the 1400-ft riser

to obtain lower-order natural frequencies. Table A-1 also shows Shear7’s result for
comparison. In this table, the new FEM uses 50 elements to solve this problem.
Figure A-2 depicts the first three mode shapes.

Further, in order to check the validness of using the new geometric stiffness matrix
.induced by linear varying tension, use the approximation method for comparison,
l.e. assume each element under its average tension. Table A-2 shows the results
and indicates that tension has higher influence on lower natural frequencies than on
higher frequencies. In Table A-2, the exact values are the converged ones obtained
by using more elements . It can be seen that the new geometric stiffness matrix is
more efficient.

Increasing the linearly varying tension factor o up to be 1152.5¢b/ ft, the result
comparison is shown in Table A-3. With higher value of «, the derived matrix works
much better, especially for lower natural frequencies.

Hence, the advantages of the new geometric stiffness matrix induced by linearly
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Order | shear7 | New FEM
1 0.0447 0.0446
2 | 0.0902 0.0903
31 0.1370 0.1372
4 | 0.1857 0.1861
5| 0.2368 0.2372
6t 0.2504 0.2909
71 0.3470 0.3475
8 1 0.4067 0.4073
9 | 0.4699 0.4705

10 | 0.5367 0.5374
11 | 0.6073 0.6080
12 | 0.6819 0.6827
13 | 0.7607 0.7616

Table A.1: Comparison of natural frequencies (Hz)

Figure A-2: The first three mode shapes of the 1400-ft riser
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Q
=
.
<
-

Exact | FEM | Approx.
0.0446 | 0.0446 | 0.0447
(0.0903 | 0.0903 | 0.0905
0.1372 { 0.1373 | 0.1376
0.1861 | 0.1861 | 0.1865
0.2372 1 0.2374 { 0.2379
0.2909 | 0.2916 : 0.2922
0.3475 | 0.3494 ! 0.3501
0.4073 | 0.4120 1 0.4129
0.4705 | 0.4811 0.4812
0.5374 | 0.5479 | 0.5455

QO 02 Oy OV | QO D2 ==

—

Table A.2: Comparison of natural frequencies (Hz)

Order { Exact | FEM | Approx.
11 0.0969 | 0.0970 0.0996
2 10.1993 | 0.1996 0.2043
3 10.3033 | 0.3038 | 0.3105
4 | 0.4095 | 0.4109 0.4191
5 10.5183 | 0.5214 0.5302
6 | 0.6300 | 0.6355 0.6415
7 10.7444 | 0.7525 | 0.7509
8 | 0.8618 | 0.8722 0.8701
9 10.9820 | 1.0003 | 1.0099

10 1 1.1052 | 1.1368 1.1421

Table A.3: Comparison of natural frequencies (Hz)
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varying tension lie in:

(1) The element can describe the case that tension is not of slowly varying.

(2) Compared with using a conventional FEM, the new geometric stiffness matrix
requires {fewer elements for solving natural frequencies and mode shapes of a beam

"under a linearly varying tension.
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Appendix B

The frequency dependent shape

function

With the Maple V, Chapter 4 derives the frequency dependent shape function @ in
Eq.(4.13) as follows:

(1) = 51( 2(8)B1(s)12(1)T1(0)h1(0)11 (1) B2 B3hy (1)
+ Ta(s)Bi(s)T3(1)T1(0)h1 (0)T1(1) By ko (1) By
+ ) By(s)TT (1) T2(0)ha(0)hy (1) B3
) (

s (0
8)Ba(s)T2(1)T5(0) hy (0) R, (1) B2

2

!
o3

T
T
(
— Ta(s)Ba(s)T1 (1) B1T»(1)T1(0}h1(0) B3k (1)
+ Ty(s)Ba(s)Ty (1) BaTy(1)ha(1)T3 (0)Rs (0) By

T1(s)B3(s)T2(0)h2(0)T2(1)T1 (1) B2 B3k (1)

- Tl(S)B3(S)T2(O)h2 ) ( ) 1 I)Blhz(l)B4

+ T}(S)B4(8)T2(1)T O)hz(O)Tl 1)B3Blh2(1)
— Ti(s)Ba(s)TZ(1) BET1(0)hy (0)ho(1)
~ Ti(s)Ba(s)T3 (1)

o2) = é(—n() By (s)T2(1)Ty(0)hn (1) B

( (1
(0 (
+ T1(s) Ba(s)T2(1)T2(0)h2(0)T1 (1) B2 Bsha (1)
( (
)
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T1(s)B4(s)T2(0) Bi Ta(1)T1(0) 14 (0))
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Appendix C

Dynamic Stiffness Library

C.1 A general non-uniform beam under variable
tension

Chapter 4 derives the dynamic stiffness matrix of a general non-uniform beam under
variable tension by using the WKB approximation. With the aid of the mathematical
software Maple V, we find the upper triangular elements of the WKB-based dynamic

stiffness matrix k as follows:

k(LD = RO B0 (0 0T (1) (BaBahy (1)
+ Biba(1B)PO)(R0) +(0))
K(1,2) = “er(T2ORO)TH)PO)m(1)B

— T (O)R(0) T (1) P(0)h (1) B}
T2(0)h3(0)T1(1) P(0) BoT5(1) T3 (0) Bahu (1)
T {0)h3(0)T1 (1) P(0)u (1) B
T2(0)h3(0)T1(1) P(0) B T3(1)T1 (0) Bshy (1)
T5(0)h3(0)T1 (1) P(0) By T2 (1) ho(1)T1(0) B3
T3 (0)ho (0)T7(1)Q(0)hy (1) B2

+ o+ o+ o+
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BiTa(1)A3(1)T1(0) P(1)T2(0)h2(0) B Th (1)
BITZ(1)h3(1)T7(0) P(1) R (0)

BiL(1 ()T (0)Q(1)T2(0)h2(0) BaT1(1)

BIT; (1)hae(1)TE(0)Q(1) A1 (0)

T3 (0)ha(0) BT (1)R3 (1) P(1)
T3(0)h2(0) BT ()13 (1) P(1) Bo T3(1) T (0)
T3(0)he (0) BITH(1)h (1)Q(1)

T3 (0)h2(0)BST: (1) (1)Q(1) By T5(1)T3 (0)

T3(0) BITT (A (1) P(1)ha(0

T3 (0)BTE (1) (1)Q(1)ha(0

T3(0) BsT1(1)h (1)Q(1) B1 T2(1) T1(0) A1 (0)
B P ()TO)T(0)T: (1)~ By (1) (0) B
B:h3(1)h2(0) Bs + B3hi(1)ha(0) By — Byh3(1)B1hi(0))
T3(0)ha(0) TP (1) (1) B — TF(0)ho(0)T7(1)hy (1) B2
T2(0)h2(0)T1(1) BoT5(1)T1(0) Bahs (1)

T2(0)h2(0)T1 (1) B T2(1)ha (1) T3 (0) Bs
BiT5(1)T1(0)h (0)T5(0) BsTh (1)ha (1)

By T3(1)h2(1)T1(0)h1)(0)T2(0) B4 T1 (1)

B, T3 (1)ha(1)T5(0) s (0)- (C.1)

)
‘Tz(O)BsTl(I)hs( 1)P{1) B, T5(1)T1(0)h1(0)

)

{
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C.2 A uniform Bernoulli-Euler beam

Eq. {6.30) shows the upper triangular elements of the dynamic stiffness matrix of a

uniform beam. It is rewritten in the abbreviated form:

Fo -Fl F Rl

EI| -Fl BIE —-Fl R
B R Rl F  Fd
Bl R Fl R

where the frequency functions F; {(i=1-6) are defined as:
Fy = —X(sinh A —sin A) /8

Fy = —X(cosh Asin A — sinh A cos A} /6
.F3 = —A%(cosh A — cos \)/d

Fy = X*(sinh Asin A)/é

Fy = M(sinh A + sin A} /¢

Fg = —A%(cosh Asin A + sinh A cos A) /8

d =coshAcos A —1

C.3 A Beam Subjected a Constant Tension

If the effects of the constant axial force P (tension is positive), shear deformation
and written inertia are all included, the resulting dynamic stiffness matrix can still

be written in the form as in Eq.(1), i.e,

Fs —-Fl F Rl
EI| ~Fl FRl? —Fl FP?
=% : (C.3)
Fs Rl F Fl

Bl RP Fl R |
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where the frequency functions are:

Fy = (a + nB8){nsinh o — sin 3}/

Fy = (a +nB)(sin B cosh @ — ncos Bsinh a) /6

Fy = n{1 — s°p*)(a® + §%)(cosha — cos B)/6

Fy = el{{a — nB)(1 — cosh arcos ) — (8 + na) sin Bsinh o] /8
By = —b*(a + nB)(sinh a + 7 sin 8) /a6

Fs = b*(a + n8)(sinh acos 8 + nsin Bcosh o) /38

where,
b2 . EAl4w2
= TET
2 _ i
=
2 EI
5T AL
2 _ _p?
P =T
2
A=E 4+ 131~ s%p?) + 42

6 = 2n{1 — cosh acos F) + (1 — %) sin Bsinh &

C.4 Combination of a uniform beam with point

mass

El m
i-1 - i
1
|

Figure C-1: Combination of beam with point mass

Figure C-1 shows the combination of a uniform beam with a point mass on its

-right end. The upper triangular elements of dynamic stiffness matrix k are:
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_EI k® (cos(kl) sinh(kl) + cosh(kl) sin(kl))

KLY cosh (k1) cos(kl) — 1 )
k(1,2) -’fisf(fﬁii,’;?;ifi’“?;

k(1,3 = 2 C": sﬁséﬁﬁ(ﬁi(iziif(fl”;

K14 = 2 ’fo(s‘};;g;hcilgk; cos(k)

K(2,2) = Elk(- cosiégi;;)(zi;(fjg(;;:o_s(fn sinh(ki));
K(2,3) = ZLK (= cosh(kl) + cos(kl))

cosh(kl) cos(kl) — 1

) _ EI'k(sinh(kl) —sin(ki))
k(2,4) = - cosh(kl)cos(kl} —1

K(3,3) = — m w? cosh(kl) cos(kl) + K EI sinh(kl) cos(kl) + k*EI sin(kl) cosh(kl) — mw?
o cosh(kl) cos(kl) — 1 ’

ET k? sinh(kl) sin(kl)
cosh{kl) cos(kl) = 1°
EI k (— cosh{kl) sin(kl) + cos(kl) sinh(k!))

k(1,4) = cosh(kl) cos(kl) — 1 ' (C4)

k(3,4) =

C.5 Combination of a uniform tensioned beam with

point mass

i

. m
T T
[
]

Figure C-2: Combination of tensioned beam with point mass

Figure C-2 shows the combination of a uniform tensioned beam with a point mass

on its right end. The upper triangular elements of k are found as:
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k(1,1)

k(1,2)

k(3,4)

k(4, 4)

[A¢®sin(A; 1) cosh(Ag 1) + A3 sinh()2 1) cos(A; 1)

+A1%hg cos(A; D sinh(Ag 1) + Ay Ap® cosh(Az 1) sin(A; D)]As EI X2 /6;
[As BT A% —2X; Thy + A% sin(X, [) sinh(A, ) ET

+As2sin(A; 1) sinh(A g DT + Ag*sinh(Ay ) sin(A; 1) ET
—Ag?sinh(A DYy sin(A; )T — Az EI A°

+X1%Xxz cos(As [) cosh(Ag [)ET + 2 X Az cos(As 1) cosh{(Az )T

—A;s A2 cosh(Ap 1) cos(; 1) EI)/6;

~[As BT Ay (A" + 2%) (Mg sin(A; 1) + Xp sinh(X, 1))]/6;

~[As BIXg (X + As?) (cos(As 1) — cosh(A, 1))]/6;

~ET [cos{A; Iysinh(A2 D)A;® — cosh(Az 1) sin(A; 1)A°

—sin(A; Az cosh(Az D)A;% + sinh(Az 1)A; cos(A; D)A2%]/6;

At BT dg (Xg% + A/%) (cos(A; 1) — cosh(Ag 1)) /6;

—EI {X® + A%} (sin(X; 1)As — sinh(As )A;) /5

—[=2X; A mw?cos(A; 1) cosh(Xg 1) — A *Ap sin(; 1) EI cosh()g 1)
—Xs Agtsinh(Ag DET cos(A; 1) + 2muw’Xs Ay

+mw? sin(A; 1)As* sinh(Az [) — mw? sinh(Ag DA% sin(A; {)
—cos(Ay DAP AP EI sinh(Ag 1) — A1 2X0 cosh(Ag D EI sin(A; 1)}/6;
~[Ar EI X2 — 22, TA,

+X;* sin(Ay 1) sinh(Ag 1) ET + A, ?sin{\; [) sinh(A, )T

+Ag* sinh(A, 1) sin(X; D) EI — Xp? sinh( X, 1) sin(\; DT

X2 BI X%+ X;%); cos(A; 1) cosh(Ap 1) BT

+2 A1 Ag cos(Ag 1) cosh(Az DT — A; Az® cosh(Ag {) cos(A; 1) EI]/S
—EI [cos(A; 1) sinh(A2 )X, % — cosh{Ag I} sin{A; DA,®

—sin(A; HAg cosh{Ap )X, 4 sinh( Az DA; cos(h; DA2%]/6;

21 Az —sinh{Ap A2 sin(X; 1) + sin{A; )Ag?sinh(Ag 1)
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—2 AI /\2 COS()\_; l) COSh(Ag l) (05)

C.6 Combination of a tensioned beam with spring-

dashpot support

T - ' k‘%%c T

Figure C-3: Combination of tensioned beam with spring-dashpot support

The upper triangular elements of dynamic stiffness matrix of a uniform tensioned

beam with spring-dashpot support, shown in Figure C-3, are:

k(1,1)

k(1,2)

k(1,3)
k(1,4)
k(2,2)

k(2, 3)

—[sin{A12)A1® cosh{Al) + sinh{Aa0)Ao® cos( A1)

+X1% A sinh{Azl) cos(Ail) + A Ag2 cosh(Apl) sin( A )] ET A A2 /6;
—MEBI A — 20T

+A1* sin(A10) sinh(Ap0) BT + Ay sin( A1) sinh( AT

+X2? sinh(Agl) sin( A 0) ET — A% sinh(Al) sin(\ )T

—X2ET A® + A* g cos{ A1) cosh(\ol) ET

+2 AtA cos(A1l) cosh(A)T — A Ap” cosh{Aol) cos( A1) ET)/6;
[Aidz (Ao® + M%) BI (Agsin(A) + Agsinh(As)))/6;

= AtA2(A2® + AP EI (= cos(Ml) + cosh(Aal))/6;

—{— cos(Al) sinh{Al) A1® + cosh(Agl) sin{A; 1) A,

+ sin( A1) Az cosh(Agl) A% — sinh(Az0) A; cos( A1) A2 ET /6;
M (A2® + M%) BT (= cos(Ml) + cosh(Mal)) /6;
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k(2,4)
k(3,3)

k(3,4)

k(4, 4)

(% + M%) BI (sin(A\l))s — sinh(AD) M) /6;

—[=2 A Ak cos( A1 ]) cosh{Aal) — 2 Ay Agiw c cos(Ail) cosh(Al)
+A1*Ag sin{A D) EI cosh(Agl) + M Ao sinh(Mol) BT cos(Al) + 2 kAo
+ksin(A 1) A% sinh(Apl) — k sinh(Az) A, sin{A1)

42w cho)y + tw esin( A1) A? sinh(Aal)

—iw esinh(Aol) A\ 2 sin( A1) + A3 A% cos(A 1) ET sinh{Aof)

+ cosh{AaD) M2 A3 EI sin(\1)]/6;

[MET Xo® — 2 20T + A *sin( A1) sinh(Al) EI

+ 2 Zsin(Al) sinh(Ao))T + Ao? sinh(Ap0) sin{ A1) Bl

— X2 sinh(Aol) sin(A\ DT — A ET A?

+ X132z cos(Agl) cosh(Ml) ET + 2 Ay Ag cos( A1) cosh(A))T

— A1 xo? cosh(Agl) cos(A\ 1) ETN/6;

[cos( A1) sinh(Aal) A — cosh(Agl) sin(A;1)o°

—sin( A1) Ay cosh()\zl))n?

+ sinh(Xol) Ay cos(MD)A2)EI/6;

2 A1 g cos( A1) cosh(Aal) — 2 A1),

— sin{ A1) Ap? sinh(Agl) + sinh(Ay) A, % sin( A, 0). (C.6)

C.7 A uniform tensioned beam with an abosrber

on the right end

Figure C-4 shows a uniform tensioned beam with an absorber on its right end. The

upper triangular elements of k, derived in Section 6.5, are:

k(1,1)

[Ag3sin{X; 1) cosh(As 1) + Ag® sinh( X, 1) cos(A; 1)
+2,%0, cos(A; 1) sinh{Az §) + Ay AgZ cosh(A, D) sin(X; DA g EI Xz /6;
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i1 El | i
T T
k ¢
m

Figure C-4: Combination of tensioned beam with an absorber

k(1,2) = [AsBIX® =22 A T+ A *sin(A; 1) sinh(A, ) EI
+A72sin(A; 1) sinh(\p )T + Ap* sinh(A, 1) sin(A; 1) BT
—Ag?sinh(Ag 1) sin(A; DT — Ay EI X,®
+X1%X cos(A; ) cosh(Ag 1) BT + 2 X1 Ay cos(A; 1) cosh(As )T
—X; Az cosh(Ag ) cos(A; [)EI/6;

k(1,3) = —[BI (A2®+ M%) M e (A sin{A; L) + A sinh(Xs 1))}/6;
k(1,4) = =[BT (A" + X2) As Ap (cos(), 1) — cosh(Az 1)))/5;
k(2,2) = —EIcos(A; )A,%sinh(Xp1) — cosh(Ag D)Ag3sin(), 0)

— s sin{A; 1) cosh(Ap DA;% + A sinh(Xz 1) cos(A; DA%]/6;

k(2,3) = [BI (A" + A/%) As A (cos(A; 1) — cosh(Az 1))]/6;

k(2,4) = [BI (A% + A/%) (—sin(A; DAz +sinh(Ag )A,)]/6;

k(3,3) = [2X; Aemuw’ic— A Ay sinh(Ag 1) ET kcos(A, 1)
~2 A1 Ae mw’k cos(A; {) cosh(Ag 1) — Ap* A, sin(A; 1) ET jw ccosh(Ag 1)
+A:*Ag sin(A; {) BT mw? cosh(Ag 1) — s Ap* sinh(Ap ) BT jw ccos(Ag 1)
+A1 Ag* sinh(Ay )BT muw? cos(hg 1) — 24 Ag muw®jccos(Ay [) cosh(Ap 1)
+cosh(Ap [)A; 2 X2 BI mw®sin(A; 1) + cos(A; ) A, As2 BI mw? sinh(), 1)
—A1" Xy sin(A; D) B kcosh(Xg 1) — mw®jesinh(Ag 1) A, 2 sin(A; 1)
+mw®jesin{A; ) sinh(Az () — cos(), DA A2 EI jw csinh{), 1)
— cos(A; 1)A1* Ao EX ksinh(Ap 1) — mw?ksinh(A, 1)\, 2 sin(); 1)
+mw’ksin(A; D) As? sinh(Ag 1) — cosh(Ay A2 A3 ET ksin(); 1)
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+2 As Az mw?k — cosh( Mg DA AL ET jw esin(X; 1)]
J16(=k + m? — juw o))

k(3,4) = —[ArEIX*—2X; 22T + As*sin(); 1) sinh(Ap 1) EI
+X2sin{ s ) sinh(A, )T + A2* sinh(Xg 1) sin(); 1) ET
—AzZsinh{ Ay ) sin(A; )T — A, EI \f°
+A1%Xg cos(A; 1) cosh(Ag DET + 2 A5 Ag cos(A; 1) cosh(Ap )T
—As A2® cosh{Ap 1) cos(A; DET/$;

k(4,4) = —EI[cos(X; )A;*sinh(Ag 1) — cosh(Ag D)A,> sin{A; 1)

—~Ag sin(A; 1) cosh(Az DDA 2+ A sinh(Ag 1) cos(A 1) A2%1/6;
0 = —2XA;1Az cos{A;l)cosh(Aal) +2X; Ap
+sin(A; DAo®sinh(Xg 1) — sinh(Xy D)X, 2sin(); I). (C.7)

C.8 Combination of a tensioned beam with con-

centrated mass and rotary inertia

The upper triangular elements of dynamic stiffness matrix k of a uniform tensioned

_beam with concentrated mass and rotary inertia, shown in Figure C-5, are:

i-1 El m, I
T T

Figure C-5: Combination of tensioned beam with concentrated mass and rotary in-
ertia

k(1,1) = —[sin(A)A1®cosh(Aal) + Xo® sinh(Agl) cos(Aq])
+2;%0 cos(Al) sinh(Agl) + A A2 cosh (A0} sin( A1) ET A1 Ae/d;
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k(1,2)

k(1,3)
k(1,4)
k(2,2)

k(2,3)
(2, 4)
k(3,3)

k(3,4)

k(4,4)

—IMEI X — 20,7 + sin(M\ DA *sinh( A1) ET

+ sin( A1) A2 sinh (M) T + Xp? sinh(Mol) sin( A, 1) ET

~Ag? sinh(Xol) sin( A DT — MBI A®

+A1° Az cos(A1) cosh(Aal) BT + 2 Ay Az cos(Arl) cosh(AD)T

—X1Ag% cosh{Aql) cos(M D) ET/6;

Mde (Ae® + M%) BT (A sin{hl) + Apsinh(Al)) /6;

—Ads (0% + M) BT (= cos(Ml) + cosh(Xel)) /6;

—EI (— cos{ A1) sinh(Xal)A:® + cosh(Aol) sin( A1)\,

+ sin(A1{)}Ag cosh(Aal) A% — sinh(Al) A; cos{ A1) Aa2)/8;

Mde (M + M%) BI (= cos(Ml) + cosh(Mel)) /6;

(%e® + M2) BI (sin(Ml) g — sinh(Ael) ) /6;

—{2 MAomew? cos(Ay1) cosh(Agl) + A* Agsin( A1) ET cosh(Aql)
+A1 A2t sinh( M) BT cos(MI) — 2 A domew?

—mew? sin( A1) A% sinh(Aol) + mow? sinh(Ael) A, ? sin( A1)
+A1°A2” cos( A1) BT sinh(Agl) + cosh(A2l) A2 A BT sin(A1)]/6;
[MET X% — 2 X 25T + sin{ MDA sinh(\z0) EI

+sin(A1 1) A% sinh(Al)T + Ap? sinh(Agl) sin( A ) ET

—Ag? sinh(Aol) sin(A )T — A2 BT Ay® 4+ A3z cos(Al) cosh( A1) ET
+2 A1 Az cos(A12) cosh(Al)T — A A% cosh(Aql) cos(A 1) ET)/6;
—[=2 X Aoiew® + 2.w? A% sin(A1l) sinh(Dgl) — 10w Ay? sinh(Apd) sin{ A1)
—A1% cos( M) ET sinh(Ael) + Ao® cosh(Agl) ET sin(Al)

+2 A Agicw? cos(Aql) cosh(Aal)} + A, sin(A ) ET cosh{Aa!)

— A1 A2? sinh( M) ET cos{Ail)]/6;

2 Mg cos( A1) cosh(Agl) — 20X,

— sin(A;l) A2® sinh{Aal) + sinh(Aal) Ay ? sin(Al) (C.8)
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C.9 Combination of a tensioned beam with con-
centrated mass and spring support

Figure C-6 shows a uniform tensioned beam with concentrated mass and linear spring
support on its right end. The upper triangular elements of its dynamic stiffness matrix

k are:

Figure C-6: Combination of tensioned beam with concentrated mass and spring sup-
port

k(1,1) = —[M3sin(A11) cosh(Agl) + Ao sinh{Aol) cos( A1)
+A1% Az cos(Ayl) sinh(Aal) + Ay Ao? cosh(Agl) sin{ A1) B A A2/6;
k(1,2) = —[MEIX®— 2207 + A\ *sin(\l) sinh(A\pl) ET
+ 12 sin(Arl) sinh( A1) T + Ap* sinh(Aol) sin{ A1) EI
~ A% sinh(Apl) sin(A )T — A2 BT A% + A %X, cos(M1) cosh( M) ET
+2 A Az cos(Al) cosh(Xol)T — A A2® cosh(Aal) cos( 1) ET)/6;
k(1,3) = [Ade (M7 + X®) BT (Arsin(Md) + Apsinh(Xs0))]/6;
k(1,4) = =Ahe (A2 + M?) BT (= cos(Myl) + cosh(Xal)) /5;
k(2,2) = [cos(Ml}sinh{X2D)A;® — cosh{Aol) sin(A 1) A\o°
— sin(A{) Ay cosh(Al) A + sinh(Apl) Ay cos( A1) Ao2) BT /6;
k(2,3) = Mg (M%+ A?) BT (= cos(Ml) + cosh(Agl)) /6;
k(2,4) = —(A%+ XD EI[—sin(A 1) A + sinh(Al)A1)/6;
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k(3,3)

k(3,4)

k(4,4)

—[=mw? sin{M 1) Ag® sinh(Agl) + m w? sinh(Ael) A1 % sin (N, 1)
—2 A hemw? + A3 X2 cos(A\ 1) EI sinh()y!)

+ cosh(Aal) A M2 ET sin(Al) + 2 A dok

+k sin{A 1) A? sinh(Agl) — k sinh(Al) A% sin{ A1)

+2 ApAgm w® cos( A1) cosh(Aal) — 2 A Ak cos(\l) cosh(Aal)
+A1* A sin(Al) ET cosh(Xgl) + A Ao* sinh(Apl) ET cos(A1)]/6;
BT A% — 20 00T + A\ sin{ ) sinh(M\,0) ET

+ X% sin( A1) sinh(AD)T + Ao* sinh(Aql) sin(M D ET

~Xo” sinh(Agl) sin( A )T — MBI \*

+212 Az cos(A1) cosh(Agl) BT + 2 A\ Ag cos( A1) cosh(A])T
—A1A2® cosh(Aql) cos( M) EI/6;

— sin(A11) Az cosh(Agl) A2 + sinh(Aql) Ay cos( A1) A2 EI /6,

2 Ay A9 cos(Aql) cosh{Aql) — 2 A1 A

— sin(A; 1) A2? sinh(Agl) + sinh(Apl) A, sin{ X, 7).

262

(C.9)



Appendix D

The VIV Prediction of the

'Helland-Hansen riser

In the second example of Section 5.4.2, we stated the method of predicting VIV of

the Helland-Hansen riser. The SHEARY input data file is as follows:

1

0

226

688.
1.1303
0.5334,0.5017
1025.
138 -6
908.

1.0
1942892.

2.107E11

structural model, nmodel

flag To choose SI (0) or English (1) Units.

number of segments in the structure

beam Length, meters or feet

Drag diameter, meters , type 2 buoyancy

beam strength diameters(OD and ID), meters

fluid density, kg/m**3 or Lbf/Ft**3

kinematic viscosity of the fluid, m**2/s or ft**2/s

970.4 kg/m on buoyancy, a.veraged with slick portion, mass/m in Air, inc mud
added Mass Coefficient

minimum Tension, newton or Pounds, this value could be off

Young’S Modulus, N/m**2 or Ksi
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0.0008637  inertia Of Strength Material, m**4 or Ft**4
1087.  fix this aver of buoyant and non-bu sections,linearly Varying Tension, N/m
0.23  Strouhal No.
8,1,1  Number of vel points, probability, profile ID
0.0000,0.00  location (x/1), velocity (m/s) for first point
0.1650,0.63  location and velocity for each succeeding point
0.2520,0.72
0.3820, (.85
0.5130,0.91
0.6440,0.96
0.7740,0.98
0.6370,0.98
002 structural modal damping (fraction of critical damping)
0  flag 1 for controlling damping computation {(O=program decides}
0  flag 2 for controlling damping computation {0=program decides)
0.4 RMS lift coeflicient (if lift flag set to 0 not used)
0.0,1.0,0.125 RMS response locations (begin, end, step-size}, x/L (OUTPUT File Format)
1 number of SN-curve line segments
0.  cutoff stress range (N/m**2 or KSI)
1.24E8,2.E6 stress range(N/m**2 or ksi), cycles to failure point 1- C curve
2.92E8,1.E5  stress range(N/m**2 or ksi), cycles to failure point 2
1.3  global stress concentration factor
0 number of local stress concentration positions
0.4  reduced velocities bandwidth
0  open .cat file? 0 = no, 1 = yes

0  flag to choose lift coefficient (0=program decides)
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0 No. of VIV suppresion regions (0=off)
5  calculation option, NCAL =1, full response calc
0.20,0 a cutoff to control the No. of excited modes

1.00,0  multi-mode reduction factor.

Figures D-1 to D-4 show the displacement, acceleration, stress, and damage rate
along the riser, respectively. These figures include for comparison the results by using

the simple approximation described in Chapter 4.

07 T T T T T T T
— WKB-DSM
— — Shear? approx.

2] -1

o o
- w

RAMS Displ. / Diameter
o
w

0.2

0.1

¢ 0 0.2 03 0.4 .5 0.6 0.7 0.8 0.9 1
Relative position

Figure D-1: The displacement along the riser
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c.8

0.8
1ser

0.7

e

0.5
Relative position
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0.4

The stress along the r

0.2 0.3

Figure D-3
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