High Efficiency Pulse Motor Drive for Robotic ARCHnves

I MASSACHUSETTS INSTITUTE

Propulsion OF TECHNOLOGY
by JUN 25 2013
Zhen Sun ' LIBRARIES

Bachelor of Mechanical Engineering, University of Minnesota, twin
cities (2011)

Submitted to the Department of Mechanical Engineering
in partial fulfillment of the requirements for the degree of

Master of Science in Mechanical Engineering
at the
MASSACHUSETTS INSTITUTE OF TECHNOLOGY
June 2013

(© Massachusetts Institute of Technology 2013. All rights reserved.

=
—
Author ... ... ... ke S e cee
Department of Mechanical Engineering
May 10, 2013
0 TS
Certified by................ . . A g . ... '

David L. Trumper
Professor of Mechanical Engineering
Thesis Supervisor

7 A S —
Accepted by ........... e e
e David E. Hardt
Department Committee on Graduate Students






High Efficiency Pulse Motor Drive for Robotic Propulsion
by

Zhen Sun

Submitted to the Department of Mechanical Engineering
on May 10, 2013, in partial fulfillment of the
requirements for the degree of
Master of Science in Mechanical Engineering

Abstract

The goal of this research is to improve the power efficiency of robotic locomotion
through the use of series elastic actuation, with a focus on swimming motion. To
achieve high efficiency, electromechanical drives need to be actuated at high speed
and low torque. However, in many robots, the drives are actuated in a low speed
and high torque mode, resulting in lower efficiency. Implementing gear trains is one
option to rise the input speed and lower the input torque. However gear trains have
their own loss which are particularly severe at high gear ratios, and are not back
drivable in some cases.

In this thesis, we envision and design a new pulse drive type of series elastic elec-
tromechanical actuators that seeks to break such tradeoffs and improve overall robotic
propulsion drive efficiency. An energy storage element, such as a spring, is installed
between the EM actuator and the load. In the fast actuation phase, a pulse displace-
ment/torque trajectory is applied to the actuator shaft so that the spring is rapidly
charged with potential energy. In the slow driving phase, the actuator shaft is locked
by a low power mechanical latch and the spring slowly transfers energy into the load.
We analytically determine that the most efficient pulse condition is reached when the
frequency of the pulse trajectory is close to the natural frequency of the actuator
inertia-spring system.

Our first low power hardware demonstration without the gearbox transmission shows
that the pulse drive achieves an energy efficiency of 80% compared to an efficiency of
50% achieved in the conventional direct drive where an electromechanical actuator is
driving a viscous load equal to its own motor constant. Another low power hardware
demonstration using gearmotors at two loads, whose impedances are 10 times and
20 times as high as the driver motor constant, shows that the pulse drive using a
motor with a one-stage gearbox transmission achieves an efficiency of 50%, which are
approximately 20% higher than the conventional drive with either a one-stage or a
two-stage gearbox transmission. An analytical study on the influence of motor size
shows that the efficiency gain of the pulse drive becomes larger at smaller motors and
that the best option for the pulse drive is to use a motor with a one-stage gearbox. In
a third hardware demonstration, we scale up the power level to match that of a small



robotic fish, and use a real viscous load. By using the same brushless motor with
a one-stage gearbox, we achieve a pulse drive efficiency of 70% compared to 15% in
the conventional gear drive. Some potential targets are robots with cyclical propul-
sions and high impedance load, e.g., tail actuation in fish-like swimming robots, wing
actuation in flying robots and crawling and other motions in snake-like robots.

Thesis Supervisor: David L. Trumper
Title: Professor of Mechanical Engineering
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Chapter 1

Introduction

1.1 Project Motivations

This project is motivated by the need to improve the energy efficiency of robotic
fish swimming propulsion. Professor David Barrett at Franklin W. Olin College of
Engineering with his team has been designing and building different sizes of robotic
fish to mimic the motion of marine animals such as tuna and whale [1] [11]. A
photo of one of his robotic tunas is shown in Figure 1-1. The long term goal of
their robotic fish project is to facilitate the study of ocean ecology and marine life
in a much less invasive manner. One of the biggest challenges they are facing is
to improve the overall propulsion efficiency. With the current design of using high
reduction gearmotor and tendon-pulley transmission, the resulting energy efficiency
is around 10%. As the robotic fish is powered independently underwater by a battery,
such poor efficiency can significantly limit the operating duration and travel range,
thus compromising the benefit it can bring. After several meetings with Professor
Barrett and many productive discussions, we envision and design a new pulse drive
type of electromechanical series elastic actuator that has the potential to significantly
improve the propulsion efficiency. Figure 1-2 shows a conceptual drawing of a robotic
fish integrated with such a pulse drive in the tail. This conceptual sketch is not a
complete design, but is a vision of integration in the near future. The cyclical tail

motions are driven by a number of the pulse drives associated with pivoting joints

19



Figure 1-1: Photo of a robotic tuna fish developed by Professor David Barrett at
Franklin W. Olin College of Engineering,.

Figure 1-2: Conceptual drawing of a robotic fish integrated with the pulse drive in
the tail.

in the tail. At each joint, a pair of springs is connected to a motor. The motor will
rapidly rotate, storing energy by pulling one of the two springs into tension. A half
cycle later, the motor rapidly rotates by m radians, pulling the opposite spring into
tension. The spring thus exerts a moment on the joint of the tail, thereby driving the

oscillatory swimming motion.
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1.2 Key Results

In this thesis, we have designed and built a pulse drive hardware demonstration with
the load power level (1 W), similar to a that in a small robotic fish. As shown
in Figure 1-3, the actuator, the spring and the load are connected in series and the
motion is strictly rotational. The driving actuator is a Maxon EC 22 100 W brushless
motor with a one-stage gearbox of reduction ratio 4.4 [5]. Tt is driven by a linear servo
amplifier in torque mode. A coil spring is stretched between the motor and the load
encoder as the energy storage element. A glass syringe with glycerin between the
piston and barrel is used to create a viscous damping load. In each work cycle,
a pulse trajectory is first applied to the motor shaft so that the spring is rapidly
stored with potential energy. Then the motor shaft is held fixed and the spring
transfers the energy into the viscous load at a slower time scale. We study the energy
efficiency of this type of pulse drive by maneuvering the load to several amplitudes
at a cyclical frequency of 1 Hz, and compare the efficiency results to the drive with
a stiff connection which we refer as the conventional drive. As shown in Figure 1-4,
the efficiency of the pulse drive can be significantly better than the conventional gear
drive using the same actuator: 70% compared to 15%. Such efficiency gain comes
from the motor in the pulse drive operating in a high speed and low torque mode
compared to the low speed and high torque mode of the conventional drive, such that
the resistive heat loss in the motor coil is reduced. The result demonstrates that the
pulse drive can operate more efficiently than the conventional drive as a stand-alone
unit. We foresee that such pulse drive principles can be applied to a wide range of

robotic propulsion drives to improve efficiency.

1.3 Thesis Structure Overview

The rest of this thesis is laid out as follows.
The next section in this chapter briefly reviews the prior work in series elastic actu-

ator design.
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Load syringe Load encoder Rotary Spring

Beam load cell Brushless DC motor
Shaft Couplings

Load cell slider

Figure 1-3: Picture of the pulse drive hardware demonstration simulating the 1 W
power level of a small robotic fish.
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Figure 1-4: Plots of energy efficiency results for both the pulse gear drive and the
conventional gear drive in experiment of Figure 1-3. The pulse gear drive achieves ap-
proximately 70% experimental energy efficiency while the measured energy efficiency
of the conventional drive ranges from 10% to 15%.

Chapter 2 lays out the fundamental tradeoffs for the pulse drive. The energy efficiency
of storing energy in a massless spring, in a pure mass, and a spring-mass system are
discussed in detail.

Chapter 3 models the pulse drive system and derives analytical efficiency expressions.
A simple conventional drive model is also constructed for efficiency comparison. The
analytical results are then compared to simulation results. The effects of adding
gearbox transmissions, adding a crank-shaft transmission and changing the pulse tra-
jectory profiles are also discussed.

Chapter 4 shows a hardware demonstration for the pulse drive without any trans-
mission. The energy efficiency is measured and compared to the efficiency of the
conventional direct drive configuration.

Chapter 5 shows a hardware demonstration for the pulse drive with a planetary gear-
box transmission. The energy efficiency is measured and compared to the efficiency
of the conventional gear drive configuration. Gearbox efficiency is also studied exper-
imentally.

Chapter 6 studies the effect of the motor size on pulse drive efficiency. A general

guideline is also provided regarding the motor selections for a given pulse drive oper-
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ation.

Chapter 7 presents a pulse drive hardware demonstration with a load power condition
similar to a robotic fish. The selected gearmotor from Chapter 6 is implemented as
the driving actuator. The energy efficiency is measured and compared to the conven-
tional gear drive configuration. Some preliminary design ideas for spring packaging
and latch mechanisms in actual robotic designs are also included. At the end of this

chapter, we conclude this thesis and provide recommendations for future work.

1.4 Prior Art for Series Elastic Actuators

A new type of robotic drive that uses elastic elements in series with the actuator,
known as “Series Elastic Actuators”, has emerged over the past two decades as an
alternative to the traditional “stiff” drives for force control applications. A good
force source should have low reflected impedance, low stiction and high bandwidth
[21]. However, traditional “stiff” drives, such as electric gear motors and hydraulic
actuators, are disadvantageous in some applications because of their high reflected
impedance to the load and high friction. In addition, with a “stiff” force load cell, the
controller gain needs to be low to compensate for the high sensor gain, thus resulting
in sluggish closed-loop performance [23]. Pratt and Williamson first proposed the
idea of purposely placing a passive elastic element, such as a spring, in series with
the drive transmission but before the load in association with legged locomotion [20].
The benefits of this drive configuration include high-frequency shock filtering, low-
ered reflected output inertia, stable force control and energy storage. Actuators with
elastic element in series are particularly useful in performing accurate force control by
using the elastic element as the force load cell. The force is linearly proportional to
the differential position change of the elastic element. Robinson studied the closed-
loop force control of series elastic actuation and observed that adding elastic elements
lowered the output impedance and produced clean force tracking [23]. In addition,
because of the lowered stiffness of the elastic sensor, the control gain of the system

increased proportionally, resulting in better loop performance. Several tradeoffs of
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the series elastic actuators are also discussed in [23], such as limited large force band-
width.

In addition to fundamental studies, series elastic actuators have been incorporated in
several real-world robotic designs. At the MIT Artificial Intelligence Lab, two bipedal
walking robots M2 and Spring Flamingo have been developed with each of the active
degrees of freedom controlled by an electric series elastic actuator [22]. The moving
arms of the humanoid Cog, designed and constructed by Williamson, employ compli-
ant materials and series elastic actuators at each joint for accurate force control [26].
In particular, this robot exploits the natural dynamics of each joint in actuation, such
that the each actuator produces the rhythmic command by outputting an oscillating
frequency close to the resonant mode of the joint. The Roboknee, a one degree of free-
dom exoskeleton designed by Yobotics Inc., provides human walking assistance while
presenting low impedance to the wearer [21]. With the compliant spring connected
between the actuator and the load and functioning as the force feedback, the actu-
ator can amplify the wearer’s intended action and generate appropriate force. The
Corndog, a planar running robot designed by Krupp as part of his Master’s Thesis,
also includes series elastic actuators in each of the joints [16].

Another main function of the elastic element is to store and release energy. Such phe-
nomena occurs naturally in biological locomotion. Cavagna concludes from a study
on animal gait that the biological elastic elements, such as muscle and tendon, help to
maintain and convert between kinetic energy and potential energy in high speed loco-
motion of some animals [12]. A quantitative efficiency study on the rat gastrocnemius
muscle stretch-shorten cycle reveals that the series elastic element (SEE) efficiency
varies from 0.02 to 0.85, and the mechanical efficiency varies from 0.43 to 0.92 [13].
Hollander et al. designed an ankle orthosis and compared the power levels and energy
levels of using direct drive and using “robot tendon” [15]. The peak power reduces
from 250 W to 77 W and input energy from 36 J to 21 J in the actuation cycle. In
addition, the weight of the package is about seven times less. Similarly, Paluska and
Herr demonstrate in a simple model that more energy can be delivered and higher

instantaneous power can be reached by using a series elastic actuator than by using
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direct drives in a same limited-range stroke [19]. The idea of charging and releasing
spring energy in a jumping robot for power efficiency and robotic performance im-
provement has been explored by Scarfogliero [24]. The micro jumping robot “Grillo”
is designed with the actuator connected to the springs of the legs. In continuous gait,
the actuator compresses the spring during the airborne phase with power as low as
0.3 W. The spring rapidly releases the energy upon landing with power up to 5 W
through a catch and release mechanism, and the robot jumps back in air. They ob-
served that the best performance is achieved with the thrust completed just before
taking off. However, no energy efficiency values were shown in the article, nor was
the analytical information for tuning the actuation given. A more relevant work to
my research project is the study on efliciency gain by using series elastic actuators
from Sallum and Albert [9]. By placing a spring between the actuator and load and
operating the actuator at the resonant mode of the spring and load inertia, an maxi-
mum efficiency gain up to 2 times is achieved with a test-stand in certain scenarios.

With this overview complete, in the next chapter we examine the physics governing

the pulse drive. This leads to scaling laws which can guide the design.
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Chapter 2

Fundamental Efficiency Tradeoff

Analysis of the Pulse Drive

2.1 Overview

In this chapter, we examine the fundamental efficiency tradeoffs for rapidly storing
energy in a spring device. The analysis of charging a massless spring shows that the
highest efficiency is achieved when the charging time approaches zero. Conversely,
the analysis of charging a lumped mass shows that the highest efficiency is achieved
when the charging time approaches infinity. These two bounding cases clarify the
efficiency limits for the pulse drive. Finally, the analysis of the combined spring-mass
system shows that the highest efficiency is obtained when the trajectory frequency w

is slightly higher than the system’s natural frequency w, = /k/m.

2.2 Energy Efficiency of Charging a Massless Spring

Springs are commonly used mechanical energy storage devices. The change in length

of a massless linear spring z is proportional to the applied force F’

(2.1)



k

Figure 2-1: Simple massless spring system

and the stored potential energy is proportional to z2

1
Espring = ékxj (22)

Here k is the spring constant (Figure 2-1). If we were to “charge” the spring, i.e.,
storing potential energy in the spring, with a ramp force starting from F =0 at ¢t =0
to F = Fyat t =tg, |

F=Fy—, (2.3)

|
&

t
= ?(%)- (2.4)

At t =ty the potential energy stored in the spring is thus

_ K

- L (2.5)

1
Espring (tO) = 5 kz? (t0>

If the energy stored in the spring is considered as useful work, we would like to study
the energy efficiency of the “charging” process by assuming the force is provided by an
electromechanical actuator with output force F' proportional to the input current ¢,
F' = Kyi, in which Ky is the force constant. Thus the time-dependent current
expression is

F Rt

0=% =% (2.6)
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Figure 2-2: Force and displacement of the massless spring system.

The actuator is assumed to have a coil resistance R, and no internal energy storage.

The instantaneous power dissipation is thus given by

Panlt) = P(OR = 1 P .7

The total energy loss in the actuator, as integrated from ¢t = 0 to t = o, is

1 R

Wioulto) = [ Pus)ih = 5z Eo 28

Note here that the energy loss is proportional to tg and inversely proportional to K J%

We define the fractional energy efficiency of the process as

FZ
n= Eispring (to) _ P ! (2.9)
Espring(t()) + I/Vloss(to) 5—22 + %(%Fg)t 1 + Zsz to
f

Note that this ratio does not depend on Fy. For simplicity in future discussions, we
define the Actuator/Motor Quality Factor I' as the ratio between KJ% and R
KZ

= ff. (2.10)

The quality factor I is a very useful quantity in describing the energy efficiency of
typical actuators and it will appear many times in later sections. This expression is

also equal to the equivalent mechanical damping of a shorted actuator, and is a good
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Figure 2-3: Simple mass

metric of actuator quality sometimes referred to as ”stiffness”. The energy efficiency

thus becomes

n= Espring (tO) _ 1
Espm’ng(to) + W/loss(t()) 1 -+ %to

(2.11)

Equation (2.11) indicates that in addition to the dependency on k and I" which are
hardware parameters, the efficiency of the simple massless model is dependent on o,
the duration of the applied force trajectory. The shorter the duration of force, the
higher the efficiency will be. If we are able to rapidly charge the spring by applying
a pulse force with very short duration, we may obtain high energy efficiency. In
an extreme case, though not physically realistic, 7 — 1 when t, — 0. Therefore,
the analysis of this simple model shows the potential of achieving high efficiency by
rapidly storing energy in a spring. However, we have made the unrealistic assumption
that the actuator is massless. In the next two sections we will see that the addition

of the actuator mass changes the tradeoff.

2.3 Energy Efficiency of Charging a Lumped Mass

In this section, we examine the case in which a lumped mass m is actuated by a
step force F' (Figure 2-3). The fundamental equation is F' = ma. The resulting
displacement profile has the shape of a parabola, as shown in Figure 2-4. The useful
work is given by the stored kinetic energy of the mass Wi s over a period o

1 F?

1
Wuseful(t0> = im(at)g lt:to: 5 m t3~ (212)
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Figure 2-4: Simple mass model: (a) force, (b) displacement

Assuming the force is provided by the same actuator discussed in previous section,

the electrical lost energy is

. F
Wiess(to) = >Rt = (E)Zmo. (2.13)

As a result, the fractional energy efficiency n for mass acceleration is

Wse ul(tO) 1
=W ' =T (2.14)
useful(tO) + I/Vloss<t0) Tt +1

Equation (2.14) shows that the efficiency is dependent on the duration of the force ¢,
but not on the magnitude of the force. As opposed to charging a spring, where shorter
pulses are more efficient, longer force duration will yield better energy efficiency for
the mass. In the extreme case, 7 — 1 when t; — oco. Therefore, it is undesirable to

rapidly accelerate a mass with a short pulse force, as the efficiency will be low.

2.4 Energy Efficiency of a Simple Spring Mass Sys-

tem

We now combine the models of the previous two sections. Figure 2-5 shows the model

of a one-dimensional spring-mass system with a lumped mass m and spring constant
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Figure 2-5: Simple spring-mass system
k. The equation of motion is
mi(t) + kx(t) = F(t), (2.15)

where the undamped natural frequency of the system is given by w, = /k/m.
To study the effect of the pulse time on the energy efficiency, a sinusoidal pulse

displacement trajectory z(¢) with radian frequency w is applied to the system between

0<t< 72 as
A A
= = - — 2.1
z(t) 5~ 5 cos wt, (2.16)
with velocity
A
x(t) = W sin wt, (2.17)
and acceleration
A
Z(t) = §w2 cos wt. (2.18)

The initial conditions are chosen such that the initial acceleration is bounded. As
a result, at the end of the pulse period ¢y = I, the mass reaches its maximum
displacement ., = A with zero velocity. Assuming x = 0 corresponds with the rest

position, the energy stored in the spring is
L o
Wuseful = §kA . (219)

We still assume that the only energy loss during the pulse period is resistive heat

dissipation in the actuator. The current i is proportional to the applied force which
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is governed by Newton’s Second Law as

(2.20)

Using (2.16) and (2.18) we calculate the total energy loss as the time integration of

power loss during the entire period:

s us

w w A
Wioss = / P’Rdl = %(—)Q[mwQ coswt + k(1 — coswt)]? dt
R A 34> (2.21)
_ T Avg 903 '
———ZK}Z(Z)(mw 2mwk + w).

Thus the efficiency is calculated using the same equation described in previous sections

n= Wuseful _ %]{,‘AQ
Wuseful + I/Vloss %kAz -+ %(%)Q(meL% — 29mwk + %)
" (2.22)
SRl - mw+ R+ 1

f

Equation (2.22) indicates that the efficiency is a function of the pulse frequency
w. At the two extremes w — 0 and w — oo, n — 0 due to the low efliciency of
moving the spring over a long period, and of moving the mass in a short period,
respectively. To find the optimal efficiency, we define function f(w) which is the part
of the denominator of (2.22) that contains variable w. Equation (2.22) reaches its

maximum when f{w) is at its minimum value.

2,.,3

—mw + —. (2.23)

flw) = =5 2w

To find the maximum/minimum of f(w), we take the derivative of f(w) and set it

equal to zero.

, 3m? 3k 1
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The only positive rational root of Equation 2.24, which happens to make f (w) at its

global minimum, is

2 4+ /40 k

Woptimal = 6

= 1.178w,. (2.25)

m
Therefore, the optimal efficiency is

1 1
0912778 VEm +1 Lase/km 4 ¢
f

(2.26)

Toptimal =

Equation (2.25) and (2.26) lay out the fundamental energy efficiency tradeoff of the
spring-mass system, which forms the basis of this thesis. We have discovered that
in the presence of inertia, the best way to store energy in the spring is to pulse
drive the spring-mass system with a trajectory frequency slightly higher than the
system’s undamped natural frequency. The optimal efficiency is a function of the
spring constant, motor inertia and the motor quality factor. As the inertia of the
actuator approaches zero, the pulse frequency approaches infinity and the efficiency
approaches unity, which resembles results from the massless spring analysis. The
efficiency will also increase with the actuator quality factor. Therefore, the pulse
drive has the potential to achieve high energy efficiency by using an actuator with
high quality factor and low inertia. However, as the pulse time is shortened, the
instantaneous power increases and raises the requirements to the actuator. Actuator
and amplifier actuation will thus bound the minimum time. Moreover, the efficiency
can be also improved by using a spring with lower stiffness. However, lowering the
stiffness of the spring decreases w,, and thus increases the maneuver time of the load,
which may be undesirable in some applications. As a final note, recall that our simple
model assumes that the load is approximately fixed during the charging cycle. More
detailed simulations will take account of the load movement later in this thesis. The
successive chapters will discuss the efficiency of pulse drive with a viscous load and

address the associated challenges and tradeoffs in more detail.
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2.5 Summary of the Chapter

e The most efficient way to “charge” a massless spring is to apply a
pulse force/torque with an infinitely small period while the most effi-
cient way to “charge” a pure inertia is to apply the force/torque over

an infinitely long period.

e The most efficient way to store energy in a spring in the presence
of actuator inertia is to apply a pulse displacement trajectory with
pulse frequency close to the natural frequency of the spring-inertia

system.

e To achieve high efficiency of such a pulse drive, we need to use an

actuator with high quality factor and low inertia.
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Chapter 3

Modeling and Simulation of the

Pulse Drive System

3.1 Overview

In this chapter, we first model the pulse drive system in a simple one-dimensional
linear translation form with lumped parameters. The effects of adding transmissions
or using different trajectory profiles are examined in later sections. The analytical
calculation results are compared to simulation results in a case study with numeric

parameters.

3.2 Model of Simple Pulse Drive with Direct Con-

nection

3.2.1 Modeling and Assumptions

Figure 3-1 shows a schematic of the pulse drive system model. Even though our
hardware prototype is a rotational system, we model the system in the translational
domain for the sake of simplicity and clarity. The actuator of the system is modeled as
an ideal linear DC motor with lumped mass m4. The input force F'(¢) is proportional

to input current i(¢) with a gain of Ky. The load is modeled as a viscous damper
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Figure 3-1: Simple modeling of the pulse drive system in translational motion. The
EM actuator is modeled as a mass mg with an input force F' proportional to the input
current 7. The load is modeled as a mass m; and a damper B.

with constant damping value B and a lumped mass m;. The actuator and the load
are connected through an ideal spring with Hooke’s constant k. The displacement of
the actuator and the load are z4(t) and z;(t), respectively. The equations of motion

are

mata(t) + k(za(t) — () = F(t) = Kyi(t), (3.1)

muiy(t) + Baa(t) = k(za(t) — z:(t)). (3.2)

In a half work cycle, a half period sinusoidal displacement trajectory pulse described
by (2.16) with radian frequency w = 1.178+/k/myq is first actuated on mg. During this
period, the actuator displacement will be much larger than the load displacement,
zq > x7, due to the high viscous damping force generated by the load. Such motion
results in a rapid expansion of the spring where the kinetic energy of m, is converted
into the potential energy in the spring. When the actuator reaches its maximum
position gn., and 4 = 0, we assume that a latch mechanism, which is not included
in this model, latches my at position zg,,4,. The spring then transfers energy to the
viscous load over a longer time scale. A preliminary sketch of the displacement in the
half work cycle is shown in Figure 3-2. Once the spring returns to near its unstressed
position, my is unlatched and the next half work cycle begins. Alternating trajectory
pulses can be applied to maneuver the load in a periodic motion. With such a design,
(2.26) is applicable to estimate the efficiency of the half work cycle, because under our

assumption, m; remains almost stationary when the pulse force is being applied. One
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Figure 3-2: Half work cycle of the pulse drive showing input position z4(t) and load
position z;(¢). Under a rapid expansion, z4(t) reaches final position Zgne, at t = tg
and is locked at that position while z; converges to Zgma. over a longer time scale at
t — tf.

additional assumption we make in the model is that resistive power dissipation by the
actuator coil is the dominant form of energy loss. The power dissipation by bearing

friction, the latch mechanism, and any other sources are neglected in the analysis.

3.2.2 Simple Model of the Conventional Drive with a Direct

Stiff Connection

To compare the pulse drive model with the conventional drive train design, a simple
translational direct drive model with the same characteristics is constructed as shown
in Figure 3-3. Instead of using a spring connection, a rigid rod is connected between

mq and my so that z4(t) = x;(¢). The equation of motion is thus

(ma + my)Za(t) + Baq(t) = F(t) = Kri(t). (3.3)

Since we are more interested in the energy consumption and the end-to-end position of
the load than the actual displacement profile at this point, we simplify this preliminary
analysis by applying a sinusoidal input current i(¢) = Asin(wt) to achieve a sinusoidal

displacement at steady state. To calculate the steady state displacement profile, we
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Figure 3-3: The direct drive model where the spring is replaced by a rigid rod.

find the transfer function of Xy(s)/I(s)

Xd(S) Kf

I S) B (md+ml)32+Bs'

At input frequency s = jw, the amplitude ratio between X4(s) and I(s) is

Kalgw), Ky

I(jw) v (mg +m;)2wt + B2w?

Thus the steady state time response of the displacement is

AK
() = z4(t) = TonT ml)2:1} — sin(wt + @)

(3.4)

(3.5)

(3.6)

where ¢ is the phase lag relative to the input current. And the velocity profile 4(t)

is
. Awa
Tq(t) = cos(wt + ¢).
i) = e cos(ut £ 4)

In one cycle, the power dissipation as heat in the actuator coil is

27

2m
Wigss = /’” i(t)ZRdt = /“’ A? Sinz(wt -+ ¢)dt =
0 0

AR
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The useful work is given by

2 2m

Wseful = /U Bii(t)dt = /w B s cos®(wt + ¢)dt
T ! o (mag+m)’uwt + Bw? (3.9)
B A?K?B ™ '
(mqg + my)w? + B2w’
Therefore the fractional energy efficiency of the direct drive is calculated to be
7rBA2K)2¢
N P . Wuseful . w(B2+{mg+m;)2w?)
irect drive — - 2
Waseur + W, TBA*K TA2R
uaeful foss 1U(Bz+(md+wle)2wz) + w (310)
1
(B (marmte?y g

This result is utilized in the comparisons which follow.

3.2.3 Efficiency Comparison

The analytical efficiency expression of the conventional direct drive model (3.10)
shows that the efficiency depends on several parameters. It is inversely proportional
to the load damping B, the square of the system inertia (mg + m;)? and the square
of the operating frequency w?. Thus the efficiency will drop as the load damping,
the system inertia or the operating frequency become larger. Moreover, in the case
of a relatively large damping load, which is our target operating condition, we can

(mg+my)2w?
B

approximate the efficiency by omitting the term , yielding

1
+1

(3.11)

Ndirect drive =~
T

Thus, in this case the efficiency is inversely proportional to the ratio of the load
damping value to the actuator quality factor % In contrast, the efficiency of the pulse
drive model in (2.26) shows that the efficiency is independent of the load damping
value or the load inertia. However, if we were to have the spring maneuvering different
loads to similar amplitude over the same time scale, the time constant defined by

T = % needs to be kept roughly constant. Thus the chosen spring constant needs to
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be proportional to B. By replacing £ = 7B into (2.26), we obtain

1
Toulse drive = 1.434\/7Bmg 1
r

(3.12)

Hence the pulse drive efficiency is inversely proportional to the ratio of @. We
compare the two efficiency expressions from two perspectives. On the driver side,
an actuator with a high actuator quality factor is desired to achieve high efficiency
in the conventional drive whereas the ideal actuator for the pulse drive is one with
not only a high actuator quality factor but also a low inertia. On the load side, the
load damping plays a less significant role on the pulse drive efficiency, which is on the
order of v/B, compared to the conventional drive efficiency, which is on the order of
B. As the load increases, the efficiency of the pulse drive decreases at a slower rate
than the efficiency of the conventional drive. Therefore, by choosing an actuator with
a high motor quality factor and a low inertia, our new pulse drive has the potential
to achieve higher efficiency than the conventional drive with a high impedance load.

A case study with simulation results is shown in the following section which shows

these tradeoffs.

3.2.4 Case Study and Simulation Results
Simulation Methodology

We construct a Simulink model (Figure 3-4) to simulate the dynamics of the pulse
drive based on (3.1) and (3.2). The actuator is modeled based on the specifications of
the MAXON RE 25 permanent magnet brushed DC Motor with part number 118745.
The specifications are summarized in Table 3.1. The same DC motor is also used in
our first hardware demonstration described in Chapter 4. Four load damping values
are chosen in which the lowest one is equal to the motor quality factor K j% /R, and the
highest one is eight times as large. The overall cycle frequency f and load amplitude
Auoaa are selected to be 1 Hz and % to mimic actual robotic fish movements. As we

have pointed out from the previous section, under the same time constraint, the spring
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Figure 3-4: Simulink diagram for pulse drive.

Made

Model

£ (W)

K, (Nm/A)

R (©)

J (kgm?)

I' (Nms/rad)

Maxon

118745

10

0.0357

16 1079

2.55 x 10~4

Table 3.1: Maxon RE 25 brushed permanent magnet DC motor specifications. The

notation P, stands for rated output power.

constants are proportional to load damping value. After some preliminary trials, the

spring constant for the four cases are selected as 0.0011 Nm/rad, 0.0022 Nm/rad,

0.0044 Nm/rad and 0.0088 Nm/rad.

We also wrote a Matlab script to numerically simulate the direct drive process with
the ODE 45 solver based on (3.3). The same driver motor ; load values and oper-

ation conditions are incorporated in the simulation. The simulation parameters are

summarized in Table 3.2.

Cases | k (Nm/rad) | B | Ajpea (rad) | w (rad/s) | w/w, | f (Hz)
0.0011 | T /2 36.5 1.1 1
2 0.0022 2r /2 36.5 1.1 1
3 0.0044 4TI /2 36.5 1.1 1
4 0.0088 8T /2 36.5 Lel 1

Table 3.2: Simulation parameters for the pulse direct drive and the conventional
direct drive. Four cases with different load damping values are simulated with the
lowest damping value equal to the driver motor quality factor I'. The spring constants

increase proportionally with damping values to match up the time constant.
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Results and Discussion

Figure 3-5 shows a comparison between the theoretical and simulated pulse drive
efficiencies of Case 1 at different normalized pulse speeds ;U“—’; in which the theoretical
efficiencies are calculated from (2.22). Both results show similar behaviors where the
efficiency reaches a maximum value at a pulse speed close to the natural frequency of
the spring-inertia system. The simulated efficiency has a peak of 87% at w = 1.1w,
while the analytical expression predicts the peak to be 84% at w = 1.2w,. Overall,
the optimal pulse speed simulation validates the usefulness of (2.22) and (2.26) in
predicting the pulse drive efficiencies. We postulate that the slight shift of the op-
timal pulse speed and the small gain of efficiency in the simulation results might be
the combined consequences of the dynamics of the damper at the beginning of each
actuation cycle and the spring recovery energy from previous cycles which are not
modeled in the theoretical analysis.

To verify this hypothesis, we carried out two additional simulations. In the first simu-
lation, we keep the load equal to I but change the overall cycle frequency to 0.1 Hz so
that the load displacement eventually catches the driver displacement and the recov-
ery energy from the spring is minimal. In the second simulation, we change the load
to 2I" along with a cycle frequency of 0.1 Hz, so that the dynamics of the damper
during the pulse period are reduced. The displacement profiles and the efficiency
results for the two cases are shown in Figures 3-6 and 3-7, respectively. Without the
recovery energy from the spring, the difference between the simulated peak efficiency
and the analytical calculation is within 1%. Moreover, with the increased damping,
the simulated efficiency profile more closely resembles the analytical profile.

Upon verifying the relation between the efficiency and the pulse speed in simulation,
we simulate the pulse drive process at the simulated optimal pulse speed w = 1.1w,
and the conventional direct drive at the same cycle frequency. A sample displacement
profile of one operating cycle in Case 1 is shown in Figure 3-8. The efficiency results
are summarized in Table 3.3 and visualized in Figure 3-9. In the table, Pp is the

average mechanical output power for the pulse drive and Pp is the average mechan-
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Figure 3-5: Plots of the pulse drive efficiency at different normalized pulse speeds
w/w,. The simulation indicates a peak efficiency of 87% at w = 1.1w, while the
analytical derivation predicts the peak efficiency to be 84% at w = 1.2w,,.
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Figure 3-6: Plots of the displacement profile at 0.1 Hz cycle frequency for loads of
1T and 2 . With the same spring, a larger load yields a slower time response. In
addition, the initial load movement during the pulse phase is reduced at the larger

load.
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Figure 3-7: Plots of the pulse drive efficiency at 0.1 Hz cycle frequency. With such
low cycle frequency, the effect of recovery energy at the beginning of each cycle is
minimized, thus the simulated efficiency results are closer to the analytical predictions.
Moreover, the simulated efficiency results with larger load are closer to the analytical
predictions because of the reduced effect of load dynamics during the pulse phase.

ical output power for the conventional direct drive. The subscript notation p, p,
and ; respectively represent for the pulse drive, the conventional direct drive, the
theoretical results and the simulation results. In each case, the output power levels
are similar for both drive cases, demonstrating that the pulse drive is able to produce
a similar propulsion power to the load.

Overall the simulated efficiency results confirm previous analytical calculations. The

simulated efficiencies for the pulse drive are only 3% higher than the analytical in all

Case | Pp(W) | Pp(W) npt 7NP,s 7Dt ND,s
1 0.0139 | 0.0127 | 84.27 % | 87.25 % | 49.95% | 49.93%
2 | 0.0284 | 0.0254 | 79.12 % | 82.49 % | 33.33% | 33.32%
3 | 0.0580 | 0.0510 | 72.82% | 76.41% | 20.00% | 20.00%
4 0.1176 | 0.1017 | 65.46 % | 69.00 % | 11.11% | 11.11%

Table 3.3: Simulated power level and efficiency comparison of the pulse direct drive
and the conventional direct drive for different loads. Here P, is the output power
for the pulse drive and Pp is the output power for the conventional direct drive.
The subscript notation p, p, ; and , respectively represent for the pulse drive, the
conventional direct drive, the theoretical results and simulation results. In each case,
the power level is similar for both drive cases. The efficiency is also plotted in Figure
3-9.
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Figure 3-8: Plots of simulated trajectories of the pulse direct drive and the conven-
tional direct drive in Case 1. The peak-to-peak load displacement of the two drive
cases are both approximately 7 radians.
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Figure 3-9: Efficiency comparison of the pulse direct drive and conventional direct
drive at different load damping values. For both drives, the efficiency drops as the
load increases. The pulse direct drive shows a significant efficiency gain over the
direct drive in all cases. The efficiency improves from 50% to 85% at the lowest load
and from 10% to 65% at the largest load.
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cases while the conventional drive results remain very close. In each case with similar
load amplitude and load power level, we observe significant efficiency gain by choosing
the pulse drive over the conventional drive. In addition, the efficiency loss due to an
increased load is less significant for the pulse drive than the conventional drive. Such
observations can be explained by comparing the two efficiency expressions of (3.12)
and (3.11) in Section 3.2.3. With the same motor specs and cycling frequency, the
pulse drive efficiency is decreasing at the rate of v/B while the conventional direct
drive efficiency is decreasing at the rate of B. Therefore, the efficiency of the pulse

drive drops more slowly with B than the conventional drive.

3.2.5 Short Summary

We model and simulate the pulse drive with direct connection as well as the con-
ventional direct drive. The simulated efficiency results agree well with analytical
calculations. The pulse drive efficiencies are at least 30% higher than the conven-
tional direct drive in the chosen simulation scenarios. We also conclude that the
pulse drive efficiencies are less sensitive to load variations so that it might be more

power efficient for large damping load maneuvering tasks.

3.3 Effects of Adding Gearbox Transmission

3.3.1 Gearbox Modeling

Gearbox transmissions are widely used to change the input to output speed, torque
ratio and rotational directions. They usually consist of several rotational and/or
stationary gears meshing, as well as with lubrication added. A common application
in robotics is to magnify the output torque by reducing the output speed. With a
total gear ratio of N, input speed w;, and output speed w,,: have the relationship
i = N, Assuming a single value estimated power efficiency, the power transfer

Wout

equation is 1y Py, = Py, where 0 < 7y < 1. Thus, with power being the multiplication
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of rotational speed and torque, the instantaneous torque transfer equation is

Tout = Ungﬂ = 77g‘]\/vczjm (313)
w

out

3.3.2 Literature Search on Gearbox Efficiency

The efficiency of gears and gearboxes has been studied extensively. For example,
Dudley’s gear handbook lists gearbox loss from three sources, the gear meshing loss
P;, the bearing loss B, and the windage loss P, [25] (Chapter 12.5). The percent
power loss P, due to the gear meshing is given as

1-':—]’:92 + Ht2
H;+ H,;

_ 50f
L cos ¢

( ), (3.14)

where f is the average coefficient of friction, ¢ is the pressure angle, Hy is the specific
sliding velocity at start of approach action and H; is the specific sliding velocity at
end of recess action. Both H,; and H, are proportional to the rotating velocity. As a
result, P; is proportional to the rotational velocity. The bearing loss F; is proportional

to the rotational speed which is given as

_Tn
63000

j2) (3.15)

where Py is in the unit of horsepower, T is the torque loss per bearing in the unit of
Ib-in and n is the rotational speed in the unit of rev/min. The windage loss P, is
proportional to the third order of rotational speed which is given as

TL3 DSLO.S

P, = T (3.16)

where P, is in the unit of horsepower, n is the rotational speed in the unit of rev/min,
D is the diameter of rotating element and 1 is the length of the rotating element.
Such result shows that the gearbox loss is velocity dependent. Michaelis et al studies
the gearbox efficiency for automotive applications and identifies four sources of power

loss: gears, bearings, seals and auxiliaries [17]. The loss from gears and bearings
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can be further categorized as no-load power loss and load-dependent power loss. The
power loss in the gears also depends on the immerse depths of the lubrication.

For the efliciencies of commercial gearboxes, most manufacturers, such as Maxon
and Faulhaber only provide a single gearbox efficiency value which is the maximum
efficiency measured during testing as a reference [5][4]. However, under different
operating conditions, the efficiency can vary. A study on the gearhead efficiency
using 16 mm planetary gears with a reduction ratio of 134:1 shows that the gearhead
efficiency rapidly drops to near zero at very low load torque [14]. As the torque
increases, the gearhead efficiency increases and approaches to a maximum efficiency
of about 70% [14]. Similar results are obtained from a study conducted by Neugart
which is a company specialized in servo gearhead manufacturing [2]. The study also
shows that with the same output torque and same input speed, the gearhead efficiency
decreases as the gear ratio increases.

As a short conclusion from the literature search, we find that there are several sources
of loss in the gearbox, and the losses depend on many factors such as speed and
output torque. However, due to the complex nature of the gearbox system and
various designs by different manufacturers, we are unable to find any established
complete model for the gearbox efficiency. Therefore, in our analytical derivation and
simulation, we use the single maximum efficiency value as a starting point. In later
chapters with experimental data, we fit a simple gearbox torque model and calculate

the corresponding efficiency.

3.3.3 Analytical Efficiency Expression for the Pulse Gear

Drive

We adopt the same linear translation model and actuation method described in Sec-
tion 3.2 to derive the efficiency expression with gearbox transmission. We assume
that z;, is the displacement at the output end of the gearbox. Thus the displacement
at the gearbox input (motor input) is Nz, as a result of the gear ratio N. Here

N > 1 indicates a speed reduction from input to output. In the rapid pulsing period,
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the force balance becomes the following

Ne(Kfi — mNiy,) = N : (3.17)

where 7, is the gearbox efficiency. As before, we assume that the load rotation is fixed
during the pulse actuation due to a large damping. By substituting the displacement

profile from (2.16), the current is calculated as

1 A 1 — coswt)k
i = Kf(Zme cos wt + il nzj(;sw ) . (3.18)
The energy loss due to actuator coil resistive heat loss is integrated to be
R A mmkw 3rk?
Wiess = | R dt = *N*w® — . 3.19
loss /0 K2 ( ) [2 m Mg + 2N277:g2w] ( )

Therefore, the pulse drive fractional energy efficiency with the gearbox becomes

n = I/Vuseful _ 1 (3 20)
Wuseful + Wloss 27}% [m2]2VI:w3 - % + ZN%I:]gw] +

1
Mg
Note that the efficiency has a similar relationship with w compared to (2.22). By

going through the same process of finding the global minimum of the denominator,

we determine the optimal trajectory speed to be

W,
Woptimar = 1.178 , (3.21)
N, /14
and the optimal efficiency is
1
; . 3.22
Toptimal = 0.0127 7k K2 N(\/ﬁ \/— + 1 ( )

Equation (3.22) indicates that with the gearbox transmissions added, the efficiency
also depends on the gear ratio NV and the gearbox efficiency n,. Higher N increases

Toptimal- HOWever, the gearbox efficiency 7, will decrease at higher N which can lower
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the overall efficiency. In addition, higher N also reduces woptima which will make

pulse drive inapplicable in some cases due to the slow pulse trajectory frequency.

Therefore, there are tradeoffs for the gear ratios which will be explored further with

simulations in Section 3.3.5 and with hardware experiments in Chapter 5.

3.3.4 Analytical Efficiency Expression for the Conventional

Gear Drive

To compare the efficiency of the pulse gear drive to the conventional gear drive, we

add the gearbox transmission to the direct drive model presented in Section 3.2.2 and

derive the corresponding efficiency expression. With a gear ratio of N, the equations

of motion become _
) . BY

The heat dissipation due to current in the motor coil is

- A%« wB?
Wi :/ i’R dt = —(=N*wJ? + .
R or 2 N2ng2)

The useful work done by the load damper is

w

. rA’B
Woseful = / B#? dt = )
0 Sw
Therefore the efficiency is calculated as
n= Wuse ful _ 1
o Wuysepur L ( N2w2J? B 1°
I/Vloss"{_ Mg l f( % +N2_779)+%

(3.23)

(3.24)

(3.25)

(3.26)

The efficiency expression for the conventional gear drive has the same tradeoff with

(3.10), with the damping B being scaled down by a factor of N2.
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No. of Stages | Typical N | Typical Listed Efficiency | Chosen Efficiency
1 2~5 85% ~ 90% 85%
2 6~ 25 70% ~ 80% 70%
3 26 ~ 125 60% ~ 70% 60%

Table 3.4: Typical planetary gearbox efficiency values and range of gear ratios for
each stage by Maxon and Faulhaber [5][4].

3.3.5 Simulation Results
Gear Efficiency Assumptions

Since it is not easy to accurately model the gearbox efficiency in terms of speed and
load, we use the single figure maximum gear efficiency specified by the manufacturers
as the efficiency value in the simulation. The typical efficiency values and range of
gear ratios for one-stage to three-stage planetary gearboxes from manufacturers such
as Maxon and Faulhaber are summarized in Table 3.4 [5][4]. Note that the cut off
gear ratio between each stage is conveniently chosen for our simulation purpose and
the actual gear ratios in each stage can vary depending on individual design. The
lower end of the efficiency range is picked as the efficiency value used in simulation
for two reasons. One reason is that we want to be conservative in the simulation and
the other reason is that the actual gearbox efficiency will be lower than its maximum

efficiency at different loads and speeds.

Preliminary Results on Efficiency Tradeoffs

As mentioned in Section 3.3.1, a higher gear ratio N don’t necessarily lead to higher
efficiency for the pulse gear drive. Longer pulse period and lower gear efficiency will
compromise the overall performance. To explore the tradeoff, we scale (3.22) using
the Maxon 118745 DC brushed motor specifications and calculate the efficiency and
the pulse period under various load damping values and gear ratios. The pulse period
is calculated as tpyse = m/w. The load damping value B is varied from 1T to 16T and
the gear ratio N from 1 to 25. Note the case of V = 1 corresponds to no gearbox. The
results are summarized in Figure 3-10. At the smallest load, the highest efficiency is

obtained with the direct connection as it is not affected by the gearbox efficiency. At
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larger load, the highest efficiencies are obtained with the highest gear ratio of one-
stage gearbox. Efficiencies with two-stage gearbox in all cases are limited by the 70%
gearbox efficiency. Time wise, we consider 0.2 s as the upper limit of pulse applying
period if we are to maneuver a load at 1 Hz as might be the case in robotic fish
tail actuation. The majority of a one-stage gearbox cases satisfy the time constraint
except for a few cases with small load. For two-stage gearboxes, only the cases with
lower gear ratios and larger load fall into the range. However, the efficiencies in those
cases are much lower than the corresponding one-stage gearbox cases. In a short
conclusion, we learn from the preliminary results that one-stage gearboxes with the
highest gear ratio are better options for the pulse gear drive and the corresponding

efficiencies are higher than those with no gearbox or two-stage gearboxes.

Simulation Results with One-Stage Gearbox

We modify the Simulink model shown in Figure 3-4 to simulate the pulse drive process
with the gearbox transmission. The driver motor is modeled using the Maxon 118745
DC motor specifications. The gear ratio is set at N = 5 which is the maximum one-
stage gearbox ratio specified in Table 3.4. The simulation covers a wide range of load
damping value B from 4I" to 321" where I is the actuator quality factor of the driver
motor and the spring constant & is chosen accordingly to match the spring damper
time constant. The pulse speed is chosen to be 0.95 we, based on the optimal pulse
speed analysis presented in Figure 3-11. Here w,, is defined as the equivalent natural

frequency of the spring and the gearmotor inertia that it is scaled down by the gear

1 /k
weq = -]\7\/; (327)

The overall cycle frequency is kept at f = 1 Hz. We also simulate the conventional

ratio

gear drive process (no spring) with the same operating conditions at N = 5 for
one-stage gearbox and N = 25 for two-stage gearbox with the ODE 45 solver. The
simulation parameters are summarized in Table 3.5. Figure 3-11 shows the optimal

pulse speed analysis for Case 1. The simulation results indicate that the maximum
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Figure 3-10: Plots of (a) the pulse gear drive efficiency and (b) the pulse period, at
various load damping values and gear ratios. Note that the efficiency drops at N = 2
and N = 6 correspond to the change in gear efficiency from no gearbox to one-stage
gearbox, and from one-stage gearbox to two-stage gearbox. At 1I' load, the highest
energy efficiency is obtained with direct connection while for larger load the highest
energy efficiencies are achieved with the highest gear ratio of the one-stage gearbox.
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Cases B k (Nm/ra‘d) Aload w/weq f (HZ) Npulse Nconventitmal
1 4r 0.0044 = 0.95 1 5 5 and 25
2 |8 | 0.0088 T 170.95 1 5 | 5and25
3 16T 0.0176 o 0.95 1 5 5 and 25
4 32T 0.0352 = 0.95 1 ) 5 and 25

Table 3.5: Simulation parameters for the pulse drive and the conventional gear drive.
The pulse drive is simulated with both direct connection and with a one-stage gearbox
N = 5. The conventional gear drive is simulated with both one-stage gearbox N =5
and two-stage gearbox N = 25. Four loads are selected with damping ranging from
41" to 321" where I is the driver motor quality factor.
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Figure 3-11: Plots of energy efficiency of the pulse gear drive with one-stage gearbox N
= 5 and a load of 4" at different normalized pulse speeds w/we,. The simulation shows
that the maximum efficiency 81% is achieved at w = 0.95w,, while the analytical
derivation indicates that the maximum efficiency 79% is obtained at w = 1.15w,,.

efficiency is obtained with w = 0.95w,,, 15% lower than the analytically obtained
optimal speed w = 1.15w,,. The maximum efficiency in simulation is approximately
2% higher than the analytical calculations. Overall we consider that the simulation
agrees with the analytical calculation and that the discrepancy is likely due to the

combined results of the dynamics of the damper and the recovery energy of the spring.

Figure 3-12 summarizes the efficiency results for the pulse gear drive, the pulse direct
drive and the conventional gear drive at different loads. For each set of data, the

simulation efficiency matches the analytical calculations within a difference of about
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Figure 3-12: Plots of energy efficiency at different loads for the pulse direct drive, the
pulse gear drive with one-stage gearbox N = 5, the conventional gear drive with one-
stage gearbox N = 5 and the conventional gear drive with two-stage gearbox N = 25.
For each set of data, the simulated results match with the analytical predictions
within 3% in value. We observe that the pulse gear drive is the most efficient drive
for all loads.

3% in value. For all load levels, the pulse gear drive has the highest efficiency. With
the same one-stage gearbox, the pulse gear drive is only 6% more energy efficient than
the conventional gear drive at the smallest load of B = 4I". But the efficiency gain
increases with B. At B = 32T, the efficiency gain becomes as large as 35%. Similar
to the case of no gearbox, the efficiency for the pulse gear drive drops at the rate of
v/ B whereas the efficiency for the conventional gear drive drops at the rate of B. It
is also worth noting that the pulse direct drive efficiency is still slightly better than
the one-stage conventional gear drive in all scenarios. However, in the cases with the
second-stage gearbox, the efficiency of the conventional gear drive stays at almost a
constant level of 66%, which is only 5% lower than the pulse gear drive efficiency at

the highest load level.

3.3.6 Short Summary

We model and simulate the pulse drive process with a gearbox transmission added as

well as the conventional gear drive process. The simulation results indicate that a one-
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stage gearbox transmission is the best option for the pulse drive. It can achieve higher
efficiency than the pulse direct drive. However, with the assumption made in this
simulation, the pulse gear drive is only slightly more efficient than the conventional
gear drive, as the conventional drive with one-stage gearbox is relatively efficient at
lower load levels, and the conventional drive with a two-stage gearbox is relatively

efficient at higher load levels.

3.4 Effects of Adding Crank-Shaft Transmission

3.4.1 Purpose of Adding Crank-Shaft Transmission

An important assumption we have made in previous sections is that we assume a
perfect active latch mechanism which can hold the driver shaft without energy dis-
sipation during the spring to output work cycle. However any form of active latch
requires some supplied energy in the real world. In addition it will take extra effort to
design such a latch and integrate it into the system. Thus we explore the possibility
of designing a passive latch mechanism with no energy consumption. The crank-shaft

transmission presented below is one possible design.

3.4.2 Modeling and Assumptions

Figure 3-13 is a schematic of the crank-shaft transmission design. The center of the
crank arm is attached to the actuator shaft while the end point C' is connected with
the linear spring. At the lowest point C’ and the highest point C”, the moment
of the spring force on the crank arm is zero because the moment arm direction is
aligned with the force direction, creating two passive kinematic latch points which we
can take advantage of. At those two points, the spring force is carried solely by the
motor/gear bearings. In a half work cycle, the crank arm is actuated rapidly from C’
to C”, causing a rapid expansion of approximately Az, = 2r in spring. In an ideal
scenario, without actuating torque, the crank arm is self-latched by the servo motor

at point C” at which point the spring gradually drives the damper in the z direction.
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To analyze the efficiency with the crank-shaft transmission, we make the following

assumptions:

The damper value is large enough so that it creates a significant phase lag to

the rapid spring extension;

The motor torque is proportional to the input current T = Kyi;

The length of the spring is much larger than the length of the crank arm L > r,

thus the spring angle relative to the vertical axis 5 is approximately zero;

The spring is massless;

The power loss in the actuator coil is the only source of energy loss;

3.4.3 Analytical Efficiency Expressions

In this analysis, a half period sinusoidal pulse displacement trajectory is applied to

the actuator shaft

0= 5 — 5 COS ’wt, (328)
with velocity
= gw sinwt, (3.29)
and acceleration
b= ng cos wt. (3.30)

The required torque is calculated from the equation of motion
T = Ky = Jinf + kALrsina, (3.31)

where AL is the change in spring length. We define z;, as the displacement of the

projection of point C along the x axis. Thus z;, and 8 have the following relation

Tip, = T — TC0S0. (3.32)
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Figure 3-13: Schematic of the pulse drive with crank-shaft transmission. The lowest
point C” and the highest point C" are the two latch points where the moment of the
spring force is zero. During the pulse phase, in a half cycle, the crank arm rotates
rapidly from C’ to C”, expanding the spring approximately Axz;, = 2r. Then the
arm is self-locked by the servo motor at C” and the spring transfers the energy into
the load.
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With the assumption of L > r, it is seen that 8 ~ 0 and o ~ 6. As a result we
can assume AL ~ z;,. By replacing AL with (3.32), the current has the following

expression

|
1= —

(JinB + k27 sin ). (3.33)
K

The energy loss is calculated by integrating the power loss over the pulsing period

ks

w R (%
Wioss = / PRIt = — / (EJ,-an coswt + k(r — rcos§)rsin §)? dt
0 KiJo 2

(3.34)
= E(W—BJ- 2w — 0.4471 7 Jwkr® 4 1 3991%4)
- Kt2 8 m . m M w *
The useful energy is given by the potential energy stored in the spring
1 2 2
Wuseful = 5]%’(27") = 2kr”. (335)
Therefore the fractional energy efficiency is calculated as
W’LLSE U 1
n ful - (3.36)

 Wioss + Waserur 1+ £(1.9382%% — 0.702Jw + 0.700%2)

Similar to (2.22) and (3.20), we calculate the global minimum of (3.36) and derive

k
Woptimar = 06424 /Tr, (3.37)

the optimal trajectory speed

and the optimal efficiency

1 1
optimal — = . 3.38
Hortimal = S ko + 1 BB /RT + 1 (3.38)

The efficiency expression is dependent on Vk, /T and 1 /T which is quite similar to
(2.26) which is the efficiency expression without the crank-shaft transmission. Thus
adding the crank-shaft transmission does not alter the tradeoff among the spring,

motor inertia and motor quality factor. In the next section we will simulate the
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Figure 3-14: Rotary damper in a translational system. The linear damper B; is
modeled as a rotary damper B, with a moment arm 7.

efficiency and compare it to the efficiency of the pulse drive without transmission.

3.4.4 Simulation Results

Simulation Methodology

We modify the Simulink model shown in Figure 3-4 to simulate the dynamics of the
pulse drive with the crank-shaft transmission. The driver motor is modeled with the
same Maxon DC motor specifications used in Section 3.2. The length of the crank
arm 7 is set to be 0.01 m. Since it is a translational system, we model the linear load
damper B; as a rotary damper B, with a moment arm 7;, as shown Figure 3-14, so
that it has the expression

B,
’f‘lg b

B = (3.39)

We choose the rotary damping B, to have the same value as the driver motor quality
factor I" which resembles the case study of the pulse direct drive. To directly compare
the pulse drive efficiency with and without the crank-shaft transmission, we need the

driver motor and the load rotary damper to have the same peak displacement. In
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Set | r (m) | ry (m) | w(y/k/Jiwr) | ki (N/m) L B, By (Ns/m)
1 0.01 | 0.0064 | 75% — 125% 156.3 10 r 6.23
2 0.01 | 0.0064 90% 156.3 1 —-100 r 6.23
3 0.01 | 0.0064 90% 27.1 - 217.1 10 [' =8| 6.23 —49.80

Table 3.6: Simulation parameters for the pulse drive with a crank-shaft transmission.
Three sets of experiment are carried out to study the effects of pulse speed, the %
ratio, and load damping on overall energy efficiency.

this case with the crank-shaft transmission, the driver motor’s peak displacement
is 7 radians and the linear damper’s peak displacement is 2r where r is the radius
of the crank shaft as shown in Figure 3-13. As a result, we need the peak rotary

displacement of the rotary damper r;,,4 X 7 to match 2r. Thus r; is calculated as

2
r=2L = 0.0064 m.

. (3.40)

Three sets of simulations are carried out. The first set is to verify the relation between
the efficiency and the pulse speed. The pulse speed is varied from 75%woptimar t0
125%Woptimar 1 Which Wepime 18 given by (3.37). The second set is to investigate
the effects of varying the ratio % on efficiency since we have made the assumption of
L > r for efficiency derivation. The third set is to compare the efficiency of the crank-
shaft transmission to the efficiency of no transmission with the same load amplitude

and power level conditions. The simulation parameters are summarized in Table 3.6.

Effects of Pulse Speed and % Ratio

Figure 3-15 shows the efficiency results at different pulse speeds. Overall the simula-
tion results agree well with the theoretical results. The simulation indicates a peak
efficiency of 82.7% at w = 0.57\/—%:7’ which are 105% and 90% of the analytical
predictions, respectively. Similar to the case without the crank-shaft transmission,
we believe the difference to be from the dynamics of the damper and the recovery

energy in the spring. Figure 3-16 shows the efficiency results at different % ratios

at the simulated optimal pulse speed. The efficiency remains almost the same with
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Figure 3-15: Plots of energy efficiency of pulse drive with crank-shaft transmis-
sion at different pulse speed. The maximum efficiency by simulation is 82.7% at

w = 0.57 J%'r. The maximum efficiency by analytical derivation is 81.8% at
_ k
w=0.644/7-7.

the ratio beyond 2. At the ratio of 1, the simulated efficiency only drops by 2.3%.
Therefore, we conclude from the first and second sets of experiments that even with
the assumption of L > r, (3.37) is sufficient to predict the efficiency of the pulse

drive with crank-shaft transmission.

Efficiency Comparison and Discussion

We simulate the pulse drive process both with the crank-shaft transmission in Fig-
ure 3-13 and without the transmission in Figure 3-1 at the four load damper values
described in Section 3.2.4. The driver amplitude for no-transmission pulse drive is cho-
sen as 7 in order to match the crank-shaft transmission case. The load displacement
profiles for the two cases are almost identical, as shown in Figure 3-17, indicating
that we can compare the efficiency results directly. As seen from Figure 3-18, the
efficiency with crank-shaft transmission are consistently lower, from 4.5% lower at
B =T to 6.5% lower at B = 8'. To qualitatively understand the cause for the drop
in efficiency, we analyze the simulated current, voltage and power in both cases with

B =T (Figure 3-19) and discover two possible causes. The root-mean-square current
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Figure 3-16: Plots of simulated energy efficiency of pulse drive with crank-shaft trans-
mission at different L/r ratios. The efficiency remains almost the same with the ratio
beyond 2. At the ratio of 1, the simulated efficiency only drops by 2.3%.

for the crank-shaft transmission case is 0.0184 A, 20% higher than 0.0153 A for the
no transmission case, meaning that adding a crank-shaft transmission increases the
torque level required to deliver the same amount of energy, and thus increases the
resistive heat dissipation. It is also noticed that braking current is present with the
crank-shaft transmission case, indicating that the torque by the linear spring at the
end of the pulse is insufficient to slow down the motor inertia. Even though we count
the recovered kinetic energy as useful energy, the additional negative current input

leads to extra resistive heat loss.

3.4.5 Short Summary

We model and analyze a crank-shaft transmission design for the pulse drive. The
simulation efficiency results confirm the analytical modeling. The crank-shaft trans-
mission efficiencies are then compared to the no transmission efficiencies at the same
load amplitude and power level. Even though adding such transmission lowers the ef-
ficiency because of a higher torque level and additional breaking current, such design
has the advantage of a passive latch mechanism which eliminates the need for a sep-

arate latch. In addition, if we count the energy loss on a separate latch mechanism,
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Figure 3-17: Plots of the pulse drive load displacement for the two cases. Simi-
lar displacement can be achieved with the addition of the crank-shaft transmission
compared to the pulse drive without transmission.
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Figure 3-18: Plots of the energy efficiency for the pulse drive with and without a
crank-shaft transmission at different loads. The drive without the transmission is
consistently more efficient than the drive with transmission for the selected profiles.
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Figure 3-19: Plots of (a) current, (b) voltage and (c) power for the pulse drive with
and without a crank-shaft transmission at the same load. The maximum current and
voltage are similar for the two drives. However, negative braking current is observed
in drive with a crank-shaft transmission which leads to additional energy dissipation.
The maximum power of the drive with a crank-shaft transmission is almost twice as
high as the drive without the transmission.

the two cases may have equivalent efficiencies. Also, other trajectory profiles may
increase the efficiency. However, within the time frame of this thesis, we don’t have a

chance to construct any hardware demonstration with the crank-shaft transmission.

3.5 Exploration of Different Trajectory/Force Pro-
files

3.5.1 Overview

In previous sections, we have calculated the efficiency with the assumption that the
driver motor is given a half sinusoidal position pulse trajectory. In this section, we
briefly explore the effects on efficiencies by using different trajectory and force(torque)

profiles to see if a more optimal trajectory might be more efficient.

3.5.2 Pulse Drive with Shorter Pulse Force

In this section, we analyze the simple translational spring-inertia system with the
scenario in which a step force F' is applied for At seconds and then ceases before the

inertia reaches its maximum displacement. A quick force and displacement plot is
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Figure 3-20: Force and displacement trajectory schematic for the pulse drive with
shorter pulse torque.

shown in Figure 3-20. The dynamics for Phase I is
mi + kx = F, (3.41)

and for phase II is
mi + kx = 0. (3.42)

By applying the continuity of position and velocity, we derive the expression for final

time ¢; in terms of the force applying period At

ty = At + L sin™H( sin(wn AY)
W, V2(1 — cos(w,At))

). (3.43)

Here w, is the natural frequency defined by \/k/—m The maximum value of t¢ is
7 /w, with At = 7/w, in which case the inertia goes through a regular half sinusoidal
trajectory. The minimum value of ¢y is n/2w, with At — 0 in which case the
inertia goes through a quarter sinusoidal trajectory with a pulse velocity input. Thus

the total pulse period is bounded between /2w, and 7/w,. The fractional energy
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Figure 3-21: Plots of energy efficiency at different normalized pulse period / for the
pulse drive with a shorter pulse force and the pulse drive with a regular dlsplacement
pulse. Pulse drive with a shorter pulse force shows no significant improvement on
efficiency in which its maximum efficiency is 84.78% at t; = 0.877/w, compared to
84.28% at 0.857/w, for the regular pulse drive.

efficiency expression is also derived in terms of At

12 %2(1 — cos(wpAt))
n = = 72 2
/ (i )RAL + 3kA? B8+ L2(1 — cos(wnAt)) (3.44)
1 ;
= kAL ’
Ti=cos(wnam T 1

We compare the efficiency described in (3.44) to the efficiency in (2.22) using the
Maxon 118745 DC motor specifications as a reference and plot the efficiency values
on the same graph (Figure 3-21). The efficiency with shorter force period reaches a
maximum value of 84.78% at ¢t; = 0.877/w, and At = 0.747 /w,, while the efficiency
with a regular displacement pulse has a maximum value of 84.28% at 0.857/w,. As a
result, we conclude that the efficiency gain brought by applying a shorter force(torque)
period is negligible and the efficiency value is very sensitive to At. Thus the regular

displacement pulse is preferable.
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Figure 3-22: Schematic of the deadzone drive. During Phase I, the mass is detached
from the spring and accelerated alone. During Phase II, the mass hits the spring and
they travel together until the velocity decreases to zero.

3.5.3 Exploration of a Deadzone Pulse Drive

Description of the Deadzone Pulse Drive

In the fundamental tradeoff analysis, we show that it is the inertia that limits the
energy transfer efficiency and pulse time. In this section, we provide a solution in
theory seeking to break this tradeoff and minimize the effects of inertia. Such a
solution is named the deadzone pulse drive which we store the energy in the inertia
first, then transfer the energy into the spring. As shown in Figure 3-22, during
Phase 1 of the pulse period, the mass is detached from the spring and accelerated
alone. During Phase I, the mass hits the spring and they travel together until the
velocity decreases to zero. Since the spring is assumed massless, we assume that no
energy loss occurs during the collision, although this assumption will be challenging
in real hardware. With such a deadzone drive, we are able to improve the efficiency
of “charging” the inertia without harming the efficiency of “charging” the spring by

accelerating the inertia over a longer period in Phase I.
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Modeling and Analytical Expressions

We assume that the same constant force F' = K is applied to m, for both Phase I
and Phase II. With the assumption of z; ~ 0, the resulting trajectory z4(t) is parabolic

in Phase I and sinusoidal in Phase I1

F
t) = 0.5—t’ 4
ralt) =052, (3.45)
Za2(t) = Asin(wyt) + B cos(w,t) + C, (3.46)

where w,, is the natural frequency defined by 1/k/my and A, B and C are generic

constants. We define the following parameters in order to calculate the efficiency

xp is the total driver displacement during Phase I,
Ty is the total driver displacement during Phase II,
t; is the pulse time during Phase I,
ty is the pulse time during Phase II,

n is the displacement ratio xge/zg.

We assume the coil resistive loss is the only source of energy loss and the energy

stored in the spring is the useful work

F
I/Vloss - (?)QR(tQ + tl)v (347)
f
1 2
Wuseful = gka . (348)

As a result, the fractional energy efficiency is

Wuseful 1

N _ 3.49
eadzone Wuseful + Wipss %2—;2) +1 ( )
f

Note this equation contains several variables t1, t5, F', and x,. However, we are able
to reduce the number of variables and express t;, to and F in terms of n and zq
and by taking the following algebraic transformations. Using the trajectory equation

in Phase I, ¢; can be expressed as V2zxamg/F. Since all the work done by F is
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transferred to spring potential energy F'(z; + z5) = %ka:%, F' can be written as

kn
F=—"_ )
An+1) 2 (3:50)

Thus ¢; is further written as

w n?

2 1
b = /Tzama F = =422 (3.51)

By applying displacement and velocity continuity at the instant of collision and energy

conservation in Phase 11

F
$d1(t1) = O.5Et12 = l'dg(O) =B + C, (352)
. F .
$d1<t1) = —tl == fEdQ(O) = Awn, (353)
mq

1 1 1
'Z'mdj:dl(tl)Q = §k$d2(t2)2 — F.I'dg(tQ) = 5]6(142 + BQ) — F\/ AZ -+ BQ’ (354)

we are able to solve A, B and C in terms of F', t1, and t3, and z4(t) becomes

Ft, F F  Ft?

t) = inw,t— — nt+ — . 3.55
Tgo(t) p—” sin w - cosw + - + S (3.55)
Next we obtain a relationship between ¢; and ¢ by setting Z49(t2) = 0
Ft F
Zao(te) = b coswpty + —w,, sinwyt; = 0. (3.56)

my k

By substituting (3.51) into (3.56) and simplifying the equation, we can express £, in

terms of n
1 n+1
ty = — (7 — tan"1(2 >
Wy, n

)). (3.57)
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As a final step, we substitute (3.50), (3.51) and (3.57) into (3.49) and obtain the

deadzone drive efficiency with n as the only variable

1
Ndeadzone = . (3 58)

%(” —tan™!(24/250) 4+ 24/ 25 ) + 1

We perform three quick validation checks for this complicated efficiency expression.
First we set n — oo so that Phase I displacement is zero and it becomes the regular

pulse drive case. The resulting efficiency expression n = is identical to

7\'R \/7+1
(2.22) with w = w,,. Second we set n — 0 so that t; — oc dnd te — w/2. We expect

a unity efficiency because the mass is accelerated over an infinite amount of time.
Indeed, the efficiency expression renders 1 with n — 0. Thirdly we count the order
of n and observe that Ngeqqzone approximately increases on the order of 1/n, implying
that more displacement in Phase 1 can result in better efficiency.

For the case with a gearbox transmission, we derive the deadzone pulse drive efficiency
in the same approach described above with a gearbox reduction ratio /N and a constant

gearbox efficiency 7, as

1
Tldeadzone,geardrive = . (359)

R -1 +1 +1 1
2K;N(n+1)d2(\/%)3 (7T — tan (2 nn2 )+ 9./ )+ n_g_

We also check the validity of (3.59). As n — oo, the efficiency expression is

1
7’, frmmany
2K’2N(\/')3 vk + e

(3.60)

which is identical to (3.20) with w = w,. As n — 0, the efficiency becomes 7, where
the energy loss due to actuator coil resistance approaches zero and the efficiency is

bounded by the gearbox efficiency.

Case Study on Efficiency Gain

We study the same case described in Section 3.2.4 without any transmission. The

theoretical efficiencies and the corresponding pulse time at different n are calculated
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using (3.59) and plotted in Matlab. As can be seen from Figure 3-23, the efficiency
agrees with the regular pulse direct drive efficiency at n — oo. The efficiency ap-
proaches unity and t,,,e — 00 as n — 0. Two specific examples and are given to
shown the advantage by implementing the deadzone drive. Within the pulse time
constraint of robotic fish tail propulsion t,,s < 0.2 s which we define in Section
3.3.5, The efficiency can reach 92.5% at n = 1 with ¢,y = 0.14 s. In addition, we
notice from Figure 3-23 that the increase in pulse time is due to the longer mass
acceleration phase. If we can design a mechanism that allows the mass to accelerate
at the same time when the spring transfers energy to the load, we may have longer
pulse period without impacting the achievable cycle time. For example, we achieve
an efficiency of 99% at n = 0.1 with ty, = 0.7 s.

However, the deadzone drive has several challenges. The biggest challenge is in the
design of the catch-and-release mechanism between the inertia and the spring. On
one hand, a passive element is preferred in the mechanism to minimize additional
energy consumption. On the other hand, the inertia should be kept low because any
added inertia at the spring will increase the energy loss during the catch. Another
challenge is to properly control the timing of each phase and ensure the reliability of
the system. Any deviation from the synchronization, such as the inertia starting to
accelerate before being released, could lead to additional energy loss and potential
damage to the system.

As a short conclusion, we show through theoretical analysis that deadzone drive can
further increase the efficiency. However, due to the time constraint of the thesis,
we haven’t designed any hardware to demonstrate its feasibility. Nevertheless, we

envision the deadzone drive to be a good topic for future work.

3.6 Summary of the Chapter

e A simulation case study on comparing the efficiency of the pulse direct
drive and the conventional direct drive shows that the pulse direct

drive significantly improves the propulsion efficiency.
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Figure 3-23: Plots of (a) calculated efficiency and (b) pulse time of the deadzone drive.
As n, which is the ratio between displacement in Phase II and displacement in Phase
I, gets smaller, both the efficiency and the pulse time increase. With n — 0, efficiency
approaches unity and pulse time approaches infinity. With n — oo, efficiency and
pulse time agree with the regular pulse drive. The pulse time plots show that the
increase in pulse time is due to the increase time in accelerating the mass in Phase I.
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e By adding a gearbox transmission to the pulse drive, we conclude
from the simulation that a one-stage gearbox transmission is the best
option for the pulse drive. The corresponding efficiency is higher than

the conventional gear drive even with higher gear reduction ratios.

e We can add a crank-shaft transmission to create a passive latch mech-
anism. However, such a design slightly lowers the pulse drive effi-

ciency.

e We present a deadzone pulse drive concept and our theoretical anal-

ysis shows that the efficiency can be further improved.
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Chapter 4

Hardware Demonstration of the
Pulse Drive with Direct

Connection

4.1 Design Concept

Motivated by the promising simulation results presented in Table 3.3, we constructed
a quick hardware demonstration to validate the efficiency results for both the pulse
direct drive and the conventional direct drive. The chosen design is a test-stand
using two permanent magnet DC brushed motors in which one motor acts as the
driver and the other as a viscous load. The driver motor is driven by a linear power
amplifier circuit. The driver motor has its electrical terminals shorted and thus acts
as a damper. Figure 4-1 shows the schematic of the pulse direct drive configuration
with a spring connection and Figure 4-2 shows the schematic of the conventional
direct drive configuration with a rigid bar connection. The idea of using DC brushed
motor as a viscous load was suggested by Professor Trumper. As the two terminals
of a DC brushed motor’s are short circuited, turning the motor shaft would generate
an opposing damping torque proportional to its angular speed. The damping value

2
is equal to the motor quality factor I' = %.
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Figure 4-1: Schematic of the pulse drive. Shorted motor is used as a viscous load.
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Figure 4-2: Schematic of the conventional direct drive. Spring is replaced with a rigid
bar.

4.2 Instrumentation and Measurements

A picture of the constructed two-motor test-stand is shown in Figure 4-3. The two
motors are identical Maxon 118745 DC brushed motors. The two motors are mounted
on a machined aluminum fixture with their shaft axes aligned. The left motor is the
driver motor that is driven by a linear current amplifier. The right motor is the
load “damper” motor with its coil short circuited. Both motors are integrated with
a optical quadrature encoder of 1024 pulses at the back end of the shaft for position
measurement and both motor circuits include a series power resistor of 0.1 Q for
current sensing. A coil spring under tension is connected between the two motor
shafts through flexible shaft couplings. The torsional spring constant K, in the unit
of Nm/rad is calculated from the established equation from the Spring Design Manual

by the Society of Automative Engineers [18] (Page 175),

_ Ed*
"~ 64Dn

6 (4.1)

Where

E - Young’s Modulus of the spring material;
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Figure 4-3: Picture of the pulse direct drive hardware demonstration. Two identical
Maxon RE 25 permanent magnet motors are used with the left motor being the driver
motor and the right motor with terminal short circuited as the viscous load.

d - Coil diameter;
D - Spring diameter;

n - Number of active coils.

In this case, the chosen coil spring has a torsional spring constant of 0.0011 Nm/rad
with spring diameter of 4.5 mm, coil diameter of 0.71 mm and 173 active coils. The re-
sulting resonance frequency between the spring and the driver motor shaft is 33 rad/s.
The latch mechanism is not designed in this demonstration; instead we simulate the
latch by holding the driver motor shaft at a fixed position under closed-loop position
control. During this phase, we ignore the resulting power dissipation.

To actuate the driver shaft with the desired displacement trajectory, a position feed-
back control loop is constructed (Figure 4-4), which consists of a National Instruments
PXI Chassis, an analog current control circuit and a linear power amplifier circuit.
The digital control task is performed by the National Instruments PXI-8133e real time
target with a sampling rate of 10 kHz and the voltage input/output task is carried
out by a National Instruments PXI-6259 data acquisition board. The corresponding
LabView Virtual Instruments(VI) can be found in Appendix B. By using an HP35665

dynamic signal analyzer, the crossover frequency of the overall position control loop
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Figure 4-4: Block diagram of the driver motor position feedback control loop.
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Figure 4-5: Measured and modeled loop return ratio of position control loop of the
driver motor. The crossover frequency f. is 60 Hz and the phase margin ¢,, is
60 degrees which are sufficient for the pulse drive operation.

return ratio is measured to be approximately 60 Hz with a phase margin of 60 de-
grees, as shown in Figure 4-5. Note that the crossover frequency is 4 times higher
than the natural frequency of the spring and the driver motor’s inertia. In order to
actuate the DC motor in the torque mode, a current control analog circuit is designed
and implemented with a linear power amplifier to follow the voltage command from
the digital controller (Figure 4-6). The current is sensed by measuring the voltage
across the 0.1 Q) power resistor in series with the motor Viense/i = 0.1 V/A. In the
diagram, the first operational amplifier circuit is a summing junction for calculating
the error between the reference voltage and the measured voltage. The second oper-

ational amplifier circuit is an inverting lag filter with a transfer function of 155+
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Figure 4-6: Diagram of driver motor current feedback control loop. The first op-
erational amplifier circuit is a summing junction for calculating the error between
the reference voltage and the measured voltage. The second operational amplifier
circuit is an inverting lag filter implemented to reject disturbances. The linear power
amplifier has a closed-loop DC gain of 2 and a bandwidth around 1 MHz to pro-
vide sufficient motor power. The current control loop has a crossover frequency of
6800 rad/s and a phase margin of 60 degrees.

implemented to reject disturbances. The linear power amplifier is an existing design
by Dr. Imani Nejad of our lab, which has a closed-loop DC gain of 2 and a bandwidth
around 1 MHz. The current feedback control loop return ratio achieves a crossover
frequency at approximately 6800 rad/s with a phase margin over 60 degrees and a
closed-loop DC gain of 0.1 A/V, which is sufficient for the motor operation in this
demonstration. The electrical connection diagram is shown in Figure 4-7. The driver
motor terminal voltage Vjy, driver motor current sensing resistor voltage Vj, load
motor current sensing resistor voltage Vj; and two encoder signals are monitored by
three analog voltage input channels and two digital counters. Thus the instantaneous

power consumption on the driver motor is calculated as Pyiper = =44 and power

SENSOT

2
consumption on the load motor is Fg = Ys . The energy is then calculated by

RSEHSOT
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Figure 4-7: Electrical connections for voltage, current and position measurements.
The driver motor terminal voltage V;, driver motor current sensing resistor voltage Vy
and load motor current sensing resistor voltage Vs are measured by three differential
analog-to-digital converter (ADC) input channels. The position encoder signals of
the driver motor and the load motor are read by two digital counters. The control
voltage is output from a digital-to-analog converter (DAC) output channel.

numerically integrating the power over time

VaV,

Edriver = /Pdriverdt = /“Mdt, (42)
V2

Eload = /Ijloaddt = ﬁdt (43)

Therefore the fractional energy efficiency is the ratio between the two 7,ecasured =
%ﬁiﬁ- However, we purposely exclude the power dissipation on the driver motor
when its shaft position is held constant to simulate the latch condition. Thus this
portion is not included in the efficiency calculation because we envision that an energy
efficient latch mechanism will replace the control current in real applications.

Seven sets of experiments with different driver motor amplitudes are carried out
for both the pulse direct drive and the conventional direct drive. The trajectory
profiles described in (2.16) and (3.6) are implemented for the two drives, respectively.
The details of the experiments are summarized in Table 4.1. In each experiment,

measurement data are saved for 10 cycles and the efficiency results are calculated

with the total energy on the load and the driver (excluding simulated latch) during
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the entire period. For each amplitude level, two experiments are repeated to get an

averaged efficiency value.

Experiments | w (rad/s) | Agriver (radians) | weyqe (rad/s)
1 38 /2 L.1lmw
2 38 3 /4 1.1x
3 38 T 1.17
4 38 57 /4 L1lx
5 38 3m/2 1.17
6 38 /4 T1r
7 38 2 1.1x

Table 4.1: Experiment parameters of the hardware demonstration. Seven experiments
are carried out with driver amplitudes ranging from 7 /2 radians to 27 radians for
both the pulse direct drive and the conventional direct drive.

4.3 Results and Discussion

4.3.1 Energy Efficiency Comparison

The efficiency results for the seven sets of experiments are summarized in Figure 4-8
in which the efficiencies are compared in terms of load amplitude and cycle power
level. The figure also included the simulation results under the same condition with
a dry friction model which we will discuss in Section4.3.3. For all seven sets of
experiment, the experiment results agree well with the simulation results in which
the efficiencies of the pulse drive are demonstrated to be higher than the conventional
direct drive, from 25% higher at the lowest power level to 30% higher at the highest
power level. However, the efficiency values for both cases are consistently lower than
the theoretical values, believed to be due to the presence of friction in the motor

brush. The effects of friction is explored further in section 4.3.3.

4.3.2 Driver Power, Voltage and Current Comparison

Another important factor usually involved in choosing the right motor drives is the

instantaneous current, voltage and power level. Thus we compare the three levels
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Figure 4-8: Plots of experimental energy efficiencies for the pulse direct drive and the
conventional direct drive: (a) plotted versus load amplitude, (b) plotted versus load
power level. The efficiency increases with amplitude for both drives, due to the less
effect of motor brush friction at higher amplitude. For all scenarios, the efficiencies
of the pulse direct drive are from 25% to 30% higher than the efficiencies of the
conventional direct drive.
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of the two driving methods using data from experiment set 3 where the load power
levels are similar. The corresponding plots are shown in Figure 4-9. The maximum
instantaneous power levels for both cases are similar, approximately at 1 W. The
maximum current level of the pulse drive, which indicates the torque level, is about
ten times lower than that of the conventional direct drive while the maximum voltage
level, which is dominated by the speed level, is four times higher. Thus the pulse
drive is transferring power at a much lower torque level at the expense of higher
speed, which is analogous to the functionality of a speed reduction gearbox. Such an
operation mode explains the efficiency gain obtained from the pulse drive because the
electrical power dissipation in the motor coil resistance is proportional to the square
of the current while the mechanical power output is proportional to the product of
torque and speed. The ratio between mechanical power output to electrical power

dissipation is much higher with high speed and low torque.

4.3.3 Comments on Friction and Other Loss

The major non-ideality in our experiment is the presence of friction which causes
additional power loss. The friction comes from two sources, the dry friction of the
motor brushes and the rolling element friction of the motor bearings. We model
these as Coulomb plus viscous friction. A quick experiment is carried out to estimate
the friction level by giving the motor shaft an initial speed and measuring its open
circuit velocity decay rate in which the friction is the only opposing force. The open
circuit displacement profile is shown in Figure 4-10. Since the motor brush friction
is more significant, we assumed a constant dry friction torque Triction 28 the only
reaction torque in the analysis and fit the curve with a second order polynomial
so that the coefficient of t? term is numerically equal to the value of Ifrgc% The
resulting polynomial is # = 82.94¢* — 87.86¢ — 35.93 and the calculated friction torque
isT = 1.7x 1074 Nm. We then incorporate a simple friction model with the calculated
dry friction torque in the Simulink simulation and the results are shown in Figure 4-8.
The simulation exhibits a similar trend with the measurements that the friction has

less effect on the efficiency as the driving torque becomes higher at larger amplitudes.
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Figure 4-9: Plots of (a) instantaneous power, (b) instantaneous voltage and (c) in-
stantaneous current from experiment set 3 in both drives. The maximum power levels
in both drives are similar, approximately at 1 W. The maximum current of the pulse
direct drive is 0.1 A, about ten times lower than that of the conventional direct drive
while the maximum voltage is 4 V, about four times higher, due to the higher motor
velocity.

86



¢
0

A
=)

|

B

a
T

Motor Displacement (rad)

0 01 02 03 04 05 068 07
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However the simulated efficiencies are consistently 2% to 3% higher than the measured
ones. We postulate that such discrepancy may result from the following sources: 1)
a higher viscous frictional torque at higher speed, 2) other unmodeled loss in the
system such as the inductive loss in the motor coil, 3) differences between the modeled

parameters and actual parameters and etc.

4.4 Summary of the Chapter

e A two-motor test-stand was constructed to demonstrate the idea of
the pulse drive with direct connection and compare its efficiency to

the conventional direct drive.

e The measured efliciencies of the pulse drive are demonstrated to be
significantly higher than the conventional drive at different power

levels in this particular design.

e Through the comparisons of power, current and voltage, we find that
the pulse drive is operating at lower torque but higher speed mode,

leading to better motor efficiency.

e The motor friction is found to be a major non-ideality. The measured

efficiency values agree well with the simulated values after including
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a simple friction torque model in the simulation.
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Chapter 5

Hardware Demonstration of the
Pulse Drive with Gearbox

Transmission

5.1 Design Overview

In Section 3.3, we model and simulate the pulse gear drive process and compare its
efficiency to a conventional gear drive. Since a lot of assumptions are made to model
the gearbox efficiency, it is of interest to experimentally explore the gearbox efficiency
and evaluate the potential of the pulse gear drive. Due to its simplicity in design and
effectiveness in measurement, we construct another two-motor test-stand with a DC
brushed motor with a planetary gearhead as the driver motor and a DC brushed
motor as the rotary viscous load to compare the efficiency of the pulse gear drive and

the conventional gear drive.

5.2 Instrumentation and Measurements

We construct the two-motor test-stand in the same approach shown in Figure 4-1.
Two DC gearmotors manufactured by Faulhaber are implemented as the driver motor.

Both of the gearmotors have the same DC brushed motor but one has a one-stage
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Model F. (W) | K, (Nm/A) |R(Q) | J (kgm®) | T (Nms/rad) | N
FB 1724 2.5 0.0143 162 | 1x107" | 1.26 x 107° 3.7
FB 1724 2.5 0.0143 162 | 1x1077 | 1.26 x 10~ 14

MX 118745 10 0.0357 5) 1x107° | 255 x 107% | N/A

Table 5.1: Motor specifications for the hardware demonstration with gearbox trans-
mission. F, stands for the rated output power of the motor. FB is abbreviated for
Faulhaber and MX is abbreviated for Maxon. The two Faulhaber brushed motors are
the driver motors and the Maxon motor is the load motor.

planetary gearbox and the other one has a two-stage planetary gearbox. The driver
motor is driven by the same linear power amplifier used in previous demonstration.
The same Maxon 118745 brushed motor is used as the load damper. The damper
value is varied electrically by connecting an additional power resistor R; in series with

K?

the current sensing resistor so that the new damping value becomes B, = yT— e
motor

(neglecting the small resistance of the sensing resistor). The specifications of the
three motors are summarized in Table 5.1. Both the driver motor and the load motor
are integrated with quadrature encoders of 1024 counts for position measurements
and series current sensing resistors of 0.1 for current measurements. The electrical
connection diagram for power and position measurements are identical in Figure 4-7.
Coil springs are used in the pulse drive configuration and a rigid bar is in place for
the conventional drive configuration. In this demonstration, the latch mechanism is
not designed but instead simulated by applying a position holding current. On the
driving electronics side, we implement the same position control loop as in Figure
4-4 with different loop tuning parameters for trajectory tracking. The same current
control circuit shown in Figure 4-6 is used for current tracking. The measured position
control loop return ratio has a crossover frequency of 80 Hz and a phase margin of
60 degrees, as shown in Figure 5-1. We take the same approach described in Section
4.2 to monitor the energy efficiency by measuring the driver motor voltage Vj, the
driver current sensing resistor voltage Vy; and the load current sensing resistor voltage
Vis.

Two sets of experiments are carried out. The first experiment focuses on studying

the gearbox loss. However in this case we are unable to separate the gearbox friction
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Figure 5-1: Measured and predicted loop return ratio of the position control loop of
the driving gearmotor. The crossover frequency f. is 80 Hz and the phase margin ¢,,

is 60 degrees.

from the DC motor friction so that the measured frictional torque is actually the
total gearmotor friction. The frictional torques are measured at different speeds and
load levels so that we can gain a better understanding of the frictional loss of the
gearbox/gearmotor under different scenarios and incorporate the results into future
designs. In each test, the test-stand is configured in a conventional drive mode and the
rotational speed of the driver motor w is set to a constant value. The instantaneous
total input power Py, load motor power P4 and the electrical heat dissipation

power Peectricar are measured. As a result, the gearmotor frictional torque T gsnitons 18

calculated as
- Ptota.l - Plaad - Pelectrical (5 1)
w

Tgearloss

The speed is varied from 200 RPM to 5000 RPM at the input end of the gearbox end
and four load levels are chosen: no load, load motor open circuited, 0.5 I'jped motor
and 1 ['oed motor- With the obtained frictional torque data, we fit a simple gearmotor
frictional torque model Teqri0ssmoder t0 the data by assuming that the frictional torque
varies linearly with the speed 9, and with the load T},,q, and with an offset Coulomb

friction ¢, as

Tgearlossmodel = a1jo0q + bg + . (52)
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Here the constants a, b and ¢ are denoted as torque coefficient, speed coefficient and
Coulomb friction coefficient, respectively. Then we simulate the efficiency of the two
drives by incorporating the new frictional torque model in both the existing pulse
gear drive Simulink models and in a new conventional gear drive Simulink model as
shown in Figure 5-2.

The second set of experiments measures and compares the efficiency of a pulse gear
drive with a one-stage gearbox to the conventional gear drive with both one and two-
stage gearboxes at two different load damping levels and various amplitudes. The
load damping Bj,qq is chosen to be 11,04 motor and 0.50'100d motor- In order to relate
the load characteristics to the driver motor, we define T as the ratio between load

damping and driver motor quality ratio,

T = Bload
Fdrivev"

(5.3)

In our experiments, with the two load damping values being 2.55 x 10~* Nms/rad and
1.28 x 10~* Nms/rad, and the driver motor quality factor being 1.26 x 10~°> Nms/rad,
the two resulting T are 20 and 10, respectively. The trajectory profiles described in
(2.16) and (3.6) are implemented for the pulse gear drive and the conventional gear
drive, respectively. The pulse speed is kept at w, = 0.95 w,,, the optimal pulse speed
obtained from simulation, and the overall cycle frequency is chosen to be 1 Hz. In
each scenario, the experiment is repeated to get an averaged efficiency result. The

details of the experiment are summarized in Table 5.2.

5.3 Results

5.3.1 Results of Gearmotor Frictional Torque Study

Figure 5-3 shows the gearmotor frictional torque at different speed and load levels.
In order to directly compare the frictional torque for the two gearmotors, we map
the frictional torque to the output end of the gearbox and plot it versus the gearbox

output speed. We also perform linear regression for each set of data at different
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Cases | Method | B (Nms/rad) | A (Degrees) | w, (rad/s) | w, (rad/s) | Gearbox
1 P 2.55 x 1074 180 31 2m one
2 P 2.55 x 1074 160 31 27 one
3 P 2.55 x 1074 135 31 27 one
4 P 2.55 x 1074 115 31 2m one
5 P 2.55 x 1074 95 31 27 one
6 C 2.55 x 1074 270 N/A 2m one
7 C 9.55 x 10+ 9925 N/A o one
8 C 2.55 x 107* 180 N/A 2m one
9 C 2.55 x 102 135 N/A o one
10 C 2.55 x 10~* 90 N/A 2 two
11 C 2.55 x 1074 270 N/A 2m two
12 C 2.55 x 1074 225 N/A 2r two
13 C 2.55 x 1074 180 N/A 27 two
14 C 2.55 x 107* 135 N/A 2m two
15 C 2.55 x 107 90 N/A 27 two
16 P 1.28 x 107* 195 22 2m one
17 P 1.28 x 10~* 175 22 27 one
18 P 1.28 x 1074 155 22 2m one
19 P 1.28 x 104 130 22 2m one
20 P 1.28 x 1074 110 22 2m one
21 P 1.28 x 107* 90 22 2m one
22 C 128 x 102 270 N/A o one
23 C 1.28 x 1074 225 N/A 2 one
24 C 1.28 x 107* 180 N/A 2m one
25 C 128 x 102 135 N/A o one
26 C 1.28 x 107* 90 N/A 27 two
27 C 128 x 10 ° 270 N/A on two
28 C 1.28 x 1074 225 N/A 2n two
29 C 128 x 102 180 N/A o two
30 C 1.28 x 1072 135 N/A o two
31 C 1.28 x 1074 90 N/A 27 two

Table 5.2: Parameters of the pulse gear drive and the conventional gear drive exper-
iments which includes two load levels and several amplitude levels. In the “Method”
column, “P” stands for the pulse drive and “C” stands for the conventional drive.
In the “Gearbox” column, “one” stands for one-stage gearbox and “two” stands for
two-stage gearbox. w, stands for the pulse frequency and w, stands for the cycling
frequency. The pulse drive experiments are conducted with a one-stage gearbox. The
conventional drive experiments are conducted with both the one-stage and two-stage
gearboxes.
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Figure 5-2: Modified conventional gear drive Simulink model with gearmotor frictional
torque model added.

load levels and then fit the model described in (5.1) to the entire sets of data of one

gearmotor. The fitted model for the gearmotor with a one-stage gearbox is

Tone stage = 0-17Tioaq + 3 X 108,00z + 3 x 1074, (5.4)
and the fitted model for the gearmotor with a two-stage gearbox is

Thwo stage = 0.09Th0ad + 1 X 10™*Qoutpur + 1.6 x 1072, (5.5)

Here all torques are in units of Nm. The frictional torques for the two gearmotors are
both increasing proportionally to the speed and load levels. However, compared to a
one-stage gearbox, the friction torque for a two-stage gearbox is much more dependent
on speed than load, as can be observed from the coefficient of the model and the
figures. The torque coefficient decreases by a factor of 2 while the speed coefficient
increases by a factor of 30 as compared with a one-stage gearbox. Additionally the
offset Coulomb friction mapped to the gearbox output end is approximately 5 times

as large.

5.3.2 Energy Efficiency Results

The simulated and experimental energy efficiency results for the two driving con-

ditions are summarized in Figure 5-4 in which the simulated efficiency results are
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Figure 5-3: Plots of measured gearmotor frictional torque versus speed at the output
shaft: (a) one-stage Gearbox N = 3.7 and (b) two-stage Gearbox N = 14. The
frictional torque for both gearmotors increases with the output speed. For the motor
with one-stage gearbox, the frictional torque is also strongly dependent on the load.
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obtained with the gearmotor frictional torque model described in Section 5.2. Over-
all, the experimental results agree well with the simulation results with a maximum
of about 3% in difference, indicating the usefulness of the gearmotor model. Even
though (3.26) predicts that the efficiency should be independent of the drive am-
plitude, the measured efficiency rises with the load amplitude due to the relatively
smaller effect of dry friction at larger displacements.

The experimental efficiency results demonstrate that with T as large as 10 and 20,
the pulse gear drive are more efficient than the conventional gear drive at the same
load amplitude. Recall that T is defined as the ratio between the load impedance
to the driver motor quality factor (5.3). At T = 10, the efficiency of the pulse gear
drive is approximately 25% higher than the conventional drive with a one-stage gear-
box, and 15% higher than the conventional gear drive with a two-stage gearbox. At
T = 20, the efliciency of the pulse gear drive is approximately 15% higher than the
conventional drive with a one-stage gearbox, and 20% higher than the conventional
gear drive with a two-stage gearbox. Note that the efficiency results in these experi-
ments are much lower than the efficiency results obtained from the pulse direct drive
experiment. Such low efficiency is due to the fact that the load damping is much
greater than the driver motor quality factor where in the previous experiment the
two values are equal. In addition, the selected driver motor is not the optimal choice
because the main purpose of this experiment is to study the effect of adding a gearbox
transmission to the pulse drive system and to validate the simulation results, instead

of maximizing efficiency.

5.3.3 Driver Power, Voltage and Current Comparison

In addition to the energy efficiency, we also compare the instantaneous power, voltage
and current, levels of the three different drives at the load amplitude of 7 for both
T levels (Figure 5-5 and Figure 5-6). As opposed to the direct drive scenarios in
which the power levels are comparable for the two driving modes, at both T levels,
the maximum power and voltage levels of the pulse gear drive are almost twice as

high as both of the conventional gear drive methods, while the current level of the
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Figure 5-4: Plots of the gear drive energy efficiency at two loads: (a) T = 10; (b)
T = 20. At T = 10, the efficiency of the pulse gear drive is approximately 25%
higher than the conventional drive with a one-stage gearbox, and 15% higher than
the conventional gear drive with a two-stage gearbox. At T = 20, the efficiency of
the pulse gear drive is approximately 15% higher than the conventional drive with a
one-stage gearbox, and 20% higher than the conventional gear drive with a two-stage
gearbox.
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pulse gear drive is comparable to a one-stage gearbox conventional drive but higher
than a two-stage gearbox conventional drive. Therefore, the pulse gear drive at large
T levels places a higher requirements for the actuator, which becomes a tradeoff for

their higher energy efficiency.

5.3.4 Comments on Gearmotor Efficiency and Gearbox Effi-

ciency

Even though our analytical derivation predicts that the overall efficiency will de-
crease at higher load levels for both drive process, we observe in Figure 5-4 that
the efficiency results of both the pulse gear drive and the conventional gear drive
with two-stage gearbox are actually higher at T = 20, which we postulate to result
from a higher gearmotor efficiency at larger load damping level. The experimental
gearmotor efficiency results are summarized in Figure 5-7. In all three driving sce-
narios, the gearmotor efficiency is higher at larger load levels T = 20 and it increases
slightly with the load amplitude. With the same one-stage gearbox, the conventional
drive has higher gearmotor efficiencies than the pulse drive. The conventional drive
with a two-stage gearbox has lower gearmotor efficiencies than the two drives with a
one-stage gearbox. To calculate the gearmotor efficiency from our simple gearmotor

frictional loss model, (5.6) is used

, B P)loa d . ﬂoadé
{ - o ) )
gearmotar = pooa+ Fyear 10ss Tioadf + aTioaq + 00 + ¢
1 (5.6)
= b6 c '
(a + 1) + Tload + Tloadé

In the conventional drive, the average load torque is proportional to the product of the
damping value and the speed level. The speed level is proportional to the amplitude
and the operating frequency. Thus we replace Tj,q With @ BjoaqWeycie Aload Where o is

a generic coefficient. The gearmotor efficiency expression for the conventional gear
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Figure 5-5: Plots of (a) instantaneous power, (b) instantaneous voltage and (c) in-
stantaneous current at load T = 20. Note that the three plots are not in phase due to
the difference in the starting time of data logging. The maximum power and voltage
of the pulse gear drive are almost twice as those of the two conventional drives. The
maximum current of the pulse gear drive is similar to the conventional drive with
one-stage gearbox, and about twice that of the conventional drive with two-stage

gearbox.
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Figure 5-7: Plot of calculated gearmotor efficiency. In all three driving scenarios, the
gearmotor efficiency is higher at larger load levels T = 20 and it increases slightly
with the load amplitude. With the same one-stage gearbox, the conventional drive
has higher gearmotor efficiency than the pulse drive. The conventional drive with
two-stage gearbox has lower gearmotor efficiency than the two drives with one-stage
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drive then becomes

TNgearmotor conventional drive — (a 1 1) Al b i ¢ (57)

2
aBioad azBloadwcyciezA.!oud

In the pulse drive, the average load torque is proportional to the spring constant
and the amplitude. The spring constant is adjusted to be proportional to the load
damping value. The average speed level is proportional to the amplitude and the pulse
frequency. Thus we replace Tioaq With BBioeaAieea and replace 6 with vAuea B

where § and v are generic coefficient. The gearmotor efficiency expression for pulse

gear drive becomes

1
Tlgearmotor pulse drive — ((1 + 1) + ﬁ\/g:, - m : \/B CSJA : (58)
L ¥ load load

As a result, both efficiency expressions indicate that the gearmotor efficiency will
rise with respect to increasing load damping and amplitude levels. A larger damping

value will minimize the gearbox loss due to the speed effect introduced by the speed
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Figure 5-8: Plot of estimated gearbox efficiency. The one-stage gearbox efliciency
appears to be independent of load amplitude. It is approximately 90% for the con-
ventional drive and 80% for the pulse drive. The two-stage gearbox efficiency is load
dependent, with approximately 70% at T = 20 and 50% at T = 10.

coefficient and the Coulomb friction effect while a larger amplitude will minimize the
gearbox loss due to the Coulomb friction effect only. It is worth pointing out that if
the speed coefficient b and the Coulomb friction ¢ are negligible compared to a, then
at a reasonable speed and load, the efficiency of the gearmotor will be approximated
by a constant of ﬁ As b and ¢ become larger, the load damping and amplitude
levels will affect the gearmotor efficiency more. As observed from the two gearmotor
models, the gearmotor with a one-stage gearbox has a much smaller speed coefficient
b and Coulomb friction ¢, resulting in much smaller differences in gearmotor efficiency
as shown in Figure 5-7, than the gearmotor with two-stage gearbox.

The gearmotor efficiency analysis above includes the frictional loss of the brushed
DC motor itself. However, we can minimize such loss by using a brushless motor.
Thus we are further interested to learn the loss introduced by the gearbox only as a
reference for future analysis and simulation. As presented in Section 4.3.3, the motor
brush friction torque can be approximated by a constant Coulomb friction term. We
estimate the motor brush friction torque by assuming that it is equal to the value of the
measured Coulomb frictional torque with one-stage gearbox mapped to the gearbox

input end, which is 7.5 x 107° Nm. We make such assumption because the measured
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Coulomb frictional torque is lower than the frictional torque 1.3 x 10™* Nm stated
on the specification sheet so that the motor brush friction is the sole contributor.
By separating the motor friction loss, the estimated gearbox efficiency results are
shown in Figure 5-8. The one-stage gearbox efficiency stays almost constant for all
pulse drive scenarios, approximately 80%, so does in conventional drive with one-stage
gearbox, approximately 90%. However, the two-stage gearbox efficiency still exhibits
a strong dependency on the load damping levels, with 70% at T = 20 and 50% at
T = 10. Therefore, we propose that we might use one single efficiency value for the
pulse gear drive with a one-stage gearbox, a different single efficiency value for the
conventional gear drive with a one-stage gearbox, but use load dependent efficiency
values for the conventional gear drive with a two-stage gearbox in future analysis and

simulation.

5.4 Summary of the Chapter

e A second two-motor test-bed using gearmotors as the driver motor
shows that the pulse gear'drive is more efficient than the conventional
drive at all load amplitude levels for two load damping levels T = 10
and 20, where T is ratio between the load damping and the driver

motor quality factor.

e Study on instantaneous power, current and voltage shows that the
power and voltage requirements are higher for pulse gear drive in

this experiment which becomes a tradeoff for using the pulse drive.

e Experimental data shows that the gearmotor frictional torque is load
and speed dependent. We estimate the gearbox efficiency and find
that we may use single efficiency values to simulate the pulse gear

drive with a one-stage gearbox.
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Chapter 6

Influence of Motor Size

6.1 Motivations of Study

In previous chapters, we presented the tradeoffs of the pulse drive. We demonstrated
both in simulation and hardware that the pulse drive can be more energy eflicient
than the conventional drive. To converge to the goal of this project, we are interested
in exploring whether the pulse drive is a good candidate for the robotic fish tail pro-
plusion. More specifically, given the fish tail operating load and power requirements,
how should we select the right actuator for the pulse drive and whether it is advan-
tageous to implement such drive, with or without any form of transmission?

We have also concluded that for given operating conditions specified by the displace-
ment amplitude A and load damping value B, the efficiency of the pulse gear drive
is a function of the chosen spring constant k, actuator quality factor I', motor inertia
J and the gear ratio N (3.22). If a spring constant k£ has been chosen for the par-
ticular load level, then the efficiency is proportional to I' and to the inverse square
root of J. For similar operating conditions, the efficiency of the conventional drive
is proportional to I" but less dependent on J (3.26). For typical electromechanical
actuator designs, both " and J increase with motor size. [t seems that a larger motor
size will always yield higher efficiency for the conventional drive and possibly for the
pulse drive. However, on the other hand, using a large motor will bring undesirable

consequences, such as adding weight, volume and cost to the robot design.
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Therefore, with the foreseen questions and tradeoffs, we focus on studying the effects
of motor size on the pulse drive operation and briefly introduce guidelines for selecting

the right motor for a given operation.

6.2 Study Methodology

In this study, we use the same simple spring drive electromechanical model described
in previous chapters (Figure 3-1). The load conditions, motor specifications and

calculated parameters are listed below.

Operating requirements
According to Professor Barrett, the power level for the robotic tuna fish tail
propulsion varies from a fraction of a Watt to several Watts. Thus we set the
load damping value B approximately at 0.0125 Nms/rad so that the same power
levels is achievable by varying the load amplitudes. The target load maneuver

frequency is set as 1 Hz to mimic the expected fish flipping frequency.

Studied motors
In the two hardware demonstrations, we have observed that the motor brush
friction has a considerable effect on overall energy efficiency. To minimize the
loss due to brush friction, brushless motors are chosen in this study. We refer-
ence the Maxon EC series brushless DC motor specifications for their variety in
motor sizes and completeness in specifications. The motor specifications can be
found in Table A.1 in Appendix A. A total of 18 motors are studied. To more
effectively convey the information, we label the smallest motor as Motor 1 and

the largest motor as Motor 18.

Calculated Parameters
To determine whether a motor is suitable for the application, many parame-
ters need to be taken into consideration besides the energy efficiency, such as
the power level and the speed level. Thus for each of the motors studied, we

calculated the following parameters using the derived analytical expressions:
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e motor size V = 7(Dpotor/ 2)2 Linotor based on motor diameter D, and
length L,,.t0r- However, the gearbox volume is not included in the motor
size calculation for the purpose of easy comparison. In a real design, the
higher the gear ratio, the more volume it will add to the total motor size,

e motor quality factor I' = K2/R,

e motor quality factor [ to square root of J ratio I'/ Vi,

e pulse drive efficiency 7pyuse,

e optimal pulse radian frequency woptima and corresponding pulse time t,,;5, =
T/ Woptimal

e maximum speed Brmaz = WoptimaiA during the pulse phase,

e average pulse power Pouse = Wise rur/ (Mpuisetpuise),

e conventional drive efficiency neonventionai-

The pulse drive parameters are calculated with both a direct connection and
with a one-stage gearbox transmission. The conventional drive parameters are
calculated with the direct connection, a one-stage gearbox transmission and
a two-stage gearbox transmissions. We assume a gear ratio of 5 for a one-
stage gearbox and a gear ratio of 25 for a two-stage gearbox. We also assume
constant gearbox efficiency values of 85%, 90% and 70% for the pulse drive with
a one-stage gearbox, the conventional drive with a one-stage gearbox, and the

conventional drive with a two-stage gearbox, respectively.

6.3 Results and Discussion

6.3.1 Tradeoff Between Efficiency and Size

As a quick study on parameters I' and T'/+/J which govern the efficiency of the two
types of drives, we plot the two parameters versus the motor size on a log-log scale
shown in Figure 6-1. Both parameters increase with the motor size, but the change
rate of I'/+/J is smaller than that of I'. Therefore we expect the efficiency of the pulse

drive to be less sensitive to motor size variations. The calculated efficiency results are
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Figure 6-1: Plots of I' and I'/v/J versus motor size for Maxon motor EC series. T
increases more rapidly with the motor size than I'/v/J.

shown in Figure 6-2 with the motor number labeled. Overall, the efficiency rises with
motor size. Note that due to the acceleration and deceleration of the high reflected
inertia at high gear reduction ratio, the efficiency of the conventional gear drive with
a two-stage gearbox actually begins to drop with the three largest motors. Among
the five drive scenarios, the pulse gear drive appears as the most energy efficient drive
whereas the conventional direct drive is the least efficient drive, except for the case
with the largest motor. we observe that with smaller motors of V up to 5 x 10* mm?
(Motor 14), as indicated by the dot line, the pulse gear drive and the pulse direct drive
have a distinct efficiency gains over the conventional direct drive and the conventional
drive with a one-stage gearbox. Only the efficiency of the conventional drive with a
two-stage gearbox is higher than that of the pulse direct drive but it is still lower than
that of the pulse gear drive. We also notice that the efficiencies of the conventional
direct drive and the conventional gear drive with a one-stage gearbox are near 0%
for smaller size motors. Such low efficiency is due to the extremely high B/I' and
B/(I'N?) ratios that the conventional direct drive efficiency and the conventional gear
drive efficiency are respectively inversely proportional to, as indicated by (3.11) for
the conventional direct drive and (3.26) for the conventional gear drive. The B/I’

and B/(I'N?) ratios are plotted in Figure 6-3. The dash line represents the ratio of
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100. The points above the ratio 100 correspond to an efficiency lower than 1%. For
the conventional gear drive with a one-stage gearbox, the efficiencies of the smallest
three motors are below 1%. For the conventional direct drive, the efficiencies of
the smallest eleven motors are below 1%. Because the growth rate of I' is higher
than I'/v/J, the efficiency of the conventional gear drive eventually catches up and
becomes comparable to the pulse gear drive and the pulse direct drive at the four
largest motors. The highest efficiency is 85%, which is obtained from either using the
pulse direct drive or the conventional gear drive of Motor 18. Thus by choosing a
larger size motor, we can obtain higher efficiency.

However, there is a tradeoff between the motor size and the efficiency gain for two
reasons. For an underwater vehicle like the robotic fish, volume may be critical.
Adding motor volume, if it makes the fish longer, will raise the required thrust and
power level for propulsion. For another reason, we observe that the marginal efficiency
gain is diminishing with the increase of the size. For example, by increasing the size
ten times from Motor 7 to Motor 13, the highest efficiency, which is the pulse gear
efficiency, increases from 50% to 70%. By increasing the same size factor from Motor
13 to Motor 18, the highest efficiency only increases from 70% to 85%. Therefore,
with such a tradeoff, the optimal choice would be the smallest motor with acceptable

efficiency, depending upon the packaging tradeoffs.

6.3.2 Power and Speed Constraints

Two important criteria in motor selection are to determine if the motor’s specifications
can meet the required speed and power levels. Thus we calculate and compare the
maximum speed level and average pulse power level to the motor rated speed and
rated average output power for each pulse drive case. Note that we are conservative
on the power comparison because the intermittent power a motor outputs can be
higher than the motor’s rated average output power. The results are summarized in
Figures 6-4 and 6-5. We observe that as the motor size decreases, both the maximum
speed and the average pulse power increase. The growth in maximum speed is solely

due to the the higher pulse radian frequency brought by a smaller motor inertia as
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Figure 6-2: Plots of calculated efficiency versus motor sizes for the five drive scenarios.
The efficiency increases with motor size. For smaller size motors up to Motor 14, as
separated by the dot line, the pulse drive with one-stage gearbox and the pulse direct
drive have clear efficiency gains over the conventional drive with a one-stage gearbox
and the conventional direct drive. Only the conventional drive with a two-stage
gearbox is more efficient than the pulse direct drive. For larger motors (Motor 15 to
Motor 18), the efficiency of the two pulse drives and the two conventional gear drives
are very close to each other.
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Figure 6-3: Plots of B/T and B/(I'N?) ratios versus motor sizes. The dash line rep-
resents the ratio of 100. The points beyond the ratio 100 correspond to an efficiency
lower than 1%. For the conventional gear drive with a one-stage gearbox, the effi-
ciencies of the smallest three motors are below 1%. For the conventional direct drive,
the efficiencies of the smallest eleven motors are below 1%.
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Figure 6-4: Plots of required maximum speed versus motor size for the two pulse
drives. The maximum speed decreases with motor size. The smallest four motors
are not suitable for the pulse drive as the maximum speed exceeds the rated motor
speed.

Woptimal = \/m . The rise in average pulse power is a combined effect of higher pulse
radian frequency and declining energy efficiency. As a result, the two parameters
exceed the motor’s ratings for smaller motors. The maximum pulse speed exceeds
the motor’s speed rating for the smallest four motors while the average pulse power
goes beyond the motor power capacity for the smallest eleven motors. Combining the
two results, we conclude that the smallest eight motors don’t meet the requirement

and thus they are not suitable for the pulse drive operation at this load level.

6.3.3 Pulse Period Constraint

The third constraint for the pulse drive is that the pulse period needs to be smaller
than the overall maneuver period. We consider 0.2 s, which is 1/5 of the overall
period, as the upper time limit for each pulse. Figure 6-6 shows the calculated pulse
time. Overall the pulse time increases with motor size due to the increase in motor
inertia. Since the trajectory radian frequency of the pulse gear drive w,, is scaled
down by the gear ratio N = 5, we, = 1.15%1/k/J, it is expected to see that the pulse
time for the pulse gear drive tpuse = T/weq is approximately five times as large as

the pulse time for the pulse direct drive of the same motor. As a result of the longer
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Figure 6-5: Plots of average pulse power versus motor size for the two pulse drives.
The average pulse power decreases with motor size. The smallest eleven motors are
not suitable for the pulse drive as the average pulse power exceeds the rated motor
average output power.

pulse time, we find that the two largest motors are not suitable for pulse gear drive.

6.3.4 Selected Motor

By filtering out the motors that don’t meet the constraint, we show the efficiency of
suitable motors in Figure 6-7. Overall in our studied case, if the robotic design is not
constrained by volume, weight and cost, the largest suitable motor (Motor 18) should
be selected either in the pulse direct drive mode or in the conventional drive mode
with a one-stage gearbox to achieve a highest efficiency of 85%. However, with the
tradeoff of added volume in a practical design as discussed in Section 6.3.1, the optimal
actuator would be the smallest suitable motor (Motor 13) in the pulse gear drive
mode. Although the resulting efficiency is 70%, which is 15% lower than the highest
efficiency, the corresponding volume is one tenth and the cost is one third [5]. With
this motor, the efficiency of the pulse gear drive is 10% higher than the conventional
gear drive with two-stage gearbox and 25% higher than the conventional gear drive
with one-stage gearbox. Alternatively, if the real design imposes a constraint of no
gearbox usage, Motor 15 can be selected in direct spring drive mode to achieve a

comparably high efficiency of 75%. On the other hand, the optimal scenario for the
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Figure 6-6: Plots of pulse time versus motor size for the two pulse drives. The pulse
time increases with motor size due to the increase in motor inertia. The pulse time
of the pulse gear drive for the two largest motors exceeds the time constraint of 0.2 s.

conventional drive is to choose Motor 15 with a one-stage gearbox to achieve an
efficiency of 73%. Note that with this motor, an efficiency gain of 7% can still be
achieved by using the pulse gear drive.

Moreover, as discussed in Section 3.5.3, we can achieve better efficiency with the
deadzone drive. Thus we calculate the deadzone drive efficiency using Motor 12 with
a one-stage gearbox. The efficiency and the corresponding pulse time is shown in
Figure 6-8. The maximum efficiency as n — 0 is 85% which is the estimated gearbox
efficiency. In such case, the pulse time also approaches infinity. With a reasonable
pulse time, such as tys = 0.15 s shown on the figure, an efficiency of 82.5% can be
reached. This efficiency is almost as high as the efficiency with the largest motor in

our study.

6.4 Summary of Study Results and General Guide-

lines for the Pulse Drive Motor Selection

In this study, we set a target load and power level and calculated the motor energy

efficiency of both the pulse drive and the conventional drive of the Maxon EC brushless
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Figure 6-7: Plots of pulse drive efficiency for suitable motors. Note that the pulse
gear drive is no longer applicable for Motor 17 and 18 because the pulse time exceeds
the constraint.

motor series. The efficiency results show that the pulse drives are more efficient
than the conventional drives for smaller motors. For larger motors, the efficiencies
are comparable. Moreover, we observe that larger motors in general yield better
efficiency. However, by taking into account constraints on power, speed and pulse
time, and tradeoffs of volume and cost, we conclude that the optimal drive mode for
this particular operation may be the pulse drive with the smallest motor that meets
the power and speed requirements. As the motor becomes larger, the volume and cost
may outweigh the efficiency gain. In addition, if a gearbox is not available, a slightly
larger motor can be used to provide comparable efficiency in the pulse direct drive
mode. Moreover, we find that the deadzone drive can achieve even better efficiency
if it can be implemented.

Therefore, we summarize the general guidelines for pulse drive motor selection in the

following steps.

1. Determine target operating requirements, such as load value, power level and
cycle period, and estimate the corresponding spring constant by matching the

spring-damper time constant.

2. Screen motors by calculating the pulse gear drive efficiency with (3.26) and the
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Figure 6-8: Plots of (a) efficiency, and (b) pulse time of the deadzone drive using
Motor 12 with a one-stage gearbox. The maximum efficiency as n — 0 is 85% which
is the estimated gearbox efficiency. In such case, the pulse time also approaches
infinity. With a reasonable pulse time, such as tp,sc = 0.15 s shown on the figure, an
efficiency of 82.5% can be reached. This efficiency is almost as high as the efficiency
with the largest motor in our study.
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pulse direct drive efficiency with (2.26) and narrow down the motor list with an

acceptable efficiency range.

. Estimate the average pulse power by FPpuse = Wasesu/(Mputselpuise) and maxi-
mum speed by émaz = WeptimalA. Compare the value with motor specifications

and filter out unqualified motors.

. Calculate the pulse period and compare it to the overall cycle time scale. We
recommend the pulse period to be below one fifth of the overall cycle period.

Filter out any additional unqualified motors.

. Calculate the conventional drive efficiency, both the direct drive and the gear
drive, and compare the results to the pulse drive to see if the pulse drive is still

advantageous.

. With the list of suitable motors, you need to weigh the efficiency relative to
other factors such as the volume, weight and cost, depending on your own design
constraint and budget. In the end the optimal motor might not necessarily be

the most efficient one.
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Chapter 7

Hardware Demonstration at 1 W

Power Level

7.1 Overview

In this chapter, we present a simple hardware demonstration with an actual viscous
load in which the load power level (1 W) resembles the operation requirements of a
small robotic fish that are described in Chapter 6. The selected optimal brushless DC
motor from Chapter 6 with a one-stage planetary gearbox is implemented. Both the
pulse gear drive efficiency and the conventional gear drive efficiency are experimentally
measured and compared. Towards the end of the chapter, we present several design
ideas for more efficient packaging as well as latch mechanisms for the real fish design

purposes.

7.2 Selected Design and Results

7.2.1 Operating Conditions

As a summary of Chapter 6, the target power level varies from a fraction of a Watt
to several Watts. As a result, we meet the requirement by choosing the load damping

in the range of 0.005 Nms/rad to 0.02 Nms/rad and load amplitude in the range of
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7/4 radians to 7/2 radians. The load maneuver frequency is set at 1 Hz.

7.2.2 Instrumentation and Measurements

A picture of the mechanical design is shown in Figure 7-1 and the corresponding two
dimensional schematic is shown in Figure 7-2. The driver actuator, the spring and the
load, are connected in series. A Maxon 386674 brushless motor is implemented as the
driver motor. To simulate the fish tail propulsion, a glass syringe is used to provide
a viscous damping load. The small gap between the barrel and the piston, which is
approximately 7 pm, is filled with glycerin as indicated by the solid black area in
Figure 7-2 The relative rotation between the syringe barrel and the piston shears the
glycerin fluid and create a viscous torque proportional to the rotating speed. In this
design, the piston is held fixed and the outside barrel is the rotating element. A double
shaft encoder in the center measures the load position and provides bearing support
for both the spring and the syringe. A beam load cell is implemented to provide torque
readings by constraining the syringe piston in the axial and the rotational directions,
and measuring the reaction force at a known distance. A coil spring, which can be
deflected in the rotational direction to act as a rotary spring, is under tension and
stretched between the motor and the shaft of the encoder. The purpose of stretching
the spring is to keep the coils out of contact. Three rigid shaft couplings are used to
connect between the motor shaft and the spring, the spring and the encoder shaft,
and the encoder shaft and the syringe barrel. In the conventional drive configuration,
a flexible shaft coupling replaces the spring to connect the driver motor shaft to the
load encoder shaft, as shown in Figure 7-3. We choose this design because all motions
are strictly rotational and the mechanical construction is simple. The detailed design

of each of the components is described below.

Actuator
Based on the study results from Chapter 6, the Maxon EC 22 brushless DC
motor with a one-stage planetary gearbox of gear ratio N = 4.4 is selected as

the driving actuator for this load level. Its specifications are summarized in
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Load syringe Load encoder Rotary Spring

Beam load cell Brushless DC motor
Shaft Couplings
Load cell slider

Figure 7-1: Picture of hardware demonstration at 1 W power level.

Diameter (mm) | Length (mm) | Weight (g) | P, (W) | K; (Nm/A)
22 62.7 128 100 | 7.75 x 1073
R () [' (Nms/rad) | J (kgm?) N Winding
0:27 2.22x107% | 4.06 x 107" 4.4 Y type

Table 7.1: Maxon EC-22 386674 motor specifications.

Table 7.1. The brushless motor is chosen over the brushed motor because of the
advantages of no brush friction and higher power density. A optical quadrature
encoder with 512 counts per revolution is integrated at the back end of the

motor for motor shaft position feedback.

Spring
We choose an extension coil spring as the rotary spring for this application be-
cause of its compact volume and because it is available as a standard part. The
requirements for the spring are: (1) the torsional spring constant is calculated
to be approximately 0.07 Nm/rad, (2) an elastic range greater than 27 radi-

ans, (3) minimal axial spring constant for low pre-load force and (4) minimal
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Figure 7-2: Cross-sectional schematic view of the hardware setup, not to scale. The
solid black area indicates that the small gap between the syringe’s barrel and piston,
which is approximately 7 um, is filled with glycerin as the damping fluid.
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Flexible Shaft Coupling

Figure 7-3: The hardware demonstration in the conventional gear drive configuration.
The spring is replaced by a flexible shaft coupling,.
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Figure 7-4: Spring calibration curve. The measured torque varies linearly with the an-
gle of rotation. The slope indicates the calibrated spring constant to be 0.067 Nm/rad.

coil diameter to reduce rotary inertia. To find the right spring, we utilize the
torsion spring calculator tool provided by Acxess Spring [3] and use common
spring dimensions from the McMaster Catalog [6]. For each spring outer di-
ameter, we vary the coil diameter and the active number of coils and calculate
the spring constants and its maximum elastic range. With several iterations,
we determine the optimal spring to have a mean diameter of 7.9 mm, a coil
diameter of 1.6 mm and an active coil number of 40. We also experimentally
calibrate the spring constant by rotating one end of the spring to a known angle
and measuring the reaction torque on the other end with the beam load cell.
The calibrated spring constant is 0.067 Nm/rad, as indicated by the slope of
the linear fit in Figure 7-4.
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Figure 7-5: Interchangeable borosilicate glass syringe.

Viscous Load

The rotary viscous load damper is made out of an interchangeable borosilicate
glass syringe, manufactured by Ace Glass, part number 13680-20. The space
between the barrel and the piston is filled with viscous glycerin fluid. A picture
of such an interchangeable glass syringe is shown in Figure 7-5. The barrel inner
diameter, piston outer diameter and length of the glass syringe used are specified
as 20.407 mm, 20.393 mm and 90 mm, respectively. Thus the fluid filled gap is

7 pm. The viscous damping value can be estimated from the following equation

?"127'22

Bioaa = 4mp L (71)

712 — 12

in which p is the dynamic viscosity of the filled fluid, r; is the inner radius of
the barrel, ry is the outer radius of the piston and L is the contact length of
between the piston and the barrel [10]. As indicated by the equation, the torque
generated by the fluid is linear with the rotational speed, so that the damping
value is only dependent on properties of the syringe and the fluid. Moreover,
with such a design, the damping value can be varied by changing the filled
fluid or by inserting the piston to different positions of the barrel. After some
preliminary experiments with water, olive oil and glycerin, the target damping

value is achieved by using glycerin and half inserting the piston (L = 90 mm).

Load Encoder

We use a double shaft quadrature encoder manufactured by Red Lion Controls

Inc. part number ZBH10002, with a resolution of 1000 counts per revolution
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Figure 7-6: Double shaft quadrature encoder manufactured by Red Lion Controls [7].
The encoder has a resolution of 1000 counts per revolution. One end of the shaft is
connected to the spring and the other end is connected to the syringe barrel.

to provide load position feedback, as shown in Figure 7-6 [7]. The double shaft
mounting is chosen over other types of mounting options, such as through hole
mounting or tape mounting, because a pair of bearings is required to carry the
axial and radial load at the spring-syringe connection and the bearings of the
encoder minimize the design work by eliminating the need for a separate bearing
housing. This design also simplifies the connection between the spring and the

syringe by using rigid shaft couplings on both sides of the shaft.

Beam Load Cell for Torque Measurement
There are several ways to measure the reaction torque Tj,.q generated by the
relative rotation between the outer barrel and the piston of the syringe. The
easiest way is to measure the torque directly by clamping the stationary part of
the syringe, i.e. the piston, to a reaction torque sensor. However, such method
is not cost effective due to the high prices of commercial torque sensors. As
a more economical alternative, we designed a bending beam load cell fixture
placed at a known distance Lj,q in the radial direction from the center of the

piston to measure the reaction force Fj,,q so that the torque is the product of
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Figure 7-7: A bending beam load cell product by Transducer Techniques [8].

the force and the moment arm, Tjoeq = FloadLioed- Bending beam load cells are
commonly used sensors for force measurement. For example, they are used in
digital scales to measure weight. Figure 7-7 shows a picture of a bending beam
load cell product by Transducer Techniques [8]. In such a load cell, four strain
gages are attached to the beam so that the change of strain gage’s resistance is
proportional to the beam strain at the sensor location. A Wheatstone bridge
circuit using the four strain gages produces a voltage signal proportional to the
change of strain gage’s resistance. Thus the output voltage is proportional to
the applied force. Our sensing beam was extracted from a consumer scale, since
this was less expensive than buying the bare element.

In our design, a 2 mm thick aluminum beam is used to bridge the piston to the
load cell, with one end rigidly clamped to the glass piston through a metal loop
clamp and the other end in contact with the beam load cell with a ball joint, as
shown in Figure 7-8. Note that the upper contact is removed in this picture for
the purpose of showing the ball joint. The ball joint is created by press fitting
a 5 mm diameter ball bearing into the bridge beam. The purpose of the ball
joint is to transfer reaction force to the load cell while properly constraining
the six degrees of freedom of the piston. To more effectively convey our design
idea, we define the horizontal radial direction of the piston as the z axis, the
axial direction of the piston as the y axis and the vertical radial direction of
the piston as the z axis. Such coordinate notation can be seen on Figures 7-2,
7-8 and 7-9. As shown in Figure 7-8, four degrees of freedom of the piston,

x, z, 0, and @,, are constrained by the barrel cylinder as rigidly connected
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to the encoder, leaving only y and 6, to be constrained by the load fixture.
Figure 7-9 shows a CAD view of the load cell fixture design integrated with
the ball joint and the bridge beam. The ball joint constrains 6, as it is in
point contact with the upper and lower surfaces. To constrain the movement
in the y direction, a groove is milled in the x direction with 0.5 mm in depth
and 1.5 mm in width on the lower surface of the upper connection piece, so
that the ball joint has two point contacts with the upper connection piece and
slipping in the y direction is prevented. Such contacts can be seen clearly in
the cross-sectional view of the fixture assembly in Figure 7-10. An alternative
design using flexures could be considered if higher accuracy was required. A
slider is also designed to easily move the load cell to different y positions and
thereby adjust the insert length of the piston. The output voltage from the
Wheatstone bridge circuit of the bending beam load cell is amplified through
an instrumentation amplifier INA 128 circuit with a gain of 50, and is read by
the analog-to-digital voltage input Channel ADC 4. The connection diagram
is shown in Figure 7-11. The amplified sensor signal is calibrated with dead
weights of known values spanning the entire measurement range. As shown in

Figure 7-12, the voltage-force relationship is linear with a slope of 0.04328 V/N.

Linear Servo Amplifier and Power Supply
The brushless DC motor is driven by a linear servo amplifier manufactured by
Trust Automation, model number TA310. The power supply to the servo ampli-
fier is manufactured by Lambda, model number LK-343-A-FM. The connection
diagram of the linear servo amplifier is shown in Figure 7-13. The linear servo
amplifier receives reference voltage/current signals from the digital-to-analog
output channel DAC 0 of the National Instruments data acquisition board, and
feeds the corresponding three-phase voltages into the brushless motor with six-
step commutation. Even though PWM servo amplifiers are more commonly

used due to their lower cost and higher power efficiency, we choose the linear
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Figure 7-8: Picture of the bridge beam of the bending beam fixture design. One end
of the bridge beam is rigidly clamped to the glass piston through a metal loop clamp,
and the other end in contact with the beam load cell with a ball joint. The upper
contact is removed in this picture for the purpose of showing the ball joint.
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Ball
Joint
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Figure 7-9: Ball joint fixture design. With the groove in the upper connection piece
and the ball joint, the fixture constrains only the motions in the y and 8, directions.
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Figure 7-10: cross-sectional view of the load cell and ball joint assembly. The ball
joint has one point contact to the lower surface and two point contacts to the upper
surface.
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Figure 7-11: Connection diagram for the bending beam load cell voltage measurement.
The bridge circuit is excited with a 5V supply voltage. With Rgun = 1 k2, the
differential voltage is amplified by the instrumentation amplifier with a gain of 50.
The amplified signal is then read by the analog-to-digital voltage input channel ADC
4 of the National Instruments data acquisition board. At zero strain, nominally
R1:R2:R3=R4.
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Figure 7-12: Beam load cell voltage-force calibration. The measured voltage varies
linearly with the applied force. The measured slope is 0.04328 V/N.

128



Linear Servo Amplifier Brushless Motor

| |
i Phase A Output Voltage E ,/SK i o | Motor Phase A E

: Phase B Output Voltage o——E——\/F?i,-—Il—-o Motor Phase B E

i Phase C Output Voltage o-—:—\l\ﬁ,——%—-o Motor Phase C :

: +5V E —t-e | Hall Sensor Excitation Voltage E

i Ground | e- : E o | Ground E

: Hall Sensor A | e4— : o | Hall Sensor A |

E Hall Sensor B | e E —to | Hall Sensor B E

i Hall Sensor C | e : E o | Hall Sensor C E

i Reference Signal + | e~ : IF_D_A—C_OIS L

| Reference Signal - ‘_+:: DAC 9_": NI™ Daje: lﬂ\tﬂ:qﬂuﬁisition Board

i Power Supply + |e : : +30V i

| Power Supply - | ol : | Lambda™ Power Supply
: g v

Figure 7-13: Connection diagram for the linear servo amplifier. Resistors Rg, Rgo,
and R are used for phase current sensing.

servo amplifier over a PWM servo amplifier in our demonstration for more ac-
curate measurements. With a PWM servo amplifier, the ADC sampling rate
needs to be at least twice as the PWM pulse frequency in order to capture every
pulse without aliasing, which raises the requirements for data acquisition card.
In addition, such measurements are subject to high frequency noise introduced
by the PWM pulses. However, for actual robotic fish design, we recommend a

PWM servo amplifier to reduce the power electronics energy consumption.

Input Motor Power Measurement Circuit
Since the driver motor is a balanced three-phase brushless motor, the input
motor power can be monitored by measuring the phase-to-phase voltages and
currents of two of the three phases. Figure 7-14 shows a schematic of the
motor circuit. The motor has a Y connected winding with A,B, and C being
the three terminals. Each leg is connected with a series 0.1 {2 power resistor

(Rs1 = Ry = Rg3 = 0.1 Q) for current sensing. The input power to the motor

129



is the sum of the powers of the three legs

Pinput = Pa+ Pg + Fo = Vaola + Vpolp + Veole. (7.2)

By recognizing that I4 + Ig + I = 0 at the junction O and replacing V4o =
Vac — Voo and Vo = Ve — Voo, the power equation above can be rewritten
as

Priput = (Vac — Voo ) la + (Veo + Vee — Voo )l + Veo(—14 — Ip) (73)

= Vacla + Vaels.

Therefore, by measuring the differential voltage of V4, Vae, and the sense
resistor voltages V44 and Vpp such that 14 = Vaa/Rs and Ip = Vpig/Ro,
we are able to obtain the instantaneous input motor power using (7.3). Figure 7-
15 shows the schematic of the measurement circuit and the connection interface
with the National Instruments hardware. In our experiment, with the power
supply voltage of the linear servo amplifier being 30 V, the voltage levels of V¢
and Vpe, and the common-mode voltages of Va4 and Vg g exceed the allowable
voltage measurement levels of the data acquisition board, which is 10 V. In order
to resolve this issue, we used three resistive voltage divider circuits to scale down

Vac and Ve so that the voltages at A”, B” and C” are scaled down by a factor

of RffRz from the voltages at A, B and C, respectively. Thus, the differential
voltage measurements of Vavcr at the analog-to-digital input voltage channel
ADC 0, and Vgreon at the analog-to-digital input voltage channel ADC 1 have

the following relationship with the target voltages V¢ and Vae,

R+ R
VAC = I—R-EVAIICII, (7.4)
1
Ri+R
Ve = ___1R 2 V. (7.5)
1

Here the chosen R; and Ry are 1000 2 and 2000 2. We also constructed two

difference amplifier circuits using two unity gain difference amplifiers AD-629
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Figure 7-14: Schematic of Maxon brushless DC motor Y connected three phase wind-
ings. A current sensing resistor is connected to the end of each phase.

by Analog Devices to reject the high common-mode voltages of Va4 and Vgip.
Thus the measured voltages Vs« at input channel ADC 2, and Vg» at input
channel ADC 3 are equal to the target voltages Va4 and Vg'p. The currents

14 and Ig are interpreted as

VA’”
14 = , 7.6
A= R (7.6)
VB///
Ig = . )
i R$2 (7 7>

All the resistors used in the circuit are experimentally measured, and the mea-

sured value are used in calculations to ensure accuracy.

Digital Controller and Data Acquisition Module

As in previous chapters, the control and data acquisition tasks are performed
by a National Instruments PXI-8133e real-time target and PXI-6259 data ac-
quisition board in a PXI-1071e chassis. A LabView VI is written in LabView

2011 to implement the digital control algorithm, communicate with all the in-
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Figure 7-15: Connection diagram for input motor power measurement.

put/output channels and record data. Five analog-to-digital input channels
ADC 0 to ADC 4 are assigned to measure the brushless motor phase-to-phase
voltages and currents as well as the voltage from the beam load cell, as can been
seen from previous sections. Two digital counters are configured for reading the
two position encoder inputs. One digital-to-analog output channel DAC 0 is

dedicated to output the current control command to the linear servo amplifier.

The experiments of both the pulse gear drive and the conventional gear drive are per-
formed at five load angle amplitude levels ranging from /4 radians to 7/2 radians.
In the conventional gear drive configuration, the same driver motor with the same
gearbox is used while the spring is replaced with a flexible shaft coupling, as shown
in Figure 7-3. The total input energy and useful work are calculated by numerically
integrating the instantaneous total input power and load power over one cycle. Thus
the energy efficiency is calculated as the useful work divided by the total input energy.
We again make the assumption that an ideal clamp can be designed and thus that
power dissipation can be ignored in the “clamp” portion of the cycle. Each mea-
surement is repeated twice to get an average efficiency value. The simulation is run

at the same amplitudes with an estimated viscous damping value of 0.015 Nms/rad
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from (7.1). In addition, a single gearbox efficiency value of 0.85 is used for the pulse
gear drive simulation and 0.9 is used for the conventional gear drive simulation. The
lower gearbox efliciency for the pulse drive simulation accounts for the added viscous

loss due to the higher motor speed.

7.2.3 Results and Discussion
Energy Efficiency Results

The measured, simulations and analytical calculated energy efficiency results are plot-
ted in Figure 7-16. The analytical results are obtained using (3.22) for the pulse drive
and (3.26) for the conventional drive. The power levels are labeled with each efficiency
value. At each load amplitude, the power dissipation on the load of the pulse drive
and the conventional drive are similar. Significant efficiency gain of the pulse drive
over the conventional drive is observed in both simulation and experimental results.
The measured pulse drive energy efficiencies are scattered around 70 % at all ampli-
tude levels while the measured conventional drive energy efficiencies increases from

10% at the lowest amplitude to 15% at the highest amplitude.

Instantaneous Power, Voltage and Current Comparison

We also compare the power, voltage and current levels for the two types of operations.
Figure 7-17 shows the instantaneous power, the instantaneous phase-to-phase voltages
Vaic and Vg, and the instantaneous phase-to-phase currents /4 and Ig during a half
work cycle for the case of 7/2 load amplitude. We observe that the maximum input
power for the pulse drive is 20 W, approximately 5 W higher than the maximum
input power required for the conventional drive. The maximum current for the pulse
drive is approximately one half of the conventional drive while the maximum voltage
is almost three times higher. Therefore in this demonstration, the high efficiency of
the pulse drive is obtained by operating the motor at a low torque and high speed
mode as well as shorter duration, while the low efficiency of the conventional drive is

a result of operating in a high torque and low speed mode.
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Figure 7-16: Plots of energy efficiency for both the pulse gear drive and the conven-
tional gear drive. A single stage gearbox with a ratio of 4.4 is used for both the pulse
drive and the conventional drive. The measured pulse gear drive achieves approxi-
mately 70% energy efficiency while the measured energy efficiency of the conventional
drive ranges from 10% to 15%.

Comments on Gearbox Efficiency and Other Losses

Similar to Chapter 5, we find using single gearbox efficiency values a reasonable
approximation in the simulation when we compare the simulation results to the mea-
sured results. The maximum efficiency difference in between the simulation and
measurement are 3 % for the pulse drive and 10 % for the conventional drive. There
are three factors contributing to the difference. One is that the load damping value
in simulation is only an estimate based on the viscosity of glycerin at 25° C which can
change with temperature variations. The power dissipated in the syringe will raise the
fluid temperature thus decrease the viscosity of the fluid. The second factor is that the
experimental gearbox efficiency differs from the simulated ones. A third factor could
be other unmodeled losses. First we assume the gearbox loss to be the only loss besides
the coil resistive heat loss and estimate the gearbox efficiency. As a result, the gear-
box efficiency is calculated as (Useful Work)/(Total Energy — Coil Heat Loss). As
shown in Figure 7-18, the calculated efficiencies all fall in a reasonable range bounded
by 70% and 95%. In contrast to the gearbox efficiency results obtained in Chapter 5,

the pulse drive actually results in a better gearbox efficiency, approximately 90% for
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Figure 7-17: Plots of driver motor operating conditions: (a) instantaneous power, (b)
instantaneous phase-to-phase voltages and (c) instantaneous phase-to-phase currents
for the two drives. Note that the plots of the two drives in each figure are not time
synchronized due to the difference in the starting time of data logging. The sudden
switches in the voltage and current plots are the results of the six-step commutation.
The maximum power levels are similar in the two drives. However, the pulse gear
drive has lower current levels but higher voltage levels than the conventional gear
drive indicating it is operating in a low torque and high speed mode.
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Figure 7-18: Plots of estimated experimental gearbox efficiency. The gearbox effi-
ciency is above 90% for the pulse drive and in between 70% and 80% for the conven-
tional drive.

all load levels, than those of the conventional drive, which range from 72% to 80%.
As seen from the previous section, the torque level for the pulse drive is lower but the
speed level is higher. Since both higher torque and speed can increase the gearbox
loss, we postulate that the torque might have a much larger effect than the speed in
this case.

We also examine possible frictional losses in the load fixture, i.e. the load encoder,
syringe and the torque measurement fixture, by comparing the averaged work deliv-
ered by the spring and the averaged useful work done by the viscous damper in one
cycle. The instantaneous torque on the spring is calculated as the measured torsional
spring constant multiplied by the instantaneous deflected angle. Thus the work deliv-
ered by the spring is calculated by numerically integrating the instantaneous spring
torque over the load displacement. As shown in Figure 7-19, the difference between
the spring work and the damper work are within 2% with the spring work being con-
sistently higher. The possible source of loss, we believe, comes from the load encoder
bearings frictional loss. Since viscous friction increases with speed, the loss increases

with the load amplitude.
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Figure 7-19: Plots of energy delivered by the spring and the useful work done by the
load damper. The two sets of data agree well indicating that the loss in the load
fixture is negligible.

7.2.4 Discussion

In this hardware demonstration in which a viscous rotary damper is used to simu-
late the robotic fish tail propulsion, we achieve high efficiency of 70% with the pulse
gear drive by using a brushless DC motor with one-stage planetary gearbox. The
efficiency of the corresponding conventional drive with the same gearbox is 15% at
maximum. By comparing the power, voltage and current levels, we conclude that the
much higher efficiency of the pulse drive is achieved by operating the driver motor in
a low torque and high speed mode. The results have several implications.

First, the experimental efficiency results verify the analytical predictions and simu-
lation results, as shown in Figure 7-16. Therefore, both the analytical derivations
and the corresponding simulations presented in Chapter 3 are demonstrated to be
useful design tools to estimate the energy efficiencies as well as the corresponding
voltage, current and power levels. In the same sense, the results also validate the mo-
tor selection approach by using the analytical calculations in Chapter 6. It would be
costly and time consuming to construct the hardware demonstration for each of the
motors in Figure 6-7. By demonstrating the efficiency for one motor, it is sufficient

to conclude that the calculated efficiency holds true for all the motors.
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Second, we demonstrate that the pulse drive can be scaled to different power levels.
In our first demonstration, the lowest power level is 0.01 W and the highest power
level in the third demonstration is over 1 W. Depending on the power requirements
of the application, a suitable actuator can be selected by following the guideline pre-
sented in Chapter 6. We also show that high efficiency can be achieved by the pulse-
drive with a direct connected configuration or with a one-stage gearbox. Thus a
major advantage introduced by the pulse drive is that the system is back-drivable
because the reflected impedance of the motor is low. In addition, the deadzone drive
we presented in Section 3.5.3 has the potential to achieve even higher efficiency than
the pulse drive with sinusoidal displacement trajectory. This remains a subject for
future work.

One missing piece in the hardware demonstration is the lack of a latch mechanism
because of the time constraints on this project. We present two preliminary designs
for the latch mechanism in the next section. We also foresee a design challenge of
efficiently packaging the spring when integrating the pulse drive to actual robotic
designs. In our simple demonstration, the actuator and the spring are unwrapped
in series. Although the total volume is small, it is by no means a compact design.
Therefore, we include several preliminary ideas for packaging springs as a final note

of this chapter. These are future design challenges.

7.3 Preliminary Latch Design

There are several ways to design a latch mechanism. The crank-shaft transmission
described in Chapter 3 is one design concept that doesn’t require energy dissipation
during the latch phase. In this section, we provide some testing ideas for the pulse
drive with a crank-shaft transmission, and two additional latch mechanism design

ideas with hand-sketched drawings.

e Figure 7-20 shows a pulse drive fish tail concept with a double-shaft motor and
crank-shaft transmissions. The crank-shaft transmissions are installed on both

sides of the motor on a common through shaft and thus rotating together. Both
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Figure 7-20: A pulse drive fish tail testing set up with a double-shaft motor and
crank-shaft transmissions. The crank-shaft transmissions are installed on both sides
of the motor. Both coil spring are preloaded in tension at the neutral position. In
operation, the two cranks are pulsed to rotate 180° out of phase. After the pulse is
applied, as shown in the figure, the tension in one spring is greater than the other,
thus applying a net moment to the fish tail. The kinematics supply the latching
function.

coil spring are preloaded in tension at the neutral position. When the set-up is
in operation, the two cranks are 180° out of phase. When the two springs reach
latch position after the pulse is applied, as shown in the figure, the tension in
one spring is greater than the other, thus applying a net moment to the fish

tail. The kinematics supply the latching function.

e Figure 7-21 shows a similar set up with a single shaft motor. The two crank-
shaft transmissions are installed on the same side of the motor. The operation
principle is the same as the previous one. Compared to the previous design idea,
this design is more compact and doesn’t require a double shaft motor. However,
the drawbacks are that the rotation is limited to half a revolution, and that at
the latch position shown in the figure, the moment of the spring force to the

motor is not exactly zero which requires additional position holding current.

e Figure 7-22 shows a latch mechanism which uses friction. A non-magnetic
flywheel is attached to the driver motor shaft. A solenoid and a permanent

magnet attached with an extension spring form the latch and release mechanism.
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Figure 7-21: The crank-shaft transmissions are installed on the same side of the
motor. The operation principle is the same as the previous one. Compared to the
previous design idea, this design is more compact and doesn’t require a double shaft
motor.
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Figure 7-22: Latch by friction. A non-magnetic flywheel is attached to the driver
motor shaft. A solenoid and a permanent magnet attached with an extension spring
form the latch and release mechanism.

During the latch phase, current in the solenoid flows from the positive terminal
to the negative terminal and attracts the permanent magnet thus locking the
flywheel in between with static friction. During the release phase, the current
is stopped or reversed so that the extension spring pulls the magnet back to

release the flying wheel.

e Figure 7-23 shows a third latch idea with gear meshing. A gear is attached to the
motor shaft and a partial gear with the same pitch is attached to a torsion spring
and a permanent magnet. A similar solenoid-magnet-spring configuration is
implemented to perform latch and release alternation. During the latch, all the
torque on the motor is counter balanced by the torsion spring in the tangential

direction with the tensile/compression stress of the spring material.

7.4 Preliminary Spring Packaging Design

In this section, we present four preliminary concepts with hand sketches for efficiently
packaging the energy storage spring. The first concept is to package the spring in

parallel with the motor, as shown in Figure 7-24. A gear pair can be used to connect
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Figure 7-23: Latch by gear teeth. A gear is attached to the motor shaft and a partial
gear with the same meshing is attached to a torsion spring and a permanent magnet.

between the motor and the spring. Such design reduces the aspect ratio (ratio of
axial length to diametrical width) of the motor-spring pair. It is suitable when there
is limited space in the motor axial direction but abundant space in the diametrical
direction. It also integrates the gears as part of its packaging. The second idea is
to package the coil spring over the motor package, as shown in Figure 7-25. This
design concept eliminates the space of the spring thus it is suitable for a tight space.
It can also change the direction of motion. However, bearing support at the output
end of the spring is needed. The third idea is to package multiple springs with
different diameters concentrically, as shown in Figure 7-26. This design reduces the
the axial length without changing the direction of motion. It is useful when the
robotic application requires the actuator, spring and the load to be aligned in the
same axial direction.

Figure 7-27 shows a design concept where we envision the fish rib to be fabricated out
of elastic materials, thus the spring element is integrated as part of the fish structure.
The front view and the top view show one link of the rib with the center as the pivot

point. By bending one end of the rib to one direction, and the other end to the other
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Figure 7-24: Spring packaging design concept 1: spring in parallel with the driver
motor. A gear pair is used to connect between the motor and the spring.

direction, a net moment can be applied to the link. Such a fish rib design can be also
integrated with a crank-shaft transmission using a double-shaft motor, as shown in

the top view. With the two cranks rotating 180° out of phase, the two ends of the

ribs can be bent to the opposite direction to create the net moment on the link.

7.5 Summary of the Chapter

e We designed and constructed a pulse gear drive hardware demonstra-

tion that simulates the robotic fish tail propulsion.

e The experimentally measured pulse drive efficiency is significantly
higher than the efficiency of the conventional drive with the same

driver motor and the same gearbox.

e Studies on power, voltage and current show that the drive motor is

operating in a low torque and high speed mode, resulting in relatively
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Figure 7-25: Spring packaging design concept 2: spring packaged over the driver
motor. This design concept eliminates the separate space of the spring thus it is
suitable for tight packaging.
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Figure 7-26: Spring packaging design concept 3: springs with different diameters
packaged concentrically. This design reduces the the axial length without changing
the direction of motion.
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Figure 7-27: A pulse drive fish tail design concept where the spring element is in-
tegrated as part of the fish structure. This configuration uses a double-shaft motor
with a crank transmission. With the two cranks rotating 180° out of phase, the two
ends of the ribs are bent to the opposite direction, applying a net moment on the
link.
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high energy efficiency.

e Several preliminary latch design ideas and spring packaging ideas are

included at the end of this chapter.

7.6 Conclusion of this Thesis and Future Work

In this thesis, we have designed a new pulse drive type series elastic actuator aiming
to improve the robotic propulsion efficiency. The idea of the pulse drive is to rapidly
store the energy in a intermediate spring by pulse actuating the driver shaft, and then
lock the driver shaft and let the spring slowly transfer the energy into the load. Such
design is analogous to a mechanical transformer which allows the motor to operate
in a high speed and low torque mode. As demonstrated in a stand alone unit, the
pulse drive is significantly more efficient than the conventional drive at a power level
similar to a robotic fish tail propulsion with the same driver motor. Thus this drive
train design has the potential to improve the energy efliciency in actual robotic fish
tail propulsion.

One of the most important pieces of work left to be done is to integrate this pulse
drive to the robotic fish and test the efficiency in an actual underwater environment.
In particular, the crank-shaft transmission design is a good candidate for the latch
mechanism because it does not dissipate any additional power, and it can be inte-
grated with the “fish rib as spring” design. However, better trajectories need to be
designed to mitigate the loss due to braking current. One possible solution is to
start the driver inertia trajectory slightly before the begin latch point, and end the
trajectory slightly past the end latch point, as shown in Figure 7-28, so that the
current needed to accelerate the inertia at the start and decelerate the inertia in the
end may be reduced. Since the angle between the spring and shaft are very small at
the new starting and ending points, the torque due to the spring is quite small so
that the spring is still considered latched. Currently, Professor Barrett and his team
at Olin College already have a complete design of the robotic tuna fish [1] [11]. We
suggest that the integration can be divided into four steps. The first step is to design
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a motor-spring module that can fit in the robotic tuna tail. This step will involve
selecting the proper motor and packing the spring. The second step is to test the
propulsion efficiency with only one tail joint in water. The third step is to integrate
the motor-spring module to each joint of the fish tail and measure the efficiency. The
final step is to evaluate the efficiency of the fish in the open water, and compare the
performance to the same fish with the existing drive train design.

We have laid out the theoretical background for the deadzone pulse drive in the thesis,
but we haven’t constructed any swimming hardware to validate the concept. Thus a
good topic for subsequential work of this thesis can be designing and constructing the
corresponding hardware. Although these are challenging works, a successful design
can lead to applying such drive train designs to many robotic applications, and also
inspire related work.

A third direction for future work can be designing the optimal electromechanical ac-
tuator for the pulse drive. In this thesis, we have used commercially available motors
in our simulation and hardware to achieve high efficiency. However, we believe that
those commercially available motors may be not the best option. Most of the com-
mercial motor designs are targeted to maximize the motor quality factor I', which is
K?/R, per unit volume or just to maximize either the torque density or the power
density. As pointed out in Chapter 3, we need to maximize the motor quality factor
I" to the square root of motor inertia v/J ratio I /+/J in order to achieve higher pulse
drive efficiency. Therefore, future work can involve designing such an optimized ac-
tuator specifically for the pulse drive application. In addition, the motor design can
also integrate a spring as part of the package to formulate a modular actuator unit.

This thesis provides the foundation for such future work.
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Figure 7-28: Modified beginning and ending points of the pulse drive with the crank-
shaft transmission. The starting point is slightly before the lower latch point and
the ending point is slightly past the upper latch point, such that the current needed
to accelerate the inertia at the start and decelerate the inertia at the end may be
reduced.
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No. | D (mm) | L (mm) | K, (Nm/A) | R () | J (kgm?®) | B, (W) | V; (V)] I, (A) | 6, (RPM)
1 8 23 0.00054 | 3.02 | 25x107° | 2 6 | 0.601 | 24000
2 10 257 | 0.00207 | 3.42 | 69x1079 | 8 I8 | 0.558 | 51400
3 | 127 | 30.12 0.055 422 | 255%x10°| 30 48 | 0787 | 76400
4 | 127 | 50.11 | 0.00576 | 1.86 |3.60x 10-°| 50 48 | 1.37 | 74500
5 13 23.6 0.00426 582 | 1.65x 1078 6 12 (.646 18300
6 13 358 | 0.00233 | 0.644 |325x10°| 12 6 | 2.28 | 18400
7 13 39 0.0016 0.348 | 2.55 x 1078 30 12 2.85 64700
8 13 50 0.00144 | 0.168 | 3.60 x 10 ¢ | 50 12 | 456 | 73300
9 16 402 | 000520 | 153 |[7.25x10°%| 30 24 | 1.7 | 38000
10 16 o6 0.00413 0.491 | 1.07 x 1077 60 24 3.52 50900
11 22 44.5 0.00375 0.244 | 2.39 x 10~ 40 12 5.36 26900
12 22 62.7 0.00553 0.155 | 4.09 x 1077 100 18 7.64 28700
13 25 83.5 0.00536 0.122 | 5.45 x 1077 250 36 6.16 62300
14 32 60 0.0231 1.83 | 2.00 x 107 80 36 2.06 13200
15 40 80 0.0396 0.608 | 5.38 x 1076 170 42 4.2 9390
16 | 45 111.2 | 00165 | 0.193 | 1.19x105| 150 18 | 108 | 9050
17 | 45 144 0.0427 | 0.336 | 209 x 105 | 250 | 48 | 7.94 | 10000
8] 60 177.3 0.147 103 |831x10°| 400 | 48 | 585 | 2680

Table A.1: Maxon EC series brushless DC motors specifications. In the table, D represents the motor diameter. L represents
the motor length. The subscript , represents for “rated”.
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Figure B-1: LabView VI for the first hardware demonstration. The Upper loop is the control loop and the lower loop is the
data saving loop.
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