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requirements for the degree of Doctor of Philosophy

Abstract

A study has been conducted, using an unsteady three-dimensional Reynolds-averaged
Navier-Stokes simulation, to define the effect of impeller-diffuser interaction on the
performance of a centrifugal compressor stage. The principal finding from the study
was that the most influential aspect of this unsteady interaction was the effect on
impeller tip leakage flow. In particular, the unsteadiness due to the upstream potential
effect of the diffuser vanes led to larger viscous losses associated with the impeller tip
leakage flow. The consequent changes at the impeller exit with increasing interaction
were identified as reduced slip, reduced blockage, and increased loss. The first two
were beneficial to pressure rise while the third one was detrimental. The magnitudes
of the effects were examined using different impeller-diffuser spacings and it was shown
that there was an optimal radial gap size for maximum impeller pressure rise. The
physical mechanism was also determined: when the diffuser was placed closer to the
impeller than the optimum, increased loss overcame the benefits of reduced slip and
blockage. The findings provide a rigorous explanation for experimental observations
made on centrifugal compressors. The success of a simple flow model in capturing the
pressure rise trend indicated that although the changes in loss, blockage and slip were
due largely to unsteadiness, the consequent impacts on performance were mainly one-
dimensional. The influence of flow unsteadiness on diffuser performance was found
to be less important than the upstream effect, by a factor of seven in terms of stage
pressure rise in the present geometry. It is thus concluded that the beneficial effects
of impeller-diffuser interaction on overall stage performance come mainly from the
reduced blockage and reduced slip associated with the unsteady tip leakage flow in
the impeller.

Thesis Supervisor: Choon S. Tan
Title: Senior Research Engineer, Gas Turbine Laboratory
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CHAPTER 1

INTRODUCTION

1.1 Background and Motivation

Centrifugal compressors have many applications, ranging from ground-based tur-
bochargers to helicopter gas turbine engines. Other potential high technology ap-
plications include microengines [13] and artificial hearts [35]. The biggest advantage
of centrifugal compressor over its azial counterpart is fabrication cost as it has fewer

parts.

A centrifugal compressor stage consists of a rotating impeller and a stationary
diffuser. As shown in Figure 1-1, flow enters the impeller axially and exits radially
through a 90 degree bend. Compared to axial machines with the same diffusion factor,
a much higher pressure ratio, up to 10:1 [20], can be obtained by centrifugal machines
because most of the impeller pressure rise is associated with the centrifugal force field.
However, a substantial part of the impeller work is in the form of high absolute exit
velocity. The function of the diffuser is to recover this remaining dynamic pressure
by decelerating the swirling flow, and efficient operation of the diffuser is crucial for

obtaining satisfactory overall stage pressure ratio [5, 20].

The inlet condition to the diffuser is characterized by the highly non-uniform
impeller outflow, which is commonly referred to as the “jet and wake” structure.

This is a result of secondary flow induced by the blade-to-blade and axial-to-radial
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turning. The flow non-uniformity is further exacerbated in an unshrouded impeller,
in which high-entropy fluid resulted from the tip-leakage gets collected in the vicinity

of the casing-suction surface corner [11].

Models of vaneless diffuser flow are available, including the one developed by
Dean and Senoo [8]. This model allows the interaction between jet and wake in the
diffuser. Their calculation suggests that the rapid attenuation of flow distortions can
be attributed to the reversible energy transfer between the two regions. As a result,
most of the diffuser loss is caused by wall friction. Another model by Johnston and
Dean [23] assumes the diffuser inlet flow is mixed out to a uniform state through a
sudden expansion, so most of the diffuser loss is attributed to the mixing loss at the
inlet. Inoue [21] compared these two models and found that both predicted similar
loss for a wide range of inlet conditions with typical design parameters, despite the
fundamentally different assumption involved in each model. He also verified that the

reversible energy exchange increased with the incoming swirl into the diffuser.

The interaction between impeller and vaned diffuser is more difficult to model.
This is reflected by Cumpsty’s [5] comment that mismatching is far more common
as a cause of poor performance with high pressure ratio machines than details of im-
peller or diffuser vane shape. Individual component’s satisfactory performance does
not guarantee the integrated design will also have satisfactory flow range and overall
stage efficiency. Engineers have used empirical method to account for impeller-diffuser
interaction in designs [3, 37, 4]. Rodgers’ [37] and Clements et al.’s [4] results are
particularly important to the current investigation. Both demonstrate there is an
optimum impeller-diffuser gap size for maximum impeller pressure rise and efficiency.
The findings show that impeller-diffuser interaction can have impact on stage perfor-

mance.

Inoue and Cumpsty [22] have found that the circumferential distortion from the
impeller attenuates rapidly in the entrance region of a vaned diffuser. This suggests
that the presence of the vanes enhances the flow uniformity coming into the diffuser.

The current industrial trend is to have the vaneless region shortened as much as
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possible to increase efficiency [11], magnifying such effect. Consequently, the impact

of impeller-diffuser interaction on performance needs to be addressed.

Until now, axial flow machines have attracted substantially more attention than
centrifugal machines because of their mission-critical roles in aviation. Experimental
observation on the influence of blade row interaction on stage performance has been
made by different parties [19, 30] for axial machines. Similar to Rodgers’ [37] find-
ings in centrifugal machines, their results show that rotor-stator spacing can affect
stage pressure ratio in axial machines. Of the investigations focused on the influ-
ence of blade row interaction on upstream rotor flow, Shang et al. [39] found that the
upstream potential field of a stator could lead to substantial circumferential flow non-
uniformity at rotor exit, with the magnitude of the circumferential non-uniformity

dependent on the rotor-stator spacing.

With the advance of computational fluid dynamic (CFD) capabilities, researchers
can examine the mechanisms of how the flow reacts to blade row interaction. Such ob-
servation would otherwise be difficult to make experimentally. Meece [29] has reported
that rotor-stator spacing can affect time-averaged performance after conducting CFD
simulation on various turbine designs. Another example is the recent work by Valkov
and Tan [43, 44], who investigated how disturbances from upstream were transported
through downstream components. They linked a possible performance improvement
to the reversible recovery of the energy in both the rotor blade wake and the tip
vortex. It is doubtful that their findings in the axial stator can be applied directly to
the diffusers of centrifugal machines, because diffuser geometry limits the amount of

wake stretching, which is an essential step in the wake recovery process.

Also using CFD, Graf [16] has found that the unsteady response of the rotor tip
vortex can be a measurable contributor to performance change. His conclusion is that
closer coupling between the rotor and stator can improve the endwall flow field in both
loss and blockage, at the expense of more rotor profile loss and stator loss away from
the tip region. Hence a trade off between these effects may be warranted. Influences

of downstream stator pressure field on the tip clearance vortex blockage and loss were
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also observed by Graf and Sharma [17] when they substituted the conventional radial
stator profile with a bowed one. It is likely that Graf’s observations also apply to
centrifugal compressor, because impeller-diffuser coupling (radius ratio ry /1y ~ 1.1)
is typically stronger than rotor-stator coupling in an axial machine (axial spacing
between 0.20 to 0.40 blade chords [43]). A goal of this project is to model the
influence of impeller-diffuser interaction on upstream flow. Such a model is a useful

design tool to estimate engineering tradeoffs between different configurations.

1.2 Review of Previous Work

Three-dimensional flow calculations are feasible nowadays, allowing designers to have
a better estimate of the influence of spatial flow non-uniformity on performance.
Computation results from Dawes [6] and experimental observations from Tamaki [42]
have shown that the intensity of separation on diffuser leading edge can be different
from hub to shroud, suggesting that any realistic flow simulation has to be done on a
three-dimensional basis. However, Phillips [33] has shown that axial distortion at the
diffuser inlet has little influence on diffuser pressure recovery, because energy transfer
in the axial direction helps energize the region with high flow incidence misalignment,
allowing flow re-attachment and preserving diffuser pressure recovery. This is also
the reason why diffuser pressure recovery coefficient correlates so well with diffuser
inlet momentum averaged flow angle only. A large amounts of diffuser performance
data fitting into this one-dimensional parameter relationship has been demonstrated

experimentally [9, 10, 14, 15].

Another issue in impeller-vaned diffuser interaction is the role of unsteadiness
in affecting stage performance. Not until recently can researchers simulate impeller-
diffuser interaction using time-accurate stage calculations [6, 32]. Muggli et al. [32]
simulated a water pump diffuser with a time periodic inlet profiles and concluded that
there was no substantial difference in the resulting time-averaged flow field and pres-

sure ratio, when compared to those generated with a steady inlet profiles. Dawes’ [6]
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comparison of the results of a time-accurate stage calculation performed at a high
subsonic condition against that of an equivalent steady diffuser calculation also sug-
gests that the contribution of unsteadiness to the entropy production is small (in the
order of 5% of the total time-averaged entropy production in the diffuser). However,
it should be recognized that both studies were performed at subsonic condition for
low stage total-to-static pressure ratio ( p3/pe; < 2 ), while current industrial stan-
dard designs ( p3/po1 > 5 ), operate at transonic conditions. Neither study addressed

how interaction can affect the flow field in the impeller.

Of the experimental investigations on how impeller-diffuser interaction affects
upstream flow, Pinarbasi and Johnson [34] have confirmed that the presence of the
diffuser vanes can influence the flow in the vaneless space in the form of circumfer-
ential non-uniformity. A similar observation was made by Arndt et al. [1], whose
centrifugal water pump tests show that increasing the number of diffuser vanes re-
duce the impeller blade pressure fluctuations. Both studies were conducted at low

speed, with tip Mach number on the order of 0.1.

Kirtley and Beach [25] investigated the influence of impeller-diffuser interaction
on upstream flow by applying CEFD to a configuration with tip Mach number of about
0.5. They used body force modeling and deterministic stresses to avoid the necessity of
time-accurate calculation. By comparing the divergence of the deterministic stress to
that of the Reynolds stress, they came to a conclusion that vane-induced unsteadiness
was more important than turbulence in affecting the flow field upstream of the diffuser
vanes. Similar to what Graf [16] observed in axial machine, they also found that the
impeller flow in the stage calculation had less shroud separation compared to the
isolated impeller flow, and they attributed the observation to the additional blockage
the diffuser vanes provided. Since then, Dawes [6] and Domercq et al. [12] have
demonstrated that time-accurate simulation with a sliding plane approach can be
a feasible tool for studying interaction, as detailed unsteady flow features can be
captured in the interaction region. Their findings indicate that the presence of diffuser

vanes can affect the impeller flow.
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1.3 Research Objectives and Problem Statement

This thesis examines the impact of unsteady impeller-diffuser interaction on the per-
formance of a centrifugal compressor stage, most notably the stage total-to-static

pressure ratio. The objectives of the investigation were:

e To assess the importance of interaction on the impeller and diffuser flow fields
in terms of time averaged pressure rise capability, loss, blockage, etc., and the

consequence for the stage performance.

e To determine the mechanisms by which interaction influences the above figures

of merit for performance, especially the stage total-to-static pressure ratio.

e To develop a simple model to describe the observed phenomenon for preliminary

design evaluation.

To accomplish the above objectives, the following fluid dynamic questions need to be

addressed:

e How do downstream conditions, in the form of an unsteady pressure field, affect

the impeller performance?

e How do upstream conditions, characterized by the rotating jet-and-wake struc-

ture, affect the diffuser performance?

e Can flow coupling between the impeller and the diffuser benefit stage perfor-
mance when compared to that of vaneless configuration, and under what con-

ditions can this occur?

1.4 Contributions of Thesis

The time-averaged computational results demonstrate that the most influential aspect
of the impeller-diffuser interaction is the unsteady influence on impeller tip leakage

flow. The unsteadiness can lead to an increase in the stage total-to-static pressure
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ratio, by about 2% in the current geometry, because of its influence on the following

quantities at the impeller exit:

e Increased loss;
e Reduced blockage;

e Reduced slip.

The response of the impeller tip-leakage flow to the downstream unsteady pressure
field is identified as the mechanism responsible for the changes outlined above. A
one-dimensional model which relates the impeller pressure ratios (total-to-total and
total-to-static) to the above three quantities is developed. This model is tested against
the three-dimensional time-accurate CFD results and gives satisfactory estimates of
the incremental change of impeller pressure ratios, 3.1% for total-to-total and 1.4%
for total-to-static respectively, when the radial gap between the two components is

reduced.

The unsteadiness from upstream is found to have little effect on the diffuser
pressure recovery. The effect is roughly equivalent to a 0.3 degree change in the swirl
angle at the diffuser inlet. Such magnitude is in the same order as that due to axial
non-uniformity at the diffuser entrance, or one order smaller than the flow angle range

acceptable by a vaned diffuser.

Combining the above two observations, it is concluded that the impact of impeller-
diffuser interaction on the stage pressure ratio is largely due to the change in the im-
peller flow, instead of the change in diffuser performance. The former is seven times
more influential than the latter, in terms of the change observed in stage total-to-
static pressure ratio in the current geometry. Also, the competing effects of increased
loss and reduced blockage, both brought about by closer coupling, is the main reason
for the observed optimum radial gap when maximizing pressure rise capability. The
detrimental effect of increased loss can overtake the beneficial effect of reduced block-
age and slip, thus this thesis explains why bringing impeller and diffuser closer will

not necessarily enhance pressure rise, as observed in known experimental studies.

25



1.5 Outline of Thesis

This thesis is organized in the following manner:

Chapter 2 presents the overall approach and methodology and provides descrip-
tions of the CFD codes utilized. Measures aimed at overcoming difficulties encoun-
tered in grid generation and achieving convergence will also be discussed, followed by

a summary of code validation.

Chapter 3 covers the impact of interaction on the impeller flow field, including
the one-dimensional flow model which describes how these changes affect impeller
pressure rise capabilities. The flow mechanisms responsible for the changes will also

be presented.

Chapter 4 covers the impact of interaction on the diffuser performance. Its rela-
tive importance compared to other diffuser inlet factors or the change occurs upstream

will be discussed.

Chapter 5 provides a synthesis of results by discussing how findings in the previ-

ous two chapters can help engineers in implementing future design evaluations.

Chapter 6 incorporates a summary of findings, the implications of this study, and

recommendations for future work.
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Figure 1-1: A cutaway schematic of a cent

rifugal compressor stage with geometry ob-
tained from Krain [26]
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CHAPTER 2

TECHNICAL APPROACH

2.1 Description of Solution Algorithm

With continuing growth in the availability of computational resources, it has become
feasible to simulate the unsteady flow field of a centrifugal compressor stage. The code
utilized for the present study was provided by Dawes [6]. It simulates the impeller
motion and employs a sliding plane to transfer axial and circumferential distortions
between impeller and diffuser flow field at each time step with no modification to
the distortions. A volume weighted interpolation procedure is adopted to ensure
conservation. Besides preserving the flow details in the interaction region, the sliding
plane approach also streamlines the algorithm because the entire flow field including

the moving impeller can be evaluated in the absolute frame.

The equations being solved are the five fully three-dimensional, unsteady, com-
pressible, Reynolds-averaged Navier-Stokes equations expressed in strong conserva-
tion form, coupled to two additional equations for the k-¢ turbulence model. The
seven equations are discretised in finite volume form on each of the tetrahedral con-
trol volumes with vertex variable storage, and time-marched to convergence using a

four step Runge-Kutta residual smoothing procedure.

At the inflow boundaries the total pressure (po;), total temperature (Tp;), the two

flow angles, turbulent kinetic energy (k;), turbulent dissipation rate (¢;) and the two
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flow angles are prescribed, while at the outflow boundaries the static pressure (ps)
is specified. The time-averaged mass flow of the stage is computed instead of being
specified. Wall functions are employed to avoid the need of simulating the laminar

sub-layer, allowing coarser grid at the viscous surface.

As it will be explained in the next section, the flow field is adjusted to have a
cyclic repetition with one period equals to one blade passing. The number of steps
per period should be maintained upwards of 500 [7], and for this reason the CFL

number for all the time-accurate calculations in this investigation is limited to 0.75.

2.2 Computational Grid

The centrifugal compressor stage selected for this investigation is representative of a
stage from current industry design. The important design variables are summarized

as follows:
o impeller blade count: 17 main blades + 17 splitters
e impeller blade backsweep = 52°
e impeller tip clearance = 2% of impeller exit height
o diffuser blade count: 19 main wedges + 19 splitters
e radius ratio of diffuser entrance to impeller exit, 7o /ro = 1.092
o radius ratio of diffuser discharge to impeller exit, r3/r, = 1.46
e throat aspect ratio = 1.65
e length to width ratio of diffuser channel = 4.5

e channel divergence angle = 7.5°

diffuser vane stagger angle = 17.6°

The unstructured mesh generated for the present numerical simulation is shown in
Figure 2-1. The casings of both the impeller and diffuser are removed to show the

location of the splitters.
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Although the flow domain can be described by a three-dimensional rectangular
array, an unstructured mesh (tetrahedral cells) is used instead of a structured mesh
(cubic cells). The decision was made after communication with Dawes [7] who indi-
cated that an unstructured mesh held the advantage over a structured mesh in terms
of numerical stability due to grid skewness in the interaction region. The resulting

mesh thus consists of close to 70000 nodes.

As seen in Figure 2-1, the number of impeller blades has been increased to 19
from 17 to allow a periodic unit of 1 main impeller blade per 1 main diffuser vane. The
thickness of the impeller blade has been adjusted accordingly so that the area of flow
passage is preserved. It has been verified that the blade increase has negligible effect
on the impeller performance, and most importantly the adjustment does not cause
any choking. The advantage of the one-to-one blade ratio is the enormous saving
in computational resources because the necessity of modeling the entire annulus is

avoided.

Another saving comes from the blade tip region where the gap between the casing
and the blade tip is modeled by three grid points. Storer and Cumpsty [41] have shown
that the tip-leakage flow is controlled by a primarily inviscid mechanism, thus even
with relatively coarse mesh the static pressure field and the magnitude of leakage flow
rate can be predicted very satisfactorily. Lately Van Zante et.al. [45] have pointed out
that a substantially finer grid is required to resolve the important details of the wall-
bounded shear layer which is responsible for the formation and structure of the tip
leakage vortex. Such details are crucial for stall inception prediction. The focus of the
present investigation is on understanding how the blockage associated with leakage
flow reacts to downstream unsteadiness (rather than capturing the flow mechanisms
responsible for stall inception), and the operating point is not close to the stall point,

so such grid refinement appears to be unnecessary.
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2.3 Code Validation

The code was developed by Dawes [6] and has been validated using a stage designed
by Krain [26] with a total-to-static pressure ratio of 1.7. The capability of the code
in simulating the flow field, including velocity profiles and vortex structure, has been
assessed. Thus, the present validation will focus only on global performance param-

eters.

The following prescribed conditions are required when the code is applied to the

grid described in the last section:

e impeller speed U, = 622m/s

e impeller inlet flow at standard atmospheric conditions with

Po1 = 1.013N/m2, To1 = 288K

e 1o pre-swirl in the impeller inlet flow

The diffuser exit pressure ps is chosen so that the computed time-averaged mass flow

matches the target of 1.77 kg/s.

As it will be seen in the next chapter, unsteadiness only appears in the impeller
in the last 10% of the flow path. Thus one good indicator of convergence is the
flow field of this interaction region (mass flux, pressure, local Mach number, etc.)
settling into a periodic state. Another indicator of convergence is the mass flow at
the impeller entrance settling to a steady value. Depending on the prescribed initial
condition, convergence can be achieved in about 1.5 through-flow times, or about 30

blade passings.

As stated above, comparison of computed results and experimental measurements
are made based on one-dimensional time-averaged global performance parameters
only. They are listed in Table 2.1, where diffuser pressure recovery coefficient C, is

defined as,

D3 — D2
C,=—-= 2.1
P Po2 — P2 ( )
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and diffuser loss coefficient C,,; is defined as,

Cp _ Po2 — Pos

2.2
Do2 — P2 ( )

It can be seen in Table 2.1 that the experimental and computational results have
excellent agreement in terms of diffuser performance, expressed in C,, Cjos5, and the
highest Mach number, although larger discrepancies (about 4%) show up in both
impeller pressure ratios po2/po1 and ps/pg1. According to the work by Rhie et al. [36],
industry practice typically uses 200000 nodes per blade row, while the present impeller
grid consists of less than 40000 nodes (see Figure 2-1). Thus, the prediction accuracy
can be improved further by refining the impeller grid. Nevertheless, since an objective
of this investigation is to study performance trends when impeller-differ interaction
intensifies, it is the incremental performance change from one configuration to another
which will be focused on. Therefore, prediction discrepancies as above are acceptable

as long as the code produces consistent results.

The capability of the code in predicting performance trend can be demonstrated
by plotting the non-dimensional tangential velocity V;, /U, against the non-dimensional
radial velocity V;,/U,. Data are readily available because several runs were conducted
to find the corresponding ps for the target mass flow. As shown in Figure 2-2, the re-
sults demonstrate the ability of the code in capturing the linear relationship between

Vi2 and V2 documented in Cumpsty [5] as,

Vi Ve
U_t22 =—0 tanxz(ﬁj) +o (2.3)

where o is the ratio of the actual absolute swirl Vj, to the idealized case Vo; for which

the impeller outflow follows the blade contour up to the trailing edge. Commonly
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referred as the slip factor, o can be written as,

_ Ve
V:‘,Zi

o (2.4)

while x- is the blade backsweep angle at impeller trailing edge. Since V}, is equivalent
to the impeller work and V;, is directly related to the mass flow, Equation 2.3 defines

the impeller performance characteristic over the operating range.

The best-fit line in Figure 2-2 has a slope (—otany;) = —1.222 and an offset
(o) = 0.950. The backsweep X2 can thus be deduced as 52°, confirming the measure-
ments obtained directly from the grid. The best-fit ¢ also agrees excellently with the

Stanitz’s correlations for slip factor,

1.98
=1——=0.948 2.5
o=1-= (25)
or the Busemann’s correlations,
4/ COS X2
c=1- o = 0.939 (2.6)

Both Stanitz’s and Busemann’s correlations can be found in Cumpsty [5]. N is 38 in

both cases because there are 19 main blades and 19 splitters in the impeller grid.

Readers may notice that the description of impeller loss is missing in Table 2.1.
Direct comparison with measurement is not possible because the measured value
of polytropic efficiency 7,0, is not available. However, the computed value of 7,1y
can be validated against a set of correlations between 7,0, and N, (impeller specific

speed) documented by Cumpsty [5]. Ny, essentially the non-dimensional ratio of flow
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coefficient to loading, is defined by,

1

o1 3
N, = e

2.7
(P2 - ) ( )

e

with the impeller rotation speed 2 expressed in radian/s. The polytropic efficiency

Tpoly can be deduced from the following relationship,

DPo2 [1 N ViaU ]npm’_}l

Po1 B CpOTOI

which is a derived from of Euler turbine equation for impeller flow with no pre-swirl
coming into it. Without pre-swirl, the impeller exit tangential velocity also represents

the impeller work, VioU,. The correlation plot from [5] is reproduced in Figure 2-3.

Using the CFD data generated for the validation case, 1,01y and N, are computed
using Equation 2.7 and 2.8. The results are 90.9% and 0.90 respectively. It can be
seen in Figure 2-3 that the newly computed data point falls into the data band of the

correlations.

In view of the success of the above validation, it is concluded that the application
of the solution algorithm to the present grid resolution represents a good compromise
between computational economy and prediction accuracy. Thus, the same level of

resolution will be used throughout this investigation.

2.4 Control Numerical Experiment

2.4.1 Influence of Interaction on Impeller Flow

Since the aim of the current project is to investigate the stage performance trend under

the influence of stronger interaction, it is important to maintain a control experiment
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environment to single out the contributing factor to be studied. Thus, to study the
effect of downstream condition on the impeller performance, an identical impeller is
coupled to three different diffusers to simulate different degrees of interaction. The
major difference between these three configurations is the size of the radial gap, or
the diffuser leading-edge to impeller trailing-edge ratio (ry/r2). Respectively, the

impeller is coupled to the following three diffusers:

e 1. vaneless with 7o /ry = 0o, no interaction
e 2. vaned with ry /ry = 1.092, intermediate interaction

e 3. vaned with ry /Ty = 1.054, strong interaction

Other than ro/re, all geometrical parameters, such as vane stagger angle, the
channel area A(r) of the three diffusers, are kept the same. After a discussion with
Marble [28], both the hub and shroud surfaces of the vaneless diffuser are tapered
axially to account for the absence of mechanical blockage associated with the vanes.
Thus, the second requirement is achieved. It should be noted that the exit radius
of the vaneless diffuser has been cut short: rs/ry = 1.23; while the value of r3/r; is
maintained at 1.46 for the two vaned configurations. Otherwise, the vaneless diffuser
tends to have separation, similar to the type observed by Senoo et al. [38], and such

separation jeopardizes solution convergence.

The performance from these three configurations at the same impeller speed U,
and time-averaged mass flow 7 have been compared. Iterations on the exit pressure
p3 were necessary before the target mass flow, a computed output, was obtained for

each configuration.

2.4.2 Influence of Interaction on Diffuser Flow

The geometry of the diffuser is kept the same when the effect of upstream condition
on its performance is being studied. The full interaction run with ro /rs = 1.092
configuration (calculation 2) was chosen as the reference case. In the stationary

frame, the rotating impeller outflow can be decomposed into three parts:
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e base flow with uniform momentum averaged swirl angle [14] in both axial and

circumferential direction (steady)
e axial (hub-to-shroud) distortions (steady)

e unsteadiness, or the circumferential non-uniformity from upstream

It is known that the momentum averaged inlet swirl angle is the most important
parameter in setting diffuser pressure recovery [15]. Phillips [33] has found that the
influence of axial non-uniformity is negligible compared to that of inlet swirl angle.
Thus, the present investigation is designed to isolate out the effect of unsteadiness
and compare it to the effect of axial distortions. As explained hereafter, two more
steady diffuser-alone calculations (listed in Table 2.2) are needed for isolating the

respective effects of unsteadiness and axial distortions.

To do this, the unsteady inlet flow to the diffuser from calculation 2 is time-
averaged at each node on the interaction plane to form the boundary condition for
the first diffuser-alone steady calculation, designated as calculation 4. Detailed in
Appendix A, the time-averaging procedures are conducted by conserving the local
mass, angular momentum, and impulse at each of the interaction plane nodes in one
period (blade passing). The inlet conditions for calculation 4 thus contain no un-
steadiness but have the axial non-uniformity and the circumferential non-uniformity
from the downstream vanes retained. The resulting flow field of calculation 4 therefore

represents that of calculation 2 with unsteadiness filtered out.

The second diffuser-alone steady calculation is designed to isolate the effect
of axial-distortions in the impeller exit flow. The procedures are more subtle be-
cause spatial averaging will also eliminate the circumferential non-uniformity from
the downstream vanes. Attempts to prescribe uniform boundary conditions at the
original diffuser inlet boundary (interaction plane) fail because portion of the flow will
then have its incidence mis-aligned with the diffuser vanes, resulting in high loss and
jeopardizing diffuser performance. Thus, the inlet boundary of the next calculation

(no. 5) has to be moved upstream before a set of uniform boundary conditions (pg,
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To, @) can be applied. As seen in Figure 2-4, the inlet boundary of calculation 5 is
located at r/rs = 0.82, about one pitch upstream of the diffuser vane leading edge,
while the original inlet boundary is located at the interaction plane (rq; /ro = 1.02).
Iterations on the inlet boundary conditions were required before the following inte-
grated quantities at the original inlet boundary matched those of calculation 2 (after

time-averaging).

e mass flow, [ dm
e angular momentum, r [ V;dm

e impulse, [ pdA + [V,dm

Once they are matched, the resulting flow field of calculation 5 is equivalent to that
of calculation 2 except that unsteadiness and inlet axial non-uniformity have been
filtered out. Table 2.2 outlines the difference between the three calculations in terms

of inlet diffuser boundary location.

As designed, the difference between calculations 2 and 4 isolates the effect of
unsteadiness, while the difference between calculations 4 and 5 isolates the effect of
axial non-uniformity. It should be emphasized that both factors are representative of a
typical impeller exit flow, as they are derived directly from the results of calculation 2.
Also, all three cases allow the presence of downstream induced circumferential non-
uniformity in the interaction region. Retaining such non-uniformity is necessary for

the accurate simulation of the diffuser performance.
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Time-averaged quantities | Measured Computed

mass flow m (kg/s) 1.77 1.77
(target)

impeller total-to-total pressure ratio pgz/po1 6.9 6.6
impeller total-to-static pressure ratio ps/po; 3.7 3.5
stage total-to-static pressure ratio ps/po; 9.7 5.5
diffuser pressure recovery coefficient C, 0.62 0.62
diffuser loss coefficient C), 0.20 0.19
highest Mach number in diffuser 1.2 1.17

Table 2.1: Comparison of measured and computed performance parameters generated

from the 9.2% radial gap configuration

Axial Circumf. non-u. from
No. Location Unsteadiness  non-uniformity upstream downstream
2 Interaction Present Present Present Present
plane (from impeller)
4 | same as no. 2 Absent Present Absent Present
5 Moved Absent Absent Absent Present
upstream (negligible)

Table 2.2: Comparison of diffuser inlet conditions for calculation 2, 4, 5
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Unstructured Mesh
with 9.2% radial gap

68538 nodes
364320 tetrahedral cells

impeller
< < < rotation

interaction
region

diffuser
exit

Figure 2-1: The unstructured mesh used for the ro /rs = 1.092 configuration with the
casings of both impeller and diffuser removed
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best-fit line: slope = -1.222; offset = 0.950
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Figure 2-2: The relationship between radial velocity V2 and tangential velocity Vi
at impeller exit for the 9.2% radial gap configuration, both speeds non-
dimensionalized by U,
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Figure 2-3: Correlations between polytropic efficiency 7,0, and specific speed Ny repro-
duced from [5], with the present data point added
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CHAPTER 3

INFLUENCE OF INTERACTION ON
IMPELLER FLOW

3.1 Introduction

This chapter presents qualitative and quantitative descriptions of the flow in the
impeller with different degrees of interaction. These are obtained by varying the
radial gap size ro /73, which is the only control variable in this numerical experiment.

The procedures for the control study were discussed in section 2.4.

Rodgers’ [37] experimental study on how the effect of ry/ry influences perfor-
mance has a similar approach to the current one. His results, reproduced from [37],
are summarized in Figure 3-1. It can be seen in Figure 3-1 that the configuration with
the strongest interaction (ry/r = 1.035) actually has inferior impeller performance
compared to the configuration with a wider radial gap (ry /r2 = 1.125). Impeller total
pressure ratio poz/po1 is 5.3 vs. 5.5, while the isentropic efficiency 7;sen is 0.76 vs. 0.78.
Widening the radial gap from 7y /7, = 1.125 to 1.180 results in a drop of performance
in terms of both pga/pe1 and 7;sen, though they are still higher than their counterparts
in the ry /ro = 1.035 case. The widest gap configuration with o /ro = 1.215 produces
the worst impeller performance. In summary, Rodgers demonstrates experimentally
that there exists an optimum radial gap size for impeller performance. In other words,

impeller-diffuser interaction contributes positively to impeller performance unless the
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two components are placed too close. No explanation was provided in the reference.
A goal of this investigation is to verify Rodgers’ observation by applying CFD to a
stage of recent industry design, and then explain why such changes occur when the

radial gap size is varied.

3.2 Numerical Results

Calculations 1, 2, 3 are carried out according to the procedures in Section 2.4 and the
results (poz/po1 vs. 1) are plotted in Figure 3-2. As seen in Figure 3-2, a perfect match
for the resulting mass flow 72 between all three configurations cannot be achieved,
because 7 is the end-product of a calculation. Limitation of resources does not allow
too many runs for the searching of perfect match. Nevertheless, the variance of 7
in the three cases is within 1% of the reference value, considerably smaller than the

operating range of any well-designed machine.

There was concern on whether the different pressure ratio po2/pe1 observed in the
three cases was due to the slight mismatch of mass flow. To verify that sensitivity to
m is not the major factor in the difference observed in the pressure rise characteristic
for the ry /ro = 1.092 case was established using the data collected from various runs
of this configuration, each prescribed with a different diffuser exit pressure p;. The
characteristic is obtained in Figure 3-2 as the best-fit line of the ro /7o = 1.092 data
points. The two data points respectively from the vaneless and ry /ro = 1.054 are
not close to the ro /T, = 1.092 characteristic, demonstrating that radial gap size can
indeed influence the impeller total pressure ratio. In other words, impeller-diffuser

interaction severity is identified as the major contributor to the performance change.

The performance parameters of the three calculations are tabulated in Table 3.1
for comparison. The most significant aspect of the results is that they echo Rodgers’
observation; placing the two components closer does not necessarily result in higher
impeller pressure ratio. As shown in Table 3.1, the highest pressure ratio pgs/pp =

6.63 is produced by the 7y /ry = 1.092 configuration which has intermediate inter-
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action severity, higher than pg2/po; in the vaneless configuration by more than 3%.
Closing the radial gap from 7 /ry = 1.092 down to 1.054 causes pg2/pe1 to drop to
6.51. Similar “turn-around” behavior is also observed on the isentropic efficiency

Thpoly, Which is evaluated using Equation 2.8.

The efficiency for the strong interaction case is lower than that of the medium
interaction case by close to a percentage point, while the impeller work (represented
by the exit tangential velocity V;,) is roughly equal for the two vaned cases (Vi /Us =
0.628 vs. 0.629). What contributes to the change in both circulation and loss will

become the focus of further investigation.

With the performance difference between the three configurations identified, the
next question to answer is where the difference originates. Figure 3-3 shows the
total pressure ratio po/po2, mass and time averaged at each meridional station, for
the three configurations. Noticeable differences only arise at the last 10% of the
impeller passage near the blade trailing edge. This region, denoted by the circle in
Figure 3-3, is within one pitch distance upstream of the diffuser vane leading edge. It
therefore should be influenced by the potential field of the diffuser vanes. With ry /75
acting as the only control variable in the comparison, Figure 3-3 provides evidence
that impeller-diffuser interaction induces the observed performance change in the

impeller.

The direct consequence of the potential effect from the diffuser vanes is the intro-
duction of unsteadiness into the impeller flow field because relative to the impeller, the
pressure field associated with downstream vanes is rotating. Figure 3-4 plots the in-
stantaneous static pressure along the impeller passage centerline for the ro /ry = 1.092
configuration, as the static pressure gradient is the driving force for the flow field.
The data are obtained at 8 different instants of one period (one blade passing) with
equal time interval separating them, so each line in Figure 3-4 is a snap-shot of the
meridional distribution of static pressure. Again, only in the last 10% of the impeller

passage the pressure field undergoes large changes, in the form of unsteadiness.

The above observation is summarized in Figure 3-5 where the rms time fluc-
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tuation of static pressure along the same path is plotted. The fluctuation drops
from roughly 5% of the impeller exit dynamic pressure (poz — p;) to about 0.5% at
90% meridional distance and is essentially negligible upstream of the 80% meridional
station. Figure 3-4 and Figure 3-5 strongly indicate, though not conclusively, that
unsteadiness induced by interaction is responsible for the observed change of impeller
performance. Lacking yet is the flow mechanism(s) which links the unsteady pressure
field to the performance change. The investigation of such flow mechanism(s) is the

main subject of the next section.

3.3 Explanation of Observations

The aim of this section is to show that one-dimensional flow models (documented in
Section 3.3.1 - 3.3.2) can describe the change in the impeller total and static pressure
ratio as a result of diffuser vanes being placed closer to the impeller. The model
also allows the identification of the major contributors to the change in impeller
performance. The flow mechanism(s) which leads to the contributors can then be
traced by applying flow visualization on the computed data, as described in Section

3.3.3.

3.3.1 One-Dimensional Model of Impeller Total Pressure Ra-
tio

To explain why impeller total pressure ratio pp/pg;, changes with the addition of
diffuser vanes downstream, it is convenient from here on to express the pressure ratio
and loss relationship in terms of entropy s. Equation 2.8, the modified Euler turbine

equation which expresses loss in the relative term Mpoly, 18 thus rewritten as,

e
Poz _ [1 N VtzU2}"1 o~(sa=s1)/R (3.1)

po1 CpoTo:
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The advantage of using Equation 3.1 instead of Equation 2.8 is that both of the two
independent variables in Equation 2.8, V;; and s3, can be obtained directly from the
computed flow data after mass and time averaging. Linearization of Equation 3.1

isolates the effect of these two independent variables on Apy, as:

Apox _ [( Y ) ( VieUs )] AVie [ g ] Asy (3.2)
Do2 v—1) \CpoTo1 + Vi2Us Via v—1] Cpo '

where A is used to denote the incremental change of flow quantities from those of

vaneless configuration.

However, V;, is not the most fundamentally independent variable because it de-
pends on the channel velocity W, in the relative frame, and the dependence of V;; can
be illustrated more clearly using the velocity triangle in Figure 3-6. The main message
from Figure 3-6 is that the flow does not follow the blade contour (backsweep angle
X2 in Figure 3-6) completely. Thus, the actual tangential velocity Vi, differs from
that based on blade backsweep angle by a slip velocity V;. V; itself is predominantly
a result of inviscid effect [5], which depends largely on the circumferential spacing of
the impeller blades. Since the impeller geometry has not been changed in this control
experiment, the incremental change of V can only be attributed to the presence of
the downstream vanes. Furthermore, this implies that impeller-diffuser interaction

can also affect the channel velocity W5 via its influence on V.

The description of this relationship is made somewhat simpler by employing 8,
the angle between the radial direction and the exit flow direction in the relative frame,

instead of V; as the independent variable; and the relationship is,

Vie = Uy — Wasin 8 (3.3)
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Equation 3.3 can be linearized into the following form,

AVig _ [—(Uz — Viz)] AW, n [ 1 (—A0) (3.4)

Vio Viz Wy

tan o

The negative sign preceding 6 in Equation 3.4 signifies that a smaller § implies reduced

slip, which is beneficial to impeller pressure ratio.

How W, responds to change in the local flow condition can be derived using
one-dimensional flow conservation equations expressed in incremental form as in
Shapiro [40]. Details of the development are outlined in Appendix B and the re-

sulting relationship is,

AWQ . -1 AAeff Y 1 ASQ
Wo [1 - Mfel,Z] Acsy * l(’y -1 1- Mfel,z Cpo (3'5)

where M, - is the relative Mach number of the impeller passage flow evaluated in
the frame of the impeller, and A,y is the effective flow passage area, which is the
geometrical passage area minus the flow blockage. The non-dimensional blockage B

is related to Agss 2 by,

A
1— B = —¢f 3.6
Aactual ( )

Khalid et al. [24] provides step-by-step procedures to evaluate B for steady flow in
axial machines. The adjustment to these procedures so that they can be adopted for

this investigation is described in Appendix C.

With some algebraic manipulation, Equations 3.2, 3.4, 3.5 can be consolidated

into a single expression by eliminating the dependence on AW, and AVj,. This

2A.ss has a weak dependence on 6 but the approximation in Equation 3.6 is adopted in the
current model for simplicity.
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establishes the relationship between the change in impeller total pressure ratio and
the three independent incremental changes which completely represent the influence of
impeller-diffuser interaction: AA.ss, Asy, —Af. The expressions for this relationship

are,

Apo2 (AAeff) (Asz)
=Ca|—=]+C, | = | +Co(—A8 3.7
DPo2 4 Aeff CpO o ( ) ( )

where C4, Cs, and Cy are the influence coefficients of the three independent incre-

mental changes stated above, defined by,

Us — Vo 1 Y ViaUs
Ca= ( ) >0 3.8
4 Vo (1 - Mfd,z) (’Y - 1) (Cpon + Vt2U2) (38)

_ ’Y
Cy=—(1+Cy) <——7 . 1) <0 (3.9)
_ 1 Y ViaUs
Ca B (tana) (’Y — 1) (CpOTOI + V;,QUQ) >0 (310)

The sign convention of the influence coefficients in Equations 3.8 to 3.10 is defined by
assuming both quantities (U; — V't2) and 6 are positive, which is true for any impeller
with backsweep. Substituting Equations 3.8 to 3.10 into Equation 3.7 reveals that
a positive influence coefficient (C4, Cy) implies a positive contribution to impeller
pressure ratio, while the negative one (C;) implies the opposite. In summary, higher

impeller total-to-total pressure ratio can be achieved by any of the followings:

e More effective area — Reduced blockage
e Reduced loss

e Reduced slip.
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The three independent incremental changes are evaluated from the computations
by mass and time averaging at the impeller exit, and the results are summarized in
Table 3.2. It can be seen that placing the diffuser vanes closer to the impeller reduces
both blockage (Aefs 1) and slip (6 ), but increases loss (s 7). The incremental
impeller total pressure ratio Apgs/po2 can thus be estimated by substituting these
changes into Equation 3.7. The comparison between the one-dimensional estimation
(1-D, Equation 3.7) and the computed value (3-D) of Apga/po2, obtained directly
from the three dimensional unsteady flow data after mass and time averaging, is
shown in Figure 3-7 a. It can be seen that the correspondence between the 1-D
estimates and the 3-D computed results is good, and the “turn-around” behavior of
the total pressure ratio with reducing radial gap size is in agreement with the 1-D
model. Table 3.3 outlines the individual contribution of each of the independent
factors which affects impeller total pressure ratio. The comparison reveals that the
“turn-around” behavior is caused by the rapid increase in loss, which overtakes the

other two incremental changes beneficial to pressure ratio.

3.3.2 One-Dimensional Model on Impeller Static Pressure

Ratio

In addition to impeller total-to-total pressure ratio, attention should also be paid to
the effect of interaction on total-to-static pressure ratio. The reason is that both
pressure ratios (po2/po1, P2/Po1) contribute to the stage pressure ratio ps/po1, which is
the most important performance parameter of a centrifugal machine. The relationship

can be written as,

D3 Do2 P2
—=C,—+(1-0C,))— 3.11
DPo1 ppm ( p)Pm ( )
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Similar to the development for Apy,, the alteration ip impeller static pressure

Aps due to the interaction-mduced Incrementa] changes can algo be evaluated using

table. The complete expression is,

% ~C. (AAeff) +C; (éfg) (3.12)
2 Acys 20

where C'; and Cs are the influence coefficients defined ag

7Mrgel,2
Ci= - i >0 (3.13)
Cg_~(1+04)(731)<0 (3.14)



As in the procedure for Apgy/po2, the comparison between the one-dimensional
estimation (1-D, Equation 3.12) and the computed value (3-D) of Ap,/p, is shown
in Figure 3-7 b. Again, the correspondence between the 1-D estimates and the 3-D
computed results is good, and the “turn-around” trend of the static pressure ratio

with varying radial gap size is captured by the one-dimensional model.

In summary, the one-dimensional model for estimating Apge and Ap, helps iden-
tify the interaction-induced change in three independent factors (blockage, loss, and
slip) responsible for the incremental change in impeller pressure ratio. The model
is in agreement with the computed “turn-around” behavior of pressure ratio when
radial gap size is varied. According to Equation 3.11, understanding the interaction-
induced change in py; and p, addresses the entire upstream contribution to stage
pressure ratio. The investigation of the interaction effects on stage performance will
be completed by the study on the downstream change, namely C,, which will be

presented in the next chapter.

3.3.3 Flow Visualization on Computed Flow Field

The focus now is shifted towards the reason for the observed change in the three
independent factors. The investigation can only be conducted by flow visualization
on the computed unsteady three-dimensional flow field. The first quantity we look at
is the loss production in the impeller because it has a direct influence on pressure ratio.
The loss in an unsteady flow can be measured by the entropy [6], whose unsteady

transport equation takes the following form for adiabatic flow:

Ds 1 8V, k, 0T T
pﬁ— TTlJa—xj-Fﬁa—Ii'a—x—i (315)

where Tij the stress tensor, V] the velocity vector, z; the spatial coordinate and k.
the thermal conductivity. The right hand side of Equation 3.15 describes the source

of entropy production due to viscous dissipation and heat transfer respectively; while
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the left hand side represents the unsteady convection of the entropy flux.

By applying Equation 3.15 to the flow data, the local volumetric entropy pro-
duction rate p% (unit: Kst ) can be evaluated. This quantity provides immediate
identification of the high loss region. The p% contours on the transverse plane at the
impeller trailing edge for the vaneless configuration are plotted in Figure 3-8. These
show that the majority of the entropy generation occurs near the shroud, especially

at the tip leakage exit region.

Figures 3-9 to 3-16 plot p% contours at the same impeller location as in Figure 3-
8, but they are generated from the ry/r, = 1.092 configuration. Each of the plots
is obtained at an instant with equal time interval of one-eighth of a blade passing
in between . Besides showing that loss again originates mostly at the tip leakage
region, this series of plots also demonstrate the unsteady nature of the loss generation

associated with this region. For the main blade tip leakage, the entropy production

6 7

contours are noticeably denser at ¢t = ¢, ¢

T compared to those obtained half a period
apart at ¢ = 2, 3T. The same description can be applied to the splitter tip leakage
with the corresponding time shifted by half a blade passing. Loss generation is thus
a periodic process with a frequency of blade passing. However, a more important
question to an engineer is that whether this unsteady phenomenon can cause a change

in the time-averaged loss at the impeller exit.

This question can be answered directly by comparing the time averaged entropy
production for the vaneless and the vaned cases, i.e. plotting the incremental change
of entropy production from the vaneless configuration A(p%). The comparison is
done for both 7y /ry = 1.054 and 1.092 configurations which are plotted in Figure 3-
17. The A(p%) contours have been non-dimensionalized against the volume averaged
entropy production in the vaneless configuration to quantify the effect of downstream
vanes. Figure 3-17 shows that significantly higher incremental loss, by more than 100
times, is generated at the exit of the tip leakage flow when comparing the two vaned
cases to the vaneless configuration. In addition, the smaller the radial gap, the higher

the loss, confirms that the loss generation at the tip leakage exit is related to the flow
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unsteadiness in the region.

There is a possibility that the higher loss observed in the shroud region of the
vaned configurations is due to an increased tip leakage mass flow induced by inter-
action. To find out if there is an increase in the amount of tip leakage mass flow
when vanes are placed downstream, and more importantly, if such increase is indeed
significant to affect impeller performance, the time-averaged accumulated amount of
tip leakage mass flow (/1 after non-dimensionalizing) is compared for the three
radial gaps in Figure 3-18. It can be seen that rip, /77 has a predominately linear dis-
tribution along the impeller passage for both main blade and splitter. Similar results
have been reported by Moore et.al. [31]. As expected, difference between the three
configurations can only be found in the last 15% of the impeller passage, a result of
the local change in blade loading induced by impeller-diffuser interaction (see Fig-
ure 3-3). Comparing the time-averaged accumulated tip leakage mass flow between
the three cases (Aryip2/1m = +0.2% in Table 3.4) reveals that the change is too small
to account for the incremental change in loss at the impeller exit (Asy/s2 = +5.0%

in Table 3.2).

By ruling out the effect of the time-averaged A7y, investigation can be con-
centrated on the unsteady aspects of the tip leakage flow. The quantity to be studied
is the instantaneous tip leakage mass flux pWy;, in which Wy, is the tip leakage jet
velocity in the rotation frame. The ﬂuctuation of Wy, is closely related to the tip
region velocity gradient which determines the local viscous dissipation. Figure 3-19
compares the non-dimensional instantaneous main blade tip leakage mass flux %22
for the three gaps at the 90%, 95%, 99% meridional stations. Only minor unsteadiness
can be observed for the vaned cases at the 90% meridional station, but periodicity
of the tip leakage is apparent at the 95% meridional station. At the 99% merid-

jonal station, the tip leakage mass flux for the vaned cases is so unsteady that the

peak-to-peak amplitude of the mass flux is roughly equal to its time-averaged value.

It is expected that a smaller radial gap causes more unsteadiness to the flow

field near the impeller exit and this shows up in the tip leakage flow as well. As
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seen in Figure 3-19, at the 99% meridional station the ry/r, = 1.054 configuration
has a peak-to-peak variation of 0.247 for the quantity %{;}, while the ry /ry = 1.092
configuration has a value of 0.198. The time-averaged value of %22 at this location
ranges from 0.231 to 0.244 for all three cases. The behavior of the splitter tip leakage
flow is similar to that of the main blade and all the qualitative description of Figure 3-
19 can be applied to Figure 3-20, with the peak of the variation shifted by half a blade

passing.

For both the vaneless (Figure 3-8) and the vaned (Fig 3-9 to 3-16) configurations,
the high dissipation observed near the shroud region is caused by a high velocity
gradient associated with the cross flow between tip leakage flow and the main stream
flow. For the vaned configurations, the tip leakage mass flux pWj, time variation
comes mostly from the jet velocity Wy, variation because the tip leakage flow can
be considered as incompressible as the corresponding Mach number is about 0.5.
Therefore, the substantial unsteadiness in pW,;, (Figure 3-19 and 3-20) should lead
to an additional instantaneous tangential velocity gradient at the tip leakage region.
The result is an increased rate of viscous dissipation, which is also confirmed by the

entropy production rate plot shown in Figure 3-17.

To complete the investigation, the blade loading ’—;%’;i: for both the main blade
and splitter are respectively plotted in Figure 3-21 and 3-22. The comparison of the
three configurations are conducted at the same meridional stations as above (90%,
95%, 99%). It can be seen that the tip leakage mass flux (Figure 3-19 and 3-20)
are synchronized with the corresponding blade tip loading in terms of the occurrence
of the peak and trough, confirming that the unsteady pressure difference set up by
the downstream vanes is the driving force of the unsteady tip leakage flow. The
observation that instantaneous blade tip loading and tip leakage mass flux is in phase
indicates the tip leakage flow is quasi-steady. This can be confirmed by calculating

the reduced frequency 3 for the tip leakage flow:

(NQ)(b) _ b/pitch

b= Wip  Wap/Us

(3.16)
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where b is the blade thickness and 2 is the impeller rotation speed expressed in
radian/s. For the ry/ro = 1.092 configuration, 3 is evaluated to be 0.13 < 1 at
the 95% meridional station, explaining why tip leakage flow is quasi-steady and so

unsteadiness has little effect on the quantity of tip leakage flow.

Besides increasing loss, the higher viscous dissipation in the vaned cases can
influence blockage. This can be demonstrated by Figure 3-23 to 3-25 in which the
time-averaged entropy rise % of the three radial gap sizes are plotted. At the 90%
meridional stations (Figure 3-23), the % contours for all three configurations look
similar. However, at the 95% meridional station (Figure 3-24), it becomes apparent
that increased viscous dissipation near the tip leakage exit helps reduce the amount
of high-loss fluid flowing across the the pitch. This is demonstrated by the lower
value of entropy rise s — s; associated with the fluid collected at the casing-suction
side corner. This trend continues as the flow approaches the blade trailing edge in
Figure 3-25. The trailing edge plot also reveals that the % contours are denser for
the vaneless case, even in the main stream region. The findings are similar to those
obtained by Graf [16] who concludes that closer coupling between the rotor and stator
in an axial machine can help improve the endwall flow field in both loss and blockage,
in the expense of more rotor profile loss and stator loss away from the tip region. As

a result, the overall effective flow area A.fy is increased at the impeller exit.

The following summarizes the cause and effect for the increased viscous dissipa-

tion:

e Loading unsteadiness 1

Instantaneous pressure gradient across tip clearance 1

Tip leakage mass flux unsteadiness 1

Instantaneous velocity gradient 1
e Time-averaged viscous dissipation 1

e Time-averaged loss 1
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¢ Time-averaged flow blockage |

With the effect of unsteadiness on loss (Asy) and blockage (A A, ff) addressed, the
only remaining factor is slip, which is expressed in terms of the swirl angle incremental
change (Af). Although slip is largely dependent on the impeller blade spacing [5],
which is kept identical in the current study, flow separation can also change the
impeller exit flow angle. However, the mass flux at the impeller exit plot (Figure 3-
26) indicates that little separation occurs near the shroud for all three configurations,

leaving the inviscid effect from the vanes as the primary factor for the incremental

change in slip (A#@ listed in Table 3.2).

3.4 Summary

Results from the current numerical simulation are in agreement with Rodgers’ [37]
experimental findings that there is an optimum impeller-diffuser gap size for achieving
the highest pressure ratio in the impeller. However, the flow descriptions obtained
from the computation needs further analysis and organization to clarify the responsi-
ble mechanisms. Thus a one-dimensional model has been developed to help identify
the factors which affect the impeller pressure ratio when the radial gap size between
the impeller and diffuser is varied. The model can also be applied for preliminary

performance evaluation.

It is inferred from the computed results that there are three factors detrimental
to impeller pressure ratio. All of them can be affected by varying the impeller-diffuser

coupling. Respectively they are:
e Loss
e Blockage
e Slip

All three are responsible for lowering impeller total pressure ratio while only the first

two are related to the static pressure ratio.
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Increased coupling between the impeller and diffuser creates a more unsteady flow
field in the last 10% of the impeller passage. The resulting higher velocity gradients

lead to higher viscous dissipation which:

e Increase loss

e Decrease blockage

The effect is particularly strong in the shroud region because the cross flow between
the unsteady tip leakage flow and the main stream flow produces the highest velocity
gradient. Increased coupling also reduces the slip of the impeller exit flow due to the

inviscid effect of the closer diffuser vanes.

Altogether, coupling can be beneficial to impeller pressure ratio because of the
reduced blockage and slip, provided the impeller and diffuser are not too closely placed

so that loss overtakes the other two benefits.
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Interaction | no  medium strong

radius ratio ror /75 | 00 1.092 1.054

mass flow m (% of reference value) | 100.8  100.0 99.8
impeller total-to-total pressure ratio pps/po; | 6.43 6.63 6.51
impeller total-to-static pressure ratio ps/po; | 3.49 3.54 3.46
tangential velocity Vjo/U; | 0.618  0.629 0.628

polytropic efficiency 7o, (in %) | 90.6 90.9 90.2

Table 3.1: Comparison of computed impeller performance parameters from different ra-
dial gap size (r2 /T2)

Interaction no medium  strong

blockage By | 0.1353 0.1263  0.1241

S +1.04%  +1.30%

entropy 220221 | 0.1038  0.1010  0.1088

252 -0.0006  +0.0035
p0

slip § | 55.7° 54.8° 54.2°

AB (radian) -0.0164 -0.0255

Table 3.2: Incremental changes of independent variables in the impeller flow field due to
vanes being placed downstream
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individual medium strong
factors interaction interaction

reduced blockage | +1.80% +2.21%
increased loss +0.53% -3.32%

reduced slip +1.08% +1.67%

by +3.41% +0.56%

Table 3.3: Relative importance of independent factors for impeller total pressure ratio

Interaction | no medium strong

radius ratio ry /Ty | 00 1.092 1.054

main blade | 3.6 3.6 3.7
splitter | 2.1 2.1 2.1
: total ™22 | 56 5.7 5.8

Table 3.4: Comparison of accumulated tip leakage mass flow at impeller trailing edge for
different radial gap size
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Figure 3-1: Effect of radial gap size ros /r2 on impeller performance, reproduced from [37]
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Figure 3-5: Rms time fluctuation of static pressure along impeller passage centerline of
the 7o/ /Ty = 1.092 configuration, non-dimensionalized against impeller exit
dynamic pressure pgs — p2
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Figure 3-8: Contours of entropy production p% at impeller exit for vaneless configuration
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Figure 3-9: Contours of entropy production p% at impeller exit for ro/ /ro = 1.092 (t =
0.0007)
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Figure 3-10: Contours of entropy production p% at impeller exit for ro:/ro = 1.092
(t = 0.1257)
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(t = 0.2507T)
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Figure 3-12: Contours of entropy production p% at impeller exit for ro /ra = 1.092
(t = 0.375T)
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Figure 3-13: Contours of entropy production p% at impeller exit for ro:/ra = 1.092

(t = 0.5007)
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Figure 3-14: Contours of entropy production p% at impeller exit for ro /ro = 1.092
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Figure 3-15: Contours of entropy production p% at impeller exit for ror /Ty = 1.092
(t =0.750T)
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Figure 3-16: Contours of entropy production p-lD)—: at impeller exit for ror /Ty = 1.092

(t = 0.875T)
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Figure 3-17: Incremental entropy production A(p%) for the two vaned configurations
when compared to the vaneless configuration
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Figure 3-19: Comparison of main blade clearance periodic tip leakage mass flux at 90%,

95%, 99% meridional stations for three different radial gap sizes
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Figure 3-20: Comparison of splitter clearance periodic tip leakage mass flux at 90%, 95%,
99% meridional stations for three different radial gap sizes
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meridional stations for three different radial gap sizes
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Figure 3-23: Comparison of entropy rise % at the 90% meridional station between
three different radial gap sizes
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Figure 3-24: Comparison of entropy rise %l at the 95% meridional station between
three different radial gap sizes
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Figure 3-25: Comparison of entropy rise %1 at the 99% meridional station between
three different radial gap sizes
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CHAPTER 4

INFLUENCE OF INTERACTION ON
DIFFUSER FLOW AND STAGE
PERFORMANCE

4.1 Introduction

This chapter presents qualitative and quantitative descriptions of the flow in the dif-
fuser with different combinations of upstream parameters prescribed at the interaction
plane. The main objective is to quantify the importance of inlet unsteadiness on the

diffuser performance against other upstream factors, namely:

e axial (hub-to-shroud) distortions

e momentum-averaged inlet swirl angle [14]

The influence of the axial distortions has been investigated by Phillips [33], who
concludes that its effect on diffuser pressure recovery C, is minimal compared to
that from the inlet swirl angle, which has been identified by Filipenco and Deniz

et.al. [9, 10, 14, 15] as the single most important parameter in setting Cp.

It is recognized that interaction can change the impeller outflow angle. As seen in
Table 3.2, the flow angle in the relative frame (¢ in Figure 3-6) shifts from 55.7° for the

vaneless configuration to 54.8° for the ro/ry = 1.092 configuration. However, since
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a designer can always match the diffuser geometry to the modified impeller outflow
angle by adjusting the diffuser alignment, unsteadiness remains the only interaction-
caused factor to be understood (in terms of its effect on the diffuser performance);

thus flow unsteadiness is the focus of this chapter.

The approach is, again, to set up three control numerical experiments, so that
the two inlet factors stated above can be isolated. The time-accurate calculation for
the 7y /ro = 1.092 configuration is chosen as the reference case, which also supplies
the boundary conditions for the two subsequent diffuser-alone steady calculations.
Respectively named as calculations 2, 4, 5, the corresponding procedures have been
outlined in Section 2.4 and Table 2.2 presents the difference these calculations are
designed to isolate. It should be stressed again that the unsteadiness and axial dis-
tortions in the comparison are representative of those found in the impeller exit flow

because they are all derived from the data of the full interaction case.

4.2 Numerical Results

The swirl angle distribution in the vane leading edge region is shown in Figure 4-1,
with the flow direction pointing out from the page. The data are obtained at the vane
leading edge plane at ry /7, = 1.092. Comparing the results from calculations 2 and 4
indicates that eliminating upstream unsteadiness has a minimal impact on the swirl
angle distribution near the leading edge. The angle distribution from calculation 5
does look different from the other two cases because axially uniform flow has been
prescribed upstream. However, the area enclosed by the 70° contour is basically the
same for all three cases, and this region is where most of the flow momentum is.
Thus, eliminating upstream axial distortions relocates the high momentum region
away from the hub and towards the center, but has little impact on the momentum
ratio of the flow entering the diffuser channel, as ay virtually stays constant for the

three cases.

The results of the three calculations are summarized in Figure 4-2 which describes
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the development of both pressure recovery C, and loss C,ss in the diffuser channel. It
can be seen that the radial distribution of the pressure recovery (after mass averaging)
is similar for the three cases. More than half of the pressure recovery is obtained
in the throat region, which extends from r/r, = 1.092 (leading edge) to 7/ry =
1.18, demonstrating the vane’s function of reducing the angular momentum of the
incoming flow. Elimination of upstream unsteadiness (difference between calculations
2 and 4) increases Cj, by 0.008 while further elimination of upstream axial distortions
(difference between calculations 4 and 5) increases C, by another 0.005. Compared
to the magnitude of the change in C, (0.013), a similar change of Cj,s; (0.017) is
observed when both inlet unsteadiness and inlet distortion are eliminated from the
incoming flow. Thus the effect of inlet unsteadiness on the overall diffuser performance
is roughly comparable to that due to inlet axial distortions. Put it quantitatively,
the 0.008 reduction in C, due to unsteadiness is equivalent to mismatching the vane
orientation by 0.3°, as demonstrated in Deniz’s [9] experiments on some commonly
available straight-vaned diffusers. Such change is an order of magnitude smaller
than the operating range of those diffusers, confirming that the flow angle alignment
with the diffuser vane is the single most important factor that determines diffuser

performance.

4.3 Explanation of Observations

This section is divided into two parts. Section 4.3.1 discusses the effect of interaction
on diffuser performance. By combining this and the impact on the impeller perfor-
mance (Chapter 3), a global look at the influence of interaction on stage performance

is possible and will be presented in Section 4.3.2.

4.3.1 Effect of Interaction on Diffuser Performance

Phillips [33] concludes that for steady incoming flow with axial distortions, momentum

transfer within the flow energizes region of high flow angle misalignment, causing local
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separation bubbles to reattach to the vane suction surface, thus preserving diffuser
performance. His argument is equally applicable to the unsteady flow situation. In
other words, in addition to axial distortions, unsteadiness merely adds an additional

level of non-uniformity to the flow.

This point is illustrated by Figure 4-3 which plots the instantaneous mid-pitch
(midway between the vane leading edges) swirl angle on the leading edge plane at
Ty /T = 1.092 for the full interaction calculation (no. 2). The time variation at
three axial locations (respectively 10% from the shroud, mid-span, and 10% from the
hub) are shown. Also shown for comparison is the mid-pitch swirl angle at the same
locations for the steady calculation with upstream unsteadiness already eliminated
(no. 4). For the steady flow situation, it can be seen that axial variation of swirl
angle ay mp(7) is more than 12°, with g mpruy = 64° and oy mp shrous = 76°. The

subscript mp signifies the angles are obtained at mid-pitch.

In addition to the 12° axial variation, unsteadiness adds another 8° to the swirl
angle non-uniformity, resulting in a total variation of 20°. As seen in Figure 4-3, the
additional 8° comes from the periodic peak-to-peak angle fluctuation. A remaining
question is how the flow can enter the diffuser channel without triggering massive
separation when some portion has incidence so mis-aligned with the vanes. The

answer can be found in the static pressure distribution of the two calculations.

Figure 4-4 shows the time-averaged static pressure distributions of the unsteady
calculation (no. 2) near the leading edge on three axial planes (10% from shroud,
mid-span, 10% from hub), and Figure 4-5 shows the distributions for the steady
calculation (no. 4) at the same locations. All the plots have the same contour
intervals (A (ﬁ) = 0.05). All six distributions look very similar regardless of
axial location, although upstream axial distortions have been retained in both cal-
culations. This implies that the diffuser flow is subject to virtually identical time-
averaged two-dimensional pressure gradient, whose establishment depends solely on

the time-averaged and spatially-averaged alignment of the flow incidence (momentum

averaged inlet swirl angle) with the diffuser vanes. Only the alignment can ensure
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that a favorable pressure field exists to guide the flow into the diffuser channel. The

type or magnitude of the non-uniformity around this angle is largely irrelevant.

Although the improvement in pressure recovery and loss after eliminating up-
stream unsteadiness and axial distortions is only marginal, it is still of interest to
understand why there is an improvement. In fact, it can be examined using the
one-dimensional flow model presented by Greitzer [18]. This analysis basically shows
that nozzles suppress velocity non-uniformities while diffusers worsen them because
the increasing pressure level in a diffuser decelerate the slower streams more than the
quicker streams. The implication is that bringing the non-uniform flow to a uniform
state before it passes through a diffuser introduces less loss compared to performing
this procedure inside (or after the flow has exited) the diffuser. The former is exactly
what happens in the two steady calculations (no. 4 and 5) in which upstream non-
uniformities in the time domain and in the spatial domain are eliminated. The flow
is brought to a more uniform state before it enters the diffuser, and as a result, loss
is reduced and pressure recovery is increased. Since the time variation for the swirl
angle (8°) is in the same order of magnitude as that due to axial distortions (12°),
their effect on pressure recovery and loss are roughly comparable to each other, as

seen in Figure 4-2.

In conclusion, the computed diffuser performance depends primarily on the align-
ment of the time and spatially-averaged flow incidence with the diffuser vanes. The
independence of diffuser performance from upstream unsteadiness is in contrast to
the sensitivity of impeller performance to downstream unsteadiness, as identified in

Chapter 3.

85



4.3.2 Effect of Interaction on Stage Total-to-Static Pressure
Ratio

The relative importance of each factor in contributing to stage total-to-static pressure

ratio can be studied by linearizing Equation 3.11:

A'ps ( A'pgy ) ( A'py ) ( A,Cp)
— = + K. + K 4.1
D3 P2\ poa 2\ p cr Cp (4.1)

Of the three independent variables, py, and p; are the contribution from the impeller

(Chapter 3) while C,, is the contribution from the diffuser (Chapter 4, above).

In Equation 4.1, A’ signifies the change due to the reduction of radial gap size.

Kpo2, Kpo, and K¢, are the corresponding influence coefficients. Their definitions are,

Ko = CoPoz (4.2)
P3

Ky = (l_pﬂ >0 (4.3)
3

KCp _ (Poz - Pz)Cp

>0 4.4
o (4.4)

The performance changes associated with the reduction of radial gap size from ry /75 =
1.092 (Calculation 2) to 7 /ry = 1.054 (Calculation 3) can then be substituted into
Equation 4.1 for evaluation of their effect on the stage total-to-static pressure ratio

p3/po1- The changes are summarized in Table 4.1.

As seen in Table 4.1, the gap size reduction (increased interaction) has more in-
fluence on the impeller performance, for which both pg2/pe1 and pa/pe; have a roughly

2% reduction. The diffuser performance is relatively insensitive to gap size reduction,

86




as Cp increases by less than 1%. Substituting these changes into Equation 4.1 gives a
value for A'ps/p3 of -1.65%. Of this -1.65% change, -1.32% is due to the A’pg, term,
-0.60% is due to the A’p, term, and +0.27% is due to the diffuser term A'C,. The
results demonstrate that most of the interaction influence on stage total-to-static pres-
sure ratio can be attributed to the changes in the impeller. The explanation can be
found in Chapter 3 which shows that the unsteadiness associated with the tip-leakage
flow is responsible for the change in blockage and loss in the impeller exit flow. Both
are major contributors to impeller pressure ratios (po2/po; and p, /Po1) according to
Table 3.3. In other words, impeller tip leakage flow is the principal mechanism for

the impeller-diffuser interaction induced changes in stage performance.

4.4 Summary

Alignment of the diffuser vanes with the time and spatially-averaged impeller exit flow
angle is singled out as the most important factor in setting the diffuser performance.
The effects of other inlet factors, unsteadiness and axial distortions are found to be

at least an order of magnitude smaller than the alignment effect.

However, since the current calculations are conducted near design point, there is
little separated flow in the diffuser flow field for unsteadiness to act on. Separated
flow may provide a similar mechanism as the impeller tip leakage flow to magnify the
influence of the impeller-diffuser interaction on stage performance. Engineers should

be cautious in applying the current findings in off-design conditions.

It is also possible that interaction can affect diffuser performance by changing
the impeller exit flow angle, but a design engineer only needs to adjust the vane
angle slightly to match flow angle shift to keep this influence to a minimum. Diffuser
performance is thus less susceptible to interaction influence than impeller performance

when the diffuser is operating near its design point.
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Interaction medium strong A!

ry/ry | 1.092  1.054

impeller influence pa/por | 3.542  3.456 | -2.44%

poz/Po1 | 6.625  6.509 | -1.75%

diffuser influence Cp,| 0.622 0.627 | +0.77%

oy | 67.4° 66.9°

¥: stage performance ps/po: 5.461 5.371 | -1.65%
(from Equation 4.1)

Table 4.1: Change of stage total-to-static pressure ratio and other performance parame-
ters due to a reduction of radial gap size ro/ /73 from 1.092 to 1.054
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Calculation 2: Time-accurate calculation
full interaction (data presented after time averaging)

S.S.

p-

Calculation 4: Steady calculation
with inlet unsteadiness eliminated

\’90/ =y shr.

0

p-s. S.S.

Calculation 5: Steady calculation with
both inlet unsteadiness and axial distortions eliminated

QW - shr.

m _ - hub

p.s. s.s.

Figure 4-1: Comparison of local swirl angle (in degrees) at the diffuser vane leading edge
plane at r/r; = 1.092 after elimination of upstream non-uniformities: un-
steadiness and axial distortions
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Pressure Recovery

Loss
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—-o-- 4 0.630 0.188
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Figure 4-2: Comparison of pressure recovery Cp and loss Cj,ss for calculations 2, 4, 5
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Figure 4-3: Effect of unsteadiness on the swirl angle at mid-pitch of the diffuser inlet
plane
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(c) 10% from hub

Figure 4-4: Comparison of time-averaged pressure distribution (A (% = 0.05)

around the leading edge region at three different axial planes for the r/ry =
1.092 configuration (Calculation 2)
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(c) 10% from hub

Figure 4-5: Comparison of pressure distribution (A (Bﬁ) = 0.05) around the leading

edge region at three different axial planes for the diffuser alone calculation
with upstream unsteadiness eliminated (Calculation 4)
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CHAPTER 5

SYNTHESIS OF COMPUTED RESULTS
FOR CENTRIFUGAL COMPRESSOR
STAGE

This chapter is aimed at providing guidelines for centrifugal compressor design
and performance data interpretation. Section 5.1 provides suggestions for effective
implementation of numerical performance simulation, while Section 5.2 comments on

current design trends.

5.1 Guidelines for Numerical Simulation

Time-accurate unsteady flow simulation of turbomachines has been available for al-
most a decade, although it is still common in the industry to use steady flow calcula-
tions in design. The task of simulating multi-stages, coupled with complex geometries
encountered in actual fabrication (seals, exit collectors, etc), is just too demanding on
computational resources. To avoid carrying out unsteady flow simulation, engineers
have been using body forces, which include deterministic stresses, to simulate the ef-
fect of neighboring components. Examples of this approach can be found in [36, 27].
With better understanding of the influence on performance due to interaction es-
tablished from this investigation, it is possible to provide some insights that can be

applied to quasi-steady calculations.
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As indicated in Chapter 4, diffuser performance depends primarily on the align-
ment of the diffuser vanes with the spatially-averaged and time-averaged impeller
exit flow angle. The implication is that reasonably accurate prediction on diffuser
performance (in terms of C, and Cj,ss) can be obtained from quasi-steady calculation
with the upstream impeller modeled as axisymmetric body forces. This is because
the body force model is capable of simulating the time-averaged angular momen-
tum generation inside the impeller, while simultaneously allowing the presence of
circumferential non-uniformity originated from the vane. With both accounted for,
the correct pitchwise distribution of the time-averaged swirl angle at the impeller
exit can be established. To further improve the prediction accuracy, modeling of up-
stream unsteadiness is necessary so that its influence on the diffuser pressure recovery
and loss can be captured, especially when the diffuser is operating in an off-design

condition.

On the other hand, simulating impeller performance with quasi-steady calcula-
tion by replacing the downstream diffuser vanes with asymmetric body forces will
have a more serious effect on prediction accuracy because of the effect of unsteady tip
leakage flow. As seen in Chapter 3, without the non-axisymmetric pressure field set up
by the downstream vanes, the unsteadiness in the tip leakage flow can no longer exist.
It is this unsteadiness which substantially alters the blockage and loss associated With
tip leakage, which in turn causes a measurable change in impeller performance. Since
stage performance depends on both impeller performance and diffuser performance,
and impeller performance can be measurably affected by interaction, it is recom-

mended that time-accurate calculation be used for stage performance prediction.

The one-dimensional model developed in Chapter 3 then provides an effective
platform to present flow data (obtained from CFD or experiment) for making design
decisions, because it shows the trade-off between loss, blockage, and slip which com-
pletely cover the detrimental influence to the pressure rise in an adiabatic impeller.
More work is nevertheless necessary before the current model can be developed into

a fully predictive design tool, as the values of all three factors have to be obtained
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from three-dimensional time-accurate calculations or experiments.

One other caution should be raised concerning time-accurate calculation, namely
the possibility of numerical instability due to flow coupling. Our experience has shown
that the quality of the prescribed initial conditions, especially at the entrance to the
diffuser, is crucial for achieving convergence. The reason is that the pressure field
at the interaction region depends largely on the diffuser performance, as discussed
in Chapter 4. If the prescribed diffuser flow incidence is too mis-aligned with the
vanes, the pressure field in the interaction region cannot be established correctly, and
the impeller performance simulation suffers. As a result, the flow alignment further
deteriorates and eventually the simulation fails. It is found that initial conditions built
upon individual flow field obtained from single component calculation are adequate

for maintaining numerical stability.

In conclusion, flow coupling plays a crucial role in performance simulation, from
convergence capability to prediction accuracy. Its effect on prediction accuracy mainly
comes from its influence on tip leakage flow behavior, which is a result of the unsteady

blade loading.

5.2 Comments on Current Design Trends

In Chapter 3, it is shown that blockage and loss due to the tip leakage flow is detrimen-
tal to the impeller pressure rise. Eliminating the tip leakage flow may be an effective
way to improve impeller performance. However, tip-clearance gap of current design
has basically been brought down to the fabrication tolerance limit and is unlikely to
be reduced further without some technology leap, like application of active control
to the clearance gap [2]. Meanwhile, engineers have to rely on reducing the blade tip
loading to control the amount of tip leakage flow. Introduction of more backsweep

near the tip by leaning the blade is an effective way to achieve the reduction.

It is possible to further improve impeller performance by adjusting the balance

between the blockage and loss (both closely associated with tip leakage) so that it

97



is optimized for the highest impeller pressure rise. As shown in Chapter 3, the
simplest way to accomplish this is to increase flow coupling by reducing the radial
gap size between the impeller and diffuser. The main flow mechanism responsible
for the consequent reduction of blockage is the higher viscous dissipation rate at the
tip leakage due to a more unsteady flow field. Additional benefit also comes in the
form of slip reduction because of the stronger potential effect originating from the
vanes. However, one should exercise caution in introducing flow coupling , because
as demonstrated in Chapter 3, the increased loss can negate the benefit of blockage

and slip reduction.

Casing treatment may provide another option in adjusting the blockage-loss bal-
ance of the impeller exit flow, although it is more recognized as a measure to widen
the stall margin. The one-dimensional model developed in Chapter 3 deals with both
blockage and loss, so it can be used to describe the trade-off between loss and block-
age when evaluating the effect of casing treatment on impeller pressure rise. Future
investigation should be aimed at finding out whether combining flow coupling with

casing treatment can further improve impeller performance.

In conclusion, it has been demonstrated that tip leakage is an important flow
feature which can measurably affect impeller performance through its influence on
blockage and loss. Many design issues arise because of their potential in altering the
tip leakage flow behavior. This investigation has shown that one of these geometrical
parameters which can lead to such changes is the radial gap size between the impeller

and diffuser.
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CHAPTER 6

CONCLUSION

A computational investigation has been undertaken to elucidate the effects of
impeller-diffuser interaction on the stage performance, especially on stage total-to-
static pressure rise. This chapter provides an overview of the research contributions,
and explains the implications of these contributions in future centrifugal machine
design and performance analysis. Finally, recommendations for further study are

outlined.

6.1 Overview of Research Contributions

6.1.1 Generic Findings

The research contributions from this work are summarized as follows. The first two
items are generic for any blade row interaction, whether it is impeller-diffuser in

centrifugal machines or rotor-stator in axial machines.

e The importance of impeller-diffuser interaction on impeller tip leakage flow and
the consequent impact on loss, blockage, slip and ultimately on stage pressure

rise has been demonstrated.

e Much of the interaction effect on impeller pressure rise has been captured with

a one-dimensional model, although the factors involved, loss, blockage, and slip
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have to be obtained from time-accurate calculation.

An example of rotor-stator interaction influence in axial machines can be found
in Graf [16], who has observed changes in blockage and loss at the rotor exit after

applying different degrees of interaction downstream of the rotor.

6.1.2 Specific Findings

Representative of current design trends, the current impeller being studied has a tip
clearance gap size equal to 2% of exit blade height, a 52° backsweep, and an impeller
blade-diffuser vane ratio of one to one. Since these geometrical parameters can have
significant influence on the quantity of the tip leakage flow and the unsteady forcing
which acts on it, they can eventually affect the loss and blockage at impeller exit.
On the other hand, the diffuser is operating in a near-design condition, providing
little separated flow for unsteadiness to use as a mechanism to influence diffuser
performance. As a result, engineers should be cautious in applying the next two
conclusions to off-design conditions or to configurations with geometrical parameters

very different from the current set.

e The effect of inlet unsteadiness on diffuser pressure recovery and loss has been
shown to be similar to that from inlet axial distortions. Both have little influence
when compared to the dominant factor, alignment of diffuser vanes with the

spatially-averaged and time-averaged flow angle.

e The reason for the association of an optimum impeller-diffuser gap size with
the maximum total pressure rise in impeller has been defined. This occurs
because the penalty of loss increase overtakes the benefits from blockage and

slip reduction when diffuser vanes are placed too close to the impeller blades.
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6.2 Implications in Future Design

The implications of the fluid behavior observed in the computed results are summa-

rized in the following:

e The influence of the diffuser is not limited to pressure recovery, but it can also
enhance the impeller performance. The influence originates from the pressure
field established by the vanes, which in turn affects the tip leakage flow. The
consequent influence on impeller performance is found to be significant, as it

results in a total-to-total pressure ratio increase by more than 3%.

e Future design of impeller should be aimed at reducing the amount of tip leakage
flow. It is thus recommended to reduce the impeller blade tip loading by leaning

the blade so that there is more backsweep near the tip.

6.3 Recommendations for Future Study

Additional research is recommended in the following areas:

e The flow fields examined are obtained using CFD. Detailed unsteady flow mea-
surements from physical experiments should be obtained to assess the unsteadi-
ness observed in the tip-leakage flow and the consequent increase of viscous

dissipation rate.

e Investigations should be conducted on how to incorporate flow coupling and
casing treatment into a single design. Both are known to reduce the blockage
associated with tip leakage flow. Whether their combined influence is simply
additive and how the combination will impact tip leakage flow behavior remains

to be studied.

e It is recommended blade lean be utilized to reduce the amount of tip leakage
by decreasing the blade tip loading. Numerical experiments can be conducted
to provide design guidelines, especially in terms of the effect on the unsteady

blade loading distribution.
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e Further numerical experiments can be conducted by applying time-averaged
body force modeling to one of the components in the impeller-diffuser configu-
ration effect while retaining discrete blades (or vanes) in the other component.
This approach can thus eliminate the unsteadiness aspect from impeller-diffuser
interaction. For the configuration modeled with real impeller blades and diffuser
body forces, the computed results can quantitatively describe the contribution
of unsteadiness to the reduction in slip. Although the inviscid effect from the
vanes has been identified as the major contributor to the slip reduction in the
current investigation, its importance compared to that associated with the un-

steady tip leakage flow remains to be described quantitatively.

e Analytical estimates of the three factors, blockage, loss and slip have to be
developed before the one-dimensional model in Chapter 3 can be used as a
fully predictive design tool. Modifications can be made to Denton’s [11] model
on the mixing of tip leakage flow with main flow to estimate the changes in
blockage and loss due to interaction influence on tip leakage. Slip modeling
can be developed following the approach for its counterpart in axial machines,
deviation. Detailed correlations between deviation, blade spacing and camber

can be found in Cumpsty [5].
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APPENDIX A

TIME-AVERAGING PROCEDURES FOR
DIFFUSER INLET NODES

This appendix contains the details of the time-averaging procedures for the elimi-
nation of unsteadiness at the diffuser inlet boundary for Calculation 4. As mentioned
in Chapter 2, the procedures apply conservation principles in the time domain at
every inlet boundary node. The following are the discretised equations used in the

procedures:

Conservation of mass:

1

pV, = Z pi Vi (A1)
=1
Conservation of impulse:
2 1 &
+pV = =3 (pi+p V) (A.2)
iz
Conservation of angular momentum:
_—— 12
PViVe = =3 (o Vi Vi) (A.3)

=1
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Adiabatic:

n

— 1
pVi T, = EZ(M Vii Toi) (A.4)

=1

State:

3
|
AN
av)
N
[
o

(A.5)

Definition of total temperature:

TO—T(IA-%M) -0 (A.6)

=2 =3
S )

where 5, Vi, Vi, B, To, T and M are the 7 unknowns to be solved. Once solved,

Definition of Mach number:

these 7 variables will form the boundary conditions of the diffuser inlet boundary for
Calculation 4. n, the number of time steps in one blade passing, has to be larger
than 500 to ensure numerical stability in the interaction region. The instantaneous
quantities on the right hand side of the equations are obtained from the computed
unsteady flow field. Gauss-Siedel method is found to be the most effective for solving

this set of equations (Equations A.1 to A7)
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APPENDIX B

DEVELOPMENT OF ONE-DIMENSIONAL
QUASI-STEADY FLOW MODEL

This appendix contains the details for the development of a one-dimensional

quasi-steady flow model which describes the response of impeller channel velocity W,

to changes in loss s and effective flow area A.f; (Equations 3.5). The development is

based on Shapiro [40]. The equations involved are respectively,

Conservation of mass:

Adiabatic:

State:

Ap AAeff AW
— + =0 B.1
p Aeff w ( )
AT s AW
?+(7—1)MrelW =0 (B.2)
Ap Ap AT
- = 2P, = B.3
) P (B.3)
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Definition of entropy:

o8 _ o 7P (B.4)

Rearranging Equations B.1 to B.4 into the following matrix form isolates the two

independent variables (AA—"‘;?, C9—:0) from the other four dependent variables:

1 -1 -1 0 épB 0
—r1 Ap As
v 0 1 0 P — Cpo (B 5)
AT AA,
0 1 0 1 ar —_ATf‘?L
| 0 0o 1 (-uML &) L 0

Equations 3.5 can then be obtained by inverting the above matrix:

AWQ . -1 AAeff T Y 1 ASQ
W, |1- MEel,Z Aess -1 1- Mr26l,2 Cpo
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APPENDIX C

BLOCKAGE EVALUATION

This appendix contains the details on the extension of Khalid et al.’s [24] blockage
evaluation procedures, intended for axial blade row with steady flow, to the unsteady

flow field of an impeller passage.

Similar to that in steady flow, the time-averaged blocked area is,
Aactual - Aeff = PAaciﬁua.l (Cl)

and the time-averaged blockage B can be obtained by,

- (R ()
B=( IdvalV ):1—% (C.2)

Thus Khalid et al.’s procedures can be conducted at each time instant and the in-

stantaneous values of B can then be time-averaged to get B.

Khalid et al. suggested that the velocity gradient cut-off value, which defined the

blocked region boundary, should be 2. The expression is,

[v(pVm) |

P 2 (C.3)
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Cut-off Value 1.9 2.5 3.8

ry[r2 =1.092 | +0.96% +1.04% +1.11%

ry /1o =1.054 | +1.03% +1.30% +1.18%

Table C.1: Effect of the velocity gradient cut-off value on the computed AA—’:;’,—’

where C; is the axial velocity in an axial machine and c is the chord, representing
the flow path length. To represent the characteristic dimensions of the present im-
peller flow field, the channel velocity W,,, and the impeller diameter D are more

appropriate. Thus the non-dimensional velocity gradient is rewritten as,

| V(W) |
(PW)avg/D (C4)

A wide range of cut-off values has been tested. As seen in Table C.1, they all show
the same trend for blockage reduction AA—A‘;?ﬁ when the interaction is stronger. Thus

the value of 2.5 is selected as the cut-off criterion.

108




BIBLIOGRAPHY

[1]

2]

8]

[4]

[6]

[7]

ARNDT, N., AcosTA, A., BRENNEN, C., AND CAUGHEY, T. “Experimental
Investigation of Rotor-Stator Interaction in a Centrifugal Pump with Several
Vaned Diffusers”. ASME Journal of Turbomachinery, Vol. 112 (1990), pp. 98—
108.

BAE, J. W. Active Control of Tip Clearance Flow in Azial Compressors. PhD
thesis, Department of Aeronautics and Astronautics, Massachusetts Institute of

Technology, To be Published.

BAGHDADI, S., AND McDoNALD, A. “Performance of Three Vaned Radial
Diffusers with Swirling Transonic Flow”. ASME Journal of Fluids Engineering,
Vol. 97 (1975), pp. 155-160.

CLEMENTS, W., AND ARTT, D. “The influence of Diffuser Vane Leading Edge

Geometry on the Performance of a Centrifugal Compressor”. ASME Paper 89-
GT-163 (1989).

CumpsTYy, N. Compressor Aerodynamics. Longman Scientific and Technical,

Essex, England, 1989.

DawEes, W. “A Simulation of the Unsteady Interaction of a Centrifugal Impeller
with its Vaned Diffuser: Flow Analysis”. ASME Journal of Turbomachinery, Vol.
117 (1995), pp. 213-222.

Dawegs, W, 1996. Personal Communication.

109



8]

[9]

[10]

[11]

[12]

[13]

[14]

[15]

[16]

[17]

DEAN, R., AND SENOO, Y. “Rotating Wakes in Vaneless Diffusers”. ASME
Journal of Basic Engineering, Vol. 82 (1960), pp. 563-574.

DENIZ, S. “Effects of Inlet Conditions on Centrifugal Diffuser Performance”.

Massachusetts Institute of Technology, Gas Turbine Lab Report No. 225 (1997).

DENIZ, S., GREITZER, E., AND CuMPSTY, N. “Effects of Inlet Flow Field Con-

ditions on the Performance of Centrifugal Compressor Diffusers Part 2: Straight-

Channel Diffuser”. ASME Paper 98-GT-474 (1998).

DENTON, J. “Loss Mechanisms in Turbomachines”. ASME Journal of Turbo-
machinery, Vol. 115 (1993), pp. 621-656.

DoMERCQ, O., AND THOMAS, R. “Unsteady Flow Investigation in a Transonic
Centrifugal Compressor Stage”. AIAA Paper 97-2877 (1997).

EPSTEIN, A., AND SENTURIA, S. “Macro Power from Micro Machinery”. Sci-

ence, Vol. 276 (1997), p. 1211.

FiLiPENCO, V. “Experimental Investigation of Flow Distortion Effects on the
Performance of Radial Discrete-Passage Diffusers”. Massachusetts Institute of

Technology, Gas Turbine Lab Report No. 206 (1991).

FiLiPENCO, V., DENIZ, S., JOHNSTON, J., GREITZER, E., AND CUMPSTY,
N. “Effects of Inlet Flow Field Conditions on the Performance of Centrifugal
Compressor Diffusers Part 1: Discrete-Passage Diffuser”. ASME Paper 98-GT-
473 (1998).

GRAF, M. Effects of Stator Pressure Field on Upstream Rotor Performance.
PhD thesis, Department of Mechanical Engineering, Massachusetts Institute of

Technology, 1996.

GRAF, M., AND SHARMA, O. “Effects of Downstream Stator Pressure Field on

Upstream Rotor Performance”. ASME Paper 96-GT-507 (1996).

110




[18]

[19]

[20]

[21]

[22]

[23]

[24]

[25]

[26]

[27]

GREITZER, E. Class notes from Internal Flows in Turbomachines. M.I.T. De-

partment of Aeronautics and Astronautics, 1992.

HETHERINGTON, R., AND MoORITZ, R. “Influence of Unsteady Flow Phe-
nomena on the Design and Operation of Aero Engines”. AGARD Conference

Proceedings No. 177 on Unsteady Phenomena in Turbomachinery (1976).

Hiir, P., AND PETERSON, C. Mechanics and Thermodynamics of Propulsion.
Addison-Wesley Publishing Co., Reading, MA, 1992.

INoUE, M. “Radial Vaneless Diffusers: A Re-Examination of the Theories of
Dean and Senoo and of Johnston and Dean”. ASME Journal of Fluids Engi-
neering, Vol. 105 (1983), pp. 21-27.

INoUE, M., AND CuMPSTY, N. “Experimental Study of Centrifugal Impeller
Discharge Flow in Vaneless and Vaned Diffusers”. ASME Journal of Engineering
for Gas Turbines and Power, Vol. 106 (1984), pp. 455-467.

JOHNSTON, R., AND DEAN, R. “Losses in Vaneless Diffusers of Centrifugal
Compressors and Pumps”. ASME Journal of Basic Engineering, Vol. 88 (1966),
pp- 49-60.

KHALID, S., KHALSA, A., WaAITZ, I., TAN, C., GREITZER, E., CuMPSTY, N.,
ADAMCZYK, J., AND MARBLE, F. “Endwall Blockage in Axial Compressors”.
ASME Paper 98-GT-188 (1998).

KIRTLEY, K., AND BEACH, T. “Deterministic Blade Row Interactions in a
Centrifugal Compressor Stage”. ASME Journal of Turbomachinery, Vol. 11/
(1992), pp. 304-311.

KRAIN, H. “A Study on Centrifugal Impeller and Diffuser Flow”. ASME Journal
of Engineering for Power, Vol. 103 (1981), pp. 688-697.

LEJAMBRE, C., ZACHARIAS, R., BIEDERMAN, B., GLEIXNER, A., AND

YETKA, C. “Development and Application of Multistage Navier-Stokes Solver

111



(28]

[29]

[30]

[31]

[32]

[33]

[34]

[35]

[36]

Part II: Application to a High Pressure Compressor Design”. ASME Journal of
Turbomachinery, Vol. 120 (1998), pp. 215-223.

MARBLE, F., 1998. Personal Communication.

MEECE, C. “Gas Turbine Technologies of the Future”. International Symposium
on Air Breathing Engines Paper 95-7006 (1995).

MIKOLAJCZAK, A. “The Practical Importance of Unsteady Flow”. AGARD

Conference Proceedings No. 177 on Unsteady Phenomena in Turbomachinery

(1976).

MOORE, J., MOORE, J., AND TimwMis, P. “Performance Evaluation of Cen-
trifugal Compressor Impellers Using Three-Dimensional Viscous Flow Calcula-
tions”. ASME Journal of Engineering for Gas Turbines and Power, Vol. 106
(1984), pp. 475-481.

MucaLl, F., Wiss, D., EisELE, K., ZHANG, Z., CASEY, M., AND GALPIN,
P. “Unsteady Flow in the Vaned Diffuser of a Medium Specific Speed Pump”.
ASME Paper 96-GT-157 (1996).

PHILLIPS, M. “Role of Flow Alignment and Inlet Blockage on Vaned Diffuser

Performance”. Massachusetts Institute of Technology, Gas Turbine Lab Report

No. 229 (1997).

PINARBASI, A., AND JOHNSON, M. “Detailed Off Design Flow Measurements

in a Centrifugal Compressor Vaned Diffuser”. ASME Paper 97-GT-343 (1997).

REGALADO, A. “CPR for the Artificial Heart”. Technology Review, Vol. 102
(1999), pp. 53-55.

RHIE, M., GLEIXNER, A., SPEAR, D., FISCHBERG, C., AND ZACHARIAS, R.
“Development and Application of Multistage Navier-Stokes Solver Part I: Mul-
tistage Modeling Using Bodyforces and Deterministic Stresses”. ASME Journal
of Turbomachinery, Vol. 120 (1998), pp. 205-214.

112




37]

[38]

[39]

[40]

[41]

[42]

[43]

[45]

RODGERS, C. “The Performance of Centrifugal Compressor Channel Diffusers”.

ASME Paper 82-GT-10 (1982).

SENOO, Y., KINOSHITA, Y., AND ISHIDA, M. “Asymmetric Flow in Vaneless
Diffusers of Centrifugal Blowers”. ASME Journal of Fluids Engineering, Vol. 99
(1977), pp. 104-114.

SHANG, T., EPSTEIN, A., GILES, M., AND SEHRA, A. “Blade Row Interaction

Effects on Compressor Measurements”. AIAA Journal of Propulsion and Power,

Vol. 9 (1993), pp. 569-578.

SHAPIRO, A. The Dynamics and Thermodynamics of Compressible Fluid Flow.

The Ronald Press Company, New York, USA, 1953.

STORER, J., AND CuMPSTY, N. “Tip Leakage Flow in Axial Compressors”.

ASME Journal of Turbomachinery, Vol. 118 (1991), pp. 252-259.

TAMAKI, H., NAKAO, H., AND SAITO, M. “The Experimental Study of Match-
ing between Centrifugal Compressor Impeller and Diffuser”. ASME Journal of
Turbomachinery, Vol. 121 (1999), pp. 113-118.

VaLkov, T., AND TAN, C. “Effect of Upstream Rotor Vortical Disturbances on
the Time-Average Performance of Axial Compressor Stators: Part 1 - Framework
of Technical Approach and Wake-Stator Blade Interactions”. ASME Paper 98-
GT-312 (1998).

VaLKov, T., AND TAN, C. “Effect of Upstream Rotor Vortical Disturbances on
the Time-Average Performance of Axial Compressor Stators: Part 2 - Rotor Tip
Vortex/Streamwise Vortex-Stator blade Interactions”. ASME Paper 98-GT-313
(1998).

VAN ZANTE, D. E., STRAZISAR, A. J., Woob, J. R., HATHAWAY, M. D.,
AND OkIisHI, T. H. “Recommendations for Achieving Accurate Numerical

Simulation of Tip Clearance Flows in Transonic Compressor Rotors”. ASME

Paper 99-GT-390 (1999).

113



114




