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Abstract

The unsteady pressure field experienced by a centrifugal compressor stage can be
dominated by of the impeller-diffuser interaction. The energy of the unsteady field,
under certain aerodynamic and structural conditions, is capable of forcing the rotating
impeller blades to vibrate excessively to the point of failure, better known as a high
cycle fatigue (HCF) failure. This thesis seeks to identify the physical mechanisms
that set the forced response amplitude of an impeller due to the impeller-diffuser
interaction. The centrifugal stage researched is comprised of a stationary discrete
passage diffuser and an unshrouded rotating impeller with both main and splitter
blades. The forced response of two splitter blade modes are computed for a variety
of structural boundary conditions and unsteady loadings to elicit the driving phys-
ical mechanisms. The findings indicate that the forced response is enhanced when
the excitation frequency matches a component’s natural frequency, the characteristic
wavelength of the unsteady loading matches that of the structural vibration mode, the
resonance occurs at high speed, and when modal displacement exists at the impeller
blade’s trailing edge. The findings also suggest that modal coupling of blade and disk
dominant modes leads to high sensitivity of the forced response to small variations
in airfoil and disk backwall thickness. Identification of blade-disk couplings are de-
scribed using a simplified SAFE (Singh’s Advanced Frequency Evaluation) diagram.
The forced response of taut strings, Bernoulli-Euler beams, and a two mass-spring
system are also utilized to elicit how the physical mechanisms act on the impeller’s
forced response. The Bernoulli-Euler beam model suggests that a mismatch of the
forcing wavelength to the structural wavelength by 50% will reduce the forced re-
sponse amplitude by at least 75%. Finally, a decision tree is proposed to assess the
relative resonant risk of impeller modes to the diffuser excitation by identifying which
of the physical mechanisms may be the dominant driver of the forced response.

Thesis Supervisor: Choon S. Tan
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Chapter 1

Introduction

1.1 Motivation

Centrifugal compressor stages are used in a variety of turbomachinery applications
including power generation, rocket engine turbopumps, oil and natural gas pumps,
CO, sequestration pumps, and aircraft engines. Centrifugal compressor stages add
energy to the working fluid by raising the stagnation enthalpy. In an aircraft en-
gine centrifugal compressor stages may be used alone, in series, or in combination
with a supercharging axial compressor stage. A single centrifugal compressor stage is
comprised of a rotating impeller and downstream stationary diffuser. Like all turbo-
machinery, centrifugal compressor stages are susceptible to vibratory excitation which
can cause excessive stress and potential failure.

Current industry methods focus on minimizing the excitation strength by avoid-
ing resonant conditions which may occur when the frequency of the forcing stimuli
matches with natural frequencies of the structural components. Structures operating
at resonance are at risk of failure due to high cycle fatigue (HCF) if the induced
vibratory stress becomes excessive or prolonged. Avoiding all resonances in the oper-
ating range for an impeller is nearly impossible and might not be necessary as not all
natural frequencies of the structural components may be excited by known excitations
in the engine. Elucidating the conditions under which a centrifugal compressor stage

may experience a strong resonant response is the subject of this thesis. Knowledge
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of these conditions earlier in the design process will help to avoid costly redesign and
repeated testing if aeromechanical issues are only discovered later.

This thesis seeks to identify the attributes of the unsteady loading and structural
vibration modes that set the amplitude of the impeller’s forced response. The phys-
ical mechanisms identified will help rank the relative risk of vibration modes in the

operating range to a forced response induced by the impeller-diffuser interaction.

1.2 Technical Background

A centrifugal compressor stage generates a pressure rise by increasing the velocity of
the working fluid as the flowpath turns away from centerline, increasing the flowpath
radius. The diffusing section of the stage, or the “diffuser,” slows the high speed flow
exiting the impeller to generate a net increase in static pressure by reducing the Mach
number and tangential component of the velocity. The discrete passage type diffuser
is considered for this research but can take on many other forms (e.g. scroll, vane,
pipe, ctc.). The inlet of the diffuser and exit of the impeller are generally spaced
closely in the radial direction for performance reasons. The impeller-diffuser gap is
often referred to as the “vaneless” space and is among several features of a centrifugal
stage known to affect the vibratory response of the impeller. The interaction between
the impeller and diffuser has been referred to as the “impeller-diffuser interaction”

and is responsible for generating an unsteady pressure field on the impeller blades.

1.2.1 Centrifugal Compressor Design

Centrifugal compressor stages have an impeller with an inlet called the inducer, an
exit called the exducer, blades, a disk bore, and backwall. Figure 1-1 highlights
these locations on a representative stage. Figure 1-2 shows a view of the research
centrifugal stage. Note the discrete passages of the diffuser and the radial proximity
of the diffuser vane leading edges to the impeller trailing edge.

The centrifugal compressor stage mechanical design is a compromise between var-

lous competing requirements. Competing requirements may include the low cycle
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Figure 1-1: Schematic of a representative centrifugal compressor stage. 1 = impeller,
2 = inducer, 3 = exducer, 4 = diffuser, 5 = impeller backwall, adopted from [9].

Figure 1-2: View of the research centrifugal compressor stage showing the impeller
and discrete passage diffuser, adopted from [9].

fatigue life (LCF) of the bore, creep life of high temperature and stress locations,
crack growth, exducer tip deflection in both the axial and radial directions, HCF life
of the blades and backwall, and many more. To “tune” the natural frequencies of
the impeller, it may be necessary to add stiffness and mass to either the blades or

backwall by making thickness changes. These changes do not come without penalty

25



as the added weight of thicker blades or a thicker backwall must be supported by
the bore of the impeller disk, which is especially taxing if material must be added at
the exducer radius. The added burden on the impeller disk may cause the fatigue
life of the bore to be negatively affected. Knowing which modes in the operating
range may have a high vibratory response before the design is tested would be of high
value to a design engineer. With this knowledge during the design phase, necessary
steps to tune at-risk modes to appropriate speeds could be coupled with the overall

optimization of impeller mechanical design.

1.2.2 Flow Field Description

07
06 |
g 05 (—Aacoustic _)“
g 04 waooustic
=l
2 03
o
§ 02
A\ A
E
= of
_ Pps — Pss
01 Loading = AP, = m
02; 02 04 06 08 1
Splitter Chord

Figure 1-3: Time-accurate loading on the splitter blade tip normalized by the exducer
dynamic head as result of an acoustic wave generated by the impeller-diffuser inter-
action propagating upstream. The leading edge is at a chord location of zero and and
the trailing edge at one.

The forcing function is the result of the impeller-diffuser interaction. It has been
shown by K. Gould [9], C. Lusardi [14], among others, to manifest itself as a traveling

acoustic wave which propagates against the flow direction upstream along the impeller
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blades, decaying as it does so. Figure 1-3 shows time-accurate traces of the splitter
blade tip loading over two characteristic periods of the blade passing frequency. The
loading has been normalized by the exducer dynamic head which is the dynamic
pressure calculated using the inlet density and exducer tip speed. The last time point
trace is shown as a solid white line. Note the envelope of the unsteadiness decreases
toward the leading edge with the maximum loading occurring around 95% chord at
a value of 0.6. The splitter chord, in all figures, is the normalized chord length with
zero equal to the leading edge station and one equal to the trailing edge station.
The unsteady loading propagates as an acoustic wave for which the wavelength

can be approximated as,

Ao (1 - Mrel)

=
Qoj\fd

(1.1)

and can be shown to remain constant provided the corrected conditions remain
consistent between operating points. a, is the local speed of sound, M,.; is the relative
Mach number, €, is the rotational speed in Hertz and Ny is the integer count of the

number of diffuser vanes or passages.

1.2.3 Aeromechanical Challenges with Impellers

Centrifugal compressor stages can suffer from a variety of aeromechanical vibration
problems. Failure due to vibratory excitation is referred to as HCF. A component’s
fatigue capability is related to the material’s fatigue strength and its stress state.
Generally, the highly stressed impeller has the lower vibratory capability of the stage
and failure may manifest itself as a crack in an impeller blade. The driving force of
the vibratory response can be attributed to various time-varying loads acting on the
impeller blades. The unsteady loading may be the result of an unsteady pressure field
generated by the wakes from upstream stators, the interaction with the downstream
diffuser, cavity resonances, or self-induced non-synchronous vibration such as flutter.
Whether a response is synchronous or non-synchronous refers to whether the excita-

tion frequency of the unsteady loading is “in sync” with the rotational speed; that is,
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it varies with a fixed integer of the engine speed in revolutions per second sometimes
referred to as the engine order (EO). If the natural frequency of a structural compo-
nent and the forcing frequency match, the structure is said to be in resonance and
the potential for the component to vibrate at high amplitude and stress exists.

To minimize the risk of HCF resonant failure in turbomachinery stages, indus-
try has relied on either avoiding resonant crossings in the operating range or past
experience. A resonant crossing refers to the engine speed at which an excitation
stimuli matches a natural frequency of the structural components. Past experience
risk assessment focuses on whether a particular excitation has been known to excite
a particular family of structural modes. The former method of resonance avoidance
seeks to avoid the resonance in the temporal domain by avoiding the conditions which
match the forcing frequency with known natural frequencies of the structural com-
ponents. The later method of resonance avoidance captures the effect of the spatial
correlation between the forcing function and structural mode. Generally, the tem-
poral matching is much easier to quantify than the spatial matching which relies
on knowledge of the forcing function which might only be available using unsteady
computational fluid dynamics (CFD) or measurements. In some instances, designing
the resonant crossings out of the operating range may not be a feasible option and
the design may proceed to testing with the expectation that the resonant response of
the impeller will be measured. Often problematic resonant crossings are not found
until the centrifugal stage is built and tested which may require significant resources
to redesign. In these situations, having an understanding of the mechanisms that
control the excitation of the impeller blades earlier in the design process may lead to

designs which can better tolerate resonant crossings in the operating range.

1.2.4 Survey of Art: Assessing the Likelihood of Aerome-

chanical Difficulties

Methods traditionally employed in aeromechanical design of rotating impellers, in-

clude the use of Campbell diagrams, frequency versus nodal diameter plots (some-
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times referred to as Singh’s Advanced Frequency Evaluation, or SAFE, diagrams),
and Goodman diagrams. These diagrams highlight the current methods to identify
and correct potential HCF issues during the design process. The limitations of current
methods is in the prediction of the actual response, in terms of physical displacement
or stress versus the material’s capability. Unless measurements have been made with
strain gauges or lightprobes, the aforementioned diagrams only help to highlight en-
gines speeds at which potential HCF issues may manifest themselves and not the

actual response expected.

The Campbell diagram shows frequency versus engine speed. The natural fre-
quencies of structural modes and known engine order excitation frequencies are shown
across the operating range. The intersection of these curves represents a potential
resonance where the natural structural frequency and forcing frequency match. The
excitation order of upstream and downstream stages are generally shown as these
may be the dominant sources of unsteady loading on the airfoil. Figure 1-4 shows the
Campbell diagram for two splitter blade natural frequencies and the speed at which

these modes may experience resonance with the diffuser engine order excitation.

The SAFE diagram shows frequency versus nodal diameter and was originally
developed by Murari Singh [6]. Similar to the Campbell diagram, natural frequencies
of the structural modes are shown but now against possible nodal diameters of the
full wheel. This plot highlights how the excitation acting circumferentially around
the rotor spatially correlates with the nodal diameter of vibration. If the frequency of
excitation and the structural mode are matched, in addition to matching the engine
order excitation and nodal diameter of the mode shape, a potentially strong resonance
may occur since vibratory energy acting on each airfoil of the rotor will be in phase
with the vibration of the structure. This diagram also helps identify nodal diameters
at which mode shape families, such as those with blade or backwall dominant motion,
intersect. The crossings on the SAFE diagram are referred to as “veering” points.
Modes close to veering points may exhibit modal displacements which are a combina-
tion of the two families of modes but at a different frequency [19]. Figure 1-5 shows a

simplified SAFE diagram for the research impeller. Liberty is taken to connect modes
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Figure 1-4: Splitter blade Campbell diagram showing edgewise modes 5 and 6.

with blade dominant and disk dominant motion with a solid line to highlight families
of modes, therefore, the true veering behavior is not explicitly shown. Modes near the
intersection of these mode families may exhibit “modal coupling” of both the blade
and backwall mode shapes. The utility and construction of the SAFE diagram will
be revisited in Chapter 3.

The Goodman diagram relates the stress state of the component under vibration
to the material capability. It shows alternating stress versus mean stress and a curve
representing the material’s HCF capability at a particular temperature for a given
number of vibratory cycles. The diagram is useful when the stress state has been
measured by strain gauge or inferred using lightprobes, as it can be directly related
to the material’s capability. Without physical measurements of a particular vibratory
mode of interest, this diagram can be used with the finite element method (FEM)
derived steady state stress and scaled modal stresses to find the location which may

fail first through HCF during prolonged vibration. The Goodman diagram, like the

30



2x - Diffusers/rev

W? Mode 7

" Mode6

- ——— Mode5

Mode 4

Mode 3

—_— — \ Mode 2

Mode 1
Backwall modes
r T T T T T 1
0 30 60 920 120 150 180
Inter Blade Phase Angle
0 Nodal Diameter N/2

Figure 1-5: Simplified SAFE diagram of the splitter blade (blue) and backwall modes
(red).

Campbell and SAFE diagrams, does not predict the level of response as it only helps

to identify where a potential failure may occur for a particular vibration mode.
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1.3 Previous Work

The forcing function imposed on the centrifugal impeller is not unique to the impeller
design studied in this thesis and has been shown to be generic on several other cen-
trifugal compressor stages as a result of the impeller-diffuser interaction. Through
experimental results, Ziegler et al. [7] identified the diffuser vanes as the source of the
unsteadiness seen by the impeller blades. They found that by reducing the vaneless
space, the velocity fluctuations at the exducer could be significantly enhanced while
the performance of the stage could be increased due to a reduction in the separated
region exiting the impeller. Smythe [18] built upon these results by hypothesizing
that the time averaged incidence at the diffuser leading edge sets the unsteady pres-
sure distribution at the impeller trailing edge. She studied two centrifugal stages
which differed only in the size of the vaneless space with the shorter vaneless space
stage having a notable HCF concern. As a result of the increased incidence angle,
she found that the stage with the reduced vaneless space had a stronger unsteady
pressure distribution at the impeller trailing edge. Among other stages, Villanueva
[20] also studied the two centrifugal stages researched by Smythe. He showed that
the difference in the static pressure from the pressure surface to the suction surface
at the diffuser vane leading edge sets the level of unsteady loading experienced by the
impeller blades. This difference in pressure at the diffuser leading edge is a result of

the change in incidence angle onto the diffuser vane as the vaneless space is reduced.

Gould [9] studied the same research impeller which is the subject of this thesis
and found that the unsteady loading acting on the impeller blade is set by three key
parameters: 1) the magnitude of the unsteadiness is set by the radial gap between the
impeller and diffuser; 2) the attenuation of the unsteadiness is set by the DeHaller
number, or the relative frame diffusion; and 3) the chordwise distribution of the

unsteady loading is set by the relative Mach number of the through flow.

More recently, Lusardi [14] compared three centrifugal stages designed by differ-
ent manufacturers and found three physical mechanisms shared between the designs

that set the level of unsteadiness: 1) unsteady flow into the diffuser inlet creates a
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fluctuation in pressure at the diffuser leading edge which is the source of the pressure
wave that propagates upstream along impeller blade surface; 2) pressure side and
suction side waves propagating upstream can be out of phase which can amplify the
unsteady loading; and 3) as the impeller blade sweeps through the non-uniform static
pressure field of the diffuser inlet it experiences high pressure when in close proximity
to the diffuser vane and low pressure between vanes.

Methods to combine FEM and CFD codes to assess the forced response of an
impeller stage have been employed previously. Mansour and Kruse, as described by
Smythe [18], used numerical simulations to assess the forced response in a centrifugal
stage. Their results showed that forced response assessments using FEM and CFD
can agree reasonably well with measured strain gauge data. A similar method of
assessing the impeller’'s HCF response is used in this thesis.

It is the aeromechanical response of the impeller blades to unsteady loading gen-
crated by the impecller-diffuser interaction that is the subject of this thesis. The goal
is to understand the physical mechanisms which facilitate the most efficient energy
transfer from the unsteady flow field to the vibrating structure, and thus, a strong

forced response.

1.4 Aeromechanical Attributes of the Research Stage

The research centrifugal compressor stage assessed here is representative of a modern
high-performance design. It is comprised of an unshrouded rotating impeller with
both main and splitter blades, with the splitter blades having a shorter chord than
the main blades. Effort is placed on the response of the splitter blade, particularly,
the response of modes 5 and 6, to the excitation generated at the high speed crossing
with the number of diffuser passages. Figure 1-6 shows the mode shapes of the two
splitter blade modes of interest. Lightprobe data from previous engine tests showed
a markedly higher response from mode 6 than mode 5. Indications of HCF found on
the splitter blade are thought to be a result of the forced response of mode 6 to the

diffuser engine order excitation.
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Figure 1-6: Splitter blade mode shapes 5 and 6 for fixed displacement boundary
conditions on the sector model cut surfaces.

The diffuser is closely coupled to the impeller through flow in the vaneless space,
having a radial gap to exducer radius around 0.039. The peak unsteady loading
(amplitude of the net unsteady pressure difference across the splitter blade normalized
to the exducer dynamic head) at the aerodynamic design point is known to be about

0.6 [9]. Additionally, the impeller studied here has backwall (disk) modes within the
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operating range in proximity to the splitter blade modes and the diffuser excitation.
In summary, for purposes of studying the forced response of a centrifugal com-

pressor stage, the aeromechanical attributes of this stage include the following:

1. blade modes in the operating range which are known to have responded to the

diffuser excitation;

2. unsteady loading generated by the impeller-diffuser interaction acting on the

impeller blades; and

3. backwall modes close in frequency to blade modes at the diffuser engine order

excitation.

1.5 Technical Objective

The overall goal of this thesis is to determine and quantify the physical mechanisms
that influence the forced response of a centrifugal compressor stage impeller at res-
onance due to the unsteady loading generated by the impeller-diffuser interaction.
These mechanisms will be elicited through various computational models of the forced
response using unsteady loading computed with CFD and structural mode shapes
computed through FEM analysis.

The research questions include:

1. Why do some resonances determined from the Campbell diagram exhibit a

higher response than others during operation?

2. How can the physical mechanisms which lead to resonance be used to assess

design risk?

3. What physical mechanisms influence the forced response in the proximity of

blade-disk mode coupling?
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1.6 Research Contributions

The findings of this research highlight the conditions and the associated physical
mechanisms that set the forced response of a centrifugal compressor stage impeller at

resonance due to the impeller-diffuser interaction. These findings include,

1. Forcing frequency versus natural structural frequency:
(a) facilitates narrow frequency band energy transfer when the forcing fre-
quency and natural frequency are nearly equal, and
(b) diminishes response when the forcing frequency is not equal to a natural
frequency of the structure.
2. Forcing wavelength versus natural structural wavelength:
(a) facilitates energy transfer where the spatial distribution of the unsteady
loading and mode shape are well correlated, and
(b) enhances response when the ratio of the forcing wavelength to the struc-
tural wavelength is between 0.5 and 1.5.
3. Physical speed of the crossing:
(a) scales the loading fluctuation with exducer dynamic head for similar cor-
rected conditions, and
(b) increases the forced response risk of high speed crossings as the modal force
scales with the magnitude of the loading fluctuation.
4. Modal displacement at the trailing edge:
(a) enhances vibratory energy transferred to the structure as the unsteady
loading is highest in the vicinity of the trailing edge, and
(b) indicates potential blade-backwall mode coupling which alters the calcu-

lated modal work and forced response amplitude.

5. Blade-backwall mode placement:
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(a) reduces the impact general structural stiffening may have on mitigating the

forced response if blade and backwall dominant modes begin to couple, and

(b) increases sensitivity of the forced response to variations in geometry if blade

and backwall dominant modes couple at a known excitation frequency.

The utility of the findings is in assessing the risk of blade mode resonance as a
result of the diffuser excitation. In addition, three methods used to elicit the findings

are also important technical contributions.

1. A model of a two mass-spring system representing the mass and stiffness of the
disk and blades shows good agreement with the forced response behavior of the
impeller in the vicinity of a veering point. This model represents a simple tool

for verifying the forced response sensitivity of a system with modal coupling.

2. The dependence of the forced response on the spatial correlation of unsteady
loading and mode shape is revealed through a simple Bernoulli-Euler beam
model. This model assesses the forced response of a beam to a spatially dis-
tributed traveling load. The strength of the forced response is quantified as
a function of the forcing wavenumber to structural mode shape wavenumber

ratio.

3. The method of using a simplified SAFE diagram offers an efficient means to
group airfoil and backwall dominant modes and identify regions of modal cou-

pling in the vicinity of an excitation.

These three methods, together with the enumerated conditions and physical mech-
anisms identified above, provide insight into the forced response of a centrifugal im-

peller due to the impeller-diffuser interaction.

1.7 Thesis Outline

This thesis is organized as follows:
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Chapter 1

Chapter One describes the background of centrifugal compressor stage HCF issues
and motivation for the current study. Chapter 1 also delivers the technical objective:
identify the physical mechanisms which set the forced response strength of the im-

peller.

Chapter 2

Chapter Two investigates how continuous systems, like taut strings and Bernoulli-
Euler beams, experience a forced response due to unsteady spatially distributed trav-
eling loading. The behavior of these systems is used to interpret the forced response

of a centrifugal compressor stage which is a far more complex system.

Chapter 8

Chapter Three describes the structural modes of and forcing function acting on the
research centrifugal compressor stage impeller. The method used to calculate the
forced response of the impeller is described and an outline of the computational mod-

els analyzed is presented.

Chapter 4
Chapter Four presents the results of the computational models assessed and how each
model helps to elucidate the underlying mechanisms driving the forced response of

the centrifugal impeller.

Chapter 5
Chapter Five presents a risk assessment decision tree to assess the relative risk of a
resonant response due to the impeller-diffuser interaction using the physical mecha-

nisms identified in this thesis.

Chapter 6

Chapter Six summarizes the findings and puts forward recommendations for future
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research that builds upon the results presented.
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Chapter 2

Forced Response

2.1 Simplification of the Impeller Blade Forced Re-

sponse Problem

The unsteady loading and vibratory mode shape for the centrifugal impeller have
characteristic wavelengths. The wavelength of the forcing function is attributed to
the acoustic wave found traversing the surface of the impeller blade as shown in
Section 1.2.2. The chordwise distribution of the loading clearly has the appearance of
a traveling wave with measurable wavelength as shown in Figure 1-3. The wavelength
of the structure also has a measurable wavelength due to the vibratory mode shape of
the splitter blade, seen in Figure 1-6. From this observation it is hypothesized that the
correlation of these two characteristic wavelengths is a necessary condition that sets
the forced response of a centrifugal impeller. To explore this idea on a fundamental
level, a study of how continuous systems, such as taut strings and beams, resonantly
respond to spatially distributed traveling forces is investigated. The two systems are
used to elucidate the temporal and spatial relationship between the forcing function

and structure conducive to a high response.

41



2.2 Forced Response of Classical Continuous Sys-
tems to Traveling Wave Loading

Two classical undamped continuous systems, taut strings and Bernoulli-Euler (BE)
beams, are considered to elicit the attributes of the structure and a spatially dis-
tributed loading that enhance the vibratory response. Despite the lack of dispersion
in taut strings in comparison to beams, both systems are presented to reveal the cffect
dispersion has on the forced response of the centrifugal impeller. The separation of
variables procedure performed here is an extension of the method presented by A. W.

Leissa [13].

2.2.1 Taut Strings

The first system considered is a taut string. The transverse vertical vibration of a
taut string, shown schematically in Figure 2-1, with tension, T, is governed by the

differential equation,

PA— — TT = P(x,t) (2.1)

Figure 2-1: General schematic of taut string with spatially distributed traveling load-
ing.

where p is the mass density, A is the cross sectional area and P(z,t) is a spatially
distributed applied load per unit length. For a traveling wave P(x,t) = P,e~ Kz
F, is the amplitude of the forcing function, €2 is the forcing frequency and K is the

wavenumber representing the spatial distribution of the forcing function. The taut
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string has a length of L and the boundary conditions are fixed at both ends such that
the displacement is zero, w((z = 0,L),¢) = 0. The general solution for the system is

of the form, w(z,t) = ¢(z)e™* such that,

0o 2 _iK
772 | A2 = Pe K= (2.2)
Ox?

The wavenumber, k, of the taut string’s vibratory response is given by,

2 p‘l 2

The general solution is the product of e** with the sum of the homogeneous, ¢p,

and particular solution, ¢,. The homogeneous solution is assumed to be of the form

on(x) = Crsin(kx) + Cycos(kx) (2.4)

where C; and C, are constants to be determined from the imposed boundary
conditions. The form of the particular solution is taken to be ¢, = Cse~*(% where

Cs is a constant determined to satisfy Equation 2.2 to yield the particular solution as

6p(e) = — 5 gme (2.5)
The full general solution is then
23 . ,
w(z,t) = <Clsin(kx) + Cycos(kx) — kz—jﬁe"”{z) et (2.6)

where the constants are solved for using the boundary conditions. For the two
unknown constants there exist two boundary conditions which can be written as a

set of coupled equations in the form
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w(x = L,t)

_ O 1 % Cl _ % 1 i O (2 7)

B - k*— K2 | _—iKL © = '
sin(kL) cos(kL) ) e’ 0

The n'" natural frequency of the taut string with fixed ends is found by solving the

eigenvalue problem of the homogeneous or unforced solution in Equation 2.4 which

yields [16]

nm | T
n = —1]— 2.8
“n =T\ 7A (2.8)
and the corresponding wavenumbers, or wavelengths \,, are given by
2t nw
k,=—=— 2.9
NI (2.9)

The phase speed for the taut string is a constant which indicates that taut strings
are non-dispersive such that vibrations of all frequencies or wavelengths propagate at

the same speed given by

== (2.10)

2.2.2 Bernoulli-Euler Beams

The second system considered is the Bernoulli-Euler beam, shown schematically in
Figure 2-2, which is more representative of the vibration of the impeller splitter
blade. Similar to the general steps outlined for the taut string, the transverse vertical
vibration of the BE beam is governed by the differential equation,

0w 0*w

gw Y _ Pzt 2.11
pA—z + Elo— = P(a,1) (2.11)
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Figure 2-2: General schematic of Bernoulli-Euler beam with spatially distributed
traveling loading and clamped boundary conditions.

where p is also the mass density, A is the cross sectional area and P(z,t) is a
spatially distributed applied load per unit length. For a traveling wave P(z,t) =
P,e~ Kzt P is the amplitude of the forcing function, 2 is the forcing frequency,
and K is the wavenumber representing the spatial distribution of the forcing function.
E is Young’s modulus of elasticity and [ is the moment of inertia of the cross section.
The BE beam has a length of L and the boundary conditions are clamped at both
ends such that both the displacement and slope are zero, w((z = 0, L),t) = w((z =
0,L),t) = 0. The general solution for the system is assumed to be of the form,
w(z,t) = ¢(z)sin(Qt) such that,

¢

Bl — pAQPp = Pe K® (2.12)

The wavenumber, £, of the BE beam’s vibratory response is given by,

_pA

4 —
kAEI

02 (2.13)

The general solution is the product of the sum of the homogeneous, ¢, and

particular solution, ¢,, with . The homogeneous solution can be of the form

on(z) = Cysin(kzx) + Cycos(kz) + Cysinh(kzx) + Cycosh(kz) (2.14)

where C), Cy, C3, and Cy are constants determined by the imposed boundary

—iKz

conditions. The form of the particular solution is taken to be ¢, = Cjse , Where
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Cs satisfies Equation 2.12 to yield the particular solution

B
Gp(e) = — e (2.15)

The full general solution is then

B\
w(z,t) = (Clsz'n(kx) + Cheos(kx) + Cysinh(kz) + Cycosh(kz) — Hf—ke"“) e

(2.16)
where the constants are solved for using the boundary conditions. For the four
unknown constants there exist four boundary conditions which can be written as a

set of coupled equations in the form

w(zx =0,t)
w(=0,t) |
w(z = L, t) -
I w(x = L, t) |
( [ 0 1 0 1 | [ Ch ]
_ k 0 k 0 8 Cs N
sin(kL)  cos(kL)  sinh(kL) cosh(kL) Cs
_kcos(kL) —ksin(kL) kcosh(kL) ksinh(kL) Cy

K
: ) -

1 0
=, —i K ) 0
EI Wt
+ T i et = . (2.17)
—iKe KL 0

_ oo

The n'* natural frequency of the BE beam with clamped ends is found by solving
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the eigenvalue problem of the homogeneous or unforced solution in Equation 2.14

which yields [12]

_ B |EI

n = 2.18
and the corresponding wavenumbers, or wavelengths \,, are given by
2 Ba
k,=—== 2.19
L (2.19)

where 3 is a function of the boundary conditions. For a BE beam clamped at
both ends § is (n + 1/2)7 [4]. Additionally, the BE beam model is only valid for

phase speed less than the rod-wave velocity C,. defined as

C, = (2.20)

E
P

as this is the largest speed with which physical waves can propagate under the
plane stress condition assumed. The phase speed for the BE beam is a function of the
wavenumber which indicates that BE beams are dispersive unlike taut strings. The
dispersion in BE beams allows vibrations at higher frequencies to outrun vibrations
at lower frequencies with the physical limit of the phase speed being the rod-wave

velocity [12].

Q El
p=—=k

p A (2.21)

The BE beam model also neglects rotational inertia, shear deformations and the
effects of Poisson’s ratio [12]. Higher fidelity models, such as the Rayleigh or Timo-
shenko beam models which include some of these effects, are not considered here for

purposes of simplicity.
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2.3 Resonance Conditions and Implications

As shown in the full general solutions given in Equations 2.6 and 2.16, both the taut
string and BE beam steady-state response equations are functions of the forcing fre-
quency, {2, and forcing wavenumber, K. The equations for the general solutions along
with Equations 2.7 and 2.17, which relate the system constants, can be numerically
evaluated for a range of forcing frequencies and wavenumbers such that the amplitude

of the response of either system is simply expressed as

lw(z,?)| = f <¢% 5) = f(r, k) (2.22)

where r is the ratio of forcing frequency to the system’s fundamental frequency, “%,
and « is the ratio of the forcing wavenumber to the system’s fundamental wavenumber,
%. Fundamental refers to the lowest valued eigenvalue of the respective system, where

n = 1 in Equations 2.8 and 2.9 for the taut string and 2.18 and 2.19 for the beam.

2.3.1 Map of Resonance Spectrum

Figures 2-3 and 2-4 show the forced response spectrum for the taut string and the
BE beam as described by Equation 2.22. On both figures a solid red line is shown to
highlight the locus of highest responses. Note that for the taut string the red curve is
a straight line defined by x = r, whereas for the BE beam it takes on the form k = /7.
The slope of the red curve is the reciprocal of the phase speed which is constant for a
taut string but for a beam is a function of the vibration wavenumber (or frequency).
In each system, the equation defining the red curve is found by inspection of the
coupled set of equations, namely Equations 2.7 and 2.17. In each system’s coupled
set of equations an apparent singularity exists in the spatial domain when the system
responds with a wavenumber equal to the forcing wavenumber. For the string the

singularity condition is:

k> — K* = (2.23)
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Substituting in for £ Equation 2.3 yields

[)A 2 2
—Q*=K 2.24

The physical constants can be normalized by relating the parameters back to
the fundamental frequency and wavenumber for mode 1 using Equations 2.8 and 2.9
respectively to yield

k2

2

0? = K? (2.25)
Wi

which can be further simplified to the expression noted earlier:

= (2.26)

Similarly, for a BE beam the resonant condition is

k*—K*=0 (2.27)
Substituting in for & Equation 2.13 yields

pA o 4
— Q=K 2.2
Foli (2.28)

Again, the physical constants can be normalized by relating the parameters back
to the fundamental frequency and wavenumber for mode 1 using Equations 2.18
and 2.19, respectively, to yield

k,*

2

QO =K* (2.29)
w1

which can be further simplified to the expression noted earlier:

K Q
H:k—lz\/w:lz\/; (2'30)

Both Equations 2.26 and 2.30 describing the conditions under which an apparent

resonance occurs in the spatial domain reveal a fundamental relationship between
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the phase speed of the structural vibration and the phase speed of the traveling load
during a forced response. Substitution of the structural phase speed, Equation 2.10
or 2.21, into k* — K2 = 0 for the string or k* — K* = 0 for the beam respectively,
indicates that the resonance is maximized when the phase speed of the structure

matches the phase speed of the forcing function

Q

The red curve in both spectrum plots shows Equations 2.26 or 2.30 for the taut
string or BE beam respectively. The red curve represents the condition when the
phase speed of the forcing function is equal to the respective phase speed of the
vibration mode for the taut string or the BE beam. Figures 2-3 and 2-4 represent the
full spatial and temporal forced response domain for the given system as a result of

a spatially distributed traveling load.

2.3.2 Temporal Response

The horizontal axis of the forced response spectrum plots of Figure 2-3 and 2-4 clearly
shows the natural frequencies of the respective system response. From Equation 2.8
for the taut string’s natural frequencies, the modes are expected to occur temporally
when w% = 1,2,3,4.... Similarly for the BE beam natural frequencies from Equa-
tion 2.18, the modes are expected to occur temporally when w% =1,2.778,5.444,9....
In both response spectrum plots these natural frequencies show up as clear bands
with the highest response occurring at some value of k—f Away from the expected
natural frequencies, the response drops off steeply with little response from both sys-
tems when the forcing frequency is different from the natural frequency. Figure 2-5
indicates that the beam’s amplitude response, at k—Kl = 3, has little response away
from w% = 1,2,3,4..., the expected natural frequencies. As there is no damping in
this BE beam model, the response at resonance is infinite but limited, of course, to

the grid resolution of the simulation.
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Figure 2-3: Amplitude response spectrum for a taut string fixed at both ends forced
by a spatially distributed traveling load.

2.3.3 Spatial Response

The vertical axis of the forced response spectrum plots, Figures 2-3 and 2-4 for the

taut string and BE beam respectively, indicates the correlation between the forc-

ing wavenumber and mode shape wavenumber, k—Kl Both systems indicate that the

forced response is maximized over a narrow range of ff—l From the Equation for a taut
string’s natural wavenumbers, Equation 2.9, a matching between the loading’s spatial

distribution and the natural modes shapes occurs when % = 1,2 3,.... For the BE

beam with natural wavenumbers described by Equation 2.19, the wavenumber match-

ing relative to the fundamental wavenumber occurs when & = 1,1.667,2.333,3, ....

k1
Since the strongest response of either system occurs when these wavenumber ratios
are met, the implication is that the strongest response occurs when the forcing func-

tion wavenumber K matches the general structural mode shape £k, or % = 1. Qutside
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Figure 2-4: Amplitude response spectrum for a Bernoulli-Euler beam clamped at
both ends forced by a spatially distributed traveling load.

of this condition, the response falls off steeply such that by % = 1.5 the response
has been reduced to nearly 25% of the matched wavenumber response. Figure 2-6
shows the spatial matching influence on the response for the 4" transverse mode of
vibration. The response amplitude has been normalized to a peak value of one with
the maximum response occurring at % = 3. This spatial response amplitude shows
a series of peaks and zeros with the peak responses falling away toward zero from
K_3

K

The maximum forced response in the spatial domain, %+ abpears more broad band

than the response in the temporal domain, u%, as the maximized response occurs over
a larger range. If the wavenumbers are mismatched the amplitude of the response
attenuates at a lower rate than the same mismatch in frequencies. The narrow band
aspect of the forced response in the temporal domain only permits a forced response

of the system when the forcing frequency is closely matched to a natural frequency,
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Figure 2-5: Normalized amplitude response of a Bernoulli-Euler beam as a function
of the ratio: forcing frequency to mode 1 natural frequency at k—Kl =

regardless of the spatial matching between the forcing function and mode shapes.
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Figure 2-6: Normalized amplitude response of a Bernoulli-Euler beam as a function
of the ratio: forcing wavenumber to mode 1 natural wavenumber at w% =0.
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2.3.4 FEM Modeling in the Time Domain

To further explore the concept of wavenumber matching on the forced response of
a beam, a 3D FEM model of a beam with clamped end conditions and a traveling
spatially distributed surface pressure described by P(z,t) = P,sin(Qt — Kz) is con-
structed. The forcing frequency is chosen to match a natural frequency of the system
and the forcing wavenumber is varied in separate models while the final steady state
amplitude is recorded. The FEM model is run as unsteady in the time domain. Ma-
terial damping is applied using a Raleigh damping model such that the equivalent
damping ratio is 2% for the natural frequency chosen to be excited. The mode of
interest is shown in Figure 2-7 which is the 6 natural mode of the system, or 4"
vertical transverse mode, as torsional, vertical transverse, and horizontal transverse
modes exist. Table 2.1 shows the first six modes of the beam found from an FEM
modal analysis. Modes 1, 2, 4 and 6 are vertical transverse modes. The beam is
modeled as a steel beam with a height/length of 0.02, width/length of 0.10, and a
normalized length of 1, where the normalizing value is 50 inches. For the aspect ratio
of this beam, the modes match well with BE beam theory despite the fact that the
Bernoulli-Euler approximation of a beam’s response does not incorporate shear stress,
rotational inertia and the effect of Poisson’s ratio as in the FEM model. Additionally,
the wavenumber given by BE beam theory is less than approximately 0.5% different

than that found from the FEM model.

FEM Mode # | FEM Frequency (Hz) | BE Theory Frequency (Hz) | % Difference Description
1 82.323 81.10 1.49% 1st vertical transverse mode
2 226.13 225.27 0.38% 2nd vertical transverse mode
3 384.86 1st horizontal transverse mode
4 441.46 441.52 -0.01% 3rd vertical transverse mode
5 473.19 1st torsional mode
6 726.13 729.86 -0.51% 4th vertical transverse mode

Table 2.1: FEM-found modes of the beam model with comparison to Bernoulli-Euler
beam theory for the vertical transverse modes

Figure 2-8 shows the normalized amplitude response from BE beam theory and

the ANSYS 3D FEM results. The blue curve represents the response found from
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Figure 2-7: Mode shape of FEM beam model to be excited by traveling pressure load
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Figure 2-8: Comparison of FEM model and Bernoulli-Euler beam theory response.

Bernoulli-Euler beam theory for the 4" vertical transverse mode. The black curve
represents the FEM beam’s response for the same transverse mode (system mode 6)
found from an FFT of the beam’s response. The red curve is the full response of the
beam which includes the vibratory response of all modes in the system. The displace-
ment of the beam is recorded at 5/8L, where L is the beam’s length. This location

is near a point of maximum modal displacement for mode 6. The mismatch between
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the FEM full response and BE beam theory is a result of the chosen general solution
in Equation 2.16 which only allowed the system to respond at a single frequency
and shape to a particular forcing function. In reality, the forced response of a beam
should be closer to a linear superposition of all the modal responses, like that found
through FEM analysis. However, in some instances the response may be dominated
by the contribution of one particular mode and other modal contributions may be

neglected. Figure 2-8 shows good agreement between the full response and BE theory

K
kmodeﬁ

when > (.75 indicating that the vibratory energy is primarily confined to mode

6. As ¢ Kd - approaches zero, the forcing wavelength goes to infinity which results

in a uniform loading distribution. A uniform loading distribution is better suited at
exciting lower order modes, as low order modes have longer structural wavelengths
that correlate more closely to the forcing function than higher order modes. Fig-

ure 2-9 shows the magnitude response of modes 1 through 6 from an FFT of the full

K
kmodeﬁ

response. As decreases the response of lower order modes begins to increase.
Together, the results of the FEM modeling and BE beam theory are consistent in that
they indicate that the forced response of a structure is maximized when the forcing

wavenumber equals the structural mode wavenumber.

2.3.5 Physical Mechanisms Leading to a Resonant Response

The mechanisms that drive a strong forced response in a continuous system like a taut
string or a BE beam due to a spatially distributed traveling load are: 1) matching
of the forcing frequency and the structural frequency; and 2) matching of the forcing
wavenumber and the structural wavenumber. The correlation in both the temporal

and spatial domains determines the response of the system.

2.3.6 Suggested Design Methods to Avoid Resonance

As shown in the response spectrum plots, resonance is set firstly by matching in the
temporal domain. Identifying when forcing frequencies match with natural structural

modes should be the first step in any analysis to avoid resonance of a mechanical
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Figure 2-9: FEM model modal response of modes 1 through 6 at w% = 9 showing the
proclivity of lower order mode excitation for % £ 1.

system. The Campbell diagram discussed in Chapter 1 does just this as it identifies
the speed at which the frequency of a known excitation in the engine matches with
natural frequencies. The response spectrum plots, Figures 2-3 and 2-4, go on to
suggest that there is a functional dependence of the forced response on the ratio of
the forcing wavenumber to the structural wavenumber. As the wavenumber ratio
approaches unity, a maximum response is likely. At conditions where the ratio is not
between 0.5 and 1.5 the energy associated with the unsteady loading is less capable
of amplifying the response. The concept of wavenumber matching will be explored
and assessed against the impeller’s forced response in Chapter 4 to determine if this

is an adequate screening criteria for resonant risk.

2.4 Summary

The response spectrum plots for a taut string and Bernoulli-Euler beam show that

the strongest response for either system occurs when both the forcing frequency and
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wavenumber match those of the structural mode. If this condition is met the response
is maximized; consequently, if the frequencies of the forcing function and structure
match but the wavenumber ratio is outside of 0.5 to 1.5, then the level or response can
be significantly diminished (by 75% or more). The matching of the forcing wavenum-
ber and structural wavenumber physically implies that the phase speed of the forcing
function matches the phase speed of the vibration. The correlation of wavenumbers
will be quantified in Chapter 4 for the impeller to assess its effect on setting the

strength of the forced response.
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Chapter 3

Technical Approach

The research centrifugal compressor stage consists of a closely coupled rotating im-
peller and stationary discrete passage diffuser which interact to generate a spatially
distributed traveling load on the splitter blade. With the unsteady loading and the
known modes of vibration for the splitter blade identified on the Campbell diagram,
the forced response of the impeller can be estimated by modeling the response as a sin-
gle degree of freedom (SDOF) problem. The methods used to compute the structural
mode shapes, unsteady loading, and maximum amplitude at resonance are discussed
in this chapter. The modal force calculation is employed as a tool to quantify the

strength of a resonant response and elicit the driving physical mechanisms.

3.1 Modal force calculation

The forcing function and natural mode shapes of the two systems assessed in Chapter
2, taut strings and BE beams, both have sinusoidal waveforms. However, more com-
plex mechanical structures, like the impeller, may not possess the symmetry required
to produce mode shapes that can be so easily compared against an unsteady load.
The general SDOF model relates the physical displacement to the mode shape by
equation [10],

_ Fmodal Q

0z @ (3.1)
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where F044 is the modal force, Q is the forcing frequency, ¢ is the mass normal-
ized mode shape and () is the “quality factor” and is related to the damping ratio ¢
by

Q=— =250 (3.2)

For all computations of the forced response, the total damping is assumed to be
dominated by the aerodynamic component and not by the material or mechanical
damping [11]. A @ of 250 is assumed as this value is consistent with the average
quality factor determined from lightprobe data; however, significant blade-to-blade
variation does exist in the available data. Modal strain and stress can also be related
by the same scaling as that of the modal displacement. The modal force acting on

the structure is calculated as

Frodal = — / /S é- (P)dA (3.3)

where P, is the unsteady pressure at the vane passing frequency, n is surface
normal, ¢ is the mode shape of interest onto which the unsteady pressure is projected,
and the integration is performed over both the suction and pressure sides of the airfoil.
Both the spatially varying unsteady pressure and mode shape can be conveniently

represented as complex numbers with intrinsic magnitude and phase.

Equations 3.1 and 3.3 are applied to the centrifugal compressor to calculate the
modal force and physical displacement of the splitter blades at resonance. The pro-
cedure is repeated for variations in boundary conditions, geometry and loadings in
different computational models for eliciting the physical mechanism that set the am-
plitude of the splitter blade forced response. As stated in Section 1.4, the focus of
this thesis is on the splitter blade response reflected in lightprobe data; however, the

procedure and findings should be applicable to both the main and splitter blade.
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3.2 Structural Model: FEM Mode Shape Identifi-

cation

Like all structural components, the centrifugal impeller has natural modes of vibra-
tion. The frequency and shape of the modes are defined by the eigenfrequencies and
eigenvectors of the undamped homogeneous solution to the governing equation. The
finite element method is used to obtain the natural modes of vibration by modeling
the continuous system as a coupled system of m discrete elements with a total of
3*n degrees of freedom (DOF). Both the number of nodes, n, and the number of
elements are reflected in the structural mesh. The governing differential equation for

the response of this system of discrete elemental masses is then,

M1+ Cu + K@ = F (3.4)

where w is the displacement vector in the spatial coordinates (z, y, z) and time,
t. M is the n-by-n mass matrix, C is the n-by-n damping matrix, K is the n-by-n
stiffness matrix and F is the load vector which represents the total sum of the com-
ponent forces in z, y, and z acting on the impeller blade, both steady and unsteady in
time. For the purposes of finding steady-state loads and vibration modes, the damp-
ing matrix contains only zeros. The loads acting on the structure include pressure
loads, thermal loads due to temperature variations and the thermal expansion of the
material, centrifugal acceleration due to the rotational speed, and clamp loads tying

the impeller to the rest of the compressor assembly.

3.2.1 Description of Model

The mode shape is the eigenvector found using an FEM solver. For this study, ANSYS
14 is the FEM solver used. The FEM model is a sector of a full disk with various
boundary conditions applied to the nodes of the sector’s cut surfaces. The two cut
surfaces of the sector model are named the high side (pressure side) and low side

(suction side) and are shown schematically in Figure 3-1. Figure 3-2 shows the FEM
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mesh of the sector model with a single splitter blade and main blade. Two types of
boundary conditions are applied to the sector model: “fixed” boundary conditions
and phase lag boundary conditions. Fixed boundary conditions restrain all degrees
of freedom of nodes on the cut surfaces while phase lag boundary conditions couple
the displacement between the nodes on the cut surfaces with a phase lag in the
circumferential direction. The phase lag between the cut surfaces allows the mode
shapes of a full wheel, such as those with circumferential wavelengths larger than the
sector’s wedge angle, to be captured by the sector model alone. By using a sector
model instead of a full wheel model, significant computational time can be saved

without compromising the accuracy of the result [17].

Modal Analysis

To capture the natural frequencies of the structure at operating conditions, the modal
analysis is performed using the strain state induced by the steady-state rotational
speed, thermal loads, pressure, and clamp loads. The steady-state condition implies
that all time derivatives are zero and the governing equation is reduced to Kw = F.
The modal FEM analysis solves for the eigenvalues and eigenvectors of the pre-stressed

impeller after the steady-state solution has been found.

Blades T’

Disk «4— High Side

Low Side /

Figure 3-1: Schematic of FEM model with cyclic symmetry boundary conditions
coupling nodal displacements between the high and low side cut surfaces.

62



Figure 3-2: FEM mesh of the centrifugal impeller.

For modal analysis using the first set of boundary conditions, the nodes on the
cut surface of the sector model are fixed in space after the strain of the steady-
state solution has been applied. The fixed boundary condition effectively stiffens the
disk which, for airfoil modes of interest in the operating range, nearly removes the
contribution of backwall motion from the airfoil mode shapes. This method ensures
the airfoil mode is a purely standing wave with uniform phase across the airfoil.
Figure 3-3 shows the modal displacement of the splitter blade tip for splitter blade
modes 1 through 7 from leading edge to trailing edge with fixed boundary conditions.
These modal displacements are similar to the displacement of a Bernoulli-Euler beam
with boundary conditions consistent with clamped-free end conditions. The higher
order modes have mode shapes with an apparent decreasing spatial wavelength of the
structure. By removing the disk’s influence on the mode shape with fixed boundary

conditions, characteristics of the airfoil structural wavelength relative to the forcing
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function wavelength can be isolated and assessed.

N AN NAX S

Splitter Chord

Figure 3-3: Modal displacement of the splitter blade tip for splitter blade modes 1
through 7.

For modal analysis using the second set of boundary conditions, a phase lag or
“cyclic symmetry” boundary condition is applied to the cut surfaces. Cyclic symmetry
implies that a circumferential phase angle of nodal coupling between 0 and 180 degrees
exists across the two cut surfaces depending on the nodal diameter of interest. Since
this impeller is a single piece bladed-disk, the impeller disk modes of interest are
characterized by a nodal diameter pattern. For a rotating disk, these disk modes may
remain stationary relative to the disk or travel forward and backward circumferentially
around the disk. Since disk mode shapes are not necessarily fixed to the geometry of
the impeller, a convenient way to represent the eigenvectors of these modes is through
the use of complex numbers which allow the mode shape to have both spatially varying
magnitude and phase.

The relationship between the sector model, phase lag of the cyclic symmetry
boundary condition, and nodal diameter begins with the sector of a full disk chosen
to be modeled. For a full disk comprised of N sectors, the sector angle, or wedge

angle, is simply[17],

64



_27T

N

(0%

(3.5)

The nodal diameters, or harmonic indexes, that this sector model can support

with the same number of blades per sector are

%, if N is even
d=0,1,2,... (3.6)

Aol if N is odd

The inter blade phase angle (IBPA) is then the relative circumferential phase

angle between adjacent blades for a particular nodal diameter and is described as,

27

IBPA =doa = —d e
o= (37)

To find the IBPA associated with the diffuser/rev excitation, one would choose

the harmonic index (nodal diameter) equal to,

dg = min(Ng —cN) for ¢ =0,1,2, ... (3.8)

making the IBPA associated with the diffuser excitation,
IBPA, = 224 (3.9)
4 = 370 .

Impeller Natural Modes of Vibration

Figure 3-4 shows the modal tip displacement of splitter modes 5 and 6 normalized
to a maximum value of one for the two boundary conditions considered: fixed and
cyclic symmetry. The cyclic symmetry boundary condition shown has an /BPA of
IBPA, radians associated with the diffuser engine order. For both sets of boundary
conditions, note the airfoil mode’s appearance of a spatial wavelength along the chord
of the airfoil. These edgewise modes are like chordwise or stripe modes on blades
in axial stages and can be approximated as fundamental rectangular plate modes.

Blevins [2] shows that a flat plate fixed on one side with all other edges being free
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has natural frequencies described as

N Et
2m/12(1 = 12) \| p L?

where L can be thought of as the span of the blade, v is Poisson’s ratio, p is the

Jij (3.10)

mass density, ¢ is the blade thickness, E is Young’s modulus, and \;; is a tabulated
constant which is a function of the number of half waves in the spanwise direction
i, half waves in the chordwise direction j, and aspect ratio. From Equation 3.10 it
can be expected that changes to the blade thickness will directly scale the frequency
of a particular mode at constant span and chord. Splitter modes 5 and 6 are both
considered airfoil edgewise modes which, because they are of the same family, cannot
be tuned independently of one another on the Campbell diagram by changes in the
airfoil thickness.

The vibratory motion of the backwall can be approximated like a thin annular
plate with a clamped annulus. Blevins [2] shows that the natural frequencies of this

annular plate are described as

_ Ay Eh
2m/12(1 — v2) \| p R?

where R can be thought of as the exducer radius of the disk, v is Poisson’s ratio,

fz'j (311)

p is the mass density, h is the backwall thickness, £ is Young’s modulus, and A;; is
a tabulated constant which is a function of the number of nodal diameters 7, nodal
circles j, and r/R where r is the inner radius where the annular plate is clamped.
From Equation 3.11 it can be expected that changes to the backwall thickness will
directly scale the frequency of a particular mode at constant exducer radius.
Backwall modes are generally unlike blade modes in that the mode shape nodal
lines are not fixed in space and can therefore take on the motion of a traveling
wave either in or against the direction of rotation. Figure 3-5 illustrates a simple
schematic of the backwall, or disk, mode shape. The disk mode resonance of interest
occurs when a structural wave travels against the direction of rotation such that

the zones of deflection into and out of the page appear stationary to a stationary
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=== Mode 5, fixed BC's

- = Mode 5, cyclic BC's
Y, === Mode 6, fixed BC's
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Splitter Chord

Figure 3-4: Normalized tip displacement using both fixed and cyclic symmetry bound-
ary conditions for splitter mode shapes 5 and 6. Note the variation in the mode shape
of splitter mode 6 near the trailing edge for the two sets of boundary conditions.

observer. Figure 3-6 illustrates the condition of an X/rev excitation exciting an X
nodal diameter backwall mode, where X is a positive integer. Such a condition implies
that the time it takes the rotor to rotate 360/X degrees is the same as the period of
the backwall mode’s frequency. Since the maximum and minimum deflection points
remain stationary to the excitation (but not stationary relative to a point on the
rotating disk) a form of resonance occurs, commonly referred to as a Campbell major

resonance [22].

Modal Coupling

Since the impeller is a bladed-disk design, a single mode shape comprises the entire
structure including the blades and backwall. However, for some natural modes the
behavior of local regions of the impeller, such as the splitter blade, can exhibit mode
shapes and frequencies nearly identical to the frequency and mode shape of a blade
alone fixed in space along the hub. These impeller modes are said to be the blade

dominant modes as the modal displacement is dominantly from the splitter blade.
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Nodal Diamter = 4

Figure 3-5: Schematic of a 4" nodal diameter disk mode for a disk with a hole in
the center showing motion into the page (-) and out of the page (+) in a backward
traveling wave excitation.

Speed Q

Figure 3-6: Apparent frequency of a backward traveling (BT) and forward traveling
(FT) vibratory wave pattern to a stationary observer. The red oval indicates the
speed at which a stationary observer sees no vibratory frequency as a result of a BT
vibration wave.
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Similarly, some modes can exist as disk dominant modes; however, some motion of
the airfoils must be expected due to the physical coupling the disk makes with the
blades. Figure 3-7 shows side views of three typical impeller mode shapes: blade
dominant mode, backwall dominant mode, and blade-backwall mode coupling. For
backwall dominant modes, note the modal displacement of the impeller blades at
the trailing edge due to the backwall motion but not along the splitter or main blade
chords. For blade backwall coupling modes, motion of both the airfoil and disk can be
seen. The phenomenon at which blade and disk modes appear to couple is succinctly

described in the AGARD Manual on Aeroelasticity [19]:

Flexible disk natural mode shapes are characterized by lines of zero
motion across the diameter called nodal diameters. These may couple

with the blade natural modes to produce system modes with elements of

motion of each component’s natural mode but at a new frequency.

Figure 3-7: Representative impeller mode shapes: a.) splitter blade dominant mode,
b.) backwall dominant, c.) splitter blade-backwall coupling in vicinity of a veering
point.

The coupling of modes may impact the forced response of the splitter blade by lo-

cally changing the mode shape. To identify potential coupling of splitter and backwall
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dominant mode families in the operating range, a SAFE diagram is used.

3.2.2 Simplified SAFE Diagram

Figure 3-8 shows the centrifugal impeller’s Campbell diagram, repeated here for con-
venience. The Campbell diagram is an effective tool for identifying the forcing fre-
quency that matches with natural frequencies of the structure. The Campbell di-
agram, however, does not include any information about the shape of the forcing
function relative to the mode shape of vibration. Two key aspects of the mode shape
to consider are: 1) a single blade’s mode shape relative to the chordwise spatial distri-
bution of the forcing function; and 2) the inter blade phase angle of the mode shape
relative to the inter blade phase angle of the excitation. The first consideration high-
lighted sets the chordwise matching of the forcing function with the mode shape and,
to the author’s knowledge, no diagram exists to identify this spatial matching condi-
tion. The second consideration highlighted sets the matching of the forcing function
blade-to-blade circumferentially and is identified through the use of a SAFE diagram.

Figure 3-9 is the SAFE diagram for the impeller showing splitter modes 1 through
7 and the backwall mode frequencies as a function of the inter blade phase angle.
Main blade modes and other modes of the impeller have been omitted for clarity.
The two inset boxes of Figure 3-9 show closeups of all modes in the vicinity of the
blade-backwall veering points for splitter modes 5 and 6. The SAFE diagram plots
frequency against nodal diameter or inter blade phase angle with the relationship
given in Equation 3.7. The black boxes represent a known excitation on the stage
with the bottom and top of the boxes representing the frequency of that excitation
at idle and maximum speeds, respectively. Note the close proximity of splitter mode
6, the diffuser/rev excitation and the backwall modes. In addition to highlighting
whether a known excitation will excite a mode with a particular nodal diameter, the
SAFE diagram also serves to identify where backwall modes may begin to interact
with the blade modes. The zigzag appearance of the backwall modes on the SAFE
diagram is a result of the engine order excitation greater than N/2.

As stated before, the constructed simplified SAFE diagram in Figure 3-9 does

70



M5 \__, L

Frequency

\
Design Point (100%)

Engine Speed

Figure 3-8: Splitter blade Campbell diagram showing edgewise modes 5 and 6.

not contain all modes in the frequency range shown. The modes represented in the
simplified SAFE diagram exhibit motion either dominant to the splitter blade or the
backwall. The impeller mode shapes are screened visually to determine what family
the mode shape belongs to (e.g. splitter, main, backwall). In regions where these
modes appear to intersect on the SAFE diagram, and modal displacement is present
in both the airfoils and backwall, the location of the maximum modal deflection point
is used to categorize the mode as blade or backwall dominant. The frequencies of these
chosen modes are then plotted against nodal diameter and connected with straight
lines to highlight regions of potential blade-backwall coupling. In actuality, these
discrete modes may never cross; instead, these modes seemingly veer away from one
another in the nodal diameter space [15]. The rate, or local curvature, at which the
modes veer away has been shown to physically reflect the degree of modal coupling
present between the modes [1]. The SAFE diagram in 1-5 does not show the true

veering behavior of the impeller modes but is an adequate tool for identifying modes
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Figure 3-9: Simplified SAFE diagram of the splitter blade and backwall modes show-
ing closeups of all modes in vicinity of the blade-backwall crossings for splitter modes
5 and 6. Red squares are backwall dominant modes, blue X’s are splitter blade dom-
inant modes and black dots are other modes of the impeller including main blade
modes.

which may exhibit modal coupling; therefore, it is referred to as a “simplified SAFE
diagram.” The effect modal coupling has on the forced response will be shown in
Chapter 4 and the results will be used to illustrate the utility of the SAFE diagram

as a screening tool.

Although a bladed-disk may be limited to N/2 nodal diameters, a disk without
discrete circumferential features has an infinite number of nodal diameters possible
and this behavior is present in higher-order backwall dominant modes of the impeller.

If the engine order of the excitation is greater than N/2, the excitation can excite
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backwall modes with countable nodal diameters equal to the engine order or a nodal

diameter, d, between 0 and N/2 by,

EO =cN +dforc=0,1,2, ... (3.12)

The SAFE diagram indicates a spatial matching of the forcing function and struc-
ture in the circumferential direction. Since energy of the unsteady pressure field enters
the structure through the vibrating blades, an effective transfer of energy occurs when
the blades vibrate with an inter blade phase angle consistent with the circumferential
distribution of the forcing function. If the excitation and mode shape do not cross on
the SAFE diagram, the implication is that the vibration of some blades may actually
be doing work on the unsteady pressure field which reduces the overall strength of
the modal force.

The spatial matching identified by the SAFE diagram is for the full wheel and does
not indicate the chordwise correlation of the forcing function and mode shape. It is
hypothesized that even if the forcing frequency and engine order match the frequency
and nodal diameter of the vibratory mode, the response can be mitigated if the
acoustic wave traveling over the surface of the impeller is not effectively correlated to

the vibratory mode shape.

3.2.3 Assessment of Computational Model

The structural FEM sector model of the centrifugal impeller was provided. The
provided temperature distribution and steady-state loads are assumed to be accept-
able representations of the conditions at the maximum speed [21]. At its current
refinement, 22 thousand elements and 27 thousand nodes, the model gives accept-
able computation of the steady-state stress state and vibratory modes of the physical
impeller. It has been demonstrated that the model is accurate to within 5% of the
actual impeller at room and operating conditions [21]. Vibratory modes are found
using this FEM model at both “bench” (room temperature, zero speed) conditions

and operating conditions. The crossing speed and frequency that a structural mode
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makes with a particular engine order excitation on the Campbell diagram is found
by extrapolating between the two modeled conditions with a previously determined
fitting scheme. This model represents the average geometry of the centrifugal com-
pressor stage considering the machining tolerances. In general the FEM model is quite
representative of the actual impeller; however, as this study focuses on the physical
mechanisms which set the forced response, absolute values are less important than

the trends given by the model.

3.2.4 Physical Attributes of the Mode Shape Critical to a

Forced Response

The unsteady loading arises from the unsteady pressure on the splitter blade surface.
From Equation 3.3 (which is used to compute the modal force) it is clear that the dot
product of the modal force is minimized when the modal displacement and the surface
normal are orthogonal and maximized when aligned. Both the unsteady pressure field
and the mode shape vary along the splitter blade chord in magnitude. As a result, the
modal work performed on the splitter blade will not only be enhanced when the mode
shape and surface normal are aligned, but also when high amplitude loading acts on
regions of high modal displacement. If either of these conditions are not met, the
work done on the structure will be less than the maximum achievable. In Figure 1-6
note the modal displacement of the trailing edge of mode 6 versus mode 5. If the
unsteady pressure field is highest at the trailing edge, any modal displacement in this
region will allow the structure to gain energy and vibrate at a higher amplitude.
Vibratory modes 5 and 6 of the splitter blade clearly have a structural wavelength
present in the mode shape, seen in Figure 1-6. However, unlike the Bernoulli-Euler
beam, this wavelength varies along the chord. Longer wavelengths appear near the
trailing edge as the blade span is shortest in this location, causing the stiffness of
the blade in the transverse direction to be at its highest. The approximation of the
structural wavelength comes from the identification of peaks, troughs, and zeros in

the mode shape. The zeros represent nodal line locations of the mode shape, which
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are indicative of the apparent standing vibratory motion of the splitter blade.

Since the mode shape can be represented as a complex number it can have both
standing and traveling components to it such that a phase difference may exist from
the splitter leading edge to the trailing edge. FEM modal analysis using cyclic sym-
metry boundary conditions provides two eigenvectors for each eigenfrequency found.
For eigenvectors ¢4 and ¢p of the repeated eigenfrequency w the magnitude and

phase of the mode shape are, respectively,

lo] = £/ ¢% + 0% (3.13)

® = arctan (2—‘4) (3.14)

B

Figure 3-10 highlights the variations in phase of the splitter blade modes along
the chord of the airfoil. The phase is generally constant along much of the airfoil
except near the trailing edge where the phase difference from inducer to exducer is
nearly 90 degrees.

From the study of the forced response of a Bernoulli-Euler beam, it is hypoth-
esized that the important characteristics of the mode shape that may impact the
forced response are: 1) the presence of modal displacement at the trailing edge; 2)
the appearance of structural wavelengths which give the mode shape a wavelike spa-
tial distribution in the chordwise direction, and; 3) phase difference in the modal

displacement from leading edge to trailing edge.

3.3 Forcing Function Model: Unsteady CFD Flow
Field Description

The unsteady loading acting on the splitter blade in the centrifugal compressor stage
is calculated numerically using CFD methods. The CFD model solves for the time-
accurate flow conditions in both the impeller and diffuser and has shown good agree-

ment to measurements on a rig test.
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Figure 3-10: Phase of splitter mode shape for modes 5 and 6 at IBPA associated with
diffuser excitation.

3.3.1 Description of Model

The CFD model of the centrifugal compressor stage was originally formulated by
Gould [9] in CFX 5.7.1 and was updated for implementation in CFX 13.0. The
model consists of a domain enclosing a sector of the impeller rotor and diffuser as
shown in Figure 3-12. As the sector cut surfaces of the CFD model are coupled (phase
lag of zero), an appropriate number of impeller blades and diffuser passages is chosen
to capture the appropriate passage-to-passage variation in the impeller flow due to
the circumferential spacing of the diffuser passages. The back pressure at the exit of
the diffuser is iterated upon until the desired mass flow rate is achieved. Computed

unsteady flow solutions were obtained at the design point for both standard temper-
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ature and pressure (STP) inlet conditions and stage inlet conditions at the operating
point. Additionally, computed flows were obtained off design on the nominal operat-
ing line for splitter mode 5 and 6 crossings with the diffuser engine order. The time
step of the numerical analysis is chosen based on the stage characteristic time period,
7, which is the period of the blade passing frequency. The unsteady solver uses a 2"
order Backward Euler scheme with a shear stress transport (SST) turbulence model.

The unsteady static pressure on the surface of the splitter blade can be cast in
terms of a magnitude and phase at the diffuser vane passing frequency. Figure 3-13
shows the magnitude and phase information of the power spectrum (computed using
a Fast Fourier Transform, or FFT) for the unsteady static pressures calculated at
design point with STP inlet conditions. The peak magnitude of the stalic pressure
occurs near the trailing edge on the pressure side and decays toward the leading edge.
The phase plot of the static pressure distribution exhibits a classic traveling wave

shape characterized by the repeating bands of equal phase.
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Figure 3-11: Centrifugal corrected conditions vs. engine physical speed, adopted from
[9]-

The unsteady CFD results are further used to calculate the unsteady loading

acting on the splitter blade, defined by
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Figure 3-12: Schematic of the research centrifugal compressor stage CFD domain,
adopted from Gould [9)].

_ Ppg — Psg
q

AP, (3.15)

where Pps and Pgsg represent the static pressure on the pressure and suction
sides of the splitter blade respectively. The normalizing parameter is ¢, the exducer

dynamic head or dynamic pressure, defined as

= 1/2101 Ufmduccr (316)

where U is the tip speed at the exducer radius and p; is the stage inlet den-
sity at the operating condition. Figure 3-14 shows the time-accurate loading on the
splitter blade midspan and tip normalized by exducer dynamic head for the design
point, mode 6 crossing, and mode 5 crossing at stage inlet conditions. In these plots
the envelope of the unsteady loading across the splitter blade chord shows that the
upstream extent of the unsteadiness is comparable. Figure 3-15 shows the maxi-

mum blade loading over two characteristic time periods on the splitter blade tip and
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Figure 3-13: Magnitude and phase of splitter blade surface static pressure at design
point with inlet STP inlet corrected conditions, magnitude normalized by maximum
value.

midspan for the operating speeds and inlet conditions computed. Both plots show
the maximum blade loading normalized by the exducer dynamic head as a function
of percent corrected speed of the design point. The 100% corrected speed condition
has a peak tip loading value of about 0.6. The peak loading occurs at about 95%
chord which is consistent with other centrifugal stages assessed by Lusardi [14]. As
defined by Gould [9], the loading fluctuation is the instantaneous amplitude of the

unsteady loading averaged over a characteristic period

AL = &P, — AP,

Smaz,T Smax,T

(3.17)

Figure 3-17 shows that the loading fluctuation also appears to scale with exducer
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Figure 3-14: Time-accurate loading on the splitter blade normalized by exducer dy-
namic head for the design point, mode 6 crossing, and mode 5 crossing at stage inlet
conditions.

dynamic head and decay from the trailing edge to the leading edge. The loading
fluctuation is a measure of the foreing function amplitude along the chord of the
airfoil which is highest at the trailing edge. As the corrected speed decreases the
loading fluctuation decreases except near 50% chord where there is a reversal in this
trend. Since the loading fluctuation scales with exducer dynamic head the strength
of the unsteady loading acting on a vibrating impeller blade increases with physical

speed.

The corrected speed and mass flow are both expressed as functions of the inlet

total temperature, Tsrp, and pressure, Psrp, at STP inlet conditions [8]

(3.18)



V6.

mcorrl = ml 5 (319)
1
where ©; and ¢4, are

Th
0, = 3.20
' Terp (3.20)

. Py
0 = 3.21
Y7 Porp (3:21)

Py, Ty, and m, represent the total pressure, temperature and mass flow rate,
respectively, at inlet conditions other than STP. Flow similarity is maintained for
different inlet conditions when the corrected speed and mass flow remain constant.
Figure 3-11 shows that the corrected conditions remain relatively constant near the
design point despite the varying physical speed. The corrected speeds of modes 5 and
6 are quite similar at 97.5% and 99.4%, respectively, but the physical speeds have a
much larger variation. By the similarity of flows at equal corrected conditions, it is
hypothesized that the physical characteristics of the loading, such as amplitude and
spatial distribution, will remain constant with corrected speed. Figure 3-16 shows
that the splitter loading, as expected, is nearly identical at the design point when
corrected speed and mass flow are maintained between STP inlet conditions and
the stage inlet conditions at the operating point. It is important to note that the
vibrations of structural components respond to EO excitation frequencies driven by
the physical speed while the attributes of the unsteady loading are set by the corrected

speed of the centrifugal stage.

3.3.2 Assessment of Computational Model Against Experi-

mental Data

All numerical models, and especially CFD models, should be properly evaluated
against known measurements, mesh refinement, convergence, and, for unsteady mod-

els, periodicity. Figure 3-18 shows the dominant frequency content (highest magni-
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tude) of the unsteady pressure acting on the splitter blade. The plotted frequency is

normalized against the expected diffuser vane passing frequency. Since other excita-
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tion sources were not modeled explicitly, the plot shows that the dominant unsteady
pressure acting on the splitter blade has the frequency content associated with the

diffuser passing frequency as expected.

Figure 3-18: Highest magnitude frequency content on the splitter blade normalized
by diffuser passing frequency from unsteady CFD at design point, STP inlet corrected
conditions.

The CFD model has 3.7 million nodes and 2.2 millions elements in its current
refinement. Gould performed detailed mesh refinement and timestep studies of this
CFD model which is used to generate the unsteady loading on the splitter blade. He
found that the medium grid captures the midspan and peak static pressure fluctua-

tions, defined as

Prozr— P
P = mazx,T min.T 322
d 1/20:U%, (3:22)

to be within less than 0.01 between the medium and fine grids for a timestep of
7/160 [9]. Phinr and Py, represent the maximum and minimum static pressures
in one characteristic period. At any new operating point, the model is said to have
converged when the residuals have dropped to less than 1E-3 and static pressure on
the splitter blade is periodic in time. All timestep results over two characteristic

periods are processed in the modal force calculation. Time averaged values of the

83



mass flow and total pressure agree to within 3% of the compressor map provided for

the Campbell crossing speeds of mode 5 and mode 6 [9].

The research centrifugal compressor stage has been run both in full engine tests
and rig tests. The rig is instrumented with high response Kulite pressure transducers
to record unsteady static pressures in regions of interest. One Kulite exists in the
impeller shroud near the exducer of the impeller. In the time domain, the signals
from this Kulite and the CFD have a similar appearance in that they both capture
the rise in static pressure due to an approaching impeller blade, followed by a sharp
drop in pressure with the passing of the blade. The time averaged static pressure
between the rig and the CFD model varies by 7.7% at this location. Figure 3-19
compares the FFT of the recorded unsteady pressure signal of the CFD model with
the impeller shroud Kulite measurement on the rig. The plotted magnitude has
been normalized by exducer dynamic head. Frequencies have been normalized by
the expected impeller blade passing frequency at the particular operating point. The
magnitude of the unsteadiness is 17.1% lower in the CFD model than the rig data
while the frequency content of both data sets captures the expected blade passing
frequency to within 1%. Both the CFD model and rig results indicate the presence

of harmonics at multiples of the blade passing frequency.

Kulites in the discrete passages of the diffuser are used to evaluate the phase of the
CFD and rig data signals. One Kulite near the throat of the diffuser passage exhibited
high variation to the CFD model with the magnitude varying by a factor of 3.5. The
variation between the CFD and rig measurement in this location is potentially due to
a leading edge shock at the inlet of the diffuser throat at the operating point assessed.
The presence of this shock induces a strong gradient in pressure in the vicinity of the
Kulite which may explain the variation between the CFD and rig measurement at
this location. The Kulite downstream of the diffuser throat has a variation of 28%
in unsteady amplitude between CFD and the rig while the frequency content of both
locations is within 1% of the expected blade passing frequency. The resulting phase
difference between these two locations indicates a discrepancy of 14.5% between the

CFD and rig data.
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Static Pressure Magnitude, Normalized to Exducer Dynamic Head (%)

Despite the shortcomings of the CFD model in exactly matching the rig model,
the results are consistent enough for this study of the splitter blade’s forced response
at resonance for a couple of reasons. First, the unsteady blade loading generated by
this CFD model is consistent in amplitude, spatial distribution and upstream extent
with blade loadings calculated on other centrifugal stages with other CFD solvers
(namely that of Lusardi [14]). Secondly, the forcing function found exhibits physical
characteristics (e.g. an acoustic wavelength, spatially distributed traveling loading,
maximum loading near the trailing edge) which influence the modal force calculation
but do not substantially vary its accuracy. As with the FEM model, the absolute

values computed are less important than the trends arising from the model.
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Figure 3-19: FFT comparison of impeller shroud kulite location from CFX CFD
(right) and rig data (left).

3.3.3 Physical Attributes of the Flow Field Critical to a Forced

Response

From Equation 3.3 (which is used to compute the modal force) the modal force is
maximized when the modal displacement is aligned with the unsteady pressure acting

normal to the blade surface. Figure 3-4 shows that mode 6 exhibits modal displace-
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ment near the trailing edge which is near the chordwise location of the maximum
unsteady loading shown in Figure 3-15. This unsteady loading also extends upstream
to regions of higher modal displacement. For mode 5, which has relatively little modal
displacement at the trailing edge, modal work can only be done at chordwise locations
away from the highest unsteadiness. Figure 3-15 also shows that the unsteady loading
scales with exducer dynamic head. For higher physical speeds, the amplitude of the
unsteady static pressure on the surface of the splitter will increase with the tip speed
squared. From Equation 3.3 the modal force will scale directly with the unsteady
pressure amplitude which will, consequently, directly scale the displacement ampli-
tude of the blade’s vibration. Since the unsteady pressure scales with the exducer
dynamic head, the unsteady loading acting on the splitter blade will be stronger at
high speed Campbell crossings as more unsteady energy is present in the system.

To summarize, the unsteady flow field is hypothesized to have three characteristic
features which contribute to the forced response of the splitter blade: 1) the spa-
tial distribution of the unsteady traveling wave loading has a characteristic acoustic
wavelength in the chordwise direction; 2) the extent of the upstream unsteadiness
extends into regions of high modal displacement, and; 3) the magnitude of the peak

unsteadiness sets the overall level of vibratory energy present in the stage.

3.4 Forced Response Computational Models

Several computational models are explored to elicit physical mechanisms which set
the forced response of the impeller. Figure 3-20 shows a flowchart summarizing the
various FEM models that are assessed.

Model 1 is referred to as the baseline case as it uses unsteady CFD corrected to
STP inlet conditions and fixed in space boundary conditions. The forced response
of splitter mode 5 and 6 are computed against the same unsteady pressures scaled
by exducer dynamic head to the respective crossings. By evaluating these modal
responses against the same forcing function, the influence of loading fluctuation and

acoustic wavelength can be discerned. The fixed in space boundary conditions isolate
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the modal displacement of the blade from the disk by fixing the nodes on the cut
surfaces of the sector.

Model 2 uses the same set of boundary conditions as Model 1 but uses unsteady
CFD computed at the physical crossing speed of splitter mode 5 and 6 to the diffuser
engine order excitation. The unsteady pressures computed are used without scaling
by exducer dynamic head when computing the modal force.

Model 3 uses cyclic symmetry boundary conditions which introduce the potential
influence of disk motion on the forced response of the splitter blades. The forcing
function is also the unsteady CFD computed at the physical crossing speed of splitter
mode 5 and 6 to the diffuser engine order excitation.

Models 4 and 5 are sensitivity studies of the forced response due to variations
in the backwall and blade thickness, respectively. The boundary conditions are the
cyclic symmetry boundary conditions. The forcing function is also the unsteady CFD
computed at the physical crossing speed of splitter mode 5 and 6 to the diffuser engine

order excitation.

All calculations are performed on the surface nodes of the splitter blade structural
mesh. Appropriate normalization factors are applied during the calculation to adjust
the mode shape normalization to the sector mass matrix instead of the full wheel mass
matrix. Equations 3.3 and 3.1 are applied to the centrifugal compressor to calculate
the modal force and the physical displacement of the splitter blade. Since the mode
shape and unsteady pressure are expressed as a complex number, the absolute value of
modal force is taken after the summation of the dot product at each surface node. For
the models assessed only the modal work exerted on the splitter blade is considered.
Modal work performed on the main blade is not computed as the splitter blade
dominant modes being considered show little modal displacement in the main blades.
For modes that contain both blade and backwall motion, the contribution of modal
work from the unsteady pressure acting on the disk’s hub flow path in the vicinity
of the exducer is also not computed. Also, the unsteady CFD model domain does
not include the backwall of the impeller disk so any modal work done by unsteady

pressures here cannot be computed.
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Models | Purpose

Forcing: CFD at STP Corrected Effect of spatial matching of
Model 1 conditions acoustic wave and mode
Structurak Fixed BC's shape on modal force
¥
Forcing: CFD at Campbel Diagram Confirm scaling of modal force
Model 2 Crossings with exducer total pressure at
Structurak Fixed BC's similar corrected conditions

¥

Forcing: CFD at Campbell Diagram

Model 3 Crossings Inﬂuen;:: of baa.ckwoiforcemodes
Structurak Cyclic Symmetry BC's oc
Forcing: CFD at Campbell Diagram

Model & Crossings Sensitivity of modal force to
Structurak Cyclic Symmetry BC's backwall thickness
Thicker backwall/ nominal airfoil
Forcing: CFD at Campbel Diagram

Model 5 Crossings Sensitivity of modal force to
Structural Cyclic Symmetry BC's airfoll thickness

Nominai backwall / thicker airfoil

Figure 3-20: Flowchart of FEM models assessed and the purpose for each model.
3.5 Summary

The mode shape is derived from the FEM software ANSYS 14 for both cyclic symme-
try and fixed in space boundary conditions. For this study, the sector model provided
is assumed to be an acceptable model of the full impeller’s natural modes of vibra-
tion. The unsteady pressure acting on the splitter blade is found using CFX 13. The
unsteady pressures found from this model appear consistent with Kulite measured
responses on a rig test with the same geometry. The refinement of the grid and ap-
propriate timestep has been assessed by Gould [21] and is presented here for ease of
reference.

Several models at different physical levels of approximation are utilized to deter-
mine the driving physical mechanisms that set the forced response of the centrifugal

impeller. These various models assess the effect boundary conditions and geometri-
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cal variations have on the calculation of modal force and the maximum response at

resonarnce.
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Chapter 4

Results: Physical Mechanisms
Controlling the Forced Response

The findings of this thesis are focused on the physical mechanisms that set the forced
response of an impeller blade as a result of the unsteady pressure field generated
by the impeller-diffuser interaction. The mechanisms are identified through the use
of several computational models that vary the structural boundary conditions and

corrected flow conditions. These findings are enumerated below as,

1. Forcing frequency versus natural structural frequency:
(a) facilitates narrow frequency band energy transfer when the forcing fre-
quency and natural frequency are nearly equal, and
(b) diminishes response when the forcing frequency is not equal to a natural
frequency of the structure.
2. Forcing wavelength versus natural structural wavelength:
(a) facilitates energy transfer where the spatial distribution of the unsteady
loading and mode shape are well correlated, and

(b) enhances response when the ratio of the forcing wavelength to the struc-

tural wavelength is between 0.5 and 1.5.
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3. Physical speed of the crossing:
(a) scales the loading fluctuation with exducer dynamic head for similar cor-
rected conditions, and
(b) increases the forced response risk of high speed crossings as the modal force
scales with the magnitude of the loading fluctuation.
4. Modal displacement at the trailing edge:
(a) enhances vibratory energy transferred to the structure as the unsteady
loading is highest in the vicinity of the trailing edge, and
(b) indicates potential blade-backwall mode coupling which alters the calcu-
lated modal work and forced response amplitude.
5. Blade-backwall mode placement:
(a) reduces the impact general structural stiffening may have on mitigating the
forced response if blade and backwall dominant modes begin to couple, and
(b) increases sensitivity of the forced response to variations in geometry if blade

and backwall dominant modes couple at a known excitation frequency.

Figure 4-1 shows how displacement amplitude of the forced response varies across

the five models delineated in Figure 3-20. The absolute value of the computed dis-

placement is not labeled, but the relative height of each column shows how the com-

puted displacement varies between the models. The black bars show the sensitivity of

the splitter blade’s forced response over the domain of geometry variations assessed.

The results shown in Figure 3-20 will be revisited as needed in the following sections.

4.1 Structural Wavelength Versus Acoustic Wave-
length

The splitter blade mode shape exhibits a spatial distribution much like the acoustic

wave propagating upstream along the surface of the blade. This structural waveform
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Figure 4-1: Variation in modal displacement for the five models studied.

and acoustic waveform are found to be nearly equal in length when the structural
wavelengths of splitter modes 5 and 6 are compared to the acoustic wavelength es-
timated from the computed flow field. Figures 4-2 and 4-3 show an overlay of the
approximate structural mode shapes and the acoustic wavelengths for modes 5 and
6 respectively. The acoustic wavelength is shown for two approximations: 1) From
steady-state CFD by evaluating Equation 1.1 outside the boundary layer and 2) av-
eraged from time-accurate loading using unsteady CFD. The acoustic wavelength is
determined from CFD results at the respective operating points for both mode cross-
ings. The structural wavelength is approximated by identifying peaks, troughs, and
zeros in the mode shape along the splitter chord. Both approximations of the acous-
tic signal show that at some point along the splitter chord the acoustic wavelength
matches the structural wavelength of either mode 5 or 6. It is not obvious from Fig-
ures 4-2 or 4-3 whether mode 5 or mode 6 will lead to a higher forced response, but

that either mode could be excited by the spatially distributed traveling wave loading.

Figures 4-4 and 4-5 show the modal pressure distribution on both the pressure side
(PS) and suction side (SS) normalized by the maximum modal pressure computed
with CFD at stage inlet conditions. The modal pressure is the dot product portion

of the modal force calculation in Equation 3.3 prior to integration over the surface.
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Figure 4-2: Comparison of acoustic and structural wavelengths derived from CFD
and FEM respectively for splitter mode 5.
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Figure 4-3: Comparison of acoustic and structural wavelengths derived from CFD
and FEM respectively for splitter mode 6.
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This modal pressure distribution shows where the forcing function and mode shape
are well correlated. The strength of the correlation indicates the amount of work
being done by the unstcady flow ficld on the structure during onc vibratory period.
For both modes, the highest modal pressure is found at tip locations along the chord.
Mode 6 also shows non-zero modal pressure on the last 15% of the chord while mode
5 does not, indicating additional work is done in the vicinity of the trailing edge. For
Model 1, since the CFD is not implemented at the operating conditions, the computed
unsteady pressures are scaled by the exducer dynamic head. This scaling assumes
the Campbell crossing speeds for both modes are similar in corrected conditions, an

assumption that will be revisited when Model 2 is elaborated further.

The variation seen in the resonant displacement from Model 1 to Model 2 in
Figure 4-1 is a result of introducing unsteady pressures calculated at the Campbell
crossing speed for each mode. By using the same unsteady pressures at STP inlet
corrected conditions in Model 1, the assumption is made that the loading fluctua-
tion varies proportionally with exducer dynamic head if the corrected conditions are
maintained. This assumes that flow similarity exists between the design point at STP
inlet conditions and the Campbell crossings at operating speed. If the corrected con-
ditions are equal, flow similarity should maintain the unsteady amplitude, acoustic
wavelength and upstream extent of the loading as seen in Figure 3-14. As expected,
the loading fluctuation is found to scale approximately (<1% on average at tip and
midspan) with the exducer dynamic head from STP corrected inlet conditions to the
aerodynamic design point stage conditions while maintaining corrected speed and
flow. However, despite that the mode 5 and 6 crossings are less than 3% different
in corrected speed, Figure 4-6 shows that the normalized loading fluctuation at the
mode 5 crossing is about 19% less than that at the design point. This variation in
blade loading helps explain why Model 1 overestimates the forced response of mode 5
relative to Model 2; however, the variation in loading fluctuation with corrected speed
does not fully account for the remaining overestimation of the blade’s displacement.
If the amplitude of the forcing function cannot account for the total overestimation in

blade displacement, then the upstream extent or shape of the forcing function must
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Mode 5

With CFD at mode 5 crossing,
stage inlet conditions

With CFD at design point,
STP corrected inlet
conditions

Figure 4-4: Comparison of modal pressure distribution of splitter mode 5 with un-
steady pressure calculated at the mode 5 crossing speed and design point speed.
Design point CFD is run at STP inlet corrected conditions and scaled by exducer
dynamic head. All results normalized to maximum design point modal pressure.

be responsible.

Figure 3-15 shows that the upstream extent of the loading is nearly identical
for the corrected speeds considered. The overestimation in displacement is then set
by the variation in acoustic wavelength with corrected speed. Figure 4-7 shows the
computed acoustic wavelengths at the splitter blade tip and midspan. The acoustic
wavelengths are computed at the aerodynamic design point with STP inlet conditions
and the mode 5 and 6 crossings at stage inlet conditions. Good agreement exists in the
computed acoustic wavelength at the splitter tip in the region of highest unsteadiness

(>50% chord). However, in the region of highest unsteadiness, the computed midspan
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Mode 6

S8

With CFD at mode 6 crossing,
stage inlet conditions

With CFD at design point,
STP corrected inlet
conditions

Figure 4-5: Comparison of modal pressure distribution of splitter mode 6 with un-
steady pressure calculated at the mode 6 crossing speed and design point speed. De-
sign point CFD is run STP inlet corrected conditions and scaled by exducer dynamic
head. All results normalized maximum design point modal pressure.

acoustic wavelength of mode 5 is about 27% greater than that computed at the mode
6 crossing and design point speeds. With this difference in wavelengths, the forced
response varies by over a factor of 50% which indicates the sensitivity of the forced
response to the spatial correlation between the mode shape and forcing function.

In Chapter 2, the sensitivity of the forced response due to the spatial correlation
of the mode shape and forcing function was assessed for a Bernoulli-Euler beam.
Since the wavelength of the unsteady loading and mode shape for both modes are
shown to be equal at some chord location, Figures 4-2 and 4-3, a reduction factor
on the computed forced response with STP inlet corrected CFD can be estimated

from the BE beam assessment. Figure 2-8 indicates that for a 27% mismatch in
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wavenumbers (or wavelengths) the BE beam forced response should be mitigated by
60%. With this reduction in the forced response amplitude, the mode 5 response
of Model 1 now varies by only 15% relative to the response computed with Model
2. For mode 6 the reduction factor for load fluctuation is 9% and the reduction
factor for spatial correlation is <1% making the variation in forced response between
Model 1 and 2 11%. The spatial correlation reduction factor applied assumes that the
forced response is maximized with the STP inlet corrected CFD and reduced when
the Campbell crossing CFD is introduced. Since the Model 1 response with the two
reduction factors applied agrees well with the Model 2 response, the rationality of
the assumption is supported. Figure 4-8 shows the variation between the computed

forced response of Model 1 and 2 when the reduction factors are applied.
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Figure 4-6: Variation in loading fluctuation normalized by exducer dynamic head
with corrected speed. The loading fluctuation represents the maximum value along
the splitter chord which is in the vicinity of the trailing edge.

4.2 Role of Backwall Modes

The variation in maximum resonant displacement seen in Figure 4-1 from Model 2

to Model 3 is a result of using cyclic symmetry boundary conditions rather than
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Figure 4-7: Comparison of midspan and tip acoustic wavelengths derived from CFD
unsteady loading for the design point at STP inlet conditions and the mode 6 and
mode 5 crossings at stage inlet conditions.
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Figure 4-8: Waterfall of reduction factors applied to approximate the response of
Model 2 from Model 1. Model 1 uses unsteady CFD computed at the design point
corrected to STP inlet conditions for both mode 5 and 6 while Model 2 using CFD
calculated at the respective Campbell crossings to compute the forced response.

fixed in space boundary conditions on the cut surfaces of the sector model. The
new boundary conditions are introduced while maintaining the use of unsteady CFD
calculated at the respective Campbell crossing speeds. Note the relatively larger
change in forced response displacement for mode 6 (12%) than mode 5 (3%) as the
boundary conditions are changed. The variation in displacement computed for mode 6
is attributed to the altered mode shape at the splitter trailing edge due to the different

boundary conditions. Figure 3-4 shows that the magnitude of the mode shape at the
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trailing edge is altered more for mode 6 than mode 5 when cyclic symmetry boundary
conditions are introduced. When the modal force is computed for nodal diameters
0 to N/2, shown in Figure 4-9, it appears that mode 6 has a local variation in the
modal force at an IBPA, or nodal diameter, close to the diffuser engine order while

mode 5 does not.

7 N\ Mode 6, nominal backwall
B —— \
e == \ . =—Diffuser Engine Order
i >
0 30 60 90 120 150 180
Inter Blade Phase Angle
0 Nodal Diameter N/2
Mode 5, nominal backwall
B
£ === Diffuser Engine Order
i 7\
/ \‘?,g— e
0 30 60 90 120 150 180
Inter Blade Phase Angle
0 Nodal Diameter N/2

Figure 4-9: Modal force calculated for splitter modes 5 and 6 as a function of IBPA
or nodal diameter.

The variation in the computed modal force with nodal diameter is hypothesized to
be directly related to the proximity of backwall dominant modes to the splitter blade
dominant modes as indicated on the simplified SAFE diagram. The SAFE diagram
for this impeller shown in Figure 1-5 indicates that mode 6 is close to the blade-
backwall mode interaction with the diffuser excitation while the same is not true for

mode 5. The proximity, in frequency and nodal diameter, of the blade-backwall mode
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coupling to a splitter blade mode appears to be responsible for the variation in forced
response seen with cyclic symmetry boundary conditions on Model 3. The proximity
of this coupling and its effect on the forced response is quantified through sensitivity

studies of the forced response on backwall and blade thickness.

4.2.1 Influence of Backwall Thickness

To further explore the impact backwall modes have on the forced response of the
splitter blades, a sensitivity study on backwall thickness is performed. Figure 4-10
shows the geometry variation performed on the impeller backwall. The backwall
thickness is varied at the exducer radius between -24% and +18% with the positive
sign indicating an increase in thickness. The same FEM model is used to assess
each backwall thickness by translating only the backwall surface nodes a prescribed
axial distance. The variation in the blade’s displacement at resonance as a result of
backwall thickness changes is captured by the black bars on Model 4 in Figure 4-
1. These bars indicate that the variation in displacement with backwall thickness
is about 9 times greater for mode 6 than mode 5. Figure 4-11 shows the updated
SAFE diagram for this impeller stage for the increased backwall thickness of 6%.
The backwall frequencies increased (by about 3% at the diffuser engine order) as
the outer circumference of the disk has become stiffer. Figure 4-14 shows how the
frequencies of the backwall and airfoil dominant modes change with the backwall
thickness. The airfoil frequencies change by less than 1% so the backwall thickness
sets the disk mode frequency relatively independent of the airfoil modes. As expected,
the backwall mode frequencies linearly increases with backwall thickness in accordance
with Equation 3.11.

As the backwall thickness is increased at the engine order of the diffuser, the
forced response amplitude of the splitter blade increases by about 60%. Figure 4-12
shows this trend in displacement with backwall thickness. The result is surprising
because despite an increase in the frequency margin between splitter mode 6 and the
disk modes the maximum physical displacement at the diffuser engine order increases!

The modal coupling of the blade and backwall affects the net modal force calculated.
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Figure 4-10: Schematic of how the disk’s backwall geometry is changed for modeling
Model 4.

Figure 4-13 shows how the modal force varies in the IBPA or nodal diameter space.
It appears that this interaction between the disk and blade motion can either con-
structively or destructively interfere, resulting in a variation of modal force about a
nominal value. If the diffuser engine order excitation was at an IBPA closer to 80
degrees (say due to a different vane count) then an increase in thickness would have
brought a drop in the modal force for mode 6 assuming the forcing function remains

unchanged.

4.2.2 Influence of Airfoil Thickness

Model 5 further explores the impact backwall modes have on the forced response of
the splitter blade due to small changes in the impeller geometry. For this model,
small changes in the airfoil geometry are made by uniformly thickening the splitter
and main blade along the span, as shown schematically in Figure 4-15. The variation
in the blade’s displacement at resonance as a result of airfoil thickness changes is
captured by the black bars on Model 5 in Figure 4-1. The bars indicate that the
variation in displacement is greater for mode 6 again than for mode 5, by a factor of
about 6.5. Figure 4-16 shows the updated SAFE diagram for this impeller stage for

the increased airfoil thickness of 13% at the tip. The airfoil frequencies increased by
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Figure 4-11: Updated SAFE diagram for the impeller showing the change in backwall
mode placement for a 6% thicker backwall at the exducer radius. Blue = splitter
modes, red = backwall modes, solid line = nominal geometry, dashed line = thicker

geometry.

about 10-12% as the airfoil becomes stiffer. Figure 4-18 shows how the frequencies
of the backwall and airfoil dominant modes change with the airfoil thickness. The
backwall frequency changes by less than 1% so the airfoil thickness sets the airfoil

mode frequency relatively independent of the backwall modes.
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Figure 4-12: Maximum displacement at resonance as a function of backwall thickness
increase at the IBPA (or nodal diameter) of the diffuser engine order.

airfoil mode frequencies linearly increase with airfoil thickness in accordance with

Equation 3.10.

As the airfoil thickness is varied between -10% and 25%, at the engine order of the
diffuser, the maximum physical displacement is seen to drop for both modes 5 and 6.
This trend indicates that as the blade becomes stiffer, due to the added thickness, the
forced response of the blade decreases. The variation in the computed displacement
about this nearly linear decay shows both a drop and increase in the displacement
between 3% and 10% increase in airfoil thickness. In agreement with the backwall
thickness change assessed previously, the maximum variation in the forced response
occurs when the backwall and mode 6 frequencies are equal, as shown in Figure 4-18.
Since the same unsteady loading is used to compute the forced response for all airfoil
or backwall thicknesses, the magnitude and phase of the mode shape must set the

computed modal force variation.
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Figure 4-13: Modal force calculated for splitter modes 5 and 6 as a function of IBPA
or nodal diameter with the nominal and 5% thicker impeller backwall.

4.2.3 Role of Mode Shape Magnitude and Phase

For both thickness variation studies the modal force varied more for mode 6 than mode
5 which is attributed to the coupling of blade and backwall modes. How this coupling
leads to variation in the forced response is explained by the magnitude and phase
of the mode shape defined by Equations 3.13 and 3.14. Figure 4-19 plots the mode
shape magnitude at the blade tip for several airfoil and backwall thicknesses. In the
trailing edge of the splitter blade where the unsteadiness is highest, the mode shape
magnitude of splitter mode 5 is virtually unchanged over the range of thicknesses
assessed. Mode 6, however, shows greater variation in magnitude with a maximum

value near the blade-backwall coupling thickness. Figure 4-19 plots the mode shape
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Figure 4-14: Frequency map showing interaction of backwall and disk modes as back-
wall thickness is varied.

Figure 4-15: Schematic of how the splitter blade geometry is changed for modeling
model 5.

phase at the tip for several airfoil and backwall thicknesses. Much of the airfoil has
the same phase except for the tailing edge region. For mode 5 there is little variation
in the mode shape phase for changes in both blade and backwall thickness. The
phase of mode 6 shows a 180 degree phase shift between the airfoil leading edge and
trailing edge which occurs near the blade-backwall coupling thickness. Figures 4-21

and 4-22 compare the forced response amplitude, mode shape magnitude and phase
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Figure 4-16: Updated SAFE diagram for the impeller showing the change in backwall
mode placement for a 13% thicker airfoil. Blue = splitter modes, red = backwall
modes, solid line = nominal geometry, dashed line = thicker geometry.

as a function of blade or backwall thickness. For mode 6 the variations in these three
parameters all occur near the blade-backwall coupling indicating their role in the

forced response behavior at a veering point.

In Appendix A a two mass-spring system model is constructed to assess the role of

mode coupling on the forced response. The system models the impeller with an airfoil
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Figure 4-17: Maximum displacement at resonance as a function of airfoil thickness
increase at the IBPA (or nodal diameter) of the diffuser engine order.
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Figure 4-18: Frequency map showing the interaction of backwall and disk modes as
airfoil thickness is varied.
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Variation in Mode Shape Magnitude Due to Backwall Thickness
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Figure 4-19: Mode shape magnitude variation for splitter modes 5 and 6 for the two
geometry variations assessed.

mass and disk mass connected by springs. Further details of this model can be found

in Appendix A. Similar to the impeller, the system is found to have a variation in

the blade’s forced response when frequency of the blade dominant and disk dominant

modes are nearly equal. Unlike the impeller, however, the two masses of this system

always have the same phase as the modes of vibration are standing modes. Figure A-6

shows that the behavior the computed forced response of the impeller and the two

mass-spring system shows good agreement in the vicinity of a modal veering point.

The impact of mode shape phase on the impeller’s forced response helps explains

why the forced response increases and decreases while for the two mass-spring system,

only a reduction in the forced response occurs. For the impeller, variations in mode

shape magnitude and phase at a veering point contribute to the variation in forced
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Figure 4-20: Mode shape phase variation for splitter modes 5 and 6 for the two
geometry variations assessed.

response while for the two mass-spring system, only variations in magnitude at the
veering point contribute to the forced response variation as the two masses are always

in phase.

4.3 Summary

The conditions and attendant governing physical mechanisms that set the forced re-
sponse of the centrifugal impeller have been elucidated. The correlation of the mode
shape with the unsteady forcing function is important but not the dominant mech-
anism at play for this centrifugal impeller as both structural vibratory modes have

wavelength equal to the acoustic forcing wavelength at chordwise locations on the
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Figure 4-21: Variation in splitter mode 5 and 6 forced response, mode shape magni-
tude, and mode shape phase with backwall thickness.

splitter. The role of backwall modes, instead, is the dominant feature which sets the
forced response of the research impeller. The placement of the backwall dominant
modes relative to the airfoil dominant modes, considering the manufacturing toler-
ances of the blade and backwall thicknesses, is an important driver of the impeller’s
forced response. The real implication of this finding is that the forced response of an
impeller blade cannot be solved solely by stiffening the structure without considera-

tion of potential mode couplings with the disk.
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Figure 4-22: Variation in splitter mode 5 and 6 forced response, mode shape magni-
tude, and mode shape phase with airfoil thickness.
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Chapter 5

Assessing the Forced Response

Risk of a Centrifugal Impeller

5.1 Decision Tree Risk Assessment Tool

As shown in Chapter 4, there are several physical mechanisms that influence the
resonant response of a centrifugal compressor stage impeller due to the impeller-
diffuser interaction. To evaluate the relative risk each mechanism has on the forced
response of the impeller, a decision tree is proposed. Figure 5-1 shows the proposed
decision tree which asks a series of questions regarding the state of natural modes in
the operating range. The final question suggests that low risk blade mode crossings
with the diffuser may exist in the operating range. The proposed decision tree relies
mainly on FEM analysis and steady-state aerodynamics. This tool serves as a method
to qualitatively assess risk and determine if more detailed analyses are needed. In
practicality, this decision tree helps to identify when a detailed modal force response

calculation (using unsteady CFD and FEM mode shapes) is called for.

5.1.1 Campbell Diagram Assessment

The first two questions in the proposed decision tree in Figure 5-1 pertain to the use of

the Campbell diagram. If there are no known excitations in the operating range, then
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Figure 5-1: Proposed decision tree for identifying resonant risk early on in the design
process.

there should be no aeromechanical difficulties due to HCF as a result of synchronous

engine order excitation. If there are known excitations in the operating range, and the

excitation is due to the diffuser engine order, then risk is further assessed. However, if

the excitation in the operating range is from a source other than the diffuser, such as

upstream wakes from stationary inlet guide vanes, then the risk is not further ranked

here.
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Due to the long chord of centrifugal impellers, some structural blade modes may
be of the same edgewise family and can therefore not be tuned independently. As a
result, it may not be possible to completely free the operating range of impeller blade
modes. Some modes may be allowed to exist away from critical design speeds as they
are only encountered for a short period during an operational transient such as a start
up or shutdown. The decision tree is still applicable but adequate frequency margin
to these critical speeds should be the first priority. This frequency margin is defined

as

frequencymargin =

fexcitation —1 ’ (5 1)

f structure

where both the frequency of the excitation and the structural mode are computed
at the same engine speed. The frequency margin is expressed as a percentage and
is typically chosen based on previous experience. The resonant spectrum plots for
the taut string and the Bernoulli-Euler beam, Figures 2-3 and 2-4 respectively, show
that the risk of resonance is primarily driven by the temporal frequency matching and
only then, subsequently, by the shape matching. As is typical, setting the appropriate
frequency margin or clearing the operating range of structural modes of vibration is

a good first step to address resonant risk.

If multiple structural mode crossings exist with the diffuser engine order excitation
in the operating range, the decision tree can be applied to all crossings. If the risk
assessment shows similar levels of risk for all mode crossings, emphasis should be
placed on addressing the Campbell crossing at the higher speed. Figure 4-6 shows
that the fluctuation in blade loading imposed on the splitter blade increases linearly
with corrected speed in the vicinity of the design point and scales with exducer
dynamic head; therefore, as the strength of the forcing function increases with speed

so too does the computed forced response and risk of resonance.
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5.1.2 Mode Shape Assessment

The third decision in the risk assessment decision tree shown in Figure 5-1 concerns
the mode shape found from FEM analysis. The question asks whether the mode
shape exhibits modal displacements at the trailing edge. For this question, FEM
modal analysis is required to determine the centrifugal impeller’s structural modes.
The objective of the question is to assess the relative stiffness of the trailing edge.
The stiffness of the trailing edge is related to the blade span by 1/L?, as indicated in
Equation 3.10. Designs with stiff trailing edges show little to no modal displacement
in the exducer, replicating a clamp-like boundary condition at the trailing edge which
cancels out the peak loading fluctuation shown to be near 95% chord in Figure 3-17.
Per the modal force equation, Equation 3.3, having little modal displacement in the
region of highest unsteadiness is an effective means for reducing the modal work done
on the impeller blades. In some cases, as is true for this research centrifugal stage, the
upstream extent of the unsteadiness may extend the entire length of the blade chord
such that modal work is possible anywhere the mode shape exhibits displacement.
Gould showed that this upstream extent of the unsteady loading decays exponentially
from the trailing edge to the leading edge and obeys Laplaces equation solved for a
background flow with a periodic non-uniformity [9]. The exponential decay of the
loading fluctuation is confirmed when plotted on a semi-log axes as in Figure 5-2.
On this axis, an exponential decay from the trailing edge to leading edge appears
as a linear decay. Regardless of the upstream extent of the unsteadiness, reducing
any trailing edge displacement would mitigate the modal work on the blade as the

unsteadiness is highest in this location.

To adequately assess the modal displacement of the trailing edge, either the mag-
nitude of total displacement of the mode shape from a sector model with cyclic-
symmetry or fixed in space boundary conditions can be used. A full wheel model
could also be used; however, a phase sweep should be performed to find the maxi-
mum modal displacement of a single blade. Emphasis should be placed on the mode

shape’s displacement at the blade tip for the full chord as edgewise modes are the
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Figure 5-2: Splitter blade loading fluctuation normalized by exducer dynamic head at
blade tip and midspan. The linear decay of the loading fluctuation on this semi-log
axes confirms the exponential decay of the loading fluctuation from trailing edge to
leading edge.

most active here.

If the blade mode shape shows modal displacement at the trailing edge, adding
stiffness locally to the trailing edge may be a more effective way to reduce the forced
response without affecting the frequency substantially. As shown in Equation 3.10, a
global change to the blade’s thickness will linearly raise the frequency of the vibratory
mode which will impact the Campbell diagram crossing speed and may negatively

impact the aerodynamic performance of the impeller blade.

5.1.3 SAFE Diagram Assessment

The fourth decision in the risk assessment decision tree shown in Figure 5-1 asks
whether the backwall dominant modes have adequate frequency separation or margin.
If the blade mode shapes appear relatively inactive at the trailing edge, the next
proposed step is to map the blade-backwall mode interactions. This step also requires
no CFD analysis, only further FEM analysis. A full map of the impeller vibratory
modes should be plotted in a SAFE diagram showing frequency versus nodal diameter
with blade and backwall dominant modes highlighted. The excitation of the diffuser
engine order should be away from blade-backwall mode crossings or veering points. As
shown in Sections 4.2.1 and 4.2.2, these veering points have been shown in Chapter 4

to significantly vary the forced response of the impeller blades by being highly sensitive
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to small changes in the airfoil and backwall thickness. To avoid the blade-backwall
interactions, the manufacturing tolerances on both the blades and backwall should
be considered to ensure blade and disk dominant modes have adequate frequency
margin. The required margin to modal coupling could be found by performing a
similar assessment of the trailing edge mode shape magnitude with airfoil thickness,
like that shown in Figures 4-21 and 4-22. The attenuation of the trailing edge modal
displacement with blade or backwall thickness may give a good indication of the
required frequency margin to avoid blade-backwall coupling.

Appendix A shows the blade-backwall interaction modeled as a two mass-spring
system. The model shows similar behavior to the centrifugal impeller blade response
in the vicinity of a veering point. The stiffness of the springs in the system are varied
so that the two natural frequencies of the system couple and decouple. The forced
response of the two masses varies accordingly with the coupling. In Figure A-6 the
forced response of the “blade” in this simplified model exhibits the same blade-disk
interaction seen on the centrifugal impeller. The mode shape magnitude of the blade

also appears to increase and decrease at the veering point like that of the impeller.

Effect of Blade-Backwall Mode Coupling on Mistuning

The variation in the computed forced response of the splitter blade due to blade-
backwall mode coupling increases the mistuning risk of the impeller. Mistuning is the
effect of blade-to-blade frequency variation as a result of manufacturing tolerances on
the geometry, variation in material properties, or variations in boundary conditions.
If all the blades are identical, at resonance the response amplitude of each blade
should be the same which indicates that the vibratory energy is shared equally among
the blades. For a mistuned impeller, vibratory energy may be concentrated to a
few blades, increasing the response amplitude of these blades relative to the tuned
impeller at the same conditions. Mistuning in the vicinity of blade-disk coupling is
known to increase as the blades are effectively allowed to “communicate” through the
disk which is participating in the vibration [1]. As a result, the risk of a high response

due to mistuning becomes increasingly sensitive to geometry variations the closer the
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impeller operates to frequencies at which the blades and backwall modes can couple.
Studies of mistuned bladed disks have shown that the maximum blade amplitude
magnification considering mistuning effects can be as high as 1.8 at a veering point
[1]. The results presented here in Chapter 4 do not include the effect of blade-to-blade

mistuning.

5.1.4 Spatial Correlation of Mode Shape and Forcing Func-

tion

The final decision on the risk assessment decision tree of Figure 5-1 questions how
well the vibratory mode shape and the forcing function are spatially correlated. This
shape matching is more effective at addressing the resonant risk of modes with mid-
chord edgewise modal displacements, as these types of modes are most similar to
the transverse modes of the BE beam assessed in Chapter 2. Figure 2-8 shows that
as the ratio of the forcing wavenumber to structural mode wavenumber moves away
from one, the forced response amplitude of the mode quickly decreases. The acoustic
wavelength of the forcing function can be approximated by Equation 1.1 while the
structural wavelength can be estimated from the FEM mode shape. The speed of
sound and relative Mach number in this equation can be found from steady-state
CFD modeling of the flow through the blade passage. Figures 4-2 and 4-3 show
that the steady-state approximation of the forcing function using Equation 1.1 gives
a good estimate of the average chordwise forcing wavelength computed by unsteady
CFD. From this equation, the higher the relative Mach numbers in the blade passage,
the lower the upstream phase velocity of the acoustic wave forcing the blade, and
therefore, the shorter the forcing wavelength. Also note that Equation 1.1 states that
the acoustic wavelength decreases with increasing rotational speed. For small engines
with generally higher rotational speeds, there may be an inherent mismatch in the
characteristic wavelengths if the modal wavelengths do not scale in accord with the
acoustic wavelengths. As shown in Figure 2-8 for classical BE beam forced response, if

the ratio of the wavelengths (or wavenumbers) is not between 0.5 and 1.5 the strength
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of the response should be reduced by more than 75% of the fully matched result.

5.1.5 Implications of Resonant Risk Assessment Decision Tree

The decision tree presented here shows how to evaluate the resonant risk of centrifu-
gal impeller blades due to the unsteady loading generated by the impeller-diffuser
interaction. It is proposed as a way to identify which of the mechanisms enumerated
in Chapter 4 may be present in the current design. With this knowledge, appropriate
steps can be taken earlier in the design process to minimize the danger of resonance.
Ultimately, the physical response of the blade is best found from physical testing and
measurement; however, the proposed decision tree may serve as an effective screening
tool to identify physical mechanisms critical to the impeller’s forced response before

testing.

5.2 Summary

The resonant risk decision tree proposed seeks to relate the driving physical mecha-
nisms identified in Chapter 4 to the design process. The questions in the decision tree
are presented in an order that requires the least amount of analysis up front. Subse-
quent decisions require more analysis but stop short of a full modal force calculation
with unsteady CFD. The goal of the proposed decision tree is to provide an effec-
tive preliminary assessment of the resonance risk imparted by the impeller-diffuser

interaction.
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Chapter 6

Conclusion

6.1 Summary

The impeller-diffuser interaction has been shown to generate spatially distributed
traveling wave loading on the impeller blades. The generated loading can be a dom-
inant forcing function in a centrifugal compressor stage that may induce HCF prob-
lems on the rotating airfoils. The forced response of two splitter blade modes has
been computed and shows good agreement with simplified models derived from first
principles.

The forced response of continuous systems, such as Bernoulli-Euler beams and
taut strings, are studied to determine how the spatial distribution of a loading in-
fluences the vibratory response of a natural structural mode of vibration. These
models indicate that when the wavenumber of the forcing function is equal to the
wavenumber of the mode shape, the forced response is maximized. The matching of
wavenumbers physically implies that the phase speed of the forcing function matches
the phase speed of the vibratory excitation, provided the forcing frequency and nat-
ural frequency are equal. For the research centrifugal compressor stage, the acoustic
wavelength and structural vibration mode wavelength are found to be equal at chord-
wise locations for both splitter modes 5 and 6. Lightprobe data suggests that mode
6 has a stronger response than mode 5 which is consistent with the computed re-

sults. Since the characteristic wavelengths of the excitation and mode shape match
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for modes 5 and 6, the spatial correlation of the forcing function and mode shape
is not the key driving mechanism distinguishing the forced response of mode 5 from
mode 6.

Further assessment of the impeller’s forced response is performed for splitter blade
modes 5 and 6 by computing the displacement amplitude of five models with vari-
ous boundary and loading conditions. The results from the models are assessed and
contrasted to identify the driving physical mechanisms that set the impeller’s forced
response at resonance. The loading is computed numerically using unsteady CFD and
the structural vibratory mode shapes computed from FEM analysis. Geometry varia-
tions of the airfoil and backwall thickness, similar to those imposed by manufacturing
tolerances, are performed to determine the sensitivity of the forced response. Mode
6 shows high sensitivity to geometry variation while mode 5 does not. The variation
in the forced response of mode 6 is found to be a result of the blade-backwall mode
coupling which does not exist within the domain of geometry variation assessed for
mode 5. The utility of a simplified SAFE diagram is also demonstrated as it effec-
tively shows where modal coupling is likely. Variations in the computed modal force
are consistent with the veering points identified on the SAFE diagram. Additionally,
a simple two mass-spring system is constructed to replicate the forced response varia-
tion seen on the impeller as a result of blade-backwall coupling. The behavior of this
model at resonance shows good agreement with the impeller’s forced response in the
vicinity of a veering point, supporting the hypothesis that this response variation is

driven by the coupling of natural modes.

6.2 Conclusions

The findings of this thesis are focused on the physical mechanisms that set the forced
response of an impeller blade as a result of the unsteady pressure field generated
by the impeller-diffuser interaction. The mechanisms are identified through the use
of several computational models that vary the structural boundary conditions and

corrected flow conditions. These findings are enumerated below as,
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1. Forcing frequency versus natural structural frequency:
(a) facilitates narrow frequency band energy transfer when the forcing fre-
quency and natural frequency are nearly equal, and
(b) diminishes response when the forcing frequency is not equal to a natural
frequency of the structure.
2. Forcing wavelength versus natural structural wavelength:
(a) facilitates energy transfer where the spatial distribution of the unsteady
loading and mode shape are well correlated, and
(b) enhances response when the ratio of the forcing wavelength to the struc-
tural wavelength is between 0.5 and 1.5.
3. Physical speed of the crossing:
(a) scales the loading fluctuation with exducer dynamic head for similar cor-
rected conditions, and
(b) increases the forced response risk of high speed crossings as the modal force
scales with the magnitude of the loading fluctuation.
4. Modal displacement at the trailing edge:
(a) enhances vibratory energy transferred to the structure as the unsteady
loading is highest in the vicinity of the trailing edge, and
(b) indicates potential blade-backwall mode coupling which alters the calcu-
lated modal work and forced response amplitude.
5. Blade-backwall mode placement:
(a) reduces the impact general structural stiffening may have on mitigating the
forced response if blade and backwall dominant modes begin to couple, and
(b) increases sensitivity of the forced response to variations in geometry if blade

and backwall dominant modes couple at a known excitation frequency.
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6.3 Recommended Future Work

The forced response of the impeller’s splitter blade is computed with some basic
assumptions. It is recommended that these assumptions be further elaborated upon
in future study.

First, the damping acting on the impeller, whether mechanically, aerodynami-
cally, or internally in the material, was not studied in this thesis but has an equally
important contribution in setting the overall level of the blade’s forced response. The
aerodynamic portion of the total damping is one area that should be studied in greater
detail as its contribution may be significant during certain operating points as the
modal displacement and aerodynamic characteristics of the flow change. Understand-
ing the physical mechanism that set the level of aerodynamic damping would be of
great utility as even a “small” amount of modal force can lead to high amplitude
resonance if the total damping is driven close to zero.

Secondly, the physical mechanism that sets the blade loading amplitude is not
well understood. The amplitude of the loading generated by the impeller-diffuser
interaction is a function of the phase lag of the acoustic waves traversing the pressure
and suction sides of the impeller blades. The unsteady static pressure amplitude at
any location on the blade surface has been shown to be a function of the physical
speed, impeller-diffuser gap, diffuser incidence and blade passage relative diffusion;
however, the physical mechanisms that set the unsteady pressure difference from the
pressure side to the suction side have not been quantified on a parametric basis.

Lastly, for the research centrifugal impeller, the correlation of the forcing function
and mode shape alone did not lead to a definitive conclusion of whether splitter
mode 5 or 6 would have a higher response. It is recommended that the concept of
wavenumber matching at resonance be extended to other centrifugal machines, or
other turbomachinery applications, to determine the potential value of this condition

in identifying the strength of a resonance early in the design process.
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Appendix A

Modeling the Blade-Backwall

Interaction

A.1 Simplified Model: Two Mass-Spring System

To further explore the blade-backwall interaction witnessed in Chapter 4 a simple
two mass-spring system is assessed. Figure A-1 shows schematically the system con-
sidered. The ratio of the two masses in this system are chosen to reflect the relative
mass of the blades and disk, which is about 5%. As the system has two masses and
motion is only permitted horizontally along the axis of the springs, the system has
two degrees of freedom (DOF). As a result, this 2-DOF system has two natural modes
of vibration. The relative displacement amplitude of each mass during a forced re-
sponse is related to the mass and stiffness parameters of the system. The governing

differential equation for this 2-DOF system is

Mi+Ci+ KZ=F (A1)

where ¥ is the horizontal displacement vector in the spatial coordinate z and time
t. M is the 2-by-2 mass matrix, C is the 2-by-2 damping matrix, K is the 2-by-2
stiffness matrix, and F is the load vector which represents the total sum of the forces

in the z-direction acting on the masses. Note the only external load applied to the
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Figure A-1: Two mass-spring system to approximate the blade-disk interaction.

system is a harmonic load, F5(t) = F,sin(Qt), acting on the blade mass. Summing
the forces acting on each mass yields the coupled set of equations describing the

dynamic motion of both masses,

mq 0 .'i'l 0 0 jﬂ'l i k'1 + kg —kz I 0
0 mo Ci'z 0 C3 j?g —k]Q kg ) Fg(t)
(A.2)

If the damping is small, the damped and undamped natural frequencies are nearly
identical. Ignoring damping and assuming a solution of the form Z(t) = gsin(wt) to

Equation A.2 yields

—w?Mgsin(wt) + Kgsin(wt) = 0 (A.3)

or further simplified yields

M'K¢=AI¢ (A.4)

where [ is a 2-by-2 identity matrix and A is one of two eigenvalues of the 2-DOF

system. A is related to the natural frequencies of the system by
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A=uw? (A.5)

The eigenvalues are found from the nontrivial solution of the determinant [5]

det(M™'K — AI) =0 (A.6)

The eigenvectors, 5, are solutions which satisfy Equation A.4 for a particular
eigenvalue A. In the lowest frequency mode (mode 1) the two masses move in phase
in the same direction while for mode 2 the masses move in phase in opposite direc-
tions. The eigenvectors describe the mode shapes of the vibratory mode while the
eigenvalue or eigenfrequency describes the natural frequency. The system also has

two characteristic frequencies other than the eigenfrequencies.

The “disk-alone” frequency is,

k
WDisk—Alone ~= — (A7)
my
The “blade-alone” is similarly,
k
WhBIlade— Alone =~ _2 (A8)
ma

The ratio of the two characteristic frequencies is used to explore the interaction
of blade dominant and backwall dominant modes of the centrifugal impeller. The
ratio of the characteristic frequencies is varied by changing the stiffnesses, k; and ks,
of the two springs in the system in a study to reflect the resonant response of the
splitter blade due to changes in the backwall and airfoil thickness. The mass of the
disk, m; and blades, my, remains constant as the stiffnesses are varied. The forcing
function amplitude is constant with displacement amplitude of the blade, and the
forcing frequency is always equal to the blade-alone frequency. The absolute value
of the mass and stiffness parameters are not chosen to be representative of impeller;
however, the ratios of these parameters are representative of the impeller. It follows

that that the absolute value of the computed response amplitude is not as important
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as the trends given by the model for variations in stiffness.

A.2 Increasing “Backwall” Stiffness

To elicit a forced response similar to that of the impeller when the backwall thickness
is changed, the stiffness of the disk, £y, is varied. Figure A-2 shows a map of the
system’s two natural frequencies as a function of the disk-alone to blade-alone fre-
quency ratio. The ratio of these characteristic frequencies changes as the disk-alone
frequency increases with increasing k;. The dashed lines represent the two natural
frequencies of the system while the solid lines represent the characteristic frequen-
cies. The veering behavior of the two system frequencies can be clearly seen as the
two dashed lines approach and then diverge from one another without crossing at
a disk-alone to blade-alone frequency ratio of 1. Note that when the ratio of the
characteristic frequencies is well below or above 1, the system frequencies behave like
the characteristic frequencies. For example, if the disk is very stiff compared to the
blade, the disk-alone to blade-alone frequency will be greater than 1 and the lowest
system mode will behave with the blade-alone frequency and the higher system mode
will behave with the disk-alone frequency with little motion or influence from the

adjacent mass.

As the frequencies of the two characteristic modes approach one another, the
forced response of the blade and mass begin to change. Figure A-3 shows the response
of the blade and disk as a function of the ratio of disk-alone to blade-alone frequency.
When the ratio of characteristic frequencies is nearly 1, the blades experience a drop
in response while the disk experiences an increase. Above a ratio of 1 between the
characteristic frequencies, the response of the blade and disk nearly level out. Further
stiffening of the disk does not improve the forced response of the blade. As a result,

stiffening the disk is not an effective means to reduce the forced response of the blade.
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Figure A-2: Two mass-spring eigenfrequencies as a function of k;, backwall stiffness.
A.3 Increasing ‘“Airfoil” Stiffness

Similar to increasing k; to assess the variations in blade response to the backwall
thickness, the stiffness k; is varied to elicit the forced response of the impeller blades
to changes in the airfoil thickness. Figure A-4 shows a map of the system’s two
natural frequencies as a function of the disk-alone to blade-alone frequency ratio.
As the airfoil stiffness, ks, is increased, the ratio of the characteristic frequencies
decreases. The dashed lines represent the two natural frequencies of the system while
the solid lines represent the characteristic frequencies. The veering behavior of the
two system frequencies is again clearly seen as the two dashed lines approach and then
diverge from one another without crossing at a disk-alone to blade-alone frequency

of 1. Similar to Figure A-2, when the ratio of the characteristic frequencies is well
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Figure A-3: Two mass-spring response as a function of the characteristic frequency
ratio as the disk stiffness, kq, is varied.

below or above 1, the system frequencies behave like the characteristic frequencies.

Figure A-5 shows the forced response of the blade and disk as a function of the ratio
of disk-alone to blade-alone frequency. As the frequencies of the two characteristic
modes become close, the forced response of the blade and mass begin to change;
however, the response of the blade now appears to have a non-zero slope away from the
veering point. The linear slope of the blade’s response is in part caused by the increase
in the blade-alone frequency (the chosen forcing frequency). Equation 3.1 for a SDOF
response shows that the physical displacement is proportional to the reciprocal of the
driving frequency squared, which results in a linear increase in response as the ratio
of disk-alone to blade-alone frequency increases. Physically, this trend in the forced

response with a stiffer (or thicker) blade implies that adding stiffness reduced the
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Figure A-4: Two mass-spring eigenfrequencies as a function of ks, airfoil stiffness.

forced response of the blade. When the ratio of characteristic frequencies is nearly 1,
the blades experience a drop in response while the disk experiences an increase. Away
from the point of modal coupling, increasing the stiffness of the blades decreases the

forced response as expected.

A.4 Modeling Results

The response of the centrifugal blade and the two mass-spring system blade are
compared in Figure A-6. The study that involves changing the backwall thickness is
shown on the left while the study that involves changing the airfoil thickness is shown
on the right. Note the similarity in the response when the disk to airfoil frequency

is nearly 1. The behavior of the centrifugal impeller’s forced response is similar to
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Figure A-5: Two mass-spring response as a function of the characteristic frequency
ratio as the airfoil stiffness, ko, is varied.

that of msy, the blade mass, in the two mass-spring system. Also, the mode shape
magnitude of the impeller and the two mass-spring system blade are both maximized

at the veering point where the characteristic frequencies are equal.

For the two mass-spring system, the overall level of variation during the eigen-
value veering is controlled by the strength of the modal coupling. The strength of
the modal coupling also sets the attenuation away from unity of the characteristic
frequencies. Attempts to quantify the modal coupling in regions of mode veering
have been performed by du Bois et al. [3]. Du Bois proposed several parameters
that ultimately lead to the calculation of a “veering index” which seeks to quantify
the strength of the modal coupling. The veering index is a function of the system’s

mass and stiffness matrices. Calculations of a veering index for this two mass-spring
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Figure A-6: Comparison of the response between the representative two mass-spring
system and the actual centrifugal impeller.

system or impeller are not implemented here.

A.5 Summary

The complicated modal interactions of the airfoil and backwall dominant modes of
the centrifugal impeller are modeled with a two mass-spring system. The forced
response of this simplified system shows good agreement with the forced response

of the centrifugal impeller splitter blade. Both systems exhibit a strong variation in
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the forced response in the vicinity of modal coupling. The similarity of the forced
responses of these two systems supports the hypothesis that the variation in modal

force seen on the impeller is driven by the blade-backwall mode interaction.
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