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Abstract

Rotary engines offer higher power density, fewer parts and lower vibrations than conventional
reciprocating piston engines. However, rotary engines are more difficult to seal because of the
rotor shape which leads to higher gas leakage and oil consumption resulting in lower efficiency
and higher emissions. In order to address this problem, this thesis presents a set of multiscale
models to assess rotary engine performances by estimating gas leakage, oil consumption, wear
and friction.

An oil seal multiscale model is developed to estimate internal oil consumption guided by oil
transport visualization experiments carried using a laser-induced fluorescence technique. A finite
element beam model is used to predict the clearance between the oil seals and the side housing
for each crank angle in the cycle. From seal-housing clearance, oil transport through the oil seals
is calculated using a control volume approach. The main mechanism leading to internal oil
consumption is outward scraping of the oil seals due to a lack in conformability of the seals to
the distorted side housing, especially next to the intake and exhaust ports.

A set of multiscale models are developed for the performance of the apex and side seals. The
models are formulated to couple gas flow to the dynamics and deformation of the seals while
accurately describing the interfaces between the seals and their profile and groove. The models
are used to predict apex and side seal behavior and understand the mechanisms leading to gas
leakage. The main leakage mechanisms identified are leakage through (1) the corner seal
clearance, (2) the spark plug holes, (3) the flanks of the seals at high speed, and (4) the side piece
corner for the apex seals and at the ends of the side seals. The apex seal model shows good
agreement with experiments, especially for the pressure in the apex seal groove.

It is the first time such comprehensive models are developed for rotary engines and they will be
valuable tools to help design more efficient and environment-friendly rotary engines.
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Chapter 1

Introduction

Rotary engines provide higher power density, lower vibrations and lower part count than piston
engines. However, sealing has always been an issue with rotary engines. Sealing performance is
typically worse than piston engines, and this for all four sealing performance indicators: gas
leakage, wear, friction, and oil consumption. Sealing performance has been improved over the
years, but there is still a need for improvement, especially with the always more stringent
emission standards. Progress in improving sealing in rotary engines is limited by the lack of a
method to quantify the sealing performance indicators. This thesis presents a set of multiscale
models that can predict gas leakage, wear, friction and oil transport by coupling dynamics of the
deformable seals to detailed description of the contact between the parts along the cycle. The
focus of the work presented is to assess the main function of each seal, namely oil transport for

the oil seals and gas leakage for the gas seals.

1.1 Motivation

The Wankel rotary engine consists of a triangular rotor that rotates around an eccentric which
changes the size of the combustion chamber over a cycle, creating the thermodynamic Otto
cycle. The engine architecture leads to higher power density because all the chambers are going
through a power stroke every revolution and the engine can spin faster than most piston engines.
The eccentricity of the crankshaft being smaller, the rotary engine also generates fewer
vibrations. Another advantage is that the rotary engine has only one moving part, the rotor, and

does not require valve train as the ports are opened and closed by the rotor itself.

The rotary engine today is mainly known because Mazda has taken advantage of the high power
density in its sports cars, the latest being the RX-8 with the RENESIS engine [1]. Over the years,
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the rotary engine has also been tried and used in various applications, including airplanes [2],
motorcycles [3], helicopters [4], tractors [5], chainsaws [6], portable generators [7] and others .
Recently, in addition to Mazda planning to launch production of rotary engines again, there is a
renewed interest for rotary engines as range extenders for electric vehicles [8] and unmanned

aerial vehicles [9].

The drawback of the rotary engine configuration is that a triangular rotor is harder to seal than a
cylindrical piston. Sealing the gases requires a seal on each of the edges and a connection at all
the vertices (Fig. 1.1). In addition, oil seals are needed to prevent crankcase oil to reach the
combustion chamber. This large number of seals and their peculiar shape are responsible for the
rotary engine reputation of leaking oil and gas. Every aspect of the sealing is challenging and
needs improvement. Specifically, the four targets are the reduction of: (1) gas leakage, (2) wear,

(3) oil consumption, and (4) friction.

Oil injection

Corner seal *

Side seal

Cut-off seal
Outer oil seal Apex

g seal
Inner oil seal

Rotor housing

Fig. 1.1 Rotary engine seals

Gas leakage reduces engine thermodynamic efficiency by reducing the peak pressure in the

combustion chamber. This effect is similar to the blowby effect in piston engines except
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worsened by the many more gaps. An additional problem of gas leakage is the increase of
hydrocarbon emissions. This is especially true for rotary engines as gases can leak from the
combustion chamber to the leading chamber before combustion. The leading chamber being
connected to the exhaust port, the unburnt hydrocarbons can leak directly into the exhaust port
and increase hydrocarbon emissions (Fig. 1.2). Gases can also leak from the apex seal groove to
the side of the rotor through the corner seal clearance (Fig. 1.3). The side of the rotor being
connected to exhaust port for most of the cycle (Fig. 1.4), this leakage mechanism also increases
hydrocarbon emissions. Similarly, gases can leak through the side seals to the side of the rotor,
which increases unburnt gas flow to the exhaust port (Fig. 1.5). Those leakage mechanisms, and
others, are described in more details in the gas seal chapters. In order to reduce gas leakage and
hydrocarbon emissions, it is critical to be able to quantify those mechanisms to effectively

improve design of gas seals.

Leakage to trailing
chamber

Exhaust Combustion/Expansion

Leakage to leading
chamber

Fig. 1.2 Gas leakage from high pressure chamber to leading and trailing chambers
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Apex seal and corner seal
grooves are connected

Pressurized

| groove
| | /’
Leakage to side of the
rotor through the corner
seal clearance
(a) Rotor section view (b) Close-up view on the apex and corner seals

Fig. 1.3 (a) Rotor section view and (b) leakage from the apex groove to the rotor side

Intake port

Leakage to side of the
rotor through the corner

seal clearance
Exhaust port

Gas can flow to
the exhaust port

Fig. 1.4 Corner seal gas leakage path to the intake and exhaust ports
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corner seal

Reaction
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Flank
Leakage
Leakage Outer flank

leakage

(a) (b)

Fig. 1.5 (a) Position of the side seal leakage for high pressure in the combustion chamber and (b)
mechanisms leading to side seal leakage

Wear of the apex seal has always been one of the major problem of rotary engines. The apex seal
experience extreme lubrication conditions. The angle with the apex seal is varying throughout
the cycle, sweeping 25-30 degrees on both sides. This constraints the apex profile to have a small
radius of curvature, which results in a very sharp barrel shape from a lubrication standpoint.
Therefore the hydrodynamic pressure ability of the apex seal is limited and it relies mainly on the
metal-to-metal contact to support the load from the groove gas pressure. Furthermore, a large
portion of the rotor housing is a combustion chamber wall which leads to rapid evaporation of
the oil present. The apex seal profile is thus expected to be in starved condition when the load is
maximal. In order to reduce apex seal wear, it is important to know the contact pressure between

the seal profile and the rotor housing as well as the effect of oil presence.

Oil consumption must be maintained at a low level for all engines as it leads to catalyst
poisoning and hydrocarbon emissions. In particular, oil consumption is a problem for rotary
engines as oil leaks through the oil seals and oil needs to be injected to lubricate the gas seals.

Those two oil consumption mechanisms contribute about equally to oil consumption. While it
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seems reasonable to assume that all the oil injected is eventually consumed, it is less clear what
causes internal oil consumption. There is therefore plenty of room for oil consumption reduction
through a better understanding of the system. While it is difficult to predict the value of oil
consumption, even for piston engines, identifying and quantifying the oil transport mechanisms

is of great interest to an engine designer.

Friction reduction is one of the main targets of piston engine manufacturers at this point. While
friction is higher for rotary engines due to the number of seals, friction reduction comes after gas
leakage, wear and oil consumption in priority. Nevertheless, being capable of predicting friction

losses is advantageous when designing the seals.

1.2 Background

The rotary engine was first developed by Wankel at NSU in the 1950s. The technology was then
licensed to Curtiss-Wright, Togo Kogyo and others. This rapidly increasing interest for the rotary
engine led to an increasing amount of research in the 1960s and beginning of 1970s. This can be
seen by the number of technical papers published per year on the rotary engine by the Society of
Automotive Engineers (SAE) (Fig. 1.6). While scientific literature on the rotary engine can also
be found elsewhere, SAE technical publications provide a good picture of the evolution in rotary
engine research and development interest over the years. Afier the oil crisis of 1973, the interest
in the rotary engine declined, to be renewed again in the 1980s and beginning of 1990s by
interest from the NASA for aviation [10] and John Deere for larger engines [5] with a focus on
performance and combustion (e.g. [11,12]). After that period, literature is scarce and further
development where mainly conducted at Mazda with the results being the RENESIS engine
summarized by Okhuba [1]. The complete history of the rotary engine starting from its early
development is described by Norbye [13] and Hege [14], and an insider view is given by Max
Bentele in its autobiography [15]. The remaining of the background information presented here
focuses on the sealing system. For a complete description of the engine kinematics and working

principle, the reader is referred to Ansdale [16] and Yamamoto [17].
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Fig. 1.6 Number of SAE technical papers concerning the Wankel rotary engine published per year
from 1960 to 2013

The apex seals have always been one of the most critical parts in rotary engines. It is not
surprising that development of apex seals is one of the subjects that have received the most
attention by the engineers working on rotary engines. The main problems that were encountered
are: (1) wear of the profile, (2) loss of contact with the rotor housing, (3) gas leakage and (4)
friction. Those problems, except for gas leakage, have been addressed both empirically and by
modeling of the apex seal dynamics. Gas leakage has not been addressed directly from the
dynamics of the apex seals, but rather from an overall leakage area per cell. Gas leakage is
therefore treated separately from the apex seals. The last subject discussed in the following sub-
sections is oil consumption. As emission standards forcing oil consumption to a low level are
relatively new, there is a minimum amount of research that has been done to try to fully

understand this problem in rotary engines.

1.2.1 Apex Seals

Design of gas seals have been an important challenge in the development of rotary engines. Even
Max Bentele himself, who was in charge of the rotary engine early development at Curtiss-
Wright, said in 1958 that he didn’t see insurmountable problems to the rotary engine but “the gas
seals may take some time to develop” [15]. Over the first few years, the sealing system changed
rapidly, to converge towards a design that is similar to what is still used today (Fig. 1.7) [18].
Further improvements are reported afterwards, but the general architecture remains the same. For

example, Shimamura [19] reports a reduction of raw hydrocarbons from 8.5-9.5 to 6.5-7.5 g/mile
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by improving gas sealing, including reducing the clearance of the apex seal side piece (Fig. 1.8).
Among a few configurations that have been tried it is worth mentioning the 3-piece configuration
that was used in the Mazda RX-7 (Fig. 1.9) [20] and the idea of making recess on both sides of
the seal to allow the groove pressure to remain at the same level than the pressure in the

combustion chamber [21].

1958 1959 1961

Fig. 1.7 Chronology of Curtiss-Wright sealing grid development [18]

AM = 1.5 mm

g I

Previous
Type
(76 ~*80)
Crowning
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Improved ('K ( i ;
Type (~81) U

Fig. 1.8 Evolution of the side piece [19]
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Fig. 1.9 Two-piece and three-piece apex seals [20]

Apex seal dynamics was studied experimentally by Matsuura et al. [22,23] who reported the
understanding of the transition from one groove flank to the other. However, seal lift-off that can
cause leakage and rotor housing chatter marks [24], was not observed. Seal lift-off is predicted
by the dynamics model developed by Knoll et al. [25]. This model, as well as other apex
dynamics models [26-28], can predict the seal dynamics, the reaction forces and friction.
However, these models consider only the cross-section of the seal and neglect seal deformation
or variation of the clearance for gas flow along the seal. They therefore fail to quantify gas

leakage as a function of seal geometry and engine operating conditions.

Additionally to the friction losses predictions from the models discussed, apex seal friction has
also been studied experimentally. A lubricated coefficient of friction of 0.05 has been reported
by Revankar [29] and Muroki reported a dry friction coefficient of about 0.1 for a coated seal
and 0.4 for a non-coated seal [30]. As friction has been studied both by modeling and
experiments and friction breakdown for the seals is discussed in a few articles (e.g. [31,32]),

friction is not the main focus of the work presented in this thesis even if it can be predicted by
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the model presented. Nevertheless, general figures are given for friction losses associated with
the different seals.

Wear of the apex seals have been studied empirically from a lubricant standpoint (e.g. [33,34])
and from a material and coating standpoint (e.g. [24,29]). Van Basshuysen et Wilmers [35] have
shown that it is possible to obtain a wear rate on the same order as piston engine rings.
Concerning coatings, the final version chosen by Mazda is electron beam chilling to obtain a
sufficient depth of penetration in the apex profile [36]. Although the apex dynamics models
presented in the literature can predict the reaction force with the housing, prediction of an

estimate of wear rate distribution of the apex is not reported to the author’s knowledge.

1.2.2 Gas Leakage

Gas leakage has been evaluated by Eberle and Klomp [37] by changing the leakage area in a
performance model assuming isentropic flow through an orifice and comparing with
experimental data. They concluded that the best fit with experimental data was an area of
2 mm?*/cell, which results in an increase of 4-6 % of fuel consumption due to leakage. They also
concluded from experiments that 1/4 to 1/3 of this leakage was due to the side seals, while the
remaining to the apex seals. Danieli et al. [38] used a smaller value of leakage area of 1 mm?/cell
taken from their measurements of the engine clearances that also gave a good fit with
experiments. This value of 1 mm?*cell was also used by Norman [39] and Roberts et al. [40] in
their model, while Sierens et al. used 0.9 mm?cell [41]. While those models relate leakage to

performance, they fail to relate to the dynamics of the apex and side seals.

1.2.3 Oil Consumption

Even though oil consumption of the rotary engine have always been higher than piston engines,
it only became a problem relatively recently because of consumer satisfaction and emission
standards. Nowadays, consumers are reluctant to add oil in their engine as it looks if the engine
was of poor quality. Oil consumption also poisons catalytic converters and increases
hydrocarbon emissions, which makes it harder for rotary engines to satisfy emission standards at

a reasonable cost. Oil consumption can be split into internal oil consumption, the oil leaking
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from the crankcase to the combustion chamber, and metered oil, the oil injected to lubricate the

gas seals. In both cases, publications are rare.

A few configurations of oil seals have been tried in the early stage of development (e.g.
[18,42,43]), but the design quickly evolved to the current configuration, which was satisfactory
until recently. One of the few modifications to the oil seals was to add a coating that reduces the

coefficient of friction with the side housing [44].

Oil has been injected to lubricate the gas seals since the first rotary engine configuration. The
current configuration has three injectors, one for each side to lubricate the gas seals and one in
the center for the apex seal. The strategy to determine the amount of metered oil needed for a
given engine operating condition is to reduce the amount of oil until the apex seal temperature
increases above a certain threshold that is assumed to be when to seal experience boundary
contact [45]. Electronic control has helped to reduce metered oil compared to mechanically
controlled injectors. Nevertheless, there is still room for improvement with a better

understanding of the seal-housing and seal-groove contact.

1.3 Thesis Objectives and Approach

The main objective of this thesis is to develop multiscale models that relate seal design to sealing
performance. In particular, the main objective for the oil seals is to identify the dominant oil
transport mechanisms and quantify the oil consumption trends as a function of seal geometry and
operating conditions. For the gas seal, the main objective is to quantify the different gas leakage
mechanisms. For all the seals, the models must be capable of estimating wear rate by calculating

asperity contact pressure and calculating friction.

In order to understand oil transport in the engine, visualization experiments are carried. Those
experiments help guiding the development of oil transport through the oil seals. They also allow
understanding oil transport around the gas seals on the side of the rotor. Gas leakage to the side
of the rotor can also be observed indirectly, which helps to validate gas leakage mechanisms

predicted from the gas seal models.
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The oil seal model calculates the conformability of the seal to the distorted side housing using a
beam finite element model. Based on the seal clearance, a control volume approach is used to
calculate the oil transport over a few engine revolutions until the outward scraping of the outer
oil seal converges. The oil passed the outer oil seal is used as an indicator of internal oil
consumption. The main mechanism leading to internal oil consumption is the lack of
conformability of the oil seals because of the shape of the rotor housing, especially close to the

intake and exhaust ports.

The apex seal is also modeled with a dual-grid beam finite element method, but also includes
dynamics. The model formulation is adapted from the methods developed by Tian et al. [46] and
Baelden and Tian [47] for piston rings dynamics. All the dominant forces on the seal and main
leakage mechanisms are included. Forces are formulated to be compatible with this numerically
stiff problem. Pressure in the groove and general apex position shows good agreement with
experiments. From model prediction, the main leakage mechanisms occur through (1) the corner
seal clearance, (2) the leading spark plug hole, and (3) the seal flanks. The two first mechanisms
are independent of apex seal design and they can be solved by a better sealing around the corner
seal and by reducing the leading spark plug hole diameter. On the other hand, flank leakage
needs to be addressed through seal design changes.

One of the strategy to reduce apex seal flank leakage is to use a three-piece configuration. This
strategy is evaluated by a multi-body model. Although it increases the number of parts, the three-
piece configuration seems to have the capability to eliminate the opening of the low-pressure

flank that is seen at high speed for the two-piece apex seal.

The set of models is completed by a side seal model that is formulated similarly to the apex seal
model, except using a curved beam finite element model instead of a straight beam model. At
low speed, gas leakage is mainly caused by (1) the contact with the trailing corner seal and (2)
the gap with the leading corner seal. Those mechanisms agree with the oil patterns on the rotor
observed from visualization experiments. At high speed, body force is large enough to tilt the

seal and flank leakage is increased.
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Chapter 2

Visualization of Oil Transport Mechanisms

Improvement of the oil seals and reduction of metered oil have always been supported only by
indirect empirical evidences. In this thesis, a method of oil transport visualization is used for a
first time for rotary engines, based on a 2D laser-induced fluorescence (LIF) technique adapted
from piston engines [48]. Oil transport mechanisms are identified from the center of the rotor to
the combustion chamber, both for internal oil consumption and metered oil. Results from the
experiments guide the development of the oil seal model and allow a better use of the metered oil

to lubricate the gas seals.

2.1 Objectives

The objective of the 2D LIF experiments is to identify and understand the dominant oil transport
mechanisms in rotary engines. This objective is subdivided in two sub-objectives: (1) understand
how oil can pass the oil seals to become internal oil consumption, and (2) understand how well
metered oil is used to lubricate the gas seals. A better understanding of those mechanisms will
help designing a better sealing system to reduce oil consumption while maintaining low wear and

friction.

2.2 Experimental Setup

The description of the experimental setup is taken from a journal article by the author [49]. For
oil transport visualization, a single rotor engine is used (RENESIS [1]), for which the central
housing is replaced by a sapphire window. Unless otherwise specified, experiments are carried
under firing condition at 50 % load. As shown in Fig. 2.1, the beam of a YAG laser (SOLO III,
50 mJ/pulse, 15 Hz x 2 heads) is expanded and reflected towards the engine with a beam splitter.
Light is absorbed by a die placed in the oil. The dyes chosen are pyrromethene 567 and
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rhodamine 640 percholate to minimize the effect of temperature on the overall dye properties
[50]. Light is then reemitted by the dyes. Reemitted light is filtered to filter out the laser
reflections and keep only the light emitted by the dies at 570 nm. The image is captured by a
camera (ProEM: 512B, resolution 512x512). The complete optical assembly is mounted on a
platform that can translate in two directions to capture any desired position on the sapphire
window. The area available for visualization and a cut view of the rotor and seals are shown in
Fig. 2.2. Most of the side of the engine can be spanned, except for the bearing mount on the right

bottom and the intake and exhaust ports modified to be machined in the sapphire window.

Single rotor engine

Sapphire }
window/ ¢ 1>|_|_ Laser

Beam '_
splitter [ | ‘\ Lenses

Filter

Camera

Fig. 2.1 Schematic of the 2D LIF experimental setup

Laser and camera are timed with the rotor rotation to capture one image per rotor revolution at
the desired crank angle (CA). A movie is recorded and the evolution of the oil pattern can be
observed over time. Rotor land oil accumulation is varying rapidly and images at different CA
provide insight about the rotor land accumulation and release mechanism. However, outside the
inner oil seal, the oil film is typically thin which leads to typical oil displacement from one image
to the other of a fraction of a millimeter. This leads to the conclusion that an image of the oil
accumulation pattern is approximately the same captured at any crank angle of the same
revolution. This means that, except for the rotor land, only one image of a given position of the
rotor needs to be captured and there is no need to sweep all crank angles. This reduces
significantly the time involved for oil transport observations. Furthermore, as the oil

displacement is small for a revolution, an image shows adequately the oil accumulation and the
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corresponding movie is used to determine the direction of the flow. In this thesis, direction of the

flow is represented with arrows on the pictures when needed.

Modified Sa}pphire
Intake port window

Bearing
Modified SHpport
exhaust port
(a)
1%t land 2nd Jand 3rd Jand 4t Jand Rotor land

Side housing

Side  Cut-off  OQuter 0il O-ring  Inner
seal seal seal oil seal

(b) Section view AA

Fig. 2.2 (a) Side view of the engine showing the available area for visualization and (b) section view
of the seals

Figures 2.3 and 2.4 show the typical oil accumulation pattern seen on the rotor around the gas
seals and oil seals for mass production specifications. Those images show that even if some oil
flow can be seen with mass production specifications, oil film thickness is small, on the order of
only a few microns. Those images illustrate the challenge of understanding oil transport and
reducing oil consumption of the engine, as the amount of oil in the engine is already small. In

order to increase the amount of oil and better understand oil transport, oil seal geometry and
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injection rate are changed. For the oil seals, three different configurations are tested using
different nominal seal contact width, as discussed in section 2.5. Injection rate is also increased
for oil flow around the gas seals. Injection frequency of the side injectors and the center injector
can be controlled independently. Changing specification of the seals and injection rate changes
the amount of oil, but does not seem to change the general behavior of oil transport as can be
seen by a close inspection of images taken with the mass production specifications; scraping can

be seen on oil seals and oil flow pattern around the gas seals is similar.

1%t land Outer seal

4t Jand

Inner seal

Rotor land
Inside rotor

Cut-off seal

Fig. 2.3 Oil seals and cut-off seal 2D LIF image with mass production specifications

2.3 Overall Rotor Side Oil Transport

From an analysis of the experimental data, the oil transport mechanisms are identified from the
center of the rotor to the combustion chamber (Fig. 2.5). Oil first accumulates in the rotor land
during inward motion. Some of this oil is allowed to pass the inner oil seal which scrapes some
oil to the 4™ land. The oil accumulated in the 4™ land must be recycled to the housing as the

grooves of both oil seals are sealed by O-rings. A similar process occurs for the outer oil seal. Oil
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that passes the outer seal is eventually scraped to the rotor and pushed outward by body force.

The oil then mixes with the metered oil supply in 2™ Jand. Finally, oil passes the side seal and

reaches the combustion chamber

Apex 1% land
seal A
Corner

seal Side seal

~ 15 um

0 pum

Fig. 2.4 Gas seal oil transport 2D LIF image with mass production specifications
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Fig. 2.5 Step-by-step oil transport from the center of the rotor to the combustion chamber



The following sections detail the oil transport mechanisms, the experimental evidences gathered
and order of magnitude calculations, starting from inside the rotor to the combustion chamber, in

order: (1) the rotor land, (2) the oil seals and cut-off seals, and (3) the gas seals.

2.4 Rotor Land

It is important to understand the mechanism of oil accumulation and release in the rotor land as it
determines the supply to the oil seals. In other words, this mechanism determines the boundary
conditions at the inner radius of the inner seal clearance with the side housing. First, it
determines if the inside of the inner seal is in a fully-flooded or starved condition. Second, it

determines the pressure at the inner seal inner radius that can lift the seal.

The rotor land accumulation and release mechanism starts with oil that accumulates in the rotor
land during inward motion, mainly due to the oil splashed on the housing (Fig. 2.6). Inertia also
contributes to accumulation by pushing oil inside the rotor land during the first part of inward
motion. This accumulation generates a pressure near the inner seal that can lift the seal. When
radial velocity changes direction, oil is released from the gap and pressure goes back to the

atmospheric level.

Oil leakage through High pressure

the interface Rotor land

/)‘_7 / Housa!ﬁ-?/ | N\
) \} Inertia
e Ko “‘

; ~~~Sliding
(radial
component)

(a) Oil-in from rotor and housing (b) Oil-out from rotor and housing
due to sliding and inertia mainly due to sliding

Fig. 2.6 (a) Accumulation during inward motion and (b) release during outward motion
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2.4.1 Accumulation and Release
The complete accumulation and release process can be subdivided in four steps, located on
Fig. 2.7. A small portion of the inner seal is followed around a cycle and the rotor land
accumulation and release is divided between (a) to (d). Events taking place during those steps are
shown in Fig. 2.8:

(a) Outward inertia contributes to the oil supply inside the rotor.

(b) During the first part of inward motion, this oil is pushed inside the gap and some oil is

also supplied from a sporadic distribution on the housing.
(c) Oil distribution gets more consistent as the rotor approaches the most inside position.

(d) Finally, oil is dragged out of the rotor land when motion direction reverses.

Fig. 2.7 Position of a small portion of the inner seal over a cycle
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(a) Outward motion
Outward inertia
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from supply
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(b) Inward motion housing is sporadic
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(c) Inward motion T B . Oil distribution on the housing
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Clearance is filled, there will be a pressure Some oil on the rotor is
rise to resist the flow if there are no driven off by inertia
release hole inside the 10S groove.

(d) Outward movement
Inward inertia

Oil is dragged out of
the rotor land

Fig. 2.8 Rotor land accumulation evolution over a cycle
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Experiments with the 2D LIF engine confirm this accumulation process, as shown in Fig. 2.9.
Accumulation in the rotor land can be seen where the color is continuous. The zones where
shade is varying are likely to have oil on the rotor and on the housing, but with air between the
two. Accumulation is small at the most outside position of the inner seal (Fig. 2.9a). Oil then

accumulates and completely fills the rotor land before reaching the most inside position.

Rotor land

Rotor land full Inner oil seal
Rotor land full

Splash 3 land Rotor land full

More continuous (c)26°

@-1° (by9 accumulation

Fig. 2.9 Accumulation seen on the 2D LIF engine at 3000 rpm without drain holes

It has been observed experimentally that oil supply to the housing changes as a function of
engine condition, as shown in Fig. 2.10. This is in part due to the activation of the rotor cooling

jet. Further investigation is needed to fully understand this relation.
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(a) Motored 1000 rpm (b) Motored 3000 rpm (c) Motored 3000 rpm
High intake pressure Low intake pressure High intake pressure

Fig. 2.10 Accumulation seen on the 2D LIF at 50° CA for different engine conditions

2.5 Qil Seals and Cut-Off Seal

Oil seals are the main barrier between the oil supply in the crankcase and the combustion
chamber. Understanding their behavior is essential to reduce oil consumption. The 2D-LIF
engine experimental setup provides a unique capability to observe the oil transport around those

seals.

In this section, understanding of oil transport mechanisms through the oil seals is first given
based on the experiments. The main mechanism for oil to pass the oil seals is scraping, a process
by which oil is transported outward due to the eccentric motion of the rotor. Another important
effect is the recycling of the oil accumulated between the inner and outer seal to the side housing

because both grooves are sealed by O-rings.
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Experimental evidences are then presented to support the claims about oil transport
understanding. Mass production specifications show small oil film thickness and it is difficult to
analyze oil transport mechanisms. Therefore, large contact land width on both oil seals is used to
increase the oil film thickness. This allows a significant increase in oil transport and makes it
easier to describe the complete path from the center of the rotor to outside the gas seal. A core
assumption in all the analyses and models is that the injected oil cannot find its way back to the
crankcase, and hence does not affect the oil transport around the oil seals. This assumption is
validated by changing the oil injection and comparing the oil pattern at small and high injection
rates. The last part of this section is dedicated to a quantitative analysis of the images that

calculates the total scraping rate of both the inner and outer seals.

2.5.1 Understanding of Oil Transport Mechanisms

Oil has to go through the complete process to become internal oil consumption, as shown in
Fig. 2.11. Oil starts from the oil supply for the rotor journal bearing and rotor cooling inside the
inner oil seal (1). Oil is allowed to pass under the inner oil seal by the motion of the seal (2) and
is left on the housing between the inner and outer seals (4). Oil can also be pushed through the
interface by pressure generated by the oil accumulation between rotor land and housing (3). This

pressure-driven flow goes partly on the housing (3a) and partly on the taper (3b).

Once oil is on the housing, it can be scraped by the inner oil seal (6) and pushed by inertia on the
taper towards the 4™ land (7). Since there is no mechanism to drain the oil from the 4™ land
volume, oil has to be recycled (8) back to the housing in steady state. Outer oil seal also scrapes

inward (9) directly into the 4™ land volume. This oil is also recycled to the housing.

From (4), oil is allowed to pass under the outer seal (10) and is left on the housing. Most of the
oil finds its way back under the seal (11), part of it is pushed out of the reach of the outer seal
(13) and part of it is scraped by the outer seal, and pushed out by inertia on its taper (14). There
is no clear mechanism that brings back the oil after being pushed (13) or scraped (15). Thus, this
oil travels towards hot regions, evaporates and burns in the combustion chamber. These flows

(13 and 15) are considered to be internal oil consumption.
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Fig. 2.11 Representation of the internal oil consumption process

2.5.1.1 Scraping Mechanism

Scraping is a mechanism of oil transfer from the housing to the taper of the oil seal. Scraping of
the inner oil seal can be divided in steps as shown in Fig. 2.12. To illustrate the process, the
scraping sequence starts with a piece of the inner oil seal at its most inner position assuming the
housing is dry outside the inner oil seal (1). The seal first moves outward and oil is supplied to
the housing (2). The seal then moves inward, leaving a given thickness of oil on the housing (4).
When the seal moves outward again, if the clearance is smaller than during outward motion, the
scraped oil either directly flows to the taper of the seal or accumulates between the taper and the
housing (6). When the seal changes direction, oil separates and some of it stays on the housing
and some stays on the taper (7). Once on the taper, oil experiences inertia and shear from the air
(8). Finally, oil reaches the 4™ land (9). For the outer oil seal, the only difference is that the
supply to the housing comes from oil left on the housing by the inner oil seal and is smaller than

the supply from the center of the rotor and the bridged oil from the rotor land.
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Fig. 2.12 Scraping process

In sum, scraping is caused by an asymmetry between inward and outward motion. If the
clearance between the seal and the housing always remains the same, no oil transport occurs.

However, if the clearance is different, oil is transported by seal motion.

2.5.1.2 Fourth Land Oil Motion and Recycling

Oil from the inner seal taper and scraped inward by outer seal fills the 4™ Jand. Once the oil
accumulation reaches a certain level, oil is recycled to the housing. When body force points
outward, oil is pushed against outer seal until it bridges to the housing. When bridging happens,
surface tension contributes to recycling oil to the housing. Secondary motion also contributes to

bridging by reducing the clearance between the rotor and the housing.
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Body force pushes oil Oil bridges to the Secondary motion contributes to
against the outer seal

housing and is recycled recycling by reducing the clearance

(b) (c)

Fig. 2.13 Oil recycling: (a) oil is pushed by body force, (b) oil bridges to the housing, and (c)
secondary motion contributes to bridging

2.5.2 Experiments with Mass Production Specifications

Oil transport is small for mass production specifications on the 2D LIF engine setup. This is due
to an already well-designed oil seal system and to the sapphire window which is flatter than the
actual housing. The resulting small film thickness is therefore difficult to capture and analyze.
The center of the engine and the rotor land are both full of oil, as shown in Fig. 2.15. Some
scraping is observed on most regions of the inner seal. Oil accumulation is observed in the 4™

land. Outer seal scraping is only seen in one location, and the film thickness is small.
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(a) Chamber 1 (b) Chamber 2

4t Jand
accumulation

Inner seal scraping

Outer seal scraping
Rotor land

(c) Chamber 3

Fig. 2.14 Oil distribution with mass production specifications, 3000 rpm

2.5.3 Oil Path at Large Contact Width

Inner and outer oil seals were both replaced with larger contact width to increase the oil film
thickness between the housing and the seals as they move inward and outward. Although this is
“an undesirable design, this setup illustrates clearly the oil path from inside to outside, as shown

in Fig. 2.15 taken at a speed of 3000 rpm. The rotor land filling pattern is unchanged from the
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mass production specification. Oil seals are both scraping oil, and o0il accumulates in the 3" and
4™ Jands. Oil scraping is also observed on the cut-off seal, as its interface pressure is higher than
the oil seals and therefore its interface clearance is smaller. Oil can also pass under the cut-off
seal, by leaking between the seal and groove inner flank, then in the groove under the seal, and
finally leaking between the seal and groove outer flank. This effect is shown in Fig. 2.16 where
the oil passed the cut-off seal is significantly larger than the cut-off seal scraping rate. Oil that is
scraped and oil that has passed under the cut-off seal is then pushed outside on the rotor by body
force. Finally, oil passes under the side seal and reaches the chamber, where it can be thrown off

or evaporated.

Oil pushed outward by
body force

Cut-off seal scraping

Outer seal scraping

Inner seal scraping

Rotor land

Fig. 2.15 Oil path from inside to outside with oil seal large contact width, 3000 rpm
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Oil pushed
outward by
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Qil passed the
side seal

Fig. 2.16 Oil path showing oil passing under the cut-off seal and the side seal, 3000 rpm

At low speed, oil transport is significantly different as surface tension becomes significant
compared to body force, as shown in Fig. 2.17 taken at a speed of 1000 rpm. Scraping is
observed for all seal, but at a slower rate. Also, oil passage under the cut-off seal is small, even

for a large accumulation in the 3™ land.

Small amount of oil
passes the cut-off seal

Large 2" land
accumulation

Fig. 2.17 Oil transport for large oil seal contact width, 1000 rpm
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Oil transport pattern is similar around the circumference of the oil and cut-off seals, except in the
region of the cut-off seal gap, as shown by a comparison of the three chambers in Fig. 2.19. The
cut-off seal gap is causing a large accumulation in the 3™ land due to a flow of gas entraining the

oil.

(d) 3000 rpm, Chamber 1 (e) 3000 rpm, Chamber 2 () 3000 rpm, Chamber 3

Fig. 2.18 Cut-off seal gap effect on oil transport

Oil transport around the cut-off seal gap is shown in Fig. 2.19. Gas flow drags oil to the 3™ land
across the gap. Oil is transported clockwise in the 3" land by the rotation and bridges with the
housing. Once on the housing, oil is scraped by both the outer and the cut-off seals. Oil scraped
by the outer seal is returned by body force to 3™ land. Oil scraped outward by the cut-off seal
next to the gap is brought back to 3" land by gas flow through the gap. To escape this cycle, oil

has to travel further clockwise, as shown in Fig. 2.19a. From that location, oil can pass the cut-
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off seal and is pushed by body force towards the side seal without being brought back to the 3™
land by gas flow.

(a) 215 CA (b) 255 CA (c) 300 CA

Fig. 2.19 Oil transport around the cut-off seal gap, 3000 rpm

The oil transport mechanisms seen with a large amount of oil seems to also occur with mass
production specifications, but at a slower rate which makes it difficult to observe. The large
contact width experiments thus allow understanding better oil transport to improve the design of

the oil seals and cut-off seal.

2.5.4 Effect of Metered Oil

A core assumption is metered oil does not change the oil transport around the gas seals. To
validate this assumption the injection rate was taken from 0.526 Hz and 0.196 Hz for center
injection and side injection to 2 Hz for both. As shown in Fig. 2.20, the change in injected oil
does almost no change in the 3" land accumulation, while the accumulation pattern on the rotor
near the corner seal is changed by a larger amount of oil. Those experiments confirm that
metered oil should not find its way toward the crankcase and oil transport around the oil seals

can be treated independently.
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(a) 180 CA, slow oil injection (b) 180 CA, fast oil injection

(c) 0 CA, slow oil injection (d) 0 CA, fast oil injection

Fig. 2.20 Effect of metered oil injection rate on oil transport around the oil seals

2.5.5 Quantitative Analysis of Scraping

Quantifying oil film thickness based on LIF images requires a proper calibration. The optimum
solution would be to have an in situ calibration by having reference oil film thickness near the
measurement at all time. This approach is attempted by using the calibration marks on the seal.
However, it is not guaranteed that the calibration marks are full of oil and therefore the
calibration gives inconsistent results. Instead, the calibration is done at a specific time when the
taper of a seal is full, using the known angle of the seal taper. The calibration results in about 4

Ir/um, where I denotes the measured intensity in bit from 0 to 255 and the subscript 3 denotes the
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bit shift (LUT) used during the image acquisition. As one bit is shifted for every change in LUT,
the value must be multiplied by two for every decrease of LUT, for example 1 Is =2 I = 4 I,.
This is a somewhat imperfect unit as the calibration with oil film thickness varies depending on
the remaining dye concentration, the power of the laser, and the location on the image. It has
been found that the calibration seems to hold within an acceptable error margin (~ + 25 %) for
the analyzed videos, as long as the measurement is not taken along the edges of the image. This
calibration also assume a linear relation between the oil film thickness and the intensity, which
has been validated by Thirouard [50], as long as measurement does not approach saturation.
Finally, the lowest intensity on a given image is assumed to be the noise level and is attributed

the zero oil film thickness value.

In this section, the calibration is first explained in more details, and is used to quantify the

overall scraping rate of different oil seal configuration.

2.5.5.1 Oil Film Thickness Calibration

Calibration was first attempted using the calibration marks on the oil seals. The calibration mark
used is a shallow groove on the seal taper along the circumferential direction. The first step is to
draw a line along the radial direction and plot the intensity value along this line across the oil
seal pack, as shown in Fig. 2.21. A zoom on the calibration mark region shows that the number
of point taken by the measurement is limited and does not represents fully the shape of the
calibration mark. Lines are drawn over the graph to reconstruct the shape of the mark. From
those marks, it can be seen that the intensity measurement from the surface to the deeper portion
of the valley is 40 I3. Measurements show a depth of 16 um. This would result in a sensitivity of
2.5 I;/um, which is below the expected value and varies significantly for every image used for
calibration. This suggests that the calibration mark could not be full and the resulting measured
oil film thickness can be smaller than expected, as shown in Fig. 2.22. A calibration mark with a

rectangular profile might give better results, but is also probably harder to manufacture.
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Fig. 2.21 Oil film thickness calibration attempt using calibration marks on inner oil seal
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Fig. 2.22 Difference between expected and measured oil film thickness using calibration marks

The taper part of the seal is used as the calibration feature. When the taper is full, the intensity
signal measured along the line is linearly increasing with radius, as shown in Fig. 2.23. Two
points are taken to calculate the slope, which is the required calibration parameter. The
advantage of this method is that the feature is already on the system and does not need any
supplemental manufacturing. The two main disadvantages are: (1) generally, only the oil seals
with a large contact width cause sufficient scraping to fill the taper part, and (2) the calibration
must be made with a few images and conserved for the other images or experiments where the
taper is not full. Nevertheless, the taper method gives a calibration that can be used for a first

estimation of the oil film thickness.
The summary of the measured sensitivity based on the taper method are presented in Table 2.1,

for the images shown in Fig. 2.23 and Fig. 2.24. A reasonable value for the sensitivity is 4 I3/um.

This value is used for quantifying the scraping rate on the seals.
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Fig. 2.23 Oil film thickness calibration using the taper full of oil

Table 2.1 Summary of sensitivity from the taper method

Large contact Speed  Sensitivity
- width seal (pm)  (Is/um)
Fig. 2.23 Inner and outer 3000 43
Fig. 2.24a Inner and outer 3000 4.0
Fig. 2.24b Inner and outer 3000 3.9
Fig. 2.24c Inner only 3000 3.9

64
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(a) (b) (©)
Fig. 2.24 Image for sensitivity calibration with the taper method

2.5.5.2 Scraping rate

Total scraping rate of the inner and outer seal is calculated for three different configurations:
(1) mass production specifications, (2)large contact width for the inner seal, and (3) large
contact width for both seals. The film thickness effective average is calculated for 18 regions of
20° each to span the entire seal circumference, as shown in Fig. 2.25. Since the flow rate is a

function of the cube of the film thickness, the effective average film thickness (Eef r) 1s defined

as:

_ 1 6, " L 2.1
hepr = |92 = h dﬁ?l :

in which h is the local film thickness, and 6, and 6, are the starting and ending angle of the
region in the rotor reference frame. The effective average can then be used to calculate the
scraping volume flow rate (Q) of the seal for the given region, based on a locally fully-developed

flow:
E3ff
e
Q= ﬁpwﬁR [(6, — 6,)R] (2.2

in which u and p are the oil viscosity and density taken here to be 0.005 Pa-s and 800 kg/m®, wg

is the angular velocity of the rotor which is 3 times slower than the crankshaft angular velocity,
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and R is measurement radius on the rotor. Since the centrifugal acceleration has a symmetrical
variation around the value of w%R, this value can be taken as the average acceleration around a
rotor revolution, and thus is used to calculate the average flow rate. The total accumulation in
each land is calculated ,shnﬂarly, by integrating the oil film thickness from one seal to the other
and around the circumference.

A summary of the total scraping rate, land accumulation and average oil film thickness is given
in Table 2.2 for the three configurations. The effective average oil film thickness is also
illustrated in Fig. 2.26 and Fig. 2.27. The images that were used for those calculations are shown
in Fig. 2.28, Fig. 2.29, and Fig. 2.30. For the mass production specifications, there is only one
important scraping region for the inner seal, image (p), and the scraping rate of the outer seal is

very small.

For the inner seal large contact width configuration, the inner seal scraping rate is very large, and
can be seen on all the images. As the contact width of the inner seal is larger, the oil film
thickness left after its passage is larger than the outer oil seal clearance. Outer seal is then
scraping oil inward and oil accumulates in the 4% land region. The large accumulation rate
generates a large recycling rate to the housing which is then scraped outward by the inner seal
and seen on its taper. As a large amount of oil is trapped, the scraping rate of the inner seal is
large. The outer seal scraping is increased by this accumulation compared to the mass production
specifications as expected, but it increases only by a factor of ten while the inner seal scraping is

increased by a factor of about a hundred.

When both oil seals are modified with a larger contact width, the scraping rate of both seals is in
the same order of magnitude. In this case, the cut-off seal clearance is the smallest of the three
seals, and the cut-off seal start scraping both inward and outward, generating accumulation in the
3" land. This oil is recycled to the housing and then scraped outward by the outer seal. Fourth
land accumulation is more similar to mass production configuration than to inner seal large
contact width configuration, and so is the inner seal scraping. These experiments suggest that the
scraping rate of the inner seal is largely affected by the 4™ land accumulation and the outer seal

scraping is affected by the 3™ land accumulation.
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Fig. 2.25 Zone limits and lines along which oil film thickness effective average is calculated

Table 2.2 Summary of scraping rate and effective oil film thickness distribution

Mass Prod. Large contact Large contact
Specifications width for inner seal width for both seals
Inner Outer Inner Outer Inner Outer
seal seal seal seal seal seal
e 3.71 0.08  412.13 0.75 20.85 34.98
(mL/h)
Land accumulation 21.88 3.27 95.46 4.55 27.72 25.24
(mm?) (4%land)  (3“%land) (@®land)  (3™land) (4™land) (3" land)
Location (°) Image Effective average film thickness (um)

0-20 (a) 2.20 0.35 11.36 0.84 2.68 8.17
20-40 (b) 4.70 1.26 21.56 1.85 8.94 9.81
40-60 (c) 2.36 0.60 12.45 2.05 5.56 6.62
60-80 (d) 2.05 0.61 24.03 1.90 791 9.06
80-100 (e) 4.44 1.24 28.24 2.16 8.14 9.66

100-120 () 4.13 1.73 15:52 2.68 5.68 9.65
120-140 (2) 2.47 0.44 1217 1.29 1.59 6.71
140-160 (h) 2.45 113 44.45 2.42 2.00 7.39
160-180 (1) 1.90 0.94 13.76 2.69 1.94 5.48
180-200 ) 211 0.99 10.56 1.64 3.85 4.15
200-220 (k) 3.69 L3 22.19 2.99 1553 7.70
220-240 ) 2.26 1.18 20.02 2.54 6.69 10.01
240-260 (m) 0.96 0.87 14.73 1.19 4.24 12.43
260-280 (n) 2.45 1.09 16.74 3.46 12.88 14.21
280-300 (0) 5.01 0.58 1552 323 8.17 8.70
300-320 (p) 10.16 0.59 10.42 2.03 5.98 7.88
320-340 (q) 3.84 1.45 13.62 3.54 5.07 5.81
340-360 (r) 2.67 1.91 16.10 2,73 210 7.14
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Fig. 2.26 Oil scraping distribution on the inner seal taper
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Fig. 2.27 Oil scraping distribution on the outer seal taper
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Fig. 2.28 Scraping distribution for mass production specification
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Fig. 2.29 Scraping distribution for large contact width inner seal
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Fig. 2.30 Scraping distribution for large contact width for both oil seals
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As a summary, the oil transport for the three different setups is shown in Fig. 2.14. The main
difference is that the seal with the highest pressure, and thus the lowest clearance is scraping
inward. In the mass production specification case, the inner seal scrapes inward and thus the
behavior of the system is adequate. In the case where the inner seal has a large contact width, the

outer seal starts scraping inward, filling the 4™ land. Finally, when the two oil seals have large

contact width, the cut-off seal scrapes inward and fill both the 3" and 4™ lands.

» On housing
4_ On housing On housing between Sime]
outside cut- outside outer oil inner and | /4 ;pp Y
off seal seal outer oil e
sgals inside the
inner oil
seal
Cut-off Seal Inner Oil seal
¢ (a) Mass production specifications
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(t il
DRkl oAl g inside the
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seal
Cut-off Seal Inner Oil seal
¢ (b) Large contact width for inner seal
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off seal outer oil -
seals inside the
inner oil
seal

Cut-off Seal

2

Fig. 2.31 Oil transport comparison between the three oil seal configurations

Inner Qil seal

(c) Large contact width for both oil seals




2.5.6 Conclusions for Oil Seals and Cut-Off Seal Oil Transport
Although the sapphire window distortion is different from the actual side housing, the 2D-LIF

engine provides important information on the oil seals and cut-off seal behavior:

1.
2.
3.

Inner seal scraping is increasing with an increase in 4™ land accumulation.

Outer seal scraping is increasing with an increase in 3" Jand accumulation.

Once oil is scraped outward by the cut-off seal or has passed under the cut-off seal, oil is
pushed on the rotor by body force towards the side seal.

The mass production relative contact pressure of the seals is appropriate, because
scraping of the inner seal is larger than the outer seal, and outer seal scraping is larger
than cut-off seal scraping.

Reducing the inner seal contact pressure without reducing the outer seal contact pressure
generates a large inward scraping of the outer seal and a large 4™ land accumulation. An
increase in outward scraping of the outer seal is also observed

Reducing contact pressure of both oil seals without reducing the cut-off seal contact
pressure results in catastrophic internal oil consumption, as the cut-off seal is scraping
inward and the accumulation in 3™ land becomes large. There is no barrier to avoid oil
consumption when oil reaches 3™ land. Hence, future reduction of spring forces and
change of seal design need to ensure decreasing order of seals’ scraping ability from
inner seal to cutoff seal.

Gas exchange around the cut-off seal gap generates a circular pattern of oil transport.

2.6 QGas Seals Oil Transport Visualization

Gas seals are sealing the chamber from one another and from the side of the rotor. To limit

amount of wear, the gas seals need to be adequately lubricated. Experiments with the LIF setup

allow observing oil transport around those seals and provide information about the distribution of

oil in the different regions. Oil distribution patterns also give indirect understanding of gas

leakage for the side seals and the corner seals.

Oil pattern seen on the rotor is a competition between five mechanisms:

1.

Body force, mainly the centrifugal fictitious force pushing oil outward
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2. Shear from rotation, air shear stress caused by the relative motion between the rotor and
the housing, pushing the oil in direction opposed to rotation

3. Gas leakage drag, entrainment by gas leakage next to gas seals

4. Oil viscous resistance

5. Surface tension

The three first mechanisms are driving the oil to move, while the two last mechanisms are
restraining oil motion. In this section, the general oil pattern caused by those mechanisms on the

rotor is first discussed, followed by a comparison of the magnitudes of the different mechanisms.

2.6.1 Oil Pattern

The LIF setup is currently limited to one image every rotor revolution. The motion between two
subsequent images is therefore a result of oil motion during a complete revolution. A droplet of
oil can thus move in both directions during a rotor revolution, but the motion perceived from the
LIF images is unidirectional. This phenomenon is illustrated in Fig. 2.32. Fortunately, the motion

is slow enough for most of the regions on the rotor, so the resulting direction can be determined.

Oil droplet Side of the rotor

(a) Full motion (b) LIF images

Fig. 2.32 Difference between the complete motion and the motion perceived from the LIF images
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Oil pattern on the side of the rotor provides information on oil transport, and indirectly on gas
transport. Oil film thickness for mass production specification is small, which makes it difficult
to see and analyze, as shown in Fig. 2.33. It is still possible to see oil being dragged by the gas
flow against body force. The phenomena are easier to see for the 2 Hz side injection frequency
case, as shown in Fig. 2.34. On both sides of the corner seal, gas flow drags the oil inward. On
the leading side of the corner seal (on the right side of the corner seal in Fig. 2.34), gas flow
drags oil inward in a region of a width similar to the corner seal radius. This is due to the
opening of the side seal inner flank caused by the contact with the corner seal. On the trailing
side of the corner seal, oil is dragged in a narrow region by the gas leaking between the corner
seal and the side seal. For both sides, gas flow seems to be stopped by the cut-off seal and turn
circumferentially, dragging the oil with it. Outside those regions, oil is pushed outward by body
force and reaches the side seal, completing the circular patterns. Finally, oil finds its way under
the side seal, and some is thrown off in the chamber. Some oil is also seen leaking out of the

corner seal clearance.

Apex seal

Corner seal

Side seal

Rotation

Fig. 2.33 Oil pattern on the rotor for mass production specifications
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between the side
seal and the corner
seal pushes the oil

Rotation

Fig. 2.34 Oil pattern on the rotor for a side injection frequency of 2 Hz

2.6.2 Scaling of Oil Transport Mechanisms

A comparison of the magnitude of the different driving mechanisms allows for a better
understanding of the LIF videos, which in turns can guide design improvements. The approach to
compare the mechanisms in this section is to use the lubrication approximation and neglect
surface tension. Those approximations allow calculating the velocity of the oil film for the three
driving mechanisms: body force, shear from rotation and gas leakage drag. As the momentum
equation is linear under lubrication approximation, the solutions can be superposed, and the
resulting total velocity is the sum of the velocities induced by the three mechanisms. The
velocities can then be compared to estimate in which conditions a mechanism dominates over the
others. Finally, with the velocity known, the lubrication approximation is validated. Surface
tension is also compared to body force to assess in which conditions surface tension would be

important, and the oil velocity calculated would be changed.
The variables and values of the different parameters used in this section are defined in Table 2.3.

Unless otherwise specified, nominal values are used for calculations and graphs are plotted from

minimum to maximum values.
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Table 2.3 Properties and dimensions for scaling of the oil transport mechanisms

Property/Dimension Unit Variable Min. Nominal Max.
Oil viscosity Pa‘s U 0.005

Oil density kg/m? p 800

Oil surface tension coeff. N/m o 0.02

Air viscosity Pa‘s Hg 1.8x107

Oil film thickness pm hs 1 10 30
Puddle length mm L 10

Rotational velocity krpm krpm 1 3 9
Rotor angular velocity rad/s Wr 35 105 314
Characteristic radius (2" land) mm R, 75

Air velocity from leakage m/s vV 1 10 100

2.6.2.1 Body Force

The parabolic velocity profile resulting from body force is shown in Fig. 2.35.

Fig. 2.35 Velocity profile due to body force

From lubrication theory, the average film velocity due to body force (uip) is:

hi

3u

uB = _p&

2.3)

in which @ is the average centrifugal acceleration over a cycle. Replacing the acceleration by its

value yields the order of magnitude for the velocity due to body force:

(2.4)

(L)



The velocity of the film in mm/s is plotted in Fig. 2.36 against oil film thickness and rotational
speed to give an order of magnitude. The oil velocity for the 2D LIF engine is about 1-10 mm/s.

This is slow enough to see the displacement of the oil film from one image to the other.

Rotational Speed (krpm)
2 qéww
/ =
&
/ X
s

5 10 15 20 25 30
Oil Film Thickness ( hf) (pm)

Fig. 2.36 Average film velocity (mm/s) as a function of film thickness and rotational speed

2.6.2.2 Shear from Rotation
The rotation of the rotor causes the air to rotate and generates a shear force on the oil. Changing
reference frame to the rotor reference frame, the resulting linear velocity profiles for air and oil

are shown in Fig. 2.37.

Rotation U~wgR,
>

ai

r
H
oil I hf

U

Fig. 2.37 Velocity profiles for oil and air on the rotor reference frame (oil velocity is exaggerated for
illustration)

As viscosity of the oil is much larger than air viscosity, the velocity at the interface is much

smaller than the rotation velocity and can be neglected when calculating the shear force at the
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air-oil interface. At the interface, the oil and air shear stress are the same. Replacing by the

respective shear stress values yields:

= (2.5)

in which w; is the velocity at the interface. Replacing for the rotor velocity and noting that the

average velocity is half the velocity at the interface yields:

i) hswgrR
T~ — Hyg Hr0Rts (2.6)
2 u (H-h)
A comparison of the velocities from shear and body force reduces to:
us 3
- i Q.7)

s 2hy(H - hy)pog

This relation is plotted in Fig. 2.38. For an important film thickness, the body force dominates.
Only at low speed and low film thickness, body force and shear from rotation effects are on the

same order.
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Fig. 2.38 Velocity from shear divided by velocity from body force as a function of oil film thickness
and rotational speed
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2.6.2.3 Gas Leakage Drag

Oil can also be dragged from gas leaking from the high pressure chamber, as shown in Fig. 2.39.

Average air velocity: V
/

> air

H
oil Ih

Fig. 2.39 Velocity profiles of oil and air due to gas leakage drag

Again, the air velocity is much larger than the oil velocity, so the interface velocity can be
neglected for the air velocity calculation. From lubrication theory, the average oil velocity
caused by the drag (1ip) can be expressed as a function of the pressure gradient (dP/dx) and the

shear stress at the interface (t;):

h%, dP\ h
T & Wl R PN 2.8
B 3,u( dx)+2yr‘ bl

The pressure gradient can be calculated from the air flow, approximating the flow to be fully

developed:

_ (H=h)" / ap ”
V~"1z,, (_E) =)

The shear stress is found by a force balance on a small control volume, and is given by:

_ _(H—hy)ap (2.10)
. 2 dx
Combining yields:
_ pg k¥ ( 4h, )
Ug~— i 211
© w(H—he) \(H-h) @)
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The first term is due to the pressure gradient and the second term to the shear stress at the wall. It
results that the shear stress term is at least 3 times larger than the pressure term. Neglecting the
pressure term, a simple expression can be used to compare velocity from drag to velocity from
body force:

g I,V

g (H = hy)hypwiR

2.12)

A comparison between the average velocities from drag compared to the velocity from body
force is shown in Fig. 2.40. At low gas leakage speed (~ 1 m/s), body force dominates. At high
gas speed (~ 100 m/s), drag dominates, except at high rpm. At moderate gas speed (~ 10 m/s),

the two effects are on the same order around 3000 rpm, from moderate to large film thickness.
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Fig. 2.40 Velocity from drag divided by velocity from body force as a function of oil film thickness
and rotational speed

2.6.2.4 Approximation validation
Knowing the velocity, the lubrication approximation can be validated. The worst case is for the
largest speed and largest film thickness. Using the velocity from body force, the two criteria are

met:
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h 2
(I) ~1073 %« 1

5 2 (2.13)
Re, (E) ~10 28 1

The surface tension force can be compared to body to verify when it should be considered. The
net surface tension force on a droplet is caused by the difference between the receding and
advancing angles (6, and 6,). Assuming the difference between the two cosine functions is

around 0.1, the ratio of surface tension force to body force is given by:

s'ur. tension - U(COS(BT) - COS(Ba) - 0.10

Fl;t)dy force pLhwRRC pLhwRRC

(2.14)

A contour plot of the comparison between surface tension and body force is shown in Fig. 2.41.
It shows that surface tension is much smaller than body force for most conditions. Inertia and
surface tension can be on the same order of magnitude for thin and short oil droplets at low
speed. Finally, combining the results of this section it can also be determined that surface tension

plays a negligible role near the gaps.

Rotational Speed (krpm)
N W kAR L N N @ O

[

10 15 20 25 30
Qil Film Thickness ( hf) (nm)

Fig. 2.41 Surface tension force divided by body force as a function of oil film thickness and
rotational speed
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2.6.2.5 Mechanisms seen on LIF engine

To illustrate the effect of the different mechanisms, the experiments with 2 Hz center injection is
chosen because it has sufficient amount of oil to be seen properly on the image, while it is not
too flooded to change the pattern on the rotor significantly. It can be seen in Fig. 2.42 that at
1000 rpm, surface tension plays an important role and forms droplets and streaks, while at 3000
rpm it is more entirely streaks. Gas leakage drag clearly dominates near the gaps, and body force
away from the gaps. There is no clear evidence of the shear from the rotation as expected from

the scaling analysis.

Gas leakage drag
dominates

Surface tension
limits motion

(a) 1000 RPM

™ Gas leakage drag

dominates

Body force and gas

Body force leakage drag are balanced

dominates

(b) 3000 RPM

Fig. 2.42 Oil transport mechanisms seen on a 2 Hz center injection experiment
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2.6.3 Conclusions for Gas Seal Oil Transport

Experiments with the 2D-LIF engine combined with simple scaling provide an insightful tool to

understand oil and gas transport on the side of the rotor, as illustrated in Fig. 2.43:

1.
2
B

Lesih

Oil is dragged with gas in the side and corner seal clearances.

Oil is dragged inward on the side of the rotor.

Away from the gaps, the body force dominates and pushes the oil towards the side seals
which lubricates them.

The shear from the air due to the rotation of the rotor does not influence significantly oil
transport.

Oil surface tension can be significant for small droplet at low speed, limiting the motion

of the oil on the side of the rotor.

Corner seal

Oil is dragged by /
gases in the gap \ Oil is dragged by
 — 2358 under the side
seal

Oil is pushed out by body
force and lubricates the side
seal and the side seal groove

Oil is pushed out by body
force and lubricates the side
seal and the side seal groove

Side seal

e

Side seal

h

Fig. 2.43 Oil transport summary around the gas seals

Cut-off seal

Conclusions

A laser-induced fluorescence technique is used to visualize oil transport on the side of the rotor

during engine operation. The dominant oil transport mechanisms are identified and estimated

with first order calculations. Oil transport leading to internal oil consumption starts from inside

the rotor with the rotor land accumulation and release mechanism. Oil seals are the main barrier

for internal oil consumption and the main mechanism for oil to pass them is scraping. Once pass

the outer oil seal, there is no mechanism to bring the oil back to the crankcase. Qil scraped by the

cut-off seal accumulates on the rotor and is pushed outward by body force on the 2" land where
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it meets the metered oil brought to the rotor side by gas leakage. The oil is then pushed toward

the side seals, lubricates the side seal grooves and is finally thrown into the combustion chamber.

The next chapter presents a model to predict internal oil consumption based on the understanding

of the oil transport mechanisms developed from the 2D LIF engine.
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Chapter 3

Oil Transport Model for the Oil Seals

This chapter presents a model to estimate internal oil consumption of the rotary engine from seal
design and operating conditions. The model is based on a curved beam finite element model
developed for piston rings. Based on the clearance with the side housing, oil transport is
calculated during a few cycles using a control volume approach. The main mechanism for
internal oil consumption identified by the model is the lack of conformability of the oil seals to
the distorted side housing, which leads to outward scraping. From a parametric study, the most
beneficial approach in reducing internal oil consumption is increasing seal compliance. A first
order comparison of the model to experimental results show that predicted internal oil

consumption is higher than expected, but in the right order of magnitude.

3.1 OQil Seal Model Formulation

The main objective of the oil seal cycle model is to quantify oil transport mechanisms by an
accurate description of the seal-housing interaction. The model goal is also to give an estimation
of the main lubrication performance indicators, namely:

e Oil consumption

e Friction power

e Wear, by quantifying the contact pressure distribution.

Inputs needed for the model to generate those outputs are shown in Fig. 3.1, as well as other

main outputs generated by the model.
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Engine speed (rpm)

Primary and
secondary motion

Rotor land geometry

Inner and outer
groove geometry

Inner and outer oil seal
geometry and properties

O-ring properties

Housing distortion
and waviness

Oil properties

Deterministic model
coefficients

——

Oil Seal
‘C_yc'le
Model

Inner and outer seal
scraping rate

Friction power

Contact pressure (related
to wear)

Rotor land oil accumulation
and pressure distribution

Seal shape and
clearance distribution

Hydrodynamic pressure
distribution (from roughness,
taper and twist)

Qil distribution
on the housing

Fig. 3.1 Inputs and outputs of the cycle model

3.1.1 Model Overview

Complete engine revolution is subdivided in a given number of steps of a few crank angle each.

For every step, the model can be subdivided into four main stages, as shown in Fig. 3.2:

(1) The position of the seals in the plane (x,V), to locate the seals in the radial direction
relative to its groove. This radial position is computed to balance body force, O-ring
compression force and groove reaction force if applicable.

(2) Spring force, O-ring friction force and groove friction force in the axial direction (z) are

calculated from secondary motion.

(3) Seal deformation and interface pressure are solved simultaneously.

(4) Oil transport is estimated based on interface clearance.

The four stages are repeated for every step in the cycle. Few revolutions are needed until the

system reaches steady state.

38



1) In-plane equilibrium (x, y)

Y
2) Out-of-plane forces (z)

Y

3) Interface pressure and seal deformation

\ (J—""

4) Oil transport

Fig. 3.2 Cycle model main stages

Many interactions take place between the stages, as shown in Fig. 3.3. Inputs and outputs are

also related to the different stages.
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Fig. 3.3 Complete flowchart of the oil seal model

3.1.2 Approximations

The first main approximation is that seal equilibrium can be solved as quasi-steady. Due to the
O-ring acting as a spring, the displacement of the seal is slow and its acceleration relative to its
groove is small compare to the rotor acceleration. This approximation is validated in

section 3.1.11.
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Second, seal deformation is small compared to secondary motion. Therefore, the seal
deformation is neglected when calculating spring force. This approximation is also validated in

section 3.1.11.

Third, all flows are approximated as fully viscous. Effect of fluid acceleration compared to

viscous forces can be neglected since, for the rotor land:

Re, (%)2 L (ﬁ)z ~ 0.04 (3.1)

p \L
This value would be even lower for the seal-housing interface. Capillary effect can be neglected

since, for the rotor land:

Ca- (%) - %(ﬁ) ~125 32

This shows that the forces from viscous effect are much greater than the forces from capillary
effect. This value would be on the same order or larger for the seal-housing interface and the

taper.

Fourth, it is assumed that the hydrodynamic pressure generated by roughness, taper and tilt can
be superposed linearly. Although it is realistic to assume that superposing those effects increases
hydrodynamic pressure generation, it might not be a simple addition. Nevertheless, this approach

allows investigating the effect of those parameters on internal oil consumption.

Fifth, inside the inner oil seal is assumed to be always fully flooded. This is a conservative
approximation since internal oil consumption can only be over-estimated by this approximation.
If the housing is in starved condition, oil passing the inner oil seal would be smaller than the
value predicted by the model, as shown in section 3.2.5.6. This could be the case for large

housing distortion.
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Sixth, for the roughness and tilt effects, the oil volume flow rate at the seal-housing interface is
approximated by the Couette flow term only, which is much larger than the pressure term. A

small correction for the taper pressure is included.
Specific approximations for sub-models are discussed in their respective section.

3.1.3 Housing Distortion and Secondary Motion
Before discussing the formulation of the model further, there are two important inputs to the
model] that need further description: side housing distortion and secondary motion. Both of them

were given to the author from results of analysis carried on the real engine configuration.

Side hbusing distortion is obtained from a finite element analysis of the engine housing including
the tightening from the bolts and the thermal gradients. The available results to the author are:
(1) 1500 rpm mechanical distortion only, or bolt tightening only, (2) 1500 rpm full load,
including the temperature gradient, and (3) 7500 rpm full load. Those results are available for all
four housings in the engine: the front housing (FH), the intermediate front housing (IMHF), the
intermediate rear housing (IMHR), and the rear housing (RH). The front housing distortion at
7500 rpm full load is shown in Fig. 3.4. The largest distortion is seen next to the exhaust port
where there is a large valley parallel to the port. It should be noted that although those distortion
should be representative, they have not been validated experimentally.

Secondary motion of the rotor is defined as the real motion of the rotor including the deflection
of the parts and the motion due to the clearance between the different parts. Rotor secondary
motion is obtained from a finite element analysis of the crankshaft with the two rotors. The only
available data is at maximum speed, 9000 rpm, and full load. It is however not critical as
secondary motion of the rotor has a small impact on internal oil consumption compared to

housing distortion.
It should be noted that the model is flexible and can be used for any side housing distortion or

secondary motion of the rotor. The available data are used in the section results to assess the

performance of the oil seals.
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Fig. 3.4 Front housing distortion at 7500 rpm full load

3.1.4 Forces on the Seal

Dominant forces on the seal are all taken into account in the models. A cut view free-body
diagram presents those forces in Fig. 3.5. In the r-68 plane, the O-ring acts as a spring that
balances rotor land pressure and fictitious forces caused by primary and secondary motion of the
rotor due to centrifugal, Coriolis, angular and relative accelerations (shown in Fig. 3.6). Friction
forces from the interface and the taper part are also included. Reaction force of the groove is

included if the radial displacement is large enough for the seal to touch the groove.

Along the z direction, spring tension is balanced by seal deformation and pressure generated at
the interface by roughness, tilt, taper and rotor land pressure. As discussed in section 3.1.2, the
three effects of hydrodynamic pressure generation at the interface are linearly superposed.

Friction forces from relative motion with the O-ring and the groove are also included.
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Fig. 3.6 Top view free-body diagram showing fictitious forces from primary and secondary motion

The next subsections describe the formulation of the different forces on the seal.
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3.1.4.1 Asperity Contact Pressure
Asperity contact pressure is calculated from the Greenwood-Tripp model [51]. This model can

be simplified to [52]:

r\
Peontact = Fe (Z - ;‘) (3.3)
14

where P,, z and K, are constants calculated from surface topography, h is the interface clearance
and g, is the standard deviation of roughness on the plateau area. Asperity contact friction is

calculated from contact pressure as:

feontact = Cfc A Peontact (3.4)

where Cy. is the asperity contact friction coefficient and A is the contact surface. Unless

otherwise specified, the constants taken to evaluate contact pressure and friction are taken from

Chen [52] and are given in Table 5.1.

Table 3.1 Asperity contact and friction coefficients

Constant Value
Op 0.046 pm
P. 1.267 x 10° Pa
Z 4.8
K, 6.804
Cre 0.15

3.1.4.2 Asperity Hydrodynamic Pressure and Friction
Hydrodynamic pressure generated by roughness is discussed in details in Appendix A and can be

summarized by a correlation based on the deterministic model:

uv h )—Kh—Kptan(B)

h
h —Kp1+Kp2(E£)
Pryaro = ——ap(Py + Bysin(y — ¢y) + PsB) (— (—s) P (3.5)
HoVo Op

h
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where u and V are the actual viscosity and velocity, o and V, are the reference viscosity and
velocity, hgis twice the oil film thickness on the housing, § is the angle between seal and
relative velocity, and ay, Py, Pg, Kp, Kg, B, ¢y, Kp1 and Ky, are surface and seal dependent
constants from the hydrodynamic deterministic model. This correlation takes into account the

surface anisotropy, the effect of the seal orientation and the oil supply on the housing.

Hydrodynamic friction can be summarized by the following correlation:

h

V h h Kf1+Kf2(—§-)

frydro = %'(Cfl + Gy, exp (—Cf3 a—)) (f) o (3.6)
P

where Cgy, Cr, Crs, Kry and Ky, are constants from the deterministic model. This correlation

takes into account the supply of oil on the housing, but neglect surface and seal orientation.

Unless otherwise specified, the constants taken to evaluate hydrodynamic pressure and friction
due to roughness are given in Table 3.2. Values for hydrodynamic pressure generation are
correlated from the housing surface. Values related to the oil supply on the housing are taken
directly from Chen [52], and are marked with a star in Table 3.2.
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Table 3.2 Hydrodynamic pressure and friction coefficients

Constant Value
Op 0.046 pm
Ho 0.005 Pa's
Vo 3m/s
a, 1
P, 3.9 x 10’ Pa
B, 1.64 X 10" Pa
b, 109°
Pg 1.06 x 107 Pa/rad
Ky 2.39
Kg 0.072
Ky 1.2918*
K 1.1080*
e 0.828
Crs 1.269
Crs 1.412
Kr1 0.2655*
Kr, 0.0311*

3.1.4.3 Taper Hydrodynamic Pressure and Friction
Contribution from the taper to the hydrodynamic pressure generation can be modeled as a flat

housing moving at the radial velocity in the seal reference frame, as shown in Fig. 3.7.

Fig. 3.7 Variable definition for hydrodynamic pressure generated by the taper

Due to the large difference in typical length scale, pressure generation can be modeled as 1D
(same arguments as for the rotor land in section 3.1.4.5). This allows neglecting the
circumferential pressure variation. Circumferential velocity can also be neglected since the

variation in clearance is much smaller than in the radial direction. Finally, the squeezing term is
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neglected since the variation in clearance along the radial motion is small compared to the angle

of the taper. For the straight part, 1D lubrication Reynolds’ equation reduces to:

(.7

0 h3 (dPl) N v -hy

~1z2p\dx,) T 2

where g, is the flow per unit length along the circumference, and is defined positive following

velocity direction. For the taper part, 1D Reynolds equation reduces to:

h3 (sz) N v h

= 3.8
12u \dx, 2 (3-8

q:

where v, is the radial velocity.

The boundary conditions are the following:
(a) Pressure on both sides (x; = 0 and x, = L;) is atmospheric. Atmospheric pressure is
taken to be zero, since it does not generate any net force.

(b) Pressure in the center is the same for both sides (Py,=1,) = P(x,=0))-

(c) The flow is constant across both parts.

Assuming the angle is small, the flow can be solved using both equations and applying boundary

conditions:

1 1 L
Bt
q=v, 2 (3.9
3 .
1 1.7
hi h; R
The pressure distribution for the flat part is linear:
_ 6[lx1 2q
P=p ( e v,,) (3.10)
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For the taper part, the pressure distribution is sketched is Fig. 3.8 and is expressed as:

=S Dle-a-2)
'v-,
Housing xz‘ T x_,< T
— /]
\ | = | .
P, P,

Fig. 3.8 Sketch of hydrodynamic pressure generated by the taper

Integrating the pressure distribution, the force per unit length (F") of the flat part is:

3ul? (2q )
- 3.12
E} w2 (h1 + v, (3.12)
Similarly for the taper part:
bu hy L 1 1 L¢
= ( _ ) sl 3.13
2 ¢? [v,, " e hy ) I\B T h ! h3 L

For the friction, only the taper is considered, since the friction of the flat part is already taken
into account with the roughness effect. The first effect of friction is the projection of the pressure

force due to the taper angle:

Ff pres = F3¢b (3.14)
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The second effect is the shear from the oil. The Couette term only is considered, and the velocity
is the total velocity (v), the combination of radial and circumferential. The Poiseuille flow
contribution is much smaller than the Couette flow contribution mainly because the
circumferential velocity is larger than the radial velocity, and the Poiseuille flow term is only in

the radial direction. The shear is given by:

P (3.15)

Integrating the shear stress to get the force per unit length:

' e uv h‘Z
Ff,shear = E lna (3.16)

3.1.4.4 Tilt Hydrodynamic Pressure

Pressure generated by the tilt of the seal is calculated similarly to the taper pressure, with the 1D
Reynolds® equation. The pressure profile is sketched in Fig. 3.9 and can be computed with
equation (3.11) by taking L, to zero for the volume flow rate in equation (3.9). The tilt angle is
defined as positive as shown in Fig. 3.9. A positive tilt has a beneficial effect on oil consumption
since it generates more pressure during outward motion and let more oil to pass toward the
crankcase. However, a negative tilt has a detrimental effect on oil consumption since it reduces

the clearance during outward motion and enhances outward scraping.

Fig. 3.9 Hydrodynamic pressure generated by seal tilt
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Force per unit length is calculated as a function of the mean height (h,,) by integrating the

pressure distribution:

0
_ 6uv, 1] (hm+L

L
F S —2) _ _L_] (3.17)
0.L ’
()
in which 6, is the seal tilt angle. When combining the pressure generation contributions, the
mean height (h,,) is used as the clearance height (h) for the roughness effect and as the straight
part clearance height (h,) for the taper contribution.

Pressure contribution from the tilt and the taper could be calculated altogether in future
investigations. This approach, however, allows more flexibility for the parametric study.

Contribution to friction by the tilt is neglected in the model.

3.1.4.5 Rotor Land Pressure without Drain Holes
Pressure generated during inward motion is dictated by three mechanisms: relative motion
between rotor and housing, squeezing due to secondary motion and body force (respectively U,

w, and a in Fig. 3.10).

Fig. 3.10 Pressure generation inside the inner seal without drain holes

Lubrication approximation holds in this case since Re;(h/L)?~0.04, which is much smaller

than unity. Circumferential pressure variation is also neglected due to the difference in
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characteristic lengths for pressure variation. The characteristic length radially is the rotor land
and circumferentially the radius, which gives a ratio between the two terms of (R/L)? ~ 30 in
the 2D lubrication Reynolds equation. Therefore the difference in pressure due to circumferential

flow is small compared to the pressure generated along x.

Considering those approximation and the three mechanisms for pressure generation, 1D

Reynolds equation reduces to:

d

M _ =0 (3.18)

dx
where q is the volume flow rate per unit length, x is the distance from the inner seal, and w is the |
squeezing velocity. We can assume that the flow to the groove is zero, since there is no release
mechanism in the groove in the absence of drain holes. Based on this assumption, the flow rate

becomes:

Uh h® [ dP
T e — s | s e = 3.19
1 + 12u( p“) wx (3-19)

2 dx
where U is the relative velocity between the rotor and the housing, h is the rotor land clearance,
¢ and p are oil viscosity and density, a is the centrifugal acceleration and L is the length of oil
accumulation. U, a and w are defined positive as shown in Fig. 3.10. Integrating and taking the

gauge pressure inside the rotor to zero, the pressure inside the seal (Py) is:

_ 6buwl? N 6uUL

o PB hZ + pal (3.20)

The first term is due to squeezing, the second term to relative motion and the last term to body
force. A comparison of those terms at 3000 rpm is shown in Table 3.3. Pressure terms from
squeezing and relative motion are on the same order and are much larger than the body force
term. Furthermore, body force is pointing inward and thus reducing the pressure at the end of
inward motion, where the accumulation is the largest. It can thus be expected that pressure at the

inner radius of the inner seal is mainly generated by sliding and squeezing.
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Table 3.3 Pressure terms order of magnitude comparison

Parameter  Order of magnitude Comment
rpm 3000 rpm
u 0.01 Pa-s
p 800 kg/m?
L 10 mm
h 100 um
U 5 m/s
w 0.03 m/s 1/3 of secondary motion at 9000 rpm
a 1500 m/s? a~wle
Rs‘queeze 180 kPa ) Rs‘queeze = 6_“;'1“?:'1"'2'
6uUL
Prel. motion 300 kPa Prel. motion = “hz
Pinertia 12 kPa Pinertia = pal

Rotor land pressure contributes in lifting the seal away from the housing. In the model, the
average pressure on the seal contact width is approximated as half the rotor land pressure as the

pressure gradient is almost linear from inside the seal to outside the contact width.

3.1.4.6 Rotor Land Pressure with Drain Holes

Drain holes can be added in the inner oil seal groove to return oil accumulated to the crankcase.
In the presence of drain holes, the same mechanism are taking place, but the pressure is reduced
by a flow to the groove (q,), as shown in Fig. 3.11. If the drain holes are big enough, the

pressure in the groove can be approximated as atmospheric.
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Seal
coating

Fig. 3.11 Pressure generation inside the inner seal with drain holes in the groove
Equation (3.19) becomes:

Uh h3 dp
= e e e = wx — 3.21

=773 +12,u( dx pa) Wr—dg Bl
The volume flow rate is dictated by the pressure inside the inner seal and the viscous resistance
due to the small clearance between the seal and the groove. The major resistance comes from the
clearance between the seal coating and the groove (hy, L,). Volume flow rate for that resistance

can be expressed as a function of P, and P;:
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h3 (P, — P,)
Qg = _1_2.1;0L_11 (3.22)
where h, and L, are the clearance and length of the gap between the seal coating and the groove.

Similarly, volume flow rate for the rest of the seal can be expressed as:

hi Py

_feh 3.23
9 = 2.1, (3-23)

where h, and L, are the clearance and length of the gap between the the seal and the groove

Equations can be solved altogether and pressure expressed inside the inner seal as:

6uwl? | 6ulL
b+ 2= + pal

P, = W (3.24)
1+

Li/h} + Ly/h3

The numerator shows the same terms as in the absence of flow to the groove. However, the
denominator is a function of the geometry. For the minimum clearance and the rotor land
geometry given in Table 3.3, the denominator is 1.6. Therefore the pressure generated by
squeezing and relative motion can still be important if the gap is small while the accumulation is

large.
3.1.4.7 O-ring Squeezing Force and Friction

O-ring is modeled as a linear spring, with a contact friction due to relative axial motion, as

shown in Fig. 3.12.
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Linear spring

Friction opposing
relative motion

Fig. 3.12 Simple model for the O-ring normal reaction force and friction force

O-ring normal force per unit length (F,) is calculated by:

F) = k(80 + 8(¢)) (3.25)

where k; is the spring constant per unit length (N/mm?), §, is the initial tightening and §(¢) is
the local compression of the O-ring due to seal motion in its groove. This approximation is
validated using data from Parker [53], for an average hardness of 70 Shore A and a similar
diameter. Since the compression varies from 0 to 0.6 mm, the linear approximation holds, as

shown in Fig. 3.13. For this hardness, O-ring spring constant per unit length can be estimated as
4 N/mm?.
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Fig. 3.13 Validation of the linear approximation (data from [53])
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Friction force per unit length (f)) is computed from a boundary contact coefficient and is

pointing against relative motion:

for = CosFy (3.26)

where Cy is the O-ring friction coefficient. From the same data [53], the friction coefficient for

this hardness can be estimated to 0.08 for a lubricated seal moving faster than 5 mm/s in one
direction. The actual friction coefficient is expected to be lower in the engine since the O-ring
can also rotate around itself and translate during oscillatory motion of the rotor. It is still an

adequate approximation to evaluate the effect of O-ring friction on internal oil consumption.

3.1.5 In-plane Equilibrium

Seal is displaced until the reacting force of the O-ring balances all other forces: body force, rotor
land pressure and friction from the seal-housing interface. Only the rigid body displacement is
considered in the plane since the radial deformation is small compared to the rigid body
displacement and this deformation does not influence the out-of-plane deformation for a beam.
Solution is found by a MATLAB® built-in algorithm. If the displacement is large enough, the
displacement is limited by the contact with the groove and a reacting force from this contact is
added to balance all the other forces.

3.1.6 Out-of-plane Deformation

The seal deformation model is adapted from a model developed by Baelden [54] for piston rings.
The model uses a beam finite element method minimizing energy. The main difference with
conventional methods, such as used by Liu [55], is the different discretization for the structure
elements and the contact elements. This approach reduces the calculation time by a factor of 10
to 100, which is essential in order to run complete cycles in a reasonable time. The model is

detailed for straight beam for the apex seal in section 4.2.12.

The seal is discretized in about 20 elements for the complete circumference. The number of

elements needed to adapt to the shape of the surface can vary as a function of housing distortion.
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Those structure elements are approximated by 5™ order polynomial. About 40 contact points are

used on each structure elements to represent accurately the force distribution at the interface.

Deformation energy is calculated by the elastic energy of bending and twisting. Interface work is
the product of forces at the seal-housing interface and displacement from the free shape. Total
system energy is the combination of both elastic energy and work from the forces at the seal-
housing interface. Solution of the overall coupling between force deformation and clearance is
found by minimizing total energy using a Newton iterative method. Finally, force distribution at

the seal-housing interface can then be calculated from the clearance distribution.

3.1.7 Rotor Land Oil Transport

Pressure inside the inner seal is needed to calculate the oil transport at the seal-housing interface,
as discussed in section 3.1.4.5. First, accumulation in the rotor land needs to be known around
the complete cycle. For the radial motion, the model assumes a constant oil thickness on the
housing, which becomes supply during inward motion. If there are drain holes in the groove, the
released flow is calculated as a function of the pressure inside the seal and the gap between the
seal and the groove. Based on those two flows, the model tracks the accumulation based on a
mass balance for the rotor land. During outward motion, oil accumulation and pressure are taken

to be zero.

Fig. 3.14 Oil transport in the rotor land due to radial motion
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Although the circumferential velocity does not contribute to pressure generation, it redistributes

the oil along the circumference by shear, as shown in Fig. 3.15.

Oil dragged against
rotation by shear

Rotor land

Fig. 3.15 Top view circumferential oil motion in the rotor land due to shear
Flow around the circumference is calculated based on a Couette flow:

. V¢hL

2
o= (3.27)

where vy, is the circumferential velocity. For every crank angle, the radial flow to the rotor land

elements is first calculated. Then, the shear flow redistributes the oil between the rotor land

elements.

3.1.8 Seals Oil Transport

The oil transport for the inner and outer oil seals can be determined from interface clearance,
rotor land pressure and oil distribution on the housing. During outward motion, both seals behave
as shown in Fig. 3.16. The volume flow rate through the seal housing interface is determined by
the combination of a shear and a pressure flow. The shear flow, which typically dominates, is
calculated from the clearance and the relative velocity. The small contribution by the pressure
generated due to the taper is added in the model. Two scenarios can happen depending on the

supply from the housing:
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(a) The supply from the oil left on the housing previously to the control seal volume can be
larger than the flow through the interface. In this case, oil cannot all pass through the
interface and part of it accumulates between the taper and the housing. Since the flow
generated from body force is small compared to the shear flow, the oil remains in this
volume until it can pass through the interface or the motion direction reverses.

(b) The supply from the housing can also be smaller than the flow through the interface. In
this case, oil flows from the accumulation through the interface. This is defined as a

release from the taper-housing interface.

v?’
Housing
‘ q interface ‘
q- ' e 4 out,housing
in,housing 9 accumutation > 0
<:l Seal
/
!
accumulation
increases
(@)
vr
, _ et _ Housing
— o 9 interface ‘
q in,housing et

q accumulation <0/ I q out,housing

r
Vaccumulation
decreases

(b)

Fig. 3.16 Oil flow and accumulation on the seal during outward motion for (a) large oil film
thickness and (b) small film thickness on the housing

The oil accumulation is also redistributed along the seal circumference by a shear flow caused by
the circumferential velocity. This flow is taken into account in the model as discussed for the

rotor land.
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When motion reverses, accumulated oil is released, as shown in Fig. 3.17. For both seals, part of
the oil flows on the taper and the remaining oil is left on the housing. The flow rate out of the
accumulation is calculated from a Couette flow at the maximum clearance of the accumulation.
Once the oil flows to the taper, this oil is assumed to be pushed all the way down to the land and
does not come back to the housing, until the recycling process. Separation is a complex
phenomenon involving surface tension and cavitation. In this model, separation is simplified by
fixing the oil fraction that flows to the taper. For the outer seal, this parameter has no impact on
oil consumption since both are considered internal oil consumption. For the inner seal, the
fraction selected changes the oil distribution on the rotor and is investigated in section 3.2.5.15.

Unless otherwise specified the oil fraction flowing to the taper is fixed to 0.5.

q scraped inward

(b)

Fig. 3.17 Oil flow and release during inward motion for (a) the inner seal and (b) the outer seal
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During inward motion, the inside part of the seals is treated differently. For the inner seal, a
fully-flooded condition is generally assumed. The effect of a starved condition is shown in
section 3.2.5.6. Pressure from the rotor land also increases oil flow through the interface. For the
outer seal, 0il supply is calculated from the housing oil distribution. If the supply is greater than
the ‘ﬂow through the interface, oil can be scraped by the inside of the seal, defined as inward
scraping and shown in Fig. 3.17b.

Recycling process of the 4™ land accumulation is a complex phenomenon, again involving
surface tension. In the model, oil is recycled evenly between the two seals everywhere body
force is pointing outward. Further investigation of oil recycling and separation from the taper

would be needed if greater accuracy is required.

3.1.9 Discretization

In the piston engine, the liner circumferential grid is selected to match the ring grid and the axial
liner grid is selected to match the piston steps in the cycle. However, matching the grid for rotary
engine oil transport is a greater challenge since the seal orientation is changing in the cycle. A
polar grid is selected for the housing for a better match with the circular motion and shape of the
seals, as shown in Fig. 3.18. The radial grid is required to have a minimum of two points
between inner and outer oil seals. Except from that criterion, radial and circumferential grid can

be selected to match with housing distortion.

The number of seal structural elements is independent of the housing grid. Since a 5% order
polynomial is chosen to model the seal structural elements, only few elements are enough to
adapt to housing distortion, typically about 20. However, the number of contact points must be
selected to match the housing grid. There must be at least one point on every housing cell along
the seal circumference. Otherwise some housing cells are unchanged during seal passage, as
shown in Fig. 3.19. Since the contact width of the seal is small compared to the complete motion,

the seal control volume is considered as a line on the housing.
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Fig. 3.18 Top view of the housing grid and seal contact lines
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Fig. 3.19 Match of housing grid and seal contact points (a) correct, (b) incorrect
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Similarly, crank angle steps must match to housing grid. Otherwise some housing cells are

skipped during seal passage, as shown in Fig. 3.20.

This cell is
skipped
-53; -53
-54¢ -54
=55 Pttt _55 ittt o s
e 1 /
5'56' CA Step E-Ss
o B
-57} =571 |CA step
=58 =58 s
12 14 16 8 12 14 16 18
X (mm) X (mm)
(a) (b)

Fig. 3.20 Crank angle step (a) correct, (b) incorrect

Using this discretization scheme, oil transport between housing cells and seal contact elements
can be computed. At a given crank angle, a seal contact element of length (As) is on a housing
cell. During a crank angle step, the seal contact element moves at a radial velocity during a time

interval (At). The net volume change of the seal control volume is given by:

AVseal C.V.change = As (Qlfn,housing - Q;ut,housing) At (3‘28)

If the net change is positive, oil is added to the seal control volume and is removed from the
corresponding housing cell. If the net change is negative, oil is removed from the seal control
volume and added to the corresponding housing cell. However, the oil film thickness cannot be
changed until the seal has left the cell because it would also change the oil supply to the seal
control volume. Therefore, oil film thickness is changed only when the seal leaves the housing
cell or changes direction. The same calculation is repeated for every seal contact elements and all
crank angle steps for the complete engine revolution. The process is repeated for a few
revolutions until the internal oil consumption reaches a steady state, typically 15 to 30 engine

revolutions.
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3.1.10 Convergence
Four cases representing the range of housing distortion and speed are used to verify convergence:
- Intermediate front housing, 1500 rpm, bolt force distortion only
- Intermediate front housing, 1500 rpm, full load 1500 rpm distortion
- Intermediate front housing, 7500 rpm, full load 7500 rpm distortion
- Rear housing, 1500 rpm, full load 1500 rpm distortion

All cases are tested without considering the pressure from the taper and tilt, and without housing
waviness. The baseline discretization is selected to give the best compromise between accuracy
and calculation time for those cases and is shown in Table 3.4. This discretization is used for the

results shown in the present chapter, unless otherwise specified.

Table 3.4 Baseline discretization of housing, seal and cycle

Housing radial number of cells 23
Housing circumferential number of cells 147
Number of seal structure elements 18
Number of seal contact points 720
Crank angle steps for 3 engine revolutions 540
Engine revolutions to reach steady state 15

3.1.10.1 Steady State

The simulation is started with a given constant oil film thickness on the housing and no recycling
from 3™ land. During the few first revolutions, oil is left on the housing in the valleys and
recycling increases. Finally, the model usually reaches steady oil consumption after about 15
engine revolutions. The three cases with the intermediate housing are within 2 % of the
converged value at 15 engine revolutions, as shown in Fig. 3.21. However, the case with the rear
housing is still at about 15 % of the converged value after 15 revolutions. Since the present
analysis is mainly about order of magnitude, this error is within the acceptable error margin. For

more accurate results one can use 30 engine revolutions.
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Fig. 3.21 Internal oil consumption convergence to steady state

3.1.10.2 Discretization Convergence
Convergence is studied by changing one of the discretization parameter at the time and
comparing internal oil consumption to converged value, as shown in Fig. 3.22. The convergence
tests lead to the following conclusions
(a) The number of cells on the housing is the parameter having the most impact. Error is
acceptable when there are three cells between inner and outer oil seal, corresponding in
this case to 23 cells radially.
(b) The number of structure elements converges quickly and the error on internal oil
consumption is small for as low as 12 elements.
(¢) The number of contact points on the seal also has a small impact on internal oil
consumption as long as it respects the criterion given in section 3.1.9.

(d) The number of crank angle steps can bring a small error if the steps are larger than 2°.

Generally, the error due to discretization is small as long as no cell on the housing is skipped.
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Fig. 3.22 Internal oil consumption convergence for (a) radial grid cells, (b) seal structure elements,
(c) seal contact points and (d) crank angle steps

3.1.11 Approximation Validation

The quasi-steady approximation can be validated by comparing the seal relative acceleration or
the resulting body force to an appropriate reference. For the out-of-plane acceleration, the body
force along z is compared to the spring force. Body force along z is small as it remains below
2 % of the spring force even at high speed, as shown in Fig. 3.23 at 7500 rpm. In the 7-6 plane,
the relative acceleration between the seal and the groove is compared to the rotor acceleration. At
7500 rpm, the relative acceleration remains below 2 % of the rotor acceleration, as shown in Fig.

3.24. The quasi-steady approximation is therefore valid even at high speed.
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Fig. 3.23 Fictitious force due to the relative motion along z compared to spring force for one
element on the seal at 7500 rpm
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Fig. 3.24 Relative acceleration between the inner seal and its groove compared to the rotor
acceleration at 7500 rpm

The second approximation about neglecting variation in spring force due to deformation of the

seal is also valid as the spring force variation remains below 0.5 % of the total spring force even

with the largest deformation, as shown in Fig. 3.25.
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Fig. 3.25 Spring force variation due to seal deformation compared to total spring force for one seal
element at 7500 rpm

3.1.12 Oil Seal Model Formulation Summary

A cycle model is presented to calculate the lubrication and internal oil consumption of the inner
and outer oil seals. The important forces are included to calculate the clearance between the
housing and the seal. The method to track the oil on the lands, seals and housing is explained.
Finally, a specific numeric scheme is developed for the kinematics of the rotary engine and its
convergence is validated. The next section uses the presented cycle model to calculate internal
oil consumption and friction for the current engine configuration and the effect of changing the

different important parameters.

3.2 Qil Seal Model Results

Numerous design parameters can be changed, modified, and optimized in the internal
consumption cycle model. Before changing those parameters, the current engine configuration is
used to develop an understanding of the oil transport mechanisms in the engine and how they are
introduced in the model. Two extreme conditions are used to study those mechanisms: low speed
and small housing distortion, and high speed and large housing distortion. Figures are used to
show kinematics of the grooves, accumulation and pressure in the rotor land, in-plane forces,

out-of-plane forces and clearance, and oil transport.
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Oil scraping distribution is discussed in the following subsections, in order to show the distortion
regions that generates important scraping. Internal oil consumption is then given for the different
housing distortions. Friction caused by the seals is also quantified for those conditions.
Afterward, transverse waviness is defined and its effect on oil consumption is explained. Finally,

a parametric study is performed to show the relative impact of the different mechanisms.

Numeric values given for internal oil consumption are to be taken as an order of magnitude since
oil consumption is very sensitive to input parameters. As an example, there can be a factor of
more than 20 on internal oil consumption between two housing distortion shapes with the same
amplitude. The focus should therefore be on the trends and the relative magnitude between the

configurations. Those conclusions aim to support the design process.

3.2.1 Baseline Results

Two extreme conditions are used for the current engine. The first one is somewhat representative
of low speed motored condition since the housing distortion is only from the mechanical effect.
The second condition represents high speed and high load condition, with a large housing

distortion caused by thermal effect.

For both conditions, nominal values of spring forces and dimensions are used. Typical values are
used for steel properties: 210 GPa for Young’s Modulus and 0.3 for Poisson’s coefficient. O-ring
linear spring constant is set to 4 N/mm? and the friction coefficient to 0.02 to avoid the friction
force being larger than the spring force. Coefficients for interface pressure and friction are taken
as shown in Table 3.1 and Table 3.2. Oil viscosity and density are set to 0.005 Pa-s and
800 kg/m?. Oil film thickness is set to 17 um on the housing from the splash inside the inner oil
seal. High speed secondary motion is used for both cases, mainly to determine the direction of
the O-ring and groove friction forces. Rotor land nominal clearance is set to 100 pum since the
maximum  displacement of the rotor land due to secondary motion is about 80 pm. Those

conditions are used for all results presented in this chapter, unless otherwise specified.
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The two cases are simulated without drain holes to see the effect of the pressure inside the rotor
land. The pressure generated from the tilt is not included. The surface anisotropy from the

hydrodynamic pressure correlation is set to zero.

3.2.1.1 Low Speed, Small Housing Distortion
The cycle model is run at 1500 rpm. The intermediate front housing with mechanical distortion is
used. It is assumed that this distortion would be representative of the motored condition. No

waviness is added to the housing distortion.

Results are shown for 280 CA, a representative angle showing the main mechanisms and their
relative order of magnitudes. Inner seal groove motion is first presented as a reference for the
other results. Results for the rotor land accumulation and pressure generation are then presented
since this sub-model is decoupled from the other sub-models in the absence of drain holes.
Afterwards, results are shown following the main model stages: in-plane equilibrium, out-of-
plane forces and seal deformation, and oil transport. A summary of all forces around the cycle is

also given to compare their order of magnitude.

Inner seal groove kinematics is first shown in Fig. 3.26. This information is given from
secondary motion and is shown here as a reference for the subsequent results. Graphs are
displayed as follows:

(a) shows the out-of-plane position of the groove. The location along z axis is used to
calculate the variation in spring force on the seal.

(b) shows the position of the groove from a top view. Along x and y axes, the seal is
assumed to follow the groove since the relative motion is sméll.

(c) shows the direction and relative magnitude of the velocity and acceleration. This
information is used in many aspects of the model, such as the interface pressure and
friction, the rotor land accumulation and pressure.

(d) shows the out-of-plane velocity of the groove. O-ring and groove friction forces are
along this velocity.

(e) and (f) show velocity and acceleration magnitudes.
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Results for the rotor land are shown in Fig. 3.27 as an example of a typical accumulation and

pressure generation. Data from all crank angles can be extracted from the model. Graphs display

oil accumulation, clearance, pressure and flow rate as follows:

(a)

(b)

(©)

(d

(®

®

shows the shape of the accumulation in the rotor land on a top view of the seal contact
line. The shape is similar to experiments with an accumulating region and a zone where
the land is full.

shows the length of accumulation. Four points are added at 0, 60, 120 and 180 degrees
on the graphs to relate to the 2D top view. From about 90° to 140° on the seal, oil is
accumulating. From about 140° to 270°, the rotor land is full and the accumulation
length is the same as the rotor land length. After about 270°, the accumulation is set to
zero, since this section of the land is moving outward. In reality, the land does not empty
immediately, but the pressure generated is zero. There is no interest in tracking the
accumulation during outward motion.

shows the volume flow supplied to the rotor land. Since there is no flow to the groove,
the net flow rate is the supply from the housing minus the flow pushed out by squeezing
due to secondary motion.

shows the clearance between the rotor land and the housing. Due to secondary motion,
this clearance varies along the rotor land and around the cycle. In this case, the clearance
is minimal where the rotor land is full.

shows the pressure generated from the different mechanisms. The pressure is maximal at
the minimum clearance. The pressure generated by the relative motion is the largest
effect in this case. Squeezing also contributes to pressure in a smaller importance.
However, in some other cases, squeezing effect can be much larger depending on
secondary motion. Body force has a negligible impact on pressure at low speed.

shows the total pressure generated and would show the contribution of the two

restrictions behind the seal in the presence of drain holes.
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Distribution of in-plane forces for the inner seal is shown in Fig. 3.28. The outer seal force

distribution is similar, except there is no pressure inside the seal and the O-ring normal force is in

the opposite direction. Graphs on the top row display the distribution in a top view and graphs on

the bottom row display the magnitude of those forces. They are divided as follows:

(a)

(b)

(©)

shows the distribution of the friction force at the interface on a top view of the seal
contact line. The lines are vectors pointing from the seal to the direction of the force.
Friction magnitude varies principally due to clearance and velocity. Friction direction is
pointing against the absolute velocity, except for the pressure drag from the taper
accumulation which points against the radial velocity. Graph (d) shows the magnitude of
the different contributions to friction. Hydrodynamic friction of the flat part varies
smoothly along the seal. Contact friction is in the same order of magnitude, but varies
more abruptly due to the stiff response of the contact pressure to clearance. Both
contributions from the taper accumulation are much smaller than the two first ones.
shows the force distribution on the seal due to rotor land pressure, and graph (e) its
magnitude. The force from rotor land pressure is oriented against inward velocity, as
expected. This force is dominating in this case.

shows the O-ring normal force, and graph (f) its magnitude. O-ring force is a
superposition of the original tightening and the displacement of the seal in its groove. In
this case, the compression of the O-ring is sufficient to balance the other forces, mainly

from the rotor land pressure. Therefore, the seal does not contact the groove.
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Distribution of out-of-plane forces, seal deformation and clearance is shown in Fig. 3.29, and is

divided as follows:

(a)

(b)

(©)

)

()

®

shows a 3D view of the seal position on the housing. The red line represents the seal
contact line, the black line its projection on the housing and the gray surface the housing
distortion.

shows the unwrapped housing distortion and seal deformation. Since the housing
distortion is small, the seal is roughly following housing distortion.

shows the clearance between the seal contact line and the housing. The seal
conformability in this case is relatively good since the clearance variation is small.
shows the force per unit length due to asperity contact. From 300 to 360° and from O to
60°, the velocity is high enough for the seal to be mainly supported by hydrodynamic
pressure and the contact pressure is only small peaks. From 180 to 300°, velocity is
smaller and contact pressure balance an important part of the spring force.

shows the contributions to the hydrodynamic force per unit length at the interface. The
main contribution is the pressure generated by roughness and its magnitude is directly
related to velocity and clearance. The pressure generated from the accumulation in the
taper provides an important contribution for the region moving outward.

shows the forces from the spring, from the O-ring friction and from the rotor land
pressure. The spring force is negative, thus pointing towards the surface and shows a
small variation due to secondary motion of the rotor. O-ring friction is modeled as
contact friction, thus the force is always opposing the relative motion between the seal
and the groove. This explains the abrupt change in sign. In this case, the spring
dominates and friction does not play an important role in determining the seal-housing

clearance.
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Up to this point, graphs presented are showing distributions on the seal for a specific crank angle.

To get a better overview of the cycle, total forces on the seal are shown in Fig. 3.30 as a function

of the crank angle:

Graphs (a) and (b) shows the forces in the plane, along x and y taken in the fixed
reference frame on the housing. Contributions from body force and friction are small.
Therefore, the O-ring normal force is mainly balancing the force due to the rotor land
pressure.

Graph (c) shows the out-of-place forces, along z. The total spring force is almost constant
over the complete cycle. The hydrodynamic pressure from roughness is the main force at
the interface, followed by asperity contact pressure and taper pressure. O-ring friction is
negligible along z axis. However, it can cause a torque on the seal since it is not applied

uniformly along the circumference.

The last step is the calculation of the oil scraped by the seals. This process is illustrated from left

to right in Fig. 3.31. The graphs in the first row show a top view of the oil thickness on the

housing in um and the contact lines of the inner and outer seals. The graphs in the second row

show an isometric view of the same oil distribution and contact lines. The purple lines on the

seals represent the volume of oil scraped and accumulated between the taper and the housing.

The solid line is for the inner seal and the dotted line for the outer oil seal. The process can be

divided in four steps:

1.

During outward motion, the seals approaches a puddle of oil left on the housing, as
shown in graphs (a) and (d).

Both seals pass the puddle and accumulate oil in their taper region, .as shown in graphs
(b) and (e). Meanwhile, oil on the housing is reduced by seal passage. In this case,
housing distortion is small and the variation in oil film thickness is difficult to perceive.
Seals reach the most outward position and motion is reversed. Part of the oil accumulated
flows to the taper of the seals.

Seals pass the same zone in the opposite direction and oil is left on the housing again, as

shown in graphs (c) and (f), waiting to be scraped during the next revolution.
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3.2.1.2 High Speed, Large Housing Distortion

At high speed and large distortion, the relative magnitude of the different forces is changed. The
seal cannot conform to the surface, leading to a high scraping rate. To show those effects, the
cycle model is run at 7500 with housing thermal distortion. Results are shown in the same order
as the low speed case, and only the main differences are highlighted. Results are shown for 744
CA to display the important mechanisms.

For the kinematics, the magnitude of the velocity is increased linearly, but the acceleration is
squared leading to important body force, as shown in Fig. 3.32. For the rotor land, the
accumulation is similar, as shown in Fig. 3.33. However, the pressure is much greater and
dominated by the squeezing mode. For the in-plane forces, the friction is mainly peaks due to the
non-uniform contact between the seal and the housing, as shown in Fig. 3.34. The rotor land
pressure again has an important contribution. However, in those conditions, body force is also on
the same order of magnitude. O-ring and groove reaction forces are oriented to balance those two
components. In this case, the seal cannot adapt to the large distortion of the housing, as shown in
Fig. 3.35. The clearance can be up to 8 pm, which is 40 times more than the average clearance
with small housing distortion. This non-conformability leads to large peaks in both contact and
hydrodynamic pressure. It is important to note that the taper part generates more force per unit
length than the roughness for the zone moving outward. The taper also contributes more than the
asperity contact in supporting the seal, as shown in Fig. 3.36. Finally, the scraping is much more

important, as the oil puddle completely disappear on the housing in Fig. 3.37b.

132



SUOIBJII[IIIE IJN[0SqE pue
[B U WINIAI “[EIPE (J) PUE ‘SANIDO[IA J)N[OSGE PUE [ENULIJUWINIIN ‘[BIpea (3) ‘A)ioojaa sugd-Jo-3no (p) ‘5103994 (3Ie[q) UOEIIIIE
pue (pa1) &110pA () ‘mata doy aueyd ur (q) ‘wonisod surid-Jo-1no (&) :v) ppL ‘wda )OSL 1 SONBWAUD] IA0043 [€IS JduU] 7¢'€ “S1

¢)) (?) (P)
(39p) [eas ay1 Suofe uoNISOJ (Sop) [ees 21 Suole uonIsod (3ap) [eas a1 Suoe UONISO]

00€ 002 001 0 00€ 00¢ 001 0 00¢ 00¢ 001 0

(s/ur) Koo A

1 S0

o
( E:s,fm) UONRIJ[3DY

—_

B
- | <l
0l X
14
6] Q) ()
() x () x (w) x
0¢ 0 0s- 0¢ 0 0s- 001 0¢ 0 0¢- 001-
00¢-
t 0s- 0¢-
7 {001~
w« “ , N
| g ) 0 B
"8 ° g 5
001
0¢ 0¢
00T

(s/ur) z Suore AN00[AA

133



aanssaad [)0) (§) ‘suonnqriyuod danssaid (3) ‘uonnqLisIp RdULILID puE| 10)01 (p) ‘pue| 3y} 0} moyy (3) “paf[y pus] 10304 ) Jo YSuaj (q)
‘[&3s [10 JouUl 3Y) IPISUI WONB[NWNIIE JO MdIA do} (B) 1) ppL ‘widd (S, I& uonnqLysip 2anssdad pue uone[nwndIde pue| 1030y ¢¢°¢ S

@
(3ap) puey 10101 Suo[e UOTIISO]
00€ 00¢ 001 0
: - 0
1
o]
2 3
e
a
e
=
S &
(e ¥
dld ——
f TE0L —— S
)
(3ap) pue] 10301 SuO[E UONISOJ
00€ 00z 001 0
— _ ; 0001~
00s-
/I\ 0
PN 00$
2A0013 0,
Addng
= : 0001

(S/Z wi) ypdep 1tun Jad e1e1 Mmopy aumjo A

®)

(Sap) puef Jojo1 Suofe uoLISOY
00€ 002 001 0

— T

| 0="0 ‘azoanbg

Ly 1111 1 gre—
2010} Apog —
0="0 ‘onenoy ——
[eoL —

@

(3ap) puej 10101 Fuo[® UOIISO]
00¢ 002 001 0

= o N

v

(edjn) amssaig

() Surjpyy puery

(P

(Sap) pue| 10301 Suo[e UONISO4
00¢ 00T 001 0

0§ 0 0s-

0¢-

[eag —
UONE[NUMIDY 7

(wri ) y - Suisnoy o3 pue 181

(wu) A

134



UONNQLISIP 3D10J UOI)IEI IA00I3 pUR BULI-() (J) pue

1030y (q) ‘UODIAIIP PUE UONNQLIISIP 3D10J UONILIY [B)O, () :VD HhL

&)
(Sop) [eas 2y uo UOIISO]
00¢ 00¢ 001 0
’ o ’ 1000¢-
7o
e
] OA00ID) . |
gu-o ,
e e . 40008
()
(turur) x
0¢ 0 0¢-
- o oml
-
- 10
8
- 108

(uyN) ypSusj yun 1od 2010§ [BULION

00¢

(€]

(3ap) [eas ay} uo uoINSOd
002

I

T

*2INSSI.10 puE] 10)01 WIOIJ UONNGLISIP 3210] (3) “HONNJLISIP
$32.10J UONILYy (P) ‘HONNQLISIP 9210} UONILA 340043 pue Suri-Q (9) ‘(an|q) wond2.11p 32105 Apoq pue (}or|q) wonnqLysip danssaid pue|
-uf $¢°€ “314

)

‘audx (S, 1€ (IS JdUUI 3Y) J0J HONNQLISIP d10) dueld

001

(ww) £

(wyN) pdus] yun Jad 2010 Junnsal pue |

(3ap) [eas 2y uo uoIsoq
001

00€

(9]

00T

Ieays Jode],
[ 198100
o1pAH

o I

sai1d Jode | —0A—

—

0

<081

- 00T

(uy/N) p3us] jun 1od 9910] UOTIOLL]

]

(urur) £

* 05T

d OWl

0<

135



uonnqLysip 3210y suLl-Q
pue Surids (J) pue ‘aonnqrysip danssaad snweuipospAy (3) ‘uonnqrusip 1eyuod KjLiadse (p) “Gdueseapd [€ds () ‘(2€[q) uonIo)sip Suisnoy
0} (paJ) uoneuLIOJIp [BIS (q) ‘AIqeuLIojuod Jo MAIA (I¢ (8) :¥)D ppL ‘mda oS, e uonisod pue sad.10§ sue[d-Jo-yno [eas Jouuy ¢¢*¢ “S1

@ () ()
(3ap) 1eas oy Suoe uoISO] (Sap) |eas a1 Suofe uosoq (3ap) [eas oy Suofe uonIsoq
00€ 002 00 0 00€ 00T 001 0 00€ 002 001 0
Z T - . . - ) €0

- 3 009 - T 9 9
O
g g :
r 005- 8 & &
pamesree, - o .AU..

. (o]

v e Tooy- 2 e | 00 E
m P .Annnm 1 =} % o]
i d PUBT —— = iy o
E 00e- 7 @ =
G J aA0010) 2 = e
aQ £ =]
- | J8u-0 00z- = 2 B,
Sudg = g - 0001 =
Il 11BN 001~ Q"M nm... | nm.
) o N = =
< = | %
E & ¥ - 00S1 5

©) C))
(8ap) [eas oy Suoje uoisog (Sop) [eas oy Suofe uoIIso g
00t 002 001 co 00€ 00T 001 0

I 1G
& »
= g

N - .V m -m \—M;
B = =

- 19 8 8 2
= N

b 48 ~ .ﬂhl;
E 2

P 101

136



JWIBIJ DUAIIYAI Fuisnoy ay) ur ude) z (9) pue £ (q) ‘x (8) Suope ‘v ppL ‘wda (S, 1€ [B9s Jauul 3Y) U0 $IVI0J [€)0], 9¢°¢ ‘31

©)
_ 1N e (39p) a[3uy yuei)
amssaxd iy 008 00L 009 00¢ 00% 00€ 002 001 0
) amssaxd sodep 4 [ [ [ [ [ ﬁ _
amssaid jop "0IpAH )

ainssaid 1or1U0)
9010] UONALL} 9A00ID)

001-

= 2010} UONALY FUL-Q) e
- 9010j Sundg ./J\t}\j}lz‘[/l\l\;\\/%?}l\l)\l\[(\ﬂ 001
@
(3ap) o[3uy Nuei)
0001 006 008 00L 009 008 00y 00€ 00c 001 0
] PN iwvuivuniua I = T [ [ [ I 100z-
92I0J UOT)OBAI 9A00ID)
- 001-
L 9010j [euLiou Sulr-0
< 2Inssald puer] 0
- 2910] ApO “ 001
uondLL ;
— -100¢
(®)
(3ap) 9[3uy yues)
0001 006 008 00L 009 00§ 00y 00€ 00¢ 001 0

2210 UOI)ORAI QA00ID)
2210J [BULIOU SULI-Q)
2Imssald Pue] —
9010} APOY e

.A uondL|

(N)?4 Suore 20104 (N) z Suoje 22101

(N) ¥x Suore 20104

137



VO 88T W) PUE "V T61 (3) "V TLL (P) J& MIA ILIJIUWIUSE UL PUE "Y() 88T "(9) pue
‘v 261 (@) “¥D ZI1 () 1 Ma1a doy ur uaas “(Jeas Ja)no ay) 10j PI)JoOp PUE [€IS JdUUI ) J0J PIOS

‘soui| ajdand) 1ade) pue Suisnoy uIIM)Iq
pPajBMuUNddE [10 pue (sdul] pa1) uonisod speds ‘(wrl) Sursnoy 3y} Uo HOPNQLIISIP [I0 £q UAMOYS

‘wrda s, e ssadoad Smdeadg £ ¢°¢ S

® C)] )]
(um) x A (wu) x NS Q. & (w) x ) &
‘ v 2

S

N
=
g
02
=
0T <
Il
or &
-
mn.ru
uonow
(ww) & “o—— (unu) & padeuos plemmno arppnd
U0 431 1 10 S - =

uonout
premut

(unu) x

(unu) x

[eas

138



3.2.2 Scraping

The scraping process due to a clearance asymmetry caused by housing distortion is the main
factor for internal oil consumption. Understanding this mechanism and where it occurs is
essential to reduce oil consumption. In this section, location of scraping is first shown on the

different housing distortions and inner and outer seal scraping are compared.

3.2.2.1 Scraping Distribution

Scraping is highly dependent on the shape and amplitude of housing distortion. To illustrate this
principle, Fig. 3.38 shows the thickness of oil distribution scraped per revolution on the different
distortions of the rear housing, for both inner and outer seals. A high film thickness means an
important amount of oil is scraped at that location. A negative value of scraping would mean that
more oil is released from the accumulation between the taper and the housing than oil is scraped
at that location. The graphs show the scraping distribution as follows:

(a) shows the distribution of oil scraped by the inner seal with the mechanical distortion.
Scraping values are small and scraping is relatively distributed.

(b) shows the distribution for the outer seal with also the mechanical distortion. Maximum
scraping value of scraping is higher than for the inner seal, but is concentrated in the top
right corner.

(c) shows the distribution for the inner seal with 1500 rpm thermal distortion. Scraping
occurs in the same region as for the mechanical distortion, except an important scraping
region is added near the exhaust port.

(d) shows the distribution for the outer seal. Scraping values are higher than the inner seal.
The exhaust port region is also the main scraping region.

(e¢) shows the distribution for the inner seal with the 7500 rpm distortion. Exhaust port
region scraping dominates.

(f) shows the distribution for the outer seal. Maximum scraping in the exhaust region is

about 3 times higher for the outer seal than for the inner seal.
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x (mm) X (mm)

X (mm) X (mm)

(e) ®

Fig. 3.38 Scraping distribution for the rear housing: with mechanical distortion for (a) inner and
(b) outer seals, with 1500 rpm thermal distortion for (c) inner and (d) outer seals, and with
7500 rpm thermal distortion for (e) inner and (f) outer seals
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The different housing scraping distributions are compared. Maximum distortion is chosen since
it generates maximum scraping. Front and rear housing outer seal scraping is compared in Fig.
3.39. Scraping is mainly occurring in the exhaust port region for both housings. Scraped oil
thickness of the front housing is about 1.5 times larger than for the rear housing and the scraping
zone is larger. This leads to about 3 times more internal oil consumption for the front housing

than for the rear housing.

X (mm)

© (d)

Fig. 3.39 Location of intake and exhaust port and outer seal scraping distribution for (a-b) front
housing and (c-d) rear housing with 7500 rpm thermal distortion
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Intermediate front and intermediate rear housing outer seal scraping is compared in Fig. 3.40.
Although some scraping occurs near the exhaust ports, the main scraping region is near the
intake ports. A small scraping region is also observed opposing the intake port. In this case,
scraping value and dimension of scraping regions are similar for the two intermediate housings.

This leads to similar internal oil consumption for those two housings.

Exhaust
port

0
X (mm)

(d

Fig. 3.40 Location of intake and exhaust port and outer seal scraping distribution for (a-b)
intermediate front housing and (c-d) intermediate rear housing with 7500 rpm thermal distortion
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3.2.2.2 Inner and Outer Seal Scraping

For a well-behaved system, outer seal outward scraping is expected to be much smaller than the
inner seal scraping. Outward scraping is defined as the oil scraped when the seals moves outward
and flows to the taper of the seal. For the outer seal, this scraping is defined as internal oil
consumption. Outward scraping is also expected to be smaller than inward scraping. Inward

scraping is defined as the oil scraped during inward motion by the outer seal and flowing to the
4™ land.

Average outward and inward scraping of the outer seal is compared to the inner seal scraping, as
shown in Fig. 3.41. Outer seal outward scraping is about 50 % of the inner seal scraping for the
mechanical distortion. However, for thermal distortions, outer seal outward scraping is higher

than inner seal scraping, reaching about 160 %.

Inward scraping of outer seal is relatively constant compared to inner seal scraping. For the
mechanical distortion, inward scraping is much higher than outward scraping, meaning that the
outer seal prevents an important part of oil consumption. However, for thermal distortions, outer

seal does not seem to help reducing oil consumption significantly.

N Outward scraping
N nward scraping

Outer seal scraping divided
by inner seal scraping

Mechanical Thermal 1500 RPM  Thermal 7500 RPM

Fig. 3.41 Average inward and outward outer seal scraping compared to inner seal scraping for the
three sets of housing distortion

The inward and outward scraping of the outer seal is compared to inner seal scraping for
different scaling factor of the front housing mechanical distortion, as shown in Fig. 3.42.

Proportion of outer seal outward scraping increases quickly as the amplitude of the distortion
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increases. Inward scraping proportion is relatively constant again, varying from 3 to 2 times
inner seal scraping as distortion is increased. These results show that as distortion gets larger, the
outer oil seal is not capable of reducing internal oil consumption as it scrapes the oil left by the

inner oil seal during inward motion.

4 o

2

383

28

E 2

83 2-

= 2

25

g8,

3 —6— Outward scraping {

—&— Inward scraping |

0"_ —r r r r 3 2 F r

0 1 2 3 4 5 6 7 8
Housing distortion scale factor

Fig. 3.42 Inward and outward scraping of the outer seal compared to the inner seal scraping
against the scale factor of the front housing mechanical distortion

3.2.3 Lubrication Performance

The cycle model is used to estimate internal oil consumption and friction for different housing
distortions. For this case, primary motion only is used and the pressure from the tilt is not
included. Oil consumption results are shown in Fig. 3.43 for the four housing types. The graphs
are shown as follows:

(a) shows oil consumption at 1500 rpm with mechanical distortion only. Seal conformability
to the housing is good and the maximum consumption is about 1 mL/hr per side.

(b) shows oil consumption again at 1500 rpm, but including thermal distortion. Both
intermediate housings consume more oil than the front and rear housings, due to their
larger distortion amplitude.

(c) shows oil consumption at 7500 rpm, with thermal distortion. Front and rear housings

show large increase compared to 1500 rpm while intermediate housings a relatively
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small increase. Front housing oil consumption is much greater than the others, mainly

due to the shape of housing distortion near the exhaust port.

Oil cons. (mL/hr)

Ll

IMHF IMHR
(a)

Oil cons. (mL/hr)

[y =) o0

O_ _O_ (== _O [
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IMHF IMHR
(b)
k<
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=
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S 2007
. il
0
FH IMHF IMHR
(©)

Fig. 3.43 Prediction of internal oil consumption for front housing (FH), intermediate front housing
(IMHF), intermediate rear housing (IMHR) and rear housing (RH): (a) mechanical distortion only
at 1500 rpm, (b) 1500 rpm, and (c) 7500 rpm

For a given engine condition, the friction power losses of all four housings are very similar.
Therefore, the total friction power for the eight seals in the engine is calculated, as shown in
Table 3.5. At 1500 rpm, friction power is higher with the thermal housing distortion. This can be
explained by the presence of more boundary contact due to the seal non-conformability. From

1500 to 7500 rpm, friction power mainly scales with speed.
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Table 3.5 Predicted friction power due to all oil seals for different engine conditions

Housing Distortion Speed (rpm) Friction (W)
Bolt-Force 1500 250
1500 rpm 1500 317
7500 rpm 7500 1583

3.2.4 Housing Transverse Waviness Effect

Housing transverse waviness without housing distortion is shown in Fig. 3.44. Straight waves are
running across the surface. These waves are potentially left on the housing during the polishing
process. Based on roughness measurements, this waviness would have an amplitude of about
1.1 um or more and a wavelength of about 8 mm. The measurements are made on replicas and
the waviness does not seem to appear on the worn housing measured. Nevertheless, waviness is
still discussed since it represents an important potential for scraping, and understanding its effect
can be useful for certain shapes of housing distortion. Amplitude and wavelength are defined in
Fig. 3.45. For this section, wavelength is set to 16 mm to get a better illustration of the effect of

housing waviness.

z {ym)

-80

80 80 X (mm)
y (mm)

Fig. 3.44 Housing transverse waviness, 1.1 pm amplitude and 16 mm wavelength
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Fig. 3.45 Side view of waviness and definition of wavelength (1), and amplitude (A)

Since this type of waviness is straight, it is aligned with the seal on the sides of the seals but
perpendicular to the seal between those two regions. When the seal is parallel to the waves, it
conforms to them. However, when the seal is perpendicular to the waves, it cannot conform and
only holds on the peaks. This behavior is shown in Fig. 3.46. Around 0 and 180°, the seal

conforms, but everywhere else it is almost flat on top of the waviness peaks.

1 ‘ ]

Seal position - z (um)
=)

Q LV

I

0 100 200 300
Position along the seal (deg)

Fig. 3.46 Deformation of the seal to the waviness of the housing
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This situation creates an important potential for outward scraping, as shown by the oil
distribution in Fig. 3.47 for a few positions during the cycle:
(a) Seals are located to the right.
(b) When the seals go up, their upper part is parallel to the waves and scrapes the oil from
the housing valleys.
(c) The upper part of the seals reaches the most outward position.
(d) When the seals move to the left, they are perpendicular to the waves. Thus, they do not
conform to the surface and leave oil in the valleys.
(e) The seals move down, but on the left part of the housing.
(f) Oilis left in the right part of the valleys and is scraped during the next revolution.

3.2.5 Parametric Study

In this section, the effect on oil consumption and friction is studied for the design parameters and
engine conditions that influence internal oil consumption. Those effects are presented from the
most important to the less, as much as possible, and are listed as follows:

1. Housing distortion

2. Housing transverse waviness

3. Spring tension and seal stiffness
4. Taper angle

5. Rotational speed

6. Inner seal oil supply

7. Housing wear

8. Oil viscosity

9. Rotor land pressure

10. O-ring and groove friction

11. Hydrodynamic pressure from tilt
12. Roughness

13. Surface orientation

14. Seal orientation

15. Oil fraction flowing to the taper
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For most of the parameters studied, their effect is evaluated with small and large housing
distortions. The parameters are mainly studied at 1500 rpm to match the given housing distortion
and the conclusions given are generally independent of speed. The effect of surface anisotropy

and seal orientation is however studied at high speed, to better show its impact.

Secondary motion is not explicitly listed, but directly impacts the O-ring friction, groove friction,
and rotor land pressure. Secondary motion also changes spring force, but this effect has not

shown significant contribution to oil consumption in the current configuration.

For the parametric study, there is no secondary motion, no pressure generated by the tilt and no
surface anisotropy unless otherwise specified. Inner seal groove is modeled with drain holes to
limit the rotor land pressure. The number of crank angle steps is reduced to 216 for a rotor
revolution, in order to minimize calculation time. As discussed in section 3.1.10.2, this
discretization leads to an error of less than 10 %, which is acceptable for this parametric study.
When transverse waviness is added, the error due to the selected discretization can be up to 20

%, since there are more maxima and minima.

3.2.5.1 Housing Distortion

Housing distortion is the principal source of asymmetry between inward and outward motion and
therefore the principal source of scraping. Oil consumption depends on both housing distortion
shape and amplitude. Oil consumption is calculated with the cycle model for the 12 housing
distortions discussed in section 3.2.3. To isolate the housing distortion effect, engine speed is set
to 1500 rpm for all cases. The results are shown in Fig. 3.48. Although it is clear that oil
consumption increases with the housing distortion amplitude, oil consumption can greatly differ
for a given distortion amplitude. This shows that the shape of housing distortion have even a

greater influence than amplitude on internal oil consumption.
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Fig. 3.48 Internal oil consumption as a function of housing distortion amplitude, all 12 conditions
ran at 1500 rpm

In order to isolate the effect of the amplitude from the shape, two housing distortion shapes are
scaled up and down. Oil consumption as a function of the scaling is shown in Fig. 3.49. Front
housing mechanical distortion z position is scaled from 0.5 to 8 times its original distortion
amplitude (Fig. 3.49a). Front housing, 1500 rpm distortion is scaled from 0.1 to 2 times its
original shape (Fig. 3.49b). Both results show the same trend: under a critical distortion
amplitude, oil consumption is almost zero and above this value, oil consumption increases

rapidly to an unacceptable level.

150 o 150 1
%) o
S =
E 2 o
g 100 ¢ S_ 100 ¢
o o
: - o
= ! = !
E. 50 (o] ¥ 50
3 S o
3 S
0vloo—o s : : oloo—2 : : :
0 2 4 6 8 0 0.5 1 1.5 2
Housing distortion scale factor Housing distortion scale factor
(a) (b)

Fig. 3.49 Internal oil consumption as a function of housing distortion scaling: (a) FH mechanical
distortion, (b) FH 1500 rpm distortion
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3.2.5.2 Transverse Waviness

Amplitude and wavelength of transverse waviness are varied to show their effect on oil
consumption, as shown in Fig. 3.50. To isolate this effect, housing is originally taken without
distortion before adding transverse waviness. For the 8 mm wavelength, the oil consumption
increases slowly as a function of waviness amplitude after a waviness amplitude of 1 um, since
the seal cannot conform to the housing. However, the oil consumption for larger wavelengths
continues to increase with amplitude. The more the amplitude increases, the more difference

there is between wavelengths for the same amplitude.

70
E O A=8mm o
‘_; 60 ¢ r=16mm
Z sof O XA=32mm
a o
e 0
= 30 ©
=
g€ 20t
3 f1
paze 10-
o o]
(o}
0 8 OI 1 1 L 1
0 0.5 | 1.5 2 25 3

Waviness amplitude (jum)

Fig. 3.50 Effect of transverse waviness amplitude and wavelength on internal oil consumption

3.2.5.3 Spring Tension and Seal Stiffness

Spring tension pushes the seal against the housing and the seal conforms more or less to the
distortion as a function of its stiffness. Internal oil consumption is therefore greatly affected by
spring tension. The spring constant and preload of both seals are scaled altogether to show the
effect of this parameter. For the first case, FH-1500 rpm housing distortion is used and waviness
is set to an amplitude of 1.1 um and a wavelength of 8 mm. As shown in Fig. 3.51, oil
consumption for the distortion only first increases for very low spring force and then decreases
as expected. However, oil consumption for the waviness increases monotonically with spring
tension. This can be explained by the fact that the seal do not conform at low spring tension and
is mainly flat on the peaks of the waves. Therefore, this reduces the asymmetry between inward

and outward motion that generates scraping. As tension increases, the seal scrapes more and
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more oil in the valleys. For waviness and housing distortion combined, oil consumption is
roughly an addition of the two effects, leading to a minimum value at 4 times the baseline spring
forces. This minimum varies as a function of distortion and waviness, and shows the very

important trend that oil consumption can increase with spring force.
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Fig. 3.51 Internal oil consumption as a function of the spring tension scale factor for front housing
1500 rpm distortion

Increasing spring tension has a cost in friction losses, as shown in Fig. 3.52. Friction power
increases almost linearly with spring force scale factor. The alternative solution would be to keep
the same spring force but lowering seal stiffness. This would have a similar effect on oil
consumption without increasing friction. Increasing hydrodynamic pressure generation from the

surface would also help reducing friction by increasing the clearance for the same tension.
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Fig. 3.52 Friction losses power for the combined housing distortion and waviness, FH-1500 rpm
distortion

The same procedure is done for the RH-1500 rpm distortion, and the same waviness. As seen in

Fig. 3.53, minimum oil consumption is between 1 and 2 times the baseline tension.

¥}
n

—6— Waviness only
—+8— Distortion only
—&— Waviness and Distortion

Oil cons. at 1500 rpm (mL/hr)

Spring tension scale factor

Fig. 3.53 Internal oil consumption as a function of the spring tension scale factor for rear housing
1500 rpm distortion

Seal stiffness effect is studied by scaling the second moment of inertia and the torsion constant of
both seals altogether. To compare with the spring tension, internal oil consumption is plotted as a
function of the seal compliance, which is defined as the inverse of stiffness. Results are shown in

Fig. 3.54 for the front housing and in Fig. 3.55 for the rear housing. The effect is similar to the
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spring tension effect. The main difference is that the taper pressure effect remains constant even
if seal stiffness is changed. Therefore, at low compliance, or high stiffness, oil consumption
increases drastically. As compliance is increased, oil consumption decreases faster than when
spring tension is increased. The local minimum for combined waviness and distortion is

displaced and is not as clear as for the spring tension effect.
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Fig. 3.54 Internal oil consumption as a function of the seal compliance scale factor for front housing
1500 rpm distortion
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Fig. 3.55 Internal oil consumption as a function of the seal compliance scale factor for front housing
1500 rpm distortion
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The outer seal spring tension is varied to estimate its effect on oil consumption, as shown in
Fig. 3.56 for the intermediate front housing at 1500 rpm. The cycle model predicts that internal
oil consumption decreases to a minimum when the outer seal spring tension is minimal.
However, the model does not include large puddles of oil left by the bridging, where the outer
seal would act as a safety feature and avoid those puddles to be pushed to the combustion
chamber. The model also does not include the accumulation during inward motion that could
lead to a fully-flooded condition inside the outer oil seal. In sum, a small tension on the outer oil

seal is beneficial, but the minimum limit cannot be determined by the current model.
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Fig. 3.56 Internal oil consumption as a function of the outer spring force scale factor for
intermediate front housing at 1500 rpm with (a) mechanical and (b) thermal distortion

3.2.5.4 Taper Contribution

Pressure generated by the taper contributes in reducing oil consumption by lifting the seal during
outward motion allowing oil to be returned inside the inner seal. This is especially true for a seal
that is conforming to the surface. However, a non-conforming seal is supported by few contact
points and the taper does not generate sufficient pressure to lift the seal. This leads to an
undesirable situation where the low oil consumption cases are further reduced, but high oil
consumption cases tend to remain as they are. This effect is shown in Fig. 3.57, where the oil
consumption reduction by the taper pressure compared to a case without taper is plotted against
oil consumption without taper. For low oil consumption, taper contribution almost reduces it to

zero. However, for high oil consumption, the reduction is only about 20 %.
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Fig. 3.57 Reduction of internal oil consumption by taper pressure compared to the internal oil
consumption without taper at 1500 rpm for all housing distortions

The effect of the taper angle is studied with the intermediate front housing (IMHF) with both
mechanical and 1500 rpm thermal distortions. Internal oil consumption is shown for taper angles
from 0.5 to 30° in Fig. 3.58. Results above 10° might be slightly off, since the small angle
approximation is used. For both distortions, oil consumption decreases significantly for small
taper angles. The curve is sharper for the larger distortion. The taper angle should therefore be as
small as it is possible to manufacture and maintain an acceptable contact width even with wear.
The tilt angle is also a limit. The static tilt is about 0.02° and tilt can reach about 0.05° for large
distortion due to the coupling with bending.
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Fig. 3.58 Internal oil consumption against taper angle for the intermediate front housing: (a)
mechanical distortion, (b) 1500 rpm thermal distortion
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3.25.5 Speed

Influence of speed is isolated by calculating internal oil consumption of a given housing
distortion at different speeds. The intermediate front housing distortion is used, both mechanical
and thermal at 7500 rpm. The results, as shown in Fig. 3.59, are surprising. For the mechanical
distortion, oil consumption decreases as the engine speed is increased, meaning that the oil
scraped out per revolution decreases faster than speed increases. This can be explained by the
taper pressure that gets larger as speed increases, allowing oil to pass under the seals during
outward motion. At high distortion, oil consumption first increases at low speed, but then

stabilizes at higher speed.

g
=N
o)
[}
S
o)
o

e
h

150 ¢

<
~

<

W

o
8

e

to
wn
=]

Oil consumption (mL/hr)
(o]
Oil consumption (mL/hr)

e
=

(=]

N i i L 0 I L 1 i
0 2000 4000 6000 8000 0 2000 4000 6000 8000
Rotational speed (rpm) Rotational speed (rpm)
@ (b)

Fig. 3.59 Internal oil consumption against speed for intermediate front housing with: (a)
mechanical distortion, and (b) 7500 rpm thermal distortion

Friction power for both seals is shown in Fig. 3.60 for the two cases. Friction of the high
distortion case is slightly higher at low speed due to greater boundary contact. As speed

increases, friction of the low distortion case gets larger, due to the higher hydrodynamic friction.
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Fig. 3.60 Friction power for both seals for small and large housing distortions

3.2.5.6 Inner Seal Supply

The model assumes the inside of the inner oil seal to be always fully-flooded. However, for large
distortion, it might not be the case. The effect of relaxing this boundary condition to a starved
condition is shown in Fig. 3.61, using the intermediate front housing thermal distortion. Internal
oil consumption is zero if there is no oil supply, as expected. Internal oil consumption increases
quickly until about 2 um oil film thickness and then stabilizes to the fully-flooded condition at

about 5 um, which changes for different distortions.
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Fig. 3.61 Internal oil consumption against inner seal supply at 1500 rpm with the intermediate front
housing thermal distortion
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3.2.5.7 Housing Wear

To study the effect of wear on oil consumption a simple wear model is implemented. The model
is first run for five rotor revolutions. At the end of each subsequent engine revolution, distortion
height is reduced proportionally to asperity contact pressure with an arbitrary coefficient. The
model is run for 20 cycles until the maximum wear is about 5 pm, which represents an average
wear of about 0.4 um. That level of wear is unlikely to happen, but shows the trend. Initial
distortion is from both the intermediate front and front 1500 rpm thermal distortions. The model
is run at 1500 rpm. Oil consumption results are shown in Fig. 3.62 against the maximum height
of material removed on the housing. Oil consumption is first dropping linearly with wear and
then has a hyperbolic behavior. Housing wear can therefore significantly reduce oil consumption

if it reaches a certain level.
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Fig. 3.62 Internal oil consumption against maximum wear at 1500 rpm for thermal distortions of
(a) intermediate front housing, and (b) front housing

3.2.5.8 Rotor Land Pressure

Effect of rotor land pressure is studied by varying the amount of oil on the housing inside the
inner oil seal from 0 to 33 um. An oil film thickness of zero results in no pressure inside the rotor
land. The intermediate front housing is used with both mechanical and thermal distortions. Both
cases are run at low speed and high speed, 1500 and 7500 rpm respectively. Secondary motion is
included in this case since it has an important effect on both the relative motion and the
squeezing terms of pressure generation. The results of the four cases are shown in Fig. 3.63. At

low speed, oil consumption only increases slightly due to rotor land pressure for the chosen
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configuration. At high speed, the rotor land pressure increases significantly oil consumption.

This is mainly caused by the inner seal lift during inward motion that leaves more oil to pass

under the seal. For large oil supply, oil consumption stabilizes as the rotor land fills quickly at

the beginning of inward motion.

When there are drain holes in the inner seal groove, the pressure in the rotor land is too small to

create any substantial change in oil consumption in the present configuration.
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Fig. 3.63 Internal oil consumption against oil film on the housing for the intermediate front
housing: (a) at 1500 rpm with mechanical distortion, (b) at 1500 rpm with thermal distortion, (c) at
7500 rpm with mechanical distortion, and (d) at 7500 rpm with thermal distortion
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3.2.5.9 O-ring and Groove Friction

O-ring and groove friction forces push the seal towards the housing or reduce the spring force
depending on the direction of secondary motion. This effect is studied by setting the friction
coefficient of the O-ring-groove interface and the seal-groove interface to the same value. This
value is then varied from 0 to 0.1. Internal oil consumption is calculated at 1500 rpm for the
intermediate front housing for both mechanical and 1500 rpm thermal distortions. The results are
shown in
Fig. 3.64. For a well-behaved system such as the small distortion case, oil consumption increases
as the friction coefficient increases. For the 7500 rpm thermal distortion, the inward scraping of
the outer seal is significantly increased, but the outward scraping and thus oil consumption

increases only slightly.
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Fig. 3.64 Internal oil consumption against O-ring and groove friction coefficient at 1500 rpm for
IMHEF: (a) mechanical, and (b) 1500 rpm thermal distortions

3.2.5.10 Oil Viscosity

Oil viscosity effect is calculated at 1500 rpm for the intermediate front housing, both mechanical
and 1500 rpm thermal distortion. Internal oil consumption trend is inversely proportional to
viscosity, mainly due to increase in taper pressure as viscosity is increased. As expected, the
large distortion is less sensitive to viscosity. In sum, decrease in oil viscosity due to increase in

temperature can lead to significantly higher oil consumption.
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Fig. 3.65 Internal oil consumption against oil viscosity at 1500 rpm for IMHF: (a) mechanical, and
(b) 1500 rpm thermal distortions

Concerning friction, the trend is following Stribeck curve behavior, as shown in Fig. 3.66. For a
low viscosity, boundary contact is dominant. As viscosity increases, friction reaches a minimum

and then increases again due to hydrodynamic friction.
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Fig. 3.66 Friction power against oil viscosity at 1500 rpm for IMHF: (a) mechanical, and (b)
1500 rpm thermal distortions

3.2.5.11 Hydrodynamic Pressure from Tilt
The cycle model is run with and without hydrodynamic pressure from the tilt to show its effect
on oil consumption. Both the front and intermediate front housing are used, at low and high

speed. For the mechanical distortion, oil consumption increases from almost zero to between 10
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and 40 mL/hr, as shown in Fig. 3.67a. For thermal distortion, oil consumption is increased of

75 % in average by the hydrodynamic pressure from tilt, as shown in Fig. 3.67b.

This difference in oil consumption is mainly caused by the static negative tilt of the seals. This
tilt is created because the spring force is not aligned with the seal-housing contact and generates
a torque. Since this tilt is static, the contact part of the seal is probably worn quickly and the
pressure generated greatly reduced. Oil consumption given in Fig. 3.67 neglects this wear and is

therefore a pessimistic approximation.
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Fig. 3.67 Internal oil consumption with and without tilt pressure for front and intermediate front
housing, 1500 and 7500 rpm with (a) mechanical and (b) thermal distortions

3.2.5.12 Roughness

Roughness effect is studied by calculating oil consumption at 1500 rpm for different standard
deviations of plateau roughness. As an order of magnitude, the product Pha;,{" is kept constant,
meaning that the hydrodynamic pressure is the same for a given clearance for any roughness.
Taper pressure is also neglected to isolate the roughness effect only. Results are shown in Fig.
3.68 for the front housing mechanical distortion and rear housing 1500 rpm thermal distortion.
For small distortion, roughness has an important impact on oil consumption (Fig. 3.68a). Oil

consumption first decreases slightly with roughness and then increases significantly. For larger

164



distortion, roughness influence on oil consumption is relatively small, until roughness reaches a
high level (Fig. 3.68a). A small decrease is observed since as roughness increases, more oil can
pass under the seal before the seal reaches its most outside position and then oil and
accumulation at the taper-housing interface is reduced. For large roughness oil consumption

increases rapidly as a function of roughness.
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Fig. 3.68 Internal oil consumption at 1500 rpm against roughness for: (a) rear housing mechanical
distortion, and (b) front housing 1500 rpm thermal distortion

3.2.5.13 Surface Anisotropy

Surface orientation is studied by varying the anisotropy coefficient (P,) in the hydrodynamic
correlation from 0 to twice is actual value and the orientation from 0 to 360°. Oil consumption is
calculated at 7500 rpm for the intermediate housing, both mechanical and 7500 rpm thermal
distortions. Results are shown in Fig. 3.69. For small distortion, surface anisotropy can increase

or decrease oil consumption depending on orientation and becomes important at high value of B,.

For large distortion, the effect remains small compared to the housing distortion effect.
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Fig. 3.69 Internal oil consumption as a function of surface anisotropy coefficient and orientation at
7500 rpm for (a) mechanical, and (b) thermal distortion

3.2.5.14 Seal Orientation

Effect of seal orientation is studied by varying the exponent Ky in the hydrodynamic correlation
shown in equation (3.5). This constant determines how fast the pressure drops as a function of
the seal angle. This effect is studied at 7500 rpm, with the intermediate front housing, both
mechanical and 7500 rpm thermal distortions. The results are shown in Fig. 3.70. At low
distortion, oil consumption is significantly reduced as Kj is increased. This could be explained
by a smaller film at the outer portion of the housing where the velocity of the seals is mainly

circumferential. At high distortion, oil consumption is roughly independent of the exponent

constant.
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Fig. 3.70 Internal oil consumption against scaling of seal orientation effect at 7500 rpm for the
intermediate front housing: (a) mechanical, and (b) 7500 rpm thermal distortions

3.2.5.15 Oil Fraction Flowing on the Taper after Separation

When the seal motion reverses to inward motion, oil accumulated between the taper and the
housing separates. The cycle model assumes a fixed fraction of this oil to flow to the taper and
the remaining stays on the housing. Oil consumption is calculated by adding the oil flowing to
the outer seal taper and the oil pushed outside the area covered by the outer seal. To estimate the
impact of this approximation, the fraction of oil flowing to the seal taper is varied from 0.1 to
0.9. The results are shown in Fig. 3.71 for the intermediate front housing, both mechanical and
1500 rpm thermal distortions. In both cases, oil consumption is relatively constant since the
increase in outward scraping is balanced by almost the same decrease in oil pushed out of the
outer seal area. The arbitrary fraction has therefore a small impact on the final results, and a

value of 0.5 is selected to average the error.
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Fig. 3.71 Internal oil consumption against arbitrary fraction of oil flowing to the taper after
separation, at 1500 rpm for intermediate front housing: (a) mechanical, and (b) 1500 rpm thermal
distortions

3.2.6 Conclusions

This section presents the results of the cycle model for the lubrication and oil transport of the oil
seals. Order of magnitude of the different mechanisms is first detailed with a low speed small
distortion case and a high speed high distortion case. Scraping distribution on the different
housing distortions is shown. Scraping is distributed for mechanical distortions. For thermal
distortions, scraping mainly occurs near the exhaust port for the front and rear housings and near
the intake port for the intermediate housings. The important oil consumption potential of housing
transverse waviness is explained. Finally a parametric study leads to the following conclusions:

1. Housing distortion is the principal source of oil consumption. Both amplitude and shape
have an important impact on oil consumption.

2. Concerning transverse waviness, oil consumption increases with an increase in both
amplitude and wavelength.

3. For housing distortion only, oil consumption decreases as spring force is increased. For
transverse waviness only, oil consumption increases as spring force is increased. When
waviness and housing distortion are combined, a minimum value of oil consumption is
observed when varying spring force. Reducing stiffness is a better way of reducing oil
consumption than increasing spring tension as it does not generate more friction and the

beneficial contribution of the taper pressure remains important. Reducing outer seal
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spring force only seems to reduce oil consumption, but the optimal value cannot be
predicted by the current model.

4. The taper of the seal reduces significantly oil consumption, especially when the seal can
conform to the housing.

5. Effect of speed on oil consumption on a time basis (e.g. mL/hr) is smaller than expected
due to the taper pressure.

6. Relaxing the inner seal oil supply boundary condition to starve reduces significantly oil
consumption.

7. Large housing wear can significantly reduce oil consumption.

8. Rotor land pressure increases oil consumption by lifting the seal during inward motion.

9. O-ring and groove friction increases oil consumption for a good seal-housing
conformability.

10. As oil viscosity decreases with temperature, oil consumption increases.

11. Hydrodynamic pressure from tilt increases oil consumption due to the negative static tilt.
This effect would be reduced by wear of the seal.

12. Roughness mainly increases oil consumption for conforming seals, but its influence is
much smaller than the housing distortion effect for non-conforming seals.

13. Surface anisotropy can increase or decrease significantly oil consumption for conforming
seals depending on orientation. However, surface anisotropy influence is small on oil
consumption for non-conforming seals.

14. Seal orientation effect reduces slightly oil consumption for conforming seals.

15. Oil fraction flowing to the taper does not influence significantly oil consumption in the

presented model.

In sum, the main cause of internal oil consumption is the lack of conformability of the seals to
the distorted housing. All the other effects only become important when the oil seals conform to
the housing.
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33 Compérison with Experiments

This section first discusses the current 2D LIF experimental validation. Then a discussion is

presented about the comparison between the cycle model and oil consumption measurements.

3.3.1 Experiments with 2D-LIF Engine

The 2D-LIF engine is a powerful tool that allows looking directly to oil transport. Experimental
observation of the oil transport mechanisms guided the development of the cycle model. First,
the rotor land accumulation and release process is observed. This is an important mechanism
since it is the supply for the complete seal pack. Then, the scraping mechanism of the inner seal
is observed. It shows that in steady state, oil transport is a steady process with a similar scraping
every revolution. The 2D-LIF experiments also show the 4" land fills quickly and remains
almost full in steady state. The outer seal scraping is observed for high speed condition. Finally,
the 3" land, between outer and cut-off seal, is mainly dry and no clear mechanism is observed

that can bring the oil towards the center.

The next subsection compared the predicted rotor land accumulation to the observed
accumulation with the 2D LIF engine. The predicted scraping of the seals is not coxhpared to
experiments as the distortion of the sapphire window is smaller than the actual housing

distortion.

3.3.1.1 Rotor Land

Accumulation in the rotor land is highly dependent on the oil film thickness on the housing. The
model is run with different oil thickness and is compared to experiments. At 3000 rpm, the best
fit is 47 pm oil left on the housing for a 100 um rotor land clearance. The predicted accumulation
for this supply is shown by a red line in Fig. 3.72, superposed to a 2D-LIF picture. On the
picture, the accumulation can be defined as the zone where the shade is constant. The shape of
the accumulation is very similar between model and experiments. Since the oil film thickness is
about half the rotor land clearance, it means the rotor land is generally full and the inner oil seal
fully-flooded. At 1000 rpm the accumulation shape is not as consistent and it is difficult to

compare with the simple accumulation model.
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Fig. 3.72 Rotor land accumulation at 3000 rpm, 9 CA, from the 2D-LIF engine compared to the
predicted accumulation (red line) for an oil film thickness on the housing of 47 pm

3.3.2 0Oil Consumption Measurements

The model is built on robust physics. This means that the predicted behavior concerning oil
transport due to distortion should be representative. Nonetheless, it is still interesting to compare
to oil consumption measurements. However, oil consumption is very sensitive to input

parameters and a perfect fit is not to be expected.

The cycle model is used to predict the total internal oil consumption of the engine at 2000, 3000,
and 4500 rpm for both mechanical housing distortion and thermal housing distortion at
1500 rpm. Results from the model are compared to experiments in Table 3.6. Speed effect is not
captured, since 1500 rpm housing distortion is used for all cases. The measured oil consumption
is between the mechanical and thermal distortions values, which confirms that the predicted oil
consumption is on the good order of magnitude. The difference between the thermal distortion
oil consumption and the measured oil consumption can be explained by many factors:
(a) Oil consumption is very sensitive to distortion amplitude. As shown in Fig. 3.73, if the
housing distortion is half the full load distortion, predicted oil consumption drops to

about 50 mL/hr.
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(b) Shape of housing distortion is also very important, as shown in section 3.2.5.1.

(c) Wear reduces oil consumption, as shown in section 3.2.5.7, and is not considered here.

(d) Inner oil seal is assumed to be always fully flooded when moving inward. However, this
might not be the case for large distortion. This effect can also reduce oil consumption, as

shown in section 3.2.5.6.

The results first show that the predicted oil consumption is on the right order of magnitude. The
results also show that accurate oil consumption predictions need accurate data, particularly for
housing distortion. More importantly, the results with only mechanical distortion show that

internal oil consumption can be practically removed with proper housing distortion.

Table 3.6 Relative oil consumption comparison between model and experiments

Relative internal oil consumption

Speed Cycle model Measured Cycle model

(rpm) Mechanical (Internal = Total - Metering) Thermal distortion
Distortion Load =75 to 80 % at 1500 rpm

2000 0.09 0.54 8.04

3000 0.08 1.00 9.18

4500 0.06 1.94 9.29

|| =——&-— Total

2

150 |

2

Oil cons. at 2000 rpm (mL/hr)
3

0 0.2 04 0.6 0.8 1
Housing distortion scale factor

Fig. 3.73 Predicted oil consumption for the complete engine at 2000 rpm as a function of the scale
factor applied on 1500 rpm thermal housing distortion

172



3.3.3 Conclusion

This section compares the cycle model results to measurements. The 2D-LIF engine is a
powerful tool for observing oil transport, and has been used for developing the model. The
predicted rotor land accumulation pattern show good agreement with experiments, provided that
the supply is known. Oil consumption predicted from the model is on the good order of
magnitude, but seems to be higher than measured due to pessimistic approximation and possibly

housing distortion used as an input.

3.4 Oil Seal Model Summary and Conclusions

A cycle model is developed to estimate internal oil consumption in rotary engines. The cycle
model tracks the oil during few engine revolutions in the rotor land, on the housing, and between
both seal taper and the housing. The location of the seals in their groove is first computed. The
hydrodynamic and asperity contact pressure is then solved simultaneously with the seal
deformation to get the seal-housing clearance distribution. Oil transport is solved based on this
clearance and the supply inside the inner oil seal. Oil consumption is calculated based on the

outward scraping of the outer seal and the o0il pushed outside of the outer seal reach.

Results of the cycle model show that the main contribution to oil consumption is the non-
conformability of the seal to the distorted housing. Outward scraping is relatively distributed on
the housings with mechanical distortion. However, outward scraping for the housing with
thermal distortion is concentrated. For the front and rear housings, scraping is concentrated
before the exhaust port, while for the two intermediate housings, scraping is concentrated near
the intake port. Housing waviness, is also shown to have an important oil consumption potential,
and shows that oil consumption can increase with increasing spring tension for certain housing
shape. A parametric study supports that oil consumption is created by housing distortion and
waviness and that reducing seal stiffness is a good solution to reduce oil consumption. Interface
parameters such as roughness, surface orientation and seal orientation also play a role in oil

transport but in an order of magnitude smaller than distortion.
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Comparison with experiments confirms the predicted rotor land accumulation. The oil
consumption predicted by the cycle model is on the good order of magnitude considering that oil

consumption is very sensitive to the shape and amplitude of housing distortion.
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Chapter 4

Two-Piece Apex Seal Model

Similarly to modeling piston ring dynamics, modeling apex seal dynamics is challenging as the
apex seal is free to move laterally in its groove and contacts are highly stiff. Moreover, the
straight apex seal (AS) does not have any rotational stiffness compared to curved piston rings
that resist uniform tilt. Transitions from one flank of the groove to the other are fast compared to

rotor revolution and a time-implicit solver is required.

This chapter first describes how the model is formulated to address these challenges. Predicted

performances of the apex seal (AS) are then shown, followed by a comparison with experiments.

4.1 Objectives

The objective of the AS model is to predict AS sealing performance based on engine and
component geometry and operating conditions. In particular, the model aims at predicting trends
in gas leakage, wear and friction based on a detailed modeling of the seal dynamics and
deformation as well as accurate description of the interfaces. Although predicting the correct
absolute value of gas leakage, wear and friction is the ultimate goal of such a model, predicting
correct trends and their dependency on key parameters is usually enough for a designer to decide
how to modify the engine to reach the desired objective. From piston ring modeling experience,
accurately predicting gas flow seems feasible so it is the objective of the presented model. On the
other hand, predicting wear is difficult and the AS model objective is limited to calculating the
distribution of a wear indicator based on asperity contact pressure. The capacity of predicting
friction lies somewhere between gas flow and wear predictions. Therefore, the objective for this
model is to estimate friction based on realistic friction coefficients. In brief, the objective of the
apex seal model is to reach the same level of details in performance predictions as state-of-the art

piston models, which includes:
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- Calculate dominant forces on the AS and the resulting AS dynamics.
- Predict gas leakage.
- Estimate wear from the contact pressure distribution.

- Estimate friction losses.

4.2 Model Formulation
General inputs and outputs of the two-piece AS model are summarized in Fig. 4.1. The inputs
describe engine operating conditions as well as the geometry of the AS, the AS groove, the rotor,

and the rotor housing. From those inputs, the model calculates the position of the seal for each

crank angle step and returns sealing performances.

Apex seal d1mepsmns, Apex sea.l position and

wear and material deformation for every
crank angle step

Apex seal groove =

dimensions and wear g Pressure distribution on
all seal faces from gas,

C‘omer ‘seal clearance oil and asperity contact

dimensions
Calculation of gas

; ; leakage from gas fl
Engine rotational speed - g EAEEE
Multiscale two-piece around the seal
_ apex seal cycle model o
Rotor.hous-mg shape | (beam deformation, Estlmatlon.of wear
and distortion gas flow and time from asperllty_con.tact
implicit dynamics) pressure distribution

Rotor primary "dnd o

secondary motion Friction losses
estimation from seal

COl:ltaCt models and profile friction force

spring constants

01.1 properties and

thickness

Gas properties —

Fig. 4.1 Inputs and outputs of the two-piece apex seal model

The model first discretizes the apex seal in the desired number of beam elements. Each beam

elements are subdivided in a number of cross-sections. A reduced number of AS cross-sections
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are shown in Fig. 4.2(a). For each crank angle step, the model calculates the position of each seal
cross-section according to forces acting on the seal, gas flow, seal stiffness, and seal mass.
Displacements of the cross-section are illustrated in Fig. 4.2. Displacements of a given cross-
section relative to the reference position are defined in Fig. 4.3: x4 is the lateral displacement, y,
the radial displacement, and @, the cross-section tilt. From the cross-section displacements all
the dominant forces on the seal are calculated (Fig. 4.4). The model then iterates to find the
position and deformation of the seal that minimizes energy. From the converged seal position,

leakage, wear and friction indicators are calculated.

Rotor housing

. f%\hc_o N

L=
Apex seal | -$- H

cross-section

Reference
position

Apex seal ¥
groove ¥

D e

AG/2 AG/2 Rotation
(a) Reference position (b) Displacements

Fig. 4.3 (a) Apex seal reference position at 0 CA with no distortion and no wear (b) displacements of
the cross-section compared to its reference position
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Fig. 4.4 Dominant forces on the apex seal

The next subsection details the approximations made in the model. Then, the method to calculate
the different forces is described. Forces on the sliding surface and flanks are described separately
as their geometry differs and the profile has a sliding velocity due to the rotor movement. The
description of forces is followed by the method to calculate gas flow, the beam model used, and
the time-implicit solver. The model formulation section is ended with a validation of the

approximations using sample model results.

4.2.1 Approximations
The first approximation is that all displacements are small. This approximation is justified
because seal-groove and seal-housing clearances are small compared to seal dimensions. The

maximum lateral displacement (AG/2) is 1 % of seal height (H) and the maximum tilt angle
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(ag) is about 2° (see Fig. 4.3 for definition of variables). This approximation allows decoupling

the effects of translations and rotation of the seal when calculating clearances.

The second approximation is that the seal cross-section is taken as rigid. Local deformation of
the section (§ in Fig. 4.5) is assumed to be small compared to the deformation of the seal as a
beam in the lateral direction. This approximation is validated in section 4.2.15 with the

maximum value of contact pressure calculated in the model.

Fig. 4.5 Small deflection of the section (total deflection includes groove flank deformation)

The third approximation is that the gas flow can be described as locally fully-developed for
calculating the pressure exerted on the seal. The criterion for neglecting inertia is that the
pressure difference to push the flow through the clearance assuming a fully developed must be

much larger than the dynamic pressure:

‘Dvisc

1 1 (4.1)

g

in which p is the gas density, U is the average flow velocity across the clearance (Fig. 4.6), and
AP, is the pressure difference obtained from a fully-developed pressure-driven flow, for which

the volume flow rate per unit length (g,) is given by a Poiseuille flow between two flat plates:
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B dP (AG)? AP,
U= Top dx  T2m, H

(4.2)

in which AG is the total seal lateral clearance, and g is the gas viscosity.

+
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Fig. 4.6 Flow along the groove for fully-developed flow criterion

Replacing flow rate by the average velocity times the clearance (g, ~ UAG), the scale for the

pressure difference is obtained:

12u,UH
APy~ B0 (4.3)
The criterion for neglecting inertia becomes
APuic  24ugH  24u H
1,y2 (PUAG)AG — 1hiAG (4.4)
2

in which i1, is the mass flow rate per unit length through the clearance (g ~ pUAG). The mass
flow rate through the clearance can be obtained by assuming the pressure in the groove follows
the combustion chamber pressure. Thus the mass flow rate entering the groove is about the same

as the change in the mass of gas in the groove:
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dm, d V; dP
™, g P Y

~a "~ % “RL, @ (4)

in which my is the mass of gas in the groove per unit length, Vj is the groove volume per unit
length, R is the gas constant, Ty is the groove temperature, and the ideal gas law has been used to

replace the variation in density by a variation in pressure that can be approximated from the
experimental pressure trace. Replacing the mass flow rate in eq. (4.4), the criterion for neglecting

inertia becomes:

APyisc  24uyRTy (H ) dP
AG

—_—>1
o ws

The final criterion value is on the order of 10 for representative values. The approximation is
therefore expected to hold for most cases as the criterion was evaluated for the largest clearance.
The gas flow model is therefore satisfactory to calculate the gas pressure distribution on the seal
to calculate the net gas forces and moment. However, the flow rate is limited to an isentropic
flow through an orifice for proper accounting of the mass flow rate through the gap when

calculating leakage to avoid an unphysical situation.

The fourth approximation is that gas temperature is the same as groove temperature. This is
justified by the fact that heat transfer with the walls is much larger than the heat capacity of the
fluid flowing through the clearance because of the small clearance. This approximation is

validated in section 4.2.15 with the maximum clearance and flow rate calculated from the model.

The fifth approximation is to consider all the forces and gas flow to be 1D. This means that the
flow of oil and gas along the seal is considered to be small compared to the flow of oil and gas in
the lateral and radial directions (gyiq; < Myqqiq in Fig. 4.7a for the seal profile and mgyiq <
Myaaiqr 10 Fig. 4.7b for the seal flanks). This is justified by the ratio of 15 between the length
and height of the seal and that the boundary conditions vary smoothly along the seal. This
approximation fails at the two ends of the seal and at the two changes in seal height. This effect

is neglected as these regions are small compared to the entire length of the seal.
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Fig. 4.7 Definition of axial, radial, and lateral mass flow rates for 1D gas flow approximation

The sixth approximation is to consider the pressure in the groove to be uniform. This can be
validated by comparing the flow along the groove (Qg) to the flow pass the seal flank clearance

(Q,) (Fig. 4.8). Assuming fully-developed flow for both, the criterion for this approximation to

be valid is given by
. 1_23 T o
A 4.7)
Q. mRg AP 3nR}H
8ug L

in which L is the AS length, p, is the gas viscosity, hg is the AS flank clearance, H is the AS

heigth, R, is an equivalent radius for the flow channel along the AS groove, and AP is a pressure
difference which drops out of the scaling. For typical AS geometry, this criterion is on the order

of 1/100 which validates the approximation of constant pressure in the groove.
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Fig. 4.8 Definition of flow along the flank and along the groove for uniform groove pressure
approximation

The seventh and last general approximation is to consider that the variation of leakage has small
influence on the leading and trailing pressure chambers taken from experimental data. This
approximation is validated in section 4.2.15 by comparing the maximum amount of leakage to

the engine mass flow rate.
Approximations specific to the sub-models are given in the respective sub-model section.

4.2.2 Spring Force

Two springs under the seal provide the force needed to maintain the apex seal in contact with the
rotor housing when the groove is not pressurized. In the model, the two springs are replaced by
localized forces applied at the contact points between the springs and the apex seal (Fig. 4.9).

Each force is calculated by:

Foor —k :
Fs,k - 50,k : s,kyg,l (48)

in which k is the index of the spring, either 1 or 2, Fg is the force of the k™ spring, Fso and
kg ). are the tension and spring constant of the k™ spring, and Vg,i is the radial displacement of the

cross-section in contact with the end of the k™ spring. The radial displacement (y,) is the
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outward relative displacement measured from the seal reference position which is at a fixed

distance from the back of the groove.

Apex seal

B
A

/

Springs

vt

(a) Springs

A (I

spring forces
(b) Spring forces

Fig. 4.9 (a) Springs under the apex seal, and (b) resulting local spring forces

4.2.3 Body Force

Body force is calculated from primary and secondary motion of the rotor. Primary motion is
taken from the rotor kinematics and is calculated using the rotary engine kinematics. Secondary
motion is taken from finite element analysis carried using an assembly of the crankshaft and two
rotors. The effect of rotational acceleration is neglected as it is small compared to the other

forces.
4.2.4 Profile Asperity Contact Forces and Moment

Profile asperity contact reaction forces and moment on the seal are calculated based on a simple

contact model which relates the clearance to the contact pressure.
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The first step towards calculating the asperity contact pressure is the description of the profile

clearance as a function of the variables of interest, in this case the geometry and displacement of

the seal, and the rotor housing surface position (Fig. 4.10).

Reference
position

Theoretical trochoidal rotor

o he(x,) D i)a / housing at 0 CA
¥
X
f

| Theoretlca_l trochoidal
rotor housing

Actual rotor housing
surface with distortion

[
L

<
LcD

Fig. 4.10 Profile geometry

Under the small displacement approximation, the seal-housing clearance as a function of the

position along the profile (¢,) is given by

h(¢:) =D+ Dy +a, - ap (¢e) cos(Pe — pa) — Yg cos(g) + Xg sin(¢,)

4.9
+ agla, (@) sin(¢, — o) — Hp sin(¢pa)] (4.9)
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in which D is the rotor housing displacement due to housing distortion, D, is the difference
between the rotor housing at 0 CA and rotor housing at a given crank angle caused by the
difference between the apex seal radius for generating the trochoidal shape and the no-wear
actual apex seal radius (a,), a,(¢.) is the worn actual apex seal radius, ¢, is the angle between
the seal and a line perpendicular to the housing, and H,, is the distance between the seal center of

mass and the center of the seal profile radius. To simplify the calculation of profile pressures and

forces, the position along the profile is changed to the distance from the minimum clearance (x,):

xc = ap(Pc) sin(de — @) — Leo 4.10)

in which L4 is defined as

Lo =a, (co)sin(p, — ¢Pg) 4.11)

in which ¢ is ¢, evaluated at the minimum clearance.

Asperity contact pressure is calculated as a function of clearance from the Greenwood-Tripp

model the same way as for the oil seals:

ke (xc))"c

Ppe(xc) = P. (z 4.12)
Up i

in which B, is the profile contact pressure, g, is the plateau roughness standard deviation, and
P, K., and z are constants calculated from the surface topography. Net forces from asperity

contact (Fig. 4.11) are calculated by numerically integrating the contact pressure:

! —
pC.xe - 0

Xco
E.y. = f B,.dx
pC.yc el pc c (4.13)

Xco
ro—
Ba, = f XcFpcdx,
Xci
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in which F,., and F,., are the net asperity contact forces per unit length on the profile
perpendicular and parallel to the housing, and F, . is the net asperity contact moment per unit
length around the minimum clearance point. Throughout this chapter, F, is used as the symbol
for moments to simplify the vector notation. In the model, the integrals in eqgs. (4.13) are
evaluated numerically to allow the flexibility of choosing any shape of AS profile. In the

remaining of this chapter, all integrals in the final force and moment expressions are evaluated

numerically.

Xei '—p Xco
Xc

Fig. 4.11 Net forces and moment from asperity contact pressure

Net forces and moment in the center of mass reference frame (F,4) are shown in Fig. 4.12 and

are calculated from

peg = Teg Fpee
in which
Fprc,xg
F;lc,g = Fric,yg ’ (4.14)
ch,ag
—cos(¢g) sin(¢,) 0
Tcg = "Sin(d)a) _Cos(qba) 0 ’

Hp COS(¢a) + apOCOS(¢CO - ¢a) _Hp COS(¢'a) . LpO 1
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Fig. 4.12 Forces and moment in the center of mass reference frame

Asperity contact shear stress () is calculated from the asperity contact pressure and a dry

friction coefficient (Cy.):
Tpe(Xe) = CrePyc (4.15)
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Unless mentioned otherwise, the dry friction coefficient is taken to be 0.15. Net forces and

moment per unit length from asperity contact friction are given by

Xco
' —
fpc,xc - f Tpcdxc
Xci

£ =0 (4.16)
pC,yc -

foca. =0

Friction is parallel to the housing and pointing in the positive x, direction as the relative sliding
velocity (U.) always points in that direction. Friction forces are reported to the center of mass
reference frame with the same transformation as forces normal to the housing. The

transformation is given by

focg = Teg Fpee 4.17)

4.2.5 Profile Hydrodynamic Forces and Moment

In presence of lubricating oil on the rotor housing, oil accumulates at the AS profile interface and
generates pressure that helps support the radial forces on the AS (Fig. 4.13). As there is no
accurate analytical solution to this problem, a semi-analytic method is used. The method used is
adapted from Tian’s thesis [56] to include the effect of seal-housing relative rotation on
hydrodynamic pressure generation. The general strategy is to use a Newton iterative method to
find the boundaries of the full-film region that satisfy Reynolds’ lubrication equation, mass
conservation and boundary conditions. The pressure gradient in the full-film region is then

integrated numerically to calculate the net hydrodynamic forces and moment.

Leading and trailing chamber gas pressure needs to be included in the hydrodynamic pressure
analysis as it changes the oil pressure by changing the pressure boundary conditions at the ends
of oil full-film region. Only in starved condition, where supply is insufficient to maintain a full-
film region, that there is a gas flow at the interface. This gas flow is solved analytically in the

next section,
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Fig. 4.13 Oil accumulation at the seal-housing interface

The goal is to find the limits of the full-film region (x., and x.;) that satisfy Reynolds’ equation
everywhere in the full-film region, mass conservation in the control volume under the seal, and
boundary conditions at the two ends of the full-film region. First, Reynolds’ 1D lubrication

equation is given by

dq.
dx,

= —h, (4.18)

in which g, is the volume flow rate per unit length calculated from Couette and Poiseuille flows,
and A, is the time derivative of the profile clearance. Integrating from a location in the full-film

region (x.) to the end of the full-film region (x.,) yields

Xc2

Gc=da+ | hedx, ®.19)

Xc
in which q., is the volume flow rate per unit length at the end of the full-film region and is
typically given by the Reynolds’ conditions, which dictates that the pressure gradient at the
outlet must be zero. However, if supply is insufficient, g, is limited by mass conservation.
Those conditions are discussed toward the end of this section. Under lubrication approximation,

the volume flow rate can be calculated from a Couette flow and a Poiseuille flow:
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h dPon  Uche

- 4.20
9= "T2pax, ' 2 (4.20)

in which P, is the profile hydrodynamic pressure and u is the oil viscosity. Replacing in eq.

(4.20) and solving for the pressure gradient yields

deh _ 12u Uchc Xez |
Ix, - 13 [ > qc2 —Lc h, dx (4.21)

Integrating over x,. yields the first condition on the full-film limits:

P,—P., = " 126 [Uche xczh’ dx.|d
2 fe1 — 13 T —qc2 t ¢ GXc|AX, (4-22)
Xc1 C Xc

in which the pressure at the ends of the full-film region (P4 and P,,) are given by the pressure in
the leading and trailing chambers. Taking the pressure in the leading chamber as the boundary
condition at x,, is an appropriate approximation because the viscosity of the oil is much larger
than the gas viscosity so the pressure difference between x. and x., is small. The same

argument applies for the pressure difference between x., and x,.

In order to find the solution for this equation in the present case, U, and A, must be related to the
seal motion. The relative velocity between the AS profile and the rotor housing (UC) is calculated
from primary and secondary motion of the rotor. The model neglects the effect of relative motion
of the AS in its groove, as the AS-groove relative velocity is much smaller than the
circumferential apex velocity due to rotor motion. The time derivative of the clearance (h.) is

calculated by taking the time derivative of eq. (4.9):

ilc (xc) = D+ Da - Yy cos(¢,) + Xg sin(¢,) + (dg - qsa) [xc - H, Sin(¢a)] (4.23)

Cross-terms containing time derivative of the seal-housing angle (¢,) and seal displacement (xg,
Vg OT @) are neglected as they are one to two orders of magnitude smaller than the last term. By

inspection, one can replace the expression in (4.23) by a translational speed of the seal at the
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minimum clearance point (A.) and a rotational speed of the seal around the minimum clearance

point (w.q). The time derivation of the profile clearance becomes:

he(xc) = heo + weoXe
in which
heo = D + D, — 34 cos(¢,) + %, sin(¢,) — d,H,, sin(¢g) (4.24)
and
Weo = dg — <i’a

The integral over A, in can be replaced by

Xez | . 1
f he dx; = heo(xe2 — %) — 'z‘wco(xczz - x2) (4.25)
Xc

Replacing in eq. (4.22) gives the first error function to be solved for G, = 0:

*c212uUch
Gcl=f K [Ychc

, 1
Bl 2 Gc2 — heo(Xc2 — xc) — 'Z'wco(xgz - xg)] dx. — (P2 — Pc1)  (4.26)
c

Xc1

The second error function is derived from mass conservation and must be solved for G,=0:

Xc
Ger = e+ | e dxe+ $eaChes = ) = Uohny @27

c1
in which hy; and hy, are the oil film thicknesses on the rotor housing before and after the seal
has passed (Fig. 4.13). In the present model, the oil film thickness supplied to the seal profile
(hy;) is assumed to be constant as there is no oil transport model included. The first term of eq.
(4.27) is the outflow, the second term is the volume increase due to clearance variation, the third
term is the change in volume when x,, varies and the last term is the inflow of oil to the control

volume due to seal-housing relative motion. Replacing A, in eq. (4.27) and integrating yields
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, 1
Gez = ez + heo(xep — x¢1) — iwco(xczz - xc21) + %1 Chey — i) — Uchy; (4.28)

The outlet flow rate is related to oil left on the housing by

Ac2 = X2 (hcz - hho) + Uchyp, 4.29)

As discussed, for most conditions, the outlet mass flow rate is given by the Reynolds’ condition

that imposes a zero pressure gradient at the outlet:

=0 (4.30)

This leads to no pressure flow at the outlet and g, is given by

UChCZ

42 = = 431)

In this case, the oil left on the housing (hy,) becomes a dependent variable and could be
calculated for oil tracking. However, the outflow must not exceed the supply and q,, is limited

by a non-separating condition, given by eq. (4.29) without outflow to the housing:

Gc2 = Xc2her (4.32)

The last outlet condition is the case where the end of the full-film region reaches the trailing edge
of the seal (x., = x,). In this case, the outlet is fully-flooded, x, is fixed and g, becomes the
unknown.

Similarly, if the inlet is fully-flooded, x,, is fixed and the equation for G, becomes irrelevant as
the exceeding incoming oil flows to the leading flank of the seal. The effect of the accumulation

of oil at the leading edge is not included in the present model.
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The different conditions to solve boundaries of the full-film region are summarized in Table 4.1.
A first order time discretization is used to calculate time derivatives of x., and x., and a Newton

method with a globally convergent algorithm is used to find the unknowns.

Table 4.1 Summary of unknowns and equations for profile lubrication

Inlet condition

Partially flooded Fully flooded (x., = x;)

Reynolds’ cond. Unknowns: X¢q and X, Unknown: x.,

(deh _ 0) Egs.: G, and G, with q., = U.h./2  Eq.: G, with q., = U h./2
. dx, Xes .
=]
=]
!
§ No-separation Unknowns: x., and x,, Unknown: x.,
;;'g (hpo = 0) Eqgs.: G¢q and G, with cp = Xc2h. Eq.: G¢y with qc; = X3k
e

Fully-flooded Unknowns: x.; and q., Unknown: g,

(Xe2 = x¢0) Egs.: G; and G, : Eq.: G¢q

Once the full-film limits are found, the net forces and moment on the profile due to

hydrodynamic lubrication can be calculated. First, the force along x, is given by

hep

zlwh,xc = Pey(hei — heq) + f Pphdhc — Pp(heo = he2) (4.33)
hey

in which the first term is the gas contribution from x. to x., the second term is the

hydrodynamic pressure, and the last term is the gas contribution from x., to x,,. Integrating by

part the second term reduces computing needed by replacing the pressure by the pressure

gradient. This leads to a force along x, given by

, Xz dP. h
nre = ~Peheo + Pk = [ e dx, (434)
c

Xc1
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In which the pressure gradient is known from eq. (4.21) with the value of the h. integral given
by eq. (4.25). Similarly, one can calculate the force along y,

I} *c2 deh
Fony, = PeaXco = PeaXei — f xCFdxc (4.35)
Xc1 4

and the moment around the minimum clearance point

, P 2 P 1 Xcz xz deh_ hgo
phac; = _%' xczo _—;— xczi - L ’zi dx, dx. + P, > - heoheo

c1
h?, Xc2 (h2 dP,
— el (%_ hcihco) - Lm (TC - hchco)d_xz_,cdxc

(4.36)

Hydrodynamic forces and moment are reported to the center of mass reference frame in the same

way as the asperity contact forces and moment:

Fong = Teg Fphe (4.37)

For friction, hydrodynamic shear stress is given by the velocity gradient at the wall from the

pressure flow and the shear flow:

wU, h.dP
N s s el 4.38
Toh =TT D dx (4.38)
Friction force is calculated by integrating the shear stress:
, Xc2
fph,xc =f Tphdxc
Xc1
, (4.39)
fony, =0
f ;;h,ac =0

The friction forces and moment in the center of mass reference frame are given by
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g ;)h,g = Tcg f ;Jh,c (4.40)

4.2.6 Profile Gas Forces and Moment

In starved condition, when the oil supply from the rotor housing is insufficient, the oil film on
the housing detaches from the seal (Fig. 4.14). Gas can flow through the profile clearance and
the pressure distribution on the AS profile can be calculated from lubrication theory applied to
the gas. The approach is similar to the approach to calculate hydrodynamic pressure generation.
The main difference is that the limits of the flow are known and corresponds to the edges of the
seal profile. This simplifies the analysis significantly as there is no need to use an iterative

method as in the hydrodynamic pressure case.

U, I
xC

Fig. 4.14 Gas flow in starved condition

In starved condition, the clearance available for gas flow (h;(x.)) can be approximated by

substracting the oil film thickness on the rotor housing to the total profile clearance:

ha(xc) = he(xc) = hni (4.41)

The oil film is considered a no-slip condition. This approximation is valid because under a
pressure-driven flow the oil velocity is small compared to the gas velocity due to a large

viscosity difference. Also, the pressure due to sliding and squeezing is neglected when
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calculating the pressure distribution as it is much smaller than the typical pressure difference
between the chambers. Finally, the gas flow is approximated as incompressible for calculating
the force, but the mass flow rate is limited by the compressible flow through an orifice when

calculating gas flow for leakage calculation.
Without sliding and squeezing terms, the 1D Reynolds’ equation applied to the gas reduces to

By dPyg
12u, dx,

4 = (442)

in which q, is the gas volume flow rate through the clearance per unit length, Uy is the gas
viscosity, and B, is the pressure on the AS profile due to the gas. Rearranging and integrating

over x, yields

_12ﬂqu.]d03 = Py — Py

in which
1 whie (4.43)

Xco 1
]d = f —dx
03 . h‘31 c

The variable ];43 -is introduced to replace the integral evaluated numerically. The volume flow

rate is then given by:

_ 1 (PCZ - Pcl)
Jaos 12#g

da = (4.44)

Gas forces and moment are calculated by integrating by part to get integrals of the pressure

gradient as is done for the hydrodynamic forces and moment. This leads to
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7 ]d02
Fpg,xc == (Pczhdo - Pclhdi - (Pcz - Pcl) _)
Jaos

) J
Fpg,yc = Peahgo — Porhgi — (Pez — Pcl)'gl_%

Jaos
x2, h3 x% hZ
Fge. = Pe2 (—52 + _;_lg + hao hdo) — Py (’26—1 + % + hdihdo)

(Pez = Pe1) (lazs . Jaor
T (2 += —hco]doz)

in which

Xco x?
Janm =J- h_mdxc
Xer ld

Friction forces and moment are calculated by integrating shear stress at the wall:

1 Jaoz
f;g,xc = _E (Pez = Pe1) 57—
]d03

f;gdb:= 0

f;"g»ac = O

Finally, gas forces and moment are reported to the center of mass reference frame by

' —_ ’
FPH,H - Tc.q FPH.C

and

! —_
fpg,g - T"ﬂ f;’Q,C

4.2.7 Seal Flank Asperity Contact Forces and Moment

(4.45)

(4.46)

(4.47)

(4.48)

The model calculates the forces and moment on both flanks from the asperity contact pressure as

a function of clearance. Flank friction force is calculated based on this contact pressure. As the

friction force is discontinuous when changing direction, a correction is added to make it
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continuous and avoid convergence problem. This section focuses on the description of force and
moment calculations for the trailing flank. The method to calculate the forces and moment on the

leading flank is briefly described at the end of this section.

The first step is to calculate the trailing seal flank clearance as a function of the seal-groove
displacement, geometry and wear (Fig. 4.15). Under small displacement approximation, the

trailing flank clearance (h;) is given by

AG
hy(yp) = =+ %5 = (¥p = H)ag + hup () + hep (Ven) (4.49)

in which y,, is the distance from the bottom of the seal to a point on the flank, AG is the total seal
clearance, H, is the distance from the bottom of the seal to the center of mass, h,,,(¥,) is the
wear thickness on the seal trailing flank, and h,j,(y.p) is the wear thickness on the groove
trailing flank. The y-coordinate on the seal (y}) is related to the y-coordinate on the groove (y,;)

by

Yeb = Y + Hyp (4.50)

It should be noted that H,,, is a function of ¥g and varies throughout the cycle. The groove wear

must therefore be interpolated for every iteration to calculate the clearance in eq. (4.49).
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Fig. 4.15 Trailing flank clearance

«

Asperity contact pressure on the seal trailing flank (Pp,.) is calculated from the simplified
Greenwood-Tripp correlation presented in section 4.2.4. Forces and moment on the seal are
calculated in the trailing flank reference frame (Fig. 4.16) by numerically integrating the contact

pressure:

Ybho
Fl;c,xb = f Pycdyy
Ybi

Féc,yb =0 (4.51)

Ybo
Ft;c,ab = f Yo Ppcdyp
Vbi
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be,ap

Fig. 4.16 Seal trailing flank and center of mass reference frames

Net forces and moment in the center of mass reference frame (Fj, 4) are calculated from

! L, i
‘Fbc,g - Tbg Fbc,b

in which
(4.52)

i 0 0
0 1 0]

B =T 1

and T is the seal thickness.

Shear stress on the seal flank is opposed to the seal-groove relative motion and is approximated

as
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The = _kSCCfSPbC

in which (4.53)

k., = tanh (y—g)
Uso
and Cy, is the seal-groove contact coefficient, taken to be 0.15 unless otherwise specified, and
vy 1s a reference velocity. The variable kg, gives the direction of the velocity and makes the
friction force function smooth. As the contact is highly stiff, it is essential that all functions are
smooth in order for the model to converge. The reference velocity vs, must be chosen much
below the typical radial velocity, which is on the order of 100 mm/s based on the modified
trochoid geometry. Unless otherwise mentioned, the value of vy, is taken to be 0.1 mm/s. A
hyperbolic tangent function is chosen for kg, as it is a smooth function and it converges rapidly

to 1 for positive velocities and -1 for negative velocities (Fig. 4.17).

1 e
- S [ — v_ =10 mm/s 'V
g s0 ./
£ 0% b s v, = 1 mmvs !/
an = s
5 il Yo 0.1 mm/s !
2 J
_—g ."..
g -0.5 ../;
T 1 i sel)
& 1 1 i ] [l 1 1 [ 1 ]
-100 -80 -60 -40 -20 0 20 40 60 80 100
Relative velocity (mm/s)

Fig. 4.17 Hyperbolic tangent function for different reference velocities

The friction force is given by numerically integrating the shear stress.

ft:c,xb =0
: Ybo
from= | Tocd @549
Ybi
fl;:c,ab =4

202



The friction forces and moment are reported to the center of mass reference frame using the
transformation in eq. (4.52). This completes the calculation of the asperity contact friction forces

and moment for the trailing flank.

Leading flank forces and moment are calculated by first changing the expression for clearance

(Fig. 4.18):

AG
hy(Vp) = === x4 + (vr = Hi)ag + hyp (¥7) + her (Ver) (4.55)

yefT

Fig. 4.18 Leading flank geometry.

Forces in the leading flank reference frame are defined by reversing the x-force and the moment
(Fig. 4.19). This allows calculating forces and moment on the leading flank also from equations
(4.51) and (4.54). However, the transformation matrix from the flank reference frame to the
center of mass reference frame must be changed. The forces and moment in the center of mass

reference frame are given by
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F }c,g =T ¥ }c.f

in which
(4.56)
-1 0 0
-H, T/2 -1
T

F'fc.xf F )

!
feay

Fig. 4.19 Seal trailing flank and center of mass reference frames.

4.2.8 Seal Flank Hydrodynamic Squeezing Force and Moment

Oil present between the AS flanks and the groove flanks generates hydrodynamic pressure when
it is squeezed. This pressure changes the dynamic behavior of the AS and reduces the contact
pressure at the AS-groove interface. As a first order approximation, the oil film thickness on the
groove flanks is assumed to be uniform (Fig. 4.20) and to remain constant throughout the cycle
as oil transport around the AS is not included in the present model. Nevertheless, the oil film
thickness on the oil seal flanks (hg) is an input to the model and the effect of varying it is
explored in section 4.3. When the seal is in contact with the oil film, forces and moment are
calculated from the hydrodynamic pressure calculated according to 1D Reynolds’ equation. As

the boundaries of the full-film region are known from seal kinematics, the difference in gas
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pressure can be ignored when calculating the pressure due to squeezing of the oil film. The effect
of gas pressure can be superposed linearly and is described in section 4.2.9. Finally, a smoothing
method is used by modifying the viscosity to avoid discontinuity in the squeezing force when the

seal first touches the oil on the flank.

Fig. 4.20 Oil film thickness on the groove flanks.

Again, the first step is to calculate the clearance and determine the boundaries of the full-film
region. Trailing flank clearance is given by eq. (4.49). Boundaries of the full-film region are
given by two conditions. The first one is that the seal must be in contact with the oil. The second
one is imposed by cavitation of the oil. Whenever the oil pressure goes below cavitation
pressure, the oil cavitates and no hydrodynamic pressure is generated. In order to simplify this
problem, the model assumes that any point on the seal moving away from the groove is in a
cavitation state. This region is therefore excluded from the full-film region. An example of full-
film boundaries is given in Fig. 4.21. In this case, the lower boundary of the full-film region
(vp1) is set by the end of the contact between the seal and the oil on the flank. The upper limit of
the full-film region (y,,) is set by the point at which the relative velocity changes direction.
Above the y, line, the oil is assumed to cavitate and this region does not increase nor reduce

hydrodynamic pressure.
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Fig. 4.21 Example of trailing flank full-film boundaries

Neglecting the small radial seal-groove relative velocity, the 1D Reynolds’ equation reduces to

d h} dP,,,,) ;
_ +h,=0 (4.57)
dyb( 12uy(hy) dy, )~ P

in which P, is the hydrodynamic pressure on the trailing flank of the seal. The viscosity is taken
to be a general function of the clearance to smooth out the transition from no contact to contact
with the oil. The time derivative of the trailing clearance (h,) is given by taking the time
derivative of eq. (4.49):

hy (V) = %5 — (v, — H)d, (4.58)

Similarly to the profile clearance time derivative, h;, can be expressed as a function of the
translational speed of the lowest point (A, see Fig. 4.15) and the rotational speed around that

point (cy):
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hy () = hpo — Yy
in which
hpo = 3 + Hia, (4.59)
and

Replacing h,, in eq. (4.57) and integrating over y,, yields

dPyn,  12u,(hp) , Vi ,
dy, = hg Yphpo — 2 + Cpy (4.60)

in which Cp; is a constant of integration that is found by integrating again over y, and applying

the zero-pressure boundary condition at both ends:

1/ . @
Cp1 = —(—hbo]ms + _]b23)
Jros 2

in which (4.61)

3 fy"z ty(hy) b
]bnm - —m

hgt dyb

Yb1

Forces and moment are calculated by integrating the pressure and carrying integration by part to

get an integral of the pressure gradient explicitly, as shown in egs. (4.33) and (4.34):

’ 4 db
Fypy, = —12 (hb0]b23 —7]1;33 + Cbl]b13)

Fypy, =0 (4.62)

, , dp
Fong, =6 (hbojb33 - 7]};43 + Cbllb23)
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The last step in calculating the flank hydrodynamic pressure is to set the function for viscosity. If
the viscosity is taken to be constant all the way to the maximum oil film thickness, the force is
not continuous as a function of clearance. For example, if the seal moves from the leading flank
to the trailing flank, it would come in contact with the film at high velocity. So, even for a very
small interference between the seal and the oil on the flank, say 1 nm, the hydrodynamic pressure
generated would be very large. On the other hand, if the seal is just outside of the oil film, say
1 nm away, there is no hydrodynamic pressure generated. There is therefore a discontinuity in
the contact model and the model cannot converge to a solution that satisfies Newton’s second
law. In a real system, this situation would not occur as the oil film on the flank is not flat to the
nanometer level. There would thus be a continuous increase of hydrodynamic pressure as
clearance is reduced. To solve this problem, the viscosity can be modified so there is no
hydrodynamic pressure generated at a clearance equal to the maximum oil film thickness, but
rises rapidly to the value of the nominal oil viscosity. A trigonometric function is chosen to

satisfy those conditions:

h
( u for h—: <h
2
pp(hp) = | (’_lz_ h*) (4.63)
pcos| = " or —
\ 2 1-h; h, ®

in which hj, is the value of the normalized clearance at which the viscosity starts to decrease.
Unless otherwise specified, h;, is taken to be 0.75. The resulting viscosity as a function of

clearance is shown in Fig. 4.22.
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Fig. 4.22 Viscosity as a function of AS flank clearance

The leading flank hydrodynamic pressure is calculated in the same way as for the trailing flank.
The only new difference added to the differences mentioned in section 4.2.7 is that the time

derivative of the flank clearance must be changed to

hy(vr) = hpo — yrdy
in which
heo = —%, — Hidy (4.64)
and

af = —O.'g

4.2.9 Seal Flank Gas Force and Moment

In the case where the seal is in contact with the oil, the pressure at the full-film boundaries
pressurizes the oil film and increases the hydrodynamic pressure (Fig. 4.23a). As discussed in the
previous section, this effect can be added to the squeezing effect as Reynolds® equation is linear.
When the seal loses contact with the film, the pressure distribution on the flank can be calculated
from the gas flow through the open clearance (Fig. 4.23b), as shown in section 4.2.6 for the AS
profile. Modeling the hydrodynamic pressure and the gas pressure independently would create a
discontinuity in the forces and moment when the seal either enters the film or leaves the film.
One could solve the exact velocity profile of the combined oil and gas flow at the interface by

matching their velocity and shear stress at the interface (Fig. 4.24a). However, this would lead to
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a cumbersome expression for the pressure gradient and would still require switching between
two models. Instead, the apex seal model uses simplified velocity profiles by setting the velocity
at the oil-gas interface to zero (Fig. 4.24b). This approximation gives an exact solution for an
only-oil film. It also converges rapidly to the exact solution when the gas clearance increases to
only a small fraction of the total clearance as the oil can be considered as a wall. Only when the
gas film is very small that this simplified model does not lead to the exact solution, but predicts
the correct trend, only the numerical constant in the final expression would differ. Furthermore,
this situation typically only happens for one time step in a transition from one flank to the other.
This simplified velocity profile approximation simplifies the expression for the pressure gradient

significantly and makes the forces and moment continuous as a function of clearance.

Poo =P Py, = P, —
- . |

%

Ppy = P, Py =Py

(a) (b)

Fig. 4.23 Extreme conditions for flank gas pressure calculation: (a) seal in contact with the oil film
and (b) large gas clearance

210



Oil Gas il Gas
Groove Seal Groove Seal
flank <, o flank flank N Y ¥ o flank
\J
hi(vp) he(yy)
———y <——>

(a) (b)

Fig. 4.24 Oil and gas velocity profiles in the seal-groove clearance, (a) exact and (b) simplified.

Under the simplified velocity profile approximation, the total volume flow rate through the

interface (q;;) is given by

qit =

(4.65)

B h (vp)  hE(p)\ dPog
12u 12u, /) dyy

in which h;(y}) is the oil film thickness, h, is the gas clearance, and Py is the pressure from the
gas pressure effect. A new variable is introduced for the oil film thickness (h;(yp)) as it can
decrease below the maximum oil film thickness on the flank (h,) when the seal is in contact with

the oil film. Assuming a constant total volume flow rate, integrating eq. (4.65) over y, and

applying the boundary conditions on pressure yields

s = Py, — Pyy
* 12 Jir03
in which (4.66)
Yoo (RM(yp) WP (p)\
Jitnm =J- ylr)l( L8 R £2b dyy
Yb1 H .ng

Again, forces and moment are calculated by integrating the pressure and carrying the integration

by part to get an integral of the pressure gradient explicitly, as shown in egs. (4.33) and (4.34):
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I ]l
Fpg.x, = Pb2Ybo — Po1¥bi — (P2 — Pp1) l:z

Fogy, =0 (4-67)

1 Jitz3
R 2 2
Fyga, = _E(Pbebo = Py1Ypi — (Ppz — Pp1) ]uoa)
Finally, forces and moment on the leading flank are calculated by changing the expression for

clearance and the x-force and moment directions, as shown in section 4.2.7.

4.2.10 Under-Seal Contact and Gas Forces
Two more forces are applied under the seal in addition to the spring force. First, gas in the
groove pushes the seal radially outward. Second, if the seal enters the groove too deep, it

compresses the springs completely and hits the bottom of the groove.

Gas force under the seal is calculated by multiplying the pressure under the seal (B,) by the
projected area (A =T X L).

Contact force under the seal is modeled with the simplified Greenwood-Tripp correlation. In
most conditions, the contact force under the seal is zero. Only when the seal enters the groove

radially more than on the order of 1 mm that the contact force limits its displacement.

4.2.11 Gas Flow Sub-Model

An adequate prediction of gas flow is essential as it allows predicting correctly pressure in the
AS groove that strongly impact seal dynamics. An adequate prediction of gas flow also allows
predicting gas leakage and evaluating how good a design is at sealing the high pressure gases in
the combustion chamber. In most conditions, the flow rate at the interfaces is correctly predicted
by lubrication theory, which is used to calculate gas forces. However, for some conditions, the
flow predicted by lubrication theory can exceed the flow through an isentropic orifice, which is
not a physical situation. The flow through an isentropic orifice is set as the upper limit on mass

flow rate.
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All the dominant gas paths are considered in the model (Fig. 4.25). Gases can leak from one
chamber to the other whenever there is a clearance between the seal profile and the rotor
housing. Gases can flow in and out the groove through both flanks of the seal when the seal is
not in contact with the oil film. Gases also leaks through the corner seal clearance, the side piece

corner and the spark plug holes.

Profile leakage Side piece corner leakage and
mass flow spark plug hole leakage
Pl
Ty, * My + 1y

P, P il o N P, P, P P

e 4

my m
el k&
Trailing g Leading
groove flank groove flank
mass flow mass flow
Corner seal
leakage
B, B a1 S
@ (b) myq + My + My

Fig. 4.25 (a) Mass flow rate per unit length around the AS and (b) additional leakage paths
considered in the model.

Profile mass flow rate per unit length (11;,) is calculated based on the profile volume flow rate

(qq) calculated in eq. (4.44):

My = Peqq (4.68)

Gas density (p,) is approximated as
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__Pcz'l'Pcl

in which R, is the gas constant and 7, is the groove temperature. Air properties are used
throughout this thesis to estimate gas properties. The seal is assumed to be at the same
temperature as the groove as they are generally in good thermal contact. The mass rate through
the profile is limited to the flow through an isentropic orifice at the minimum clearance. The
methodology to calculate an isentropic flow is widely available in the literature. The specific

notation is taken from Tian [56]. In this case, the mass flow rate per unit length is given by

_ CpheoPy

m, =
p.max m fm

in which
y+1
( 1/2( 2 )Zy—l ¢ PD<( 2 )V—Ll
¥ y+1 orPU_ y+1 @70
f = -1 1/2 .
" (PD)lly 2y (PD)Y—Y_ for Pp S ( 2 )ﬁ
\ Py y+1 Py Py y+1
and

Pp\?
Cp = 0.85 — 0.25 (—)

Py
In eq. (4.70), Py is the upstream pressure, Pp is the downstream pressure, Ty is the upstream
temperature, and y is the ratio of specific heat. Upstream temperature is taken to be groove
temperature. Upstream and downstream pressures alternate between leading and trailing chamber
pressures depending on the crank angle. Finally, the first condition for f,, is a choked flow at the
minimum section and the second condition for f,, is a subsonic flow with the downstream

pressure as the static pressure at the minimum section.

Calculation of flow through the flank clearance is similar to calculation of flow through the

profile clearance. Flow rate for force calculation given by eq. (4.65) includes both oil and gas.
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The trailing flank volume flow rate of gas must be calculated separately for the gas flow model

and is given by

Py — Py

= 12p4]t03

in which 4.71)

Yb2 1
Jor= [y
o RO

Trailing flank mass flow rate per unit length (771;,) is given by

My, = ppqp (4.72)
in which gas density (pp) is approximated as

_Ppa+ Py

Trailing flank mass flow rate is also limited to the isentropic mass flow rate through an orifice as
given by eq. (4.70) with the clearance h., replaced by the minimum trailing flank clearance

(hp min)- The leading flank mass flow rate is calculated in the same way.

For both the leading and trailing flanks, gas flow does not directly mean leakage because part of
the gas accumulated in the AS groove during compression and combustion returns to the high
pressure chamber during expansion. For flank gas flow, leakage is defined as any flow toward

the low pressure chamber.

The AS groove is connected to the corner seal (CS) groove with almost no restriction to the flow
(Fig. 4.26). In turn, the corner seal groove exchanges gases with the rotor side and both adjacent
chambers through the corner seal clearance (Fig. 4.27). The model approximates those flows as
fully-developed flows between two parallel plates limited to the isentropic flow through an

orifice (Fig. 4.28). The corner seal clearance is approximated as being uniform around the
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circumference. In reality, the position of the corner seal is determined by a force balance that
includes the pressure distribution around the corner seal, the friction force with the side housing,
and the reaction forces with the two adjacent side seals. The displacement of the corner seal
changes the leakage flow rate as the clearance has a higher power than the width in the fully-
developed flow rate equation. This effect is neglected in the present model to avoid modeling all
the gas seal simultaneously. The calculated leakage flow rate is still expected to be on the right

order of magnitude.

| ""]
1l

(a) Rotor side view (b) Section view A-A

Apex seal Apex seal Corner seal
groove groove

Ly

Corner seal Corner Corner Corner seal
clearance seal seal clearance

(c) Close-up view C of the apex seal, corner seals and their grooves

Fig. 4.26 Connection of apex groove to CS groove and leakage from CS groove to the side of the
rotor through CS clearance.
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Fig. 4.27 Length of the sections of the CS clearance (close-up view B).

& ﬂ/ﬁ z

Wia

Fig. 4.28 Simplified flow model for the CS clearance.

Assuming a uniform corner seal clearance, the total volume flow rate to the rotor side from the

corner seals on both sides of the rotor (Q,,) is given by

(AC)B Pu ] Pa
=2W, 4.74
Qla la 12#3 Ll ( )

in which W, is the arc length of the corner seal clearance connected to the rotor side, AC is the
corner seal clearance, P, is the pressure on rotor side, and L; is the length of the corner seal
clearance. The pressure on the side of the rotor is approximated as atmospheric as the side of the

rotor is connected to either the exhaust or the intake port during most of the cycle.
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Leakage mass flow rate to rotor side (1) is given by

Mg = P1aQia (4.75)

in which gas density (p,,) is approximated as

_ Bt

(4.76)

Again, mass flow rate is limited to an isentropic flow through an orifice. Mass flow rate to the
leading chamber (1) and mass flow rate to the trailing chamber (1h;,) are calculated in the
same way, but changing the width and using appropriate pressures to calculate density. As is
done for flank leakage, leakage through the corner seal clearance is defined as flow toward the

low pressure chamber.

The side piece avoids leaving a clearance all along the AS end (Fig. 4.29). However, there is an
orifice left open even when the side piece moves to close that clearance. The side piece orifice
area (A,,) is approximated to be constant and is taken to be 0.04 mm? unless otherwise specified.
Leakage mass flow rate through the side piece orifice is calculated from an isentropic flow

through an orifice, as shown in eq. (4.70), between the leading and trailing chambers.

Rotor P——
i rifice le
AS main housing Clearance at Main piece open (A,)
piece \ AS end displacement
Side
housing
| AS side Side piece
piece displacement
() (b)

Fig. 4.29 (a) AS end clearance and (b) orifice left once the side piece has closed the AS end clearance
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The last leakage path considered is the leakage through the spark plug holes. When the apex seal
passes on the leading or trailing spark plug hole, the model calculates the minimum area open for

the flow and computes mass flow rate leakage based on an isentropic flow through that area.

4.2.12 Beam Model

The objective of this section is to derive the error function for the seal position and deformation

given by the finite element form:

{Ga} = [Kl{Xa} + (Ma){Xy} — (Fa} (4.77)

in which G, is the error vector, X is the displacement unknown vector containing all the

information necessary to reconstruct the seal displacements (x4, ¥, and a,) as a function of the

position along the seal (2), X, is the second derivative of the unknown vector, K, is the stiffness

matrix, M, is the mass matrix, and F; is the force vector.

The beam finite element method to derive the error function is adapted from a method invented
by Baelden [47] for conformability of piston rings. The method uses coarse beam elements with
polynomial interpolation to calculate the displacements on a finer contact grid. This method is
the most adapted method to handle the inherent multiscale modeling of the deformable AS
dynamics. AS geometry is simpler, when compared to piston rings, as the AS can be modeled as
a straight beam so the displacements are decoupled. However, the model has to handle
discontinuities in the neutral axis due to section changes (Fig. 4.30). Those discontinuities are
handled by introducing two set of nodes: the U-nodes and the X-nodes. U-nodes are the nodes at
the end of each beam elements. X-nodes are the intermediate nodes that connect the adjacent
beam elements. Values at the X-nodes are the unknowns contained in the unknown vector X,.
From the X-node values, the model can calculate U-node positions and their derivatives from
which the shape and position of the seal can be reconstructed. In this section, the lateral
displacement (x,) is first used to show the derivation of the terms of the mass and stiffness
matrices and the terms of the load vector. The method is then extended to the radial displacement

(¥4) and the section tilt (@,). Finally, the switch from U-node displacements to X-node values is

explained to get to the desired form of the error equation.
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Neutral axis

Fig. 4.30 AS neutral axis and difference between X and U nodes.

First, the seal neutral axis is split in a series of beam elements (on the order of 10). For a given

element, the lateral displacement (x,) is given as a function of an isoparametric variable (1), as

shown in Fig. 4.31. The isoparametric variable () is related to position along the element by

z=L.n 4.78)

in which L, is the length of the beam element.
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Fig. 4.31 Lateral displacement and close-up view of one beam element

The radial displacement is mainly caused by the bending moment. The shear force of the section
generates much smaller displacement and could be neglected in order to only reconstruct the
displacement in a single straight beam element. However, the shear force is needed at the
neutral-axis discontinuities in order to switch between U-node and X-node values. In order to
calculate the shear force locally, the radial displacement is taken to be the sum of the two modes

of deformation:

Xg M = xm(m) + x,(M) 4.79)

in which x,, is the lateral displacement caused by the bending moment and the rigid-body
motion, and x, is the lateral displacement caused only by the shear force. In order for the

bending moment to be continuous at the nodes, x,, is described by Hermite quintic polynomials

6
Xm() = ) NG Usmye (4.80)
k=1
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in which U,,,, refers to the k™ components of the nodal x,, displacement vector

{Uym} given by

T
{Uxm} - {{Uxm]i} . { ax‘n’l.l azx‘l’."tl ame amez] (481)

{Uxm}z = 1%muv an ’ anz » Xm2, an ’ anz

in which the subscripts 1 and 2 refer to the first and second nodes of the element respectively,
and the superscript T refers to matrix transpose. The vector {U,,;} contains the three
displacements of the first node and {Uy,,} the three displacements of the second node. Quintic
Hermite polynomials are designed to decompose the displacement within the element in 6 shape

functions (Fig. 4.32) and are given by [47]

Ngi1 =1— 1073 + 157* — 6n°

Ng2 = L.(n — 6n* + 8n* — 3n°)

(4.82)
Noa = 10n® — 15n* + 6n°

Ngs = Lc(—4m3 + 7Tn* — 31°)

n’ n’
—_ J2 2 7% i
Nos LC(Z + 2)

I 02 0.02
> 2 0l ° 0,015
P SN =
ja | o=} =)
2 05 2 0 2 00l
~ N— "'1
P = i = 0,005
0 02 0
0 05 1 0 0.5 1 0 0.5 1
n 7 "
(@) (b) (c)

Fig. 4.32 Quintic Hermite polynomials for a unit length element
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Hermite cubic polynomials (N;) are sufficient to get a continous shear force at the nodes. Thus,

x, is described by

4
X (1) = ) Nesem Ui (4.83)
k=1

in which U, refers to th k™ components of the nodal x, displacement vector
{U,p} given by

T

dx dx
{x,,l, a;;l %oz a:;z} (4.84)

Wt = {20

Cubic Hermite polynomials are constructed to decomposed the displacement within the element

in 4 shape functions (Fig. 4.33) and are given by

Ney=1-3n2+2
Neo =L —2n%+1?)
(4.85)
Nez = 3n* — 2n?

Nca = L.(—1% +12)

NCland ch
=3
wn

N zand NC4
=

0
0 0.5 1 0 0.5 1
U 1
(a) ®)

Fig. 4.33 Cubic Hermite polynomials for a unit length element
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Stiffness and mass matrices as well as the load vector are derived based on Euler-Lagrange

equation, for which the i term is given by

d oL 9L

- =F, .
dtau;, oU; (4.86)

in which £ is the Lagrangian function, U; is the i™ displacement, and F; is the i generalized

force obtain from the work done by external forces (W) during a virtual displacement, written as

aw

F; = ETTA (4.87)
Considering strain energy (U) and kinetic energy (¥), the Lagrangian function is given by
L=-U+X , (4.88)
Replacing in eq. (4.86) and rearranging yields
ou dox ow 4.89)

=30, T @an, " 77,

The goal is to derive the expression of those derivatives as a function of the node displacements.

First the strain energy for x,; displacement can be written as

Leq Leq
U= [ Mz + [ hmnmds (490

in which M, is the moment around the y-axis due to x-curvature, k, is the projection of the
curvature in the X-Z plane, V, is the shear force, and y, is the slope due to shear. By definition,
the moment and curvature are calculated from the x,, displacements and shear force and shear
slope are calculated from x,, displacements. Replacing moment, curvature, shear force and shear

slope, and changing integration variable to n yields
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EL. ! (azxm)z koGL. (1 (0%x,\°
u=—< 1 () 4+ fA( )d 4.91)
2 )y \agz ) T2 ), \an) 4

in which E is Young’s modulus, I, is the section moment of inertia for the x-displacement, k, is
the form factor to calculate shear deflection, G is the shear modulus, and A is the cross-section
area. Section properties are left inside the integral so the model is flexible and could admit
variable section along the element. Displacements can be replaced by the derivatives of the

Hermite polynomials:

6 2
u:—.ijll %U dn+kaG
213 ), % L on? xm.k 2L,

This expression can be rewritten in the form

2

4
1 oN,
f 4 z——%va,k dn  (4.92)
0 on

k=1

U= ;'{Uxm}T [Kem{Uym} + %{va}T (K l{Ux»} (4.93)

in which [K,.,] is the bending stiffness matrix, and [K,,,] is the shear stiffness matrix. The terms

of the 6x6 bending stiffness matrix are given by

. E [ 98%Ng; 0%Ny;
me,ij = L—%fo I, —_61)2 77—2'—(177 (4.94)

The terms of the 4x4 shear stiffness matrix are given by

koG 1AaNC,i ONc
L. J, 9dn on

Kwij = dn (4.95)

As the stiffness matrix is symmetrical, taking the derivative of eq. (4.93) with respect to the it

terms of the {U,,} displacements yields

ou
ETT Z Kim,ijUsxm,j (4.96)
xm,t }
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Similarly, the derivatives of the {U,,,} displacements are given by

au
W Zva.u Usy,j (4.97)

Second, the kinetic energy can be written as

L. (1
x == fo ' G ()2 4.98)

in which m’ is the AS mass per unit length. The contribution of x,, in the kinetic energy is
neglected as it is much smaller than x,,. Replacing the velocity by Hermite polynomials in the

expression of the kinetic energy yields

2

6
L. .
K== fo w (Z NQ,k(n)um,k) dn (4.99)
k=1 .

This expression can be rewritten in the form

X= %{Uxm}T [Mxm]{Uxm} (4.100)

in which [M,,,] is the 6x6 mass matrix for x-displacements, and its terms are given by

1
Mym,;ij = L¢ ] m'Ng,;No ;dn (4.101)
0

Taking the derivative of eq. (4.100) with respect to the i terms of the time derivative of the
{U,m} displacements yields

—_— = z Mxm,ijl:,xm,j (4.102)
J
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Taking the time derivative of eq. (4.102) yields the kinetic energy term in Euler-Lagrange

equation

d 0K

T30, ZMxm,ijUxm,j (4.103)

Third, for the load vector, work from external forces can be written as

1
W = ch Fi,xg(m)dn (4.104)
0

in which Fx’g is the sum of the forces along x,; per unit length calculated in sections 4.2.2 to 4.2.9.
Splitting x,; into x,, and x,,, and replacing by their respective Hermite polynomial expressions

yields

) 1 6 1 4
w = Lc[ Fx'g (Z NQ,k(U)Uxm,k) dn + Lcj Fx'g (Z Nc,k(ﬂ)Uxu,k) dn  (4.105)
0 k=1 0 k=1

This expression can be rewritten in the form

W = {Ugn} {Fem} + {Uso}" {Fr} (4.106)

in which the 6 terms of the x-bending load vector {F,,,} are given by

1
Femi = ch Fx'gNQ,idn (4.107)
0

and the 4 terms of the x-shear load vector {E,,,} are given by

1
Fevi = Lc[ Fx,gNC,idn (4.108)
0
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Taking the derivative of eq. (4.106) with respect to the i terms of the {Uym} displacements
yields

: =F.. .
I xm,i (4.109)

Similarly, the derivatives of the {U,,,} displacements are given by

ow

m = va,i (41 10)

All the components are derived for the x-displacements in one element, and can be assembled in

the desired error function form based on Euler-Lagrange equation:

{0} = [me]{Um} + [Mxm]{ﬁxm} = {Fem} (4.111)

and

{0} = [Kepl{Usy} + M ]{Ur} = {F} (4.112)

For the y-displacements, y,(n) is splitted a component due to bending (¥,,,(17)) and component
due to shear (y,,,(1)):

Yg(m) = Ym(M) + ¥ (1) (4.113)

This decomposition is introduced for symmetry between the x and y displacements.

Displacement vector are introduced for both components:

0Ym1 0%ymy 0Ymz2 0% Yma

T
= —_ = 4114
{ymll an ) anz :Ym2: an » anz } ( )

{Uym}l}

{Uym},

)=

and
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{Uy”}l 0y Y2 d
{va} = {{va}z = {}’m,—gﬁ-,}’vz.w} 4.115)

Derivation of the mass and stiffness matrices as well as the load vector is the same as for the x-

displacements, except the moment of inertia is replaced by I,, and the external force by F}fg.

For the tilt of the section (@), cubic interpolation is sufficient as it guarantee that the torsion is

continous at the nodes. Section tilt along the seal is described by

4
ag() = ) NexlUa (4.116)
k=1
in which {U,} is given by
{Uzh dag, dagz)"
U ={ }={a Lo } (4.117)
tUa} {Us}a gt an 92 an

Derivation of stiffness and mass matrices as well as load vector is similar to the x and y

displacement due to shear (x,, and y,,). The terms of the 4x4 stiffness matrix are given by

JON-~; dN
Koy = ffa G =l gy @.118)

in which J, is the torsion constant. The terms of the 4x4 mass matrix are given by

1
My = ch IgN¢,iNc jdn (4.119)
0

in which I is the moment of inertia per unit length. Finally, the 4 terms of the load vector are

given by
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1
Foi =L, f Fa Nedn (4.120)
0 .

Before switching to the X-node values, the mass, stiffness and load matrices must be assembled
for a displacement vector containing all the displacements. This combined displacement vector

{U} contains 24 terms and is given by

0 ={y)

in which
r{Uxm}ﬂ ’ r{Uxm}Z\ (4.121)
‘ {va}l {va}z
W = {Wml, } 5 (0} ={Uml, }
{va]l {va}z
\ {Ua}l J \ {Ua}z J

The combined stiffness matrix is given by

_[[Kvl1  [Kyliz
ol = [ Gl @12
in which the 4 terms are given by
[Kemlpg
[va]pq
[Kylyg = [Kym],, (4.123)
K0,
[Kalpq.

and the indices p and g run from 1 to 2. The terms of the stiffness matrix of each displacement
are obtained by splitting the matrices in four. For example, the terms of the stiffness matrix

[K,m] are obtained from

230



_ [(Kxmlas [me]u] (4.124)

[me] B [me]21 [me]zz

in which [K;,],4 are 3x3 matrices. The terms of the combined mass matrix are identical to the

combined stiffness matrix. The load vector is given by

_ ({(Fyh
{Fy} = {{FZ}Z} (4.125)

in which the 2 terms are given by

({Femlp)
{F;cv}p

(Fo}y = { (Bm},, (4.126)
{Bw},
\ {F a}p J

Those components can be assembled in the desired error function form for the combined

displacements:

{0} = [Ky (U} + My {0} - (Fy) (4.127)

To connect the elements the X-node values are defined halfway between the U-node of the

previous beam element and the U-node of the following element (Fig. 4.34).
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Fig. 4.34 Isometric view of the neutral axis of one beam element for the conversion between U-node
and X-node displacements.

The unknown vector X for one beam element is composed of displacements, forces and moments

at the first and second X-nodes. The combined unknown vector is given by

. {gg:} (4.128)

in which
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((Xmn) ({Xxmn}2)
{Xxvn}l {Xxvn}z

{X}; =1« {Xymn}l r ;o (Ul =4 {Xymn}z >
{XY”"}1 {van}z

\ {Xan}l / \ {Xqn}2 /

The unknown vector at one node for x-displacements due to bending moment is given by

ox T
Xymnlp = {xmn,p,ﬂ,Mxn,p} (4.129)

on
in which X, is the x-displacement of the X-node due to bending moment and M, is the
bending moment at the X-node. The subscript can be 1 or 2 and refers to the first or the second
node of the beam element of interest. The displacement of the X-node can be related to the

displacement of the U-node by

AH,

Xmnp = Fmp = gp — T (4.130)

in which AH,, is the height of the discontinuity in the neutral axis between the neighbouring
elements and the beam element of interest. Positive directions of AH, and AH, are shown in Fig.
4.34. The second term of eq. (4.130) is the difference in x-displacement between the X and U
nodes due to twisting and shows one of the reason why the two set of nodes have been

introduced. The derivative is approximated to be continuous and

(4.131)

The second derivative is replaced by the moment at the X-node because it needs to be continuous
from one beam element to the other so that the net moment on the node is zero. From a force

balance on a node (Fig. 4.35), the moment at the node is given by

2%x
Mynp =My, = Elx'ﬁ (4.132)
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Fig. 4.35 Force and moment balance on the first and second nodes of a beam element
The unknown vector at one node for x-displacements due to shear force is given by

T
Kavndp = {Xonps Vinp} (4.133)

in which x,,,, , is the x-displacement of the X-node due to shear force and V,,, , is the shear force

at the X-node. As the twisting effect is included in x,,,, the x-displacement due to shear force is
the same for the X-node and the U-node:

Xonp = Xup (4.134)
The shear force at the node is given by
ox
Vinp = Vap = kaAG —% (4.135)
on
Similarly, the y-displacements are given by
T
aymn,p T a Ymyp a Zy 'm,p
{Xymn}p = {ymn’p'T' Myn,p} = {Ymp» an Ely o (4.136)
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and

T

{Xymn}, = Yo Y} = {yv,,,,kaAG a;;,,,} (4.137)
The a-displacements are given by
Hymn), = {@nps Tup) (4.138)
The section tilt is the same at the X and U nodes:
Qnp = Agp (4.139)
The torque at the X-node is given by
Top =Tp + % Vap = Gla ag% + % ko AG a;;,,, (4.140)

The transformation from U-displacements to the unknown vector X can be summarized by

{X} = [Tyx]{U} (4.141)

in which the transformation matrix [Tyx] can be decomposed in one matrix for each node:

_ [[Tuxh [0]
[Tux]—[ ’[’6‘] ! [Tux]zz] (4.142)

and the matrix for each of the two nodes is given by
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AH,
El,

k,AG
[TUX]pp = 1 (4143)
EL,

k. AG

AH,
ot (2

Under this transformation, the error function for one beam element becomes

{0} = [Kxl{X} + [Mx){X} - (Fx}
[Kx] = ([Tyx} DT [Ky1[Tyx] ™2,
[My] = ([Tux} DT Myl Tyx] ™,

{Fx} = ([Tyx]™ O {Fy}

in which
(4.144)

and

The error function for all the nodes (eq. (4.77)) is assembled by adding the effect of the beam

elements on both sides of each node. The unknown vector is given by

X
{X,) = {X%m (4.145)
{X}(ne)

in which superscripts refer to the beam element number, and n, is the number of beam elements

used. The global stiffness matrix is given by
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Ky 1Y [Ky]Y

k1D (K1Y + [Ky] 2D [Ky)?
[K,] = [Ky]P [Ky12) + [Ky]D (4.146)

[Ky1%5
(K10 [Ky1 50,

The global mass matrix is assembled the same way as the global stiffness matrix. Finally, the

global load vector is given by

( {(F)® )
{FSP + (F)®
(Fy=1 FP+ER

v

(4.147)

(FF + (R}
S 1%

4.2.13 Solver

The model starts the calculation at 0 CA with the apex in the center of the groove and the apex
profile clearance at four times the roughness. It then uses a forward Euler method to calculate the
time derivatives and an implicit globally convergent Newton method [57] to find the unknown
vector that satisfies the error function. For all the following steps, the model first tries an explicit
time step and then iterates to solve the error function. Finally, the detailed gas flow and dynamics

results are used to calculate sealing performances, such as gas leakage, friction and wear.

The complete unknown vector is assembled from the node displacements and the gas mass in the

groove:

{x,} = {{X"}}‘ | (4.148)

mg

The equation for all the residuals is given by
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{Ga}
{Gg}= { Gmg} (4.149)
in which the residual of the error function on the mass of gas in the groove is given by a mass

balance on the groove volume

L
Gmg = (f “‘m;, - m} dZ) - Thm - mu - mlt - mg (4.150)
0

For every time step, the model finds the elements of the unknown vector that results in residuals
below a desired convergence criterion which is chosen to insure that the dynamics, gas flow and
deformations are correctly solved (Fig. 4.36). The model starts with an explicit time step. For
every iteration in the dynamics loop, the model calculates the forces, including iterating to find
the force on the AS profile in the lubrication loop. If the residuals are below an acceptable
tolerance, the model moves to the next time step. If not, the model recalculate a new set of
displacements and mass of gas in the groove based on an optimal step in the direction given by
the Jacobian matrix and a length given by the globally convergent algorithm. The Jacobian

matrix is derived analytically to greatly accelerate calculations.
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Fig. 4.36 Solver scheme for one time step

4.2.14 Discretization

Time and space needs to be discretized properly in order to calculate dynamics and resulting
forces. Time is discretized based on the engine crank angle. A short CA step must be chosen to
accurately predict the fast transitions from one groove to the other. A step of 0.1 CA is chosen.

Along the seal, the number of beam elements must be about twice the number of local extrema in
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the rotor distortion or groove deformation. As there is typically up to 4 local extrema in the rotor
housing distortion, 8 beam elements are used. Model predictions show that sealing performances
are almost independent of the number of contact points on the seal, which is the number of points
used to evaluate the integrals to evaluate the load vector. Ten contact points per beam elements
are used to evaluate the forces, which is equivaient to one point every millimeter. However, the
number of contact points to evaluate the stiffness and mass matrices must be higher in order to
get accurate results. As the stiffness and mass matrices are only calculated once at the beginning
of the cycle, computing cost is low and therefore 100 contact points are used. When calculating
the forces, the distance along the profile and the flank must also be discretized. As the profile is
sharp, a large number of cells are needed to accurately predict the pressure generated close to the
minimum clearance. Five hundred cells are used for the entire profile, and the vector is trimmed
based on the full-film limits when evaluating the numerical integral for the hydrodynamic forces.

The number of cells on the flanks is not as critical and 100 cells are used.

4.2.15 Validation of Approximations

To satisfy the rigid cross-section approximation, the apex should not experience plastic
deformation. The maximum contact pressure predicted on the AS is on the order of 200 MPa,
both on the profile and on the flank. This maximum pressure is reached in absence of lubricating
oil, without wear on the groove and apex flank, and at maximum load and rpm. The deflection
caused by the maximum force on the apex should also not generate a deflection much larger than
the roughness for the model prediction to be accurate. This deformation can be estimated by
calculating the deformation of a cylinder pressed towards a flat plane at the maximum lateral
force the AS experiences. The compression (§) of such a cylinder can be calculated from a

Hertzian line contact [58] given by

4F (1 -2
§=—|— (4.151)

in which F is the force applied on the AS, L the AS length, and v is Poisson’s ratio. It can be
noted that the deformation is independent of the radius of the cylinder, which is convenient in

validating the approximation for all AS geometry. Under the maximum force, on the order of
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1 kN, the deflection is on the order of 0.1 um. As this is on the order of the roughness, even for

the worst case scenario, the rigid cross-section approximation can be considered valid.

The constant temperature gas flow approximation can be validated by comparing convection to
advection, or more specifically, by comparing the heat flow to the walls and the energy carried
by the thermal capacity of the gas through the flank clearance. From scaling argument the

criterion for the approximation to be valid is given by

%: St%» 1 (4.152)
in which h,,,, is the convection coefficient, A is the clearance cross-section area, mi is the mass
flow rate through the clearance, ¢, is the constant-pressure specific heat, AT is the temperature
difference from inlet to oultet of the channel, St is the Stanton number, H is the height of the AS
and hg is the flank clearance. The Stanton number compares the heat transferred to or from the
fluid to the thermal capacity. The criterion in eq. (4.152) also includes a geometric ratio due to
the difference in scale between the width and length of the clearance. From model predicted gas
flow, the minimum value that this criterion reaches is 100, which valids the approximation of

considering the gas to be at the same temperature as the groove.

The last approximation can be validated by comparing the leakage mass flow rate to the engine
mass flow rate. At 2000 rpm the total predicted leakage is 5 g/s, which represents 12 % of an
engine mass flow rate of 43 g/s estimated from a displacement of 1.3 L and a volumetric
efficiency of 1. At 8000 rpm the total predicted leakage is 12 g/s, which represents 7 % of an
engine mass flow rate of 174 g/s. It is reasonable to assume that the chamber pressure does not

vary significantly enough due to leakage to change the dynamics and gas flow drastically.

4.2.16 AS Model Formulation Conclusions

A model is formulated to predict the deformable AS dynamics coupled to the surrounding gas
flow. The model is formulated to take into account the specifics of the rotary engine geometry

and kinematics while including the same level of detail as state-of-the-art models for piston
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rings. The model considers all the dominant forces including the forces caused by asperity
contact, hydrodynamic and gas pressure distribution. Formulation of all forces is designed so
they are continuous as a function of clearance and seal tilt. While this feature adds complexity, it
is essential to obtain convergence for a wide range of engine geometry and operating conditions.
In brief, the model is capable of assessing AS sealing performance, including leakage, wear and

friction, for a large number of design parameters.

4.3 Model Predictions

The AS model is capable of predicting dynamics and deformation of the seal coupled to gas
transport for a range of engine geometry and operation conditions even if the system is highly
numerically stiff. From the detailed résults, sealing performance is assessed based on leakage,
contact pressure and friction. It is found that for most cases the seal can conform to the distorted
groove and to the rotor housing and the effect of groove and housing distortion on leakage is
minimal. Apex seal dynamics can therefore be regarded as rigid-body dynamics for most cases,
which helps understanding the AS behavior. The main leakage mechanisms are leakage out of
the AS groove through the CS clearance and leakage through the spark plug holes. Leakage
through the flank clearance increases with speed and reaches a similar level as the two others at
high-speed. Concerning wear, oil supply on the rotor housing reduce the wear rate on the profile
even for its sharp profile, especially at high-speed. However, even if oil supply decreases friction

losses, friction is still dominated by asperity contact friction.

This section first describes the model prediction for low-speed high-load. Those first results are
presented for the case with wear on the groove and apex seal flanks because it is more
representative of typical operation condition and the AS can find a stable position. The model
predictions for a flat AS and groove flanks show seal oscillation and that the flanks would wear
rapidly due to large contact pressure at the edges. High-speed predictions are similar to low-
speed, except for the opening of the low pressure flank at the end of exi)ansion. Finally, the
effect of varying certain parameters is investigated in order to quantify the potential gains on

sealing performances.
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4.3.1 Low-Speed Predictions

This section details the model predictions for an engine typical geometry at 2000 rpm and at full-
load. Wear of the AS and groove are approximated based on measurement made on engine parts
after operation. Apex seal dynamics is first explained for the different phases of the cycle. It is
then shown that the seal can conform to rotor housing and groove thermal distortion. Therefore,
leakage along the seal is small and the other leakage paths dominate. Concerning wear, profile
contact pressure and friction predictions show that the amount of oil film thickness on the rotor
housing has small influence on profile lubrication due to the sharp profile. Oil film thickness on
the groove flanks also has limited effect as the high gas pressure is mainly supported by the

asperity contact.

The AS cycle is split in 6 phases based on the pressure in the leading and trailing chambers (Fig.
4.37). The phase changes occur when the pressure in one of the two chambers starts increasing or
starts decreasing. In a specific phase of the cycle, the AS position and forces trend remains
similar, as shown for example by the seal tilt (Fig. 4.37). Starting from 0 CA, where the apex
seal is located between the intake and exhaust ports, the 6 phases are described by:

1. From 0 to ~180 CA, both chambers are at about atmospheric pressure because the leading
chamber is connected to the intake port and the trailing chamber is connected to the
exhaust port.

2. From ~180 to ~410 CA, leading chamber pressure is rising due to compression and
beginning of combustion.

3. From ~410 CA to ~580 CA, leading chamber pressure is decreasing due to expansion.
This phase ends when the exhaust ports opens and the leading pressure drops.

4. From ~580 CA to ~770 CA, trailing chamber pressure increases.

5. From ~770 CA to ~940 CA, trailing chamber pressure decreases.

6. From ~940 CA to 1080 CA, both chambers are again at about atmospheric pressure.
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Fig. 4.37 Pressure in the leading and trailing chambers, pressure under the seal and tilt angle of the
seal as a function of crank angle at 2000 rpm full-load

Figure 4.37 also shows the predicted pressure in the AS groove under the seal. The under-seal
pressure follows the pressure in the combustion chamber with a lag. As the volume in the groove
is small, this important lag between the two pressures requires an important restriction of the
flow through the flank clearance. Also, in phases 3 and 5, the difference in pressure between the
groove and the high-pressure chamber is too small to explain the rapid decay in under-seal
pressure if the flow restriction remains similar as for phases 2 and 4. Therefore, the mass of gas
accumulated in the groove at high pressure must leak either to the side of the rotor or to the low-
pressure chamber. Those effects can be explained by a detailed description of the model
predictions in the 6 phases. The position of the seal in the different phases is shown using three
different AS cross-sections at different location along the seal (Fig. 4.38). The first one, at z/
L =0.05 is inside the corner seal and shows the passage of gas due to increased clearance. The
second one, at z/L = 0.15 is at the maximum seal height inside the full groove and is the most
useful in understanding the forces as this part of the AS always contact with the flanks of the

groove. The last one, at z/L = 0.5, shows the seal at its minimum height.
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Fig. 4.38 Position along the seal

The position of the seal and the forces applied on the AS are shown in Fig. 4.39 at 90 CA and at
z/L = 0.15. Positions of the rotor and of the AS of interest are shown in the upper left corner
inside the trochoidal rotor housing. Difference between the modified trochoid and the theoretical
trochoid is amplified for clarity. Pressures are shown in the lower left corner with markers to
indicate the position in the cycle. The center graph shows the cross-section of the AS in its
groove with the forces and pressure applied on the seal. The upper right corner graph shows the
contact point and contact angle between the AS and the rotor housing. The two graphs in the
lower right corner show the clearance of the trailing and leading flanks by stretching the x-
direction and zooming on the clearance. For conciseness, explanation and legends are only
shown on Fig. 4.39, but they apply to all the following figures using the same format in this
chapter.
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Fig. 4.39 Apex seal position and forces on the cross-section at z/L = 0.15 and at 90 CA

Displacements and forces shown in Fig. 4.39 are typical of phase 1. As there is no net effect of
the gases, the tilt of the seal is dictated by the contact angle with the housing. In this case, the AS
is tilted clockwise, as the contact with the rotor housing is on the trailing side of the AS profile.
Phase 1 is of small interest towards understanding sealing performance because the leakage is

small due to small pressure difference and the forces are small leading to negligible wear.

As soon as the pressure starts increasing in the leading chamber, the AS is pushed towards the
trailing flank of the groove. All along phase 2, the seal is in contact with the trailing flank and
tilted counter-clockwise, but not tilted all the way so there is a small gap at the inner leading

corner of the seal where gas can flow through the groove (Fig. 4.40). The difference in pressure
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makes the seal tilt, but as it tilts, the contact point with the flank moves upward providing a
resisting moment to seal tilting. This results in a stable position of the AS without contacting
both flanks. In phase 2, the seal is pushed inward due to the shape of the modified trochoid. This
generates a friction force with the trailing flank which contributes in keeping the leading flank

open.
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Fig. 4.40 Apex seal position and forces on the cross-section at z/L = 0.15 and at 390 CA

Unlike what would be predicted by a model that would assume a uniform cross-section, the gas
mass flow rate through the flank varies along the seal. Inside the corner seal, the AS groove
flanks are cut by the presence of the corner seal groove (Fig. 4.41a). This leaves the trailing flank
open, even if the seal is completely tilted. The region where the seal is at its maximum height
and outside the corner seal (z/L around 0.15) is where the gas flow restriction is maximal (Fig.
4.41b). In this case, the center portion of the seal (Fig. 4.41c) also provides large flow restriction

because of the wear that trims the inner corners of the seal.
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Fig. 4.41 Difference in flank clearance along the seal at 390 CA

During leading chamber expansion, or phase 3, the high under-seal pressure tilts the seal
completely and the seal is in contact with both flanks (Fig. 4.42). Under-seal pressure decreases
simultaneously with leading chamber pressure by leaking to the rotor side and to the trailing

chamber mainly through the corner seal clearance.
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Fig. 4.42 Apex seal position and forces on the cross-section at z/L = (.15 and at 450 CA
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During phase 4, the position of the seal is similar to phase 2, but tilted in the opposite direction
(Fig. 4.43). However, the seal motion is outward due to the shape of the modified trochoid. This
generates a friction force in the opposite direction which closes the leading flank. The gas can
thus only flow through the flank clearance inside the corner seal groove, as shown in Fig. 4.41a.

This difference in flank friction direction explains why the pressure under the seal is lower in

phase 4 than in phase 2.
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Fig. 4.43 Apex seal position and forces on the cross-section at z/L. = 0.15 and at 750 CA

During phase 5, the seal is completely tilted (Fig. 4.44), as during phase 3. Another important
difference between the leading and trailing apex is the position of the contact point between the
apex profile and the rotor housing. During phase 2 and 3, the contact with the housing is on the
leading side of the profile. The gas force on the profile is therefore minimal and the force
generated by the pressure under the seal must be balanced by the contact force with the housing.
However, during phase 4 and 5, the contact with the rotor housing is centered on the apex seal
profile. About half of the force generated by the pressure under the seal is balanced by the gas

pressure on the profile and the contact force is significantly reduced.
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Fig. 4.44 Apex seal position and forces on the cross-section at z/L = 0.15 and at 810 CA

When the exhaust port opens, the seal changes from a complete clockwise tilt to a complete
counter-clockwise tilt, and remains in that position until the end of the cycle (Fig. 4.45). The

pressure under the seal decreases slowly by leaking to the leading chamber.
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Fig. 4.45 Apex seal position and forces on the cross-section at z/L = 0.15 and at 960 CA
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Up to this point, results shown do not include rotor housing distortion. Rotor housing distortion
can be included using finite element results of the engine block as an input. The shape of the
housing distortion has typically one or two maxima (Fig. 4.46) and its amplitude at low-speed

full-load is on the order of 10-30 pm.

Rotor housing section view

AS side
view

e

Fig. 4.46 Section-view of typical shape of rotor housing distortion (amplitude is amplified for the
illustration)

The AS cannot conform to the rotor housing full-load distortion with only the spring force (Fig.
4.47a). Nevertheless, the seal conforms to housing distortion when pressure in the groove is high
(Fig. 4.47b). The leakage caused by the non-conformability of the seal is therefore small.
However, the non-conformability can be problematic for oil transport, as oil could be scraped
away from the regions where lubrication is critical and a large oil film thickness could be left

where lubrication needs are minimal.
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Fig. 4.47 Conformability of the seal to the rotor housing (a) with spring force only and (b) with a
pressurized groove

Similarly, the effect of groove distortion can be added as an input to the model taken from finite

element results. Typical thermal groove distortion has a parabolic shape when looking at the
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apex and its groove from the top (Fig. 4.48) and its amplitude at low-speed high-load is on the
order of 10-20 pm.

Trailing groove
flank distortion

AS top
/ view
/ ,L Direction of

Leading groove rotation
flank distortion

Fig. 4.48 Top view of typical thermal groove distortion

The AS cannot conform to the groove flank when the pressure difference between the chambers
1s small, as there is only the profile normal and friction forces that push the seal toward the flank
(Fig. 4.49a). On the other hand, the seal conforms to the flank when chamber pressure difference
is high (Fig. 4.49b). The effect of groove distortion on leakage is therefore small.

- B oo
=3 =) = =]
832 E =
£ 3 20 g 330
E ] E 2 28 —— Groove flank
Z5Is S8
= O = v 26 = AS flank
g0 g
10 ES
2 & 28 »
.g‘ B 0 20 40 60 80 .g B 0 20 40 60 80
Position along z (mm) Position along z (mm)
(a) Leading flank, 90 CA (b) Trailing flank, 450 CA

Fig. 4.49 Conformability of the seal to the rotor housing at (a) low chamber pressure difference,
and (b) high chamber pressure difference

The first role of the AS is to seal the high pressure chamber. The most important performance
indicator is thus the amount of gas leakage to the low pressure chamber and side of the rotor. The

leakage rate through the different paths during the cycle is shown in Fig. 4.50, and the total
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amount of leakage for those mechanisms is shown in Fig. 4.51. At low speed, leakage through
the flank clearances mainly happens during transition from one flank to the other and the gas
accumulated under the seal leaks to the low pressure chamber. The leading flank also leaks at the
end of the cycle when the seal tilts angle switches. Profile leakage is marginal as the seal can
conform to the rotor housing. Side piece corner leaks as a function of the pressure in the high-
pressure chamber and is one of the important leakage mechanisms. The groove leaks from the
corner seal clearance anytime the groove is pressurized. This leakage mechanism is one of the
two most important leakage mechanisms. Finally, leakage through the spark plug holes is the
other dominant leakage mechanism for the experimental pressure trace used. Predicted leakage
through the leading spark plug hole is large as the hole is large and the time it is opened is
important due to the low engine speed. However, it should be noted that the amount of leakage
through the leading spark plug is highly function of the pressure difference between the
chambers when the seal passes the hole and can vary significantly as a function of when the

exhaust port opens.
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Fig. 4.50 Leakage mass flow rate as a function of crank angle for the different mechanisms at
2000 rpm full-load
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Fig. 4.51 Comparison of the total leakage for the different mechanisms at 2000 rpm full-load

The apex seal must survive, which means that wear must be limited below an acceptable level.
Even if wear assessment still remains largely empirical, the model can be used to better
understand wear. Adhesive wear rate (8,,) can be related to prediction of the model using a

simple wear equation [58]:

. K,
8, = (—“’) RV, (4.153)

in which K,, is the wear coefficient ranging from 10 to 107 depending on the materials and
lubrication conditions, H,, is the hardness, P, is the contact pressure, and ¥, is the relative
velocity between the two surfaces in contact. Although the wear coefficient is difficult to
estimate, the product B, V], can be calculated from the model results and gives an indication of
the expected relative wear when comparing different position on the seal, lubrication conditions

and operating conditions.

The profile contact is sharp from a lubrication standpoint. Therefore, the asperity contact
pressure supports a large portion of the radial load, especially for the trailing apex, even in fully-
flooded condition (Fig. 4.52). The average reduction of the factor P,V,, is about 40 % when
going from a completely dry condition to a film thickness of 1 um, which guarantees fully-

flooded condition at the leading edge (Fig. 4.53). Effective wear reduction by having oil supply
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is expected to be greater than 40 % due to the change of wear coefficient K, by the presence of
oil and additives. It can also be seen that the wear rate is expected to be much higher on the
leading side of the profile. This is explained by the difference of the contact point on the profile
for the different phases (see Fig. 4.40 and Fig. 4.43).
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400 F = Hydrodynamic pressure
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=
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. 4.52 Contact, hydrodynamic and gas pressure on the profile at 2000 rpm full-load
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Fig. 4.53 Average wear rate indicator on the profile at 2000 rpm full-load

For the flanks, the relative motion is generated by the variation of clearance with the housing
caused mainly by the modified trochoid. The wear on both flanks of the seal is concentrated
around the pivot line and at the lowest contact point (Fig. 4.54). It is interesting to note that
adding oil as small influence on the trailing flank while reduces significantly wear on the leading

flank. This is mainly due to a better groove-seal fit for the leading flank than for the trailing
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flank. It should be noted that the groove and seal wear profiles are input to the model and have
not been calculated based on predicted contact pressure. Therefore the fit between the seal flank
and the groove flank is expected to be better than in those predictions. The key take-away from

the flank friction is that the presence of oil can reduce significantly the factor B, V.
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Fig. 4.54 Average wear rate indicator on the AS flanks at 2000 rpm full-load

Once the AS seals and survives, one wish to reduce friction losses. Friction losses of the AS are
also calculated from the detailed model results. Without oil supply on the rotor housing, friction
power of one AS at 2000 rpm full-load is 108 W. Friction power is reduced by 40 % in fully-
flooded condition, down to 66 W. Asperity contact friction accounts for 65 W while

hydrodynamic friction accounts for only 1 W. This is again due to the sharp AS profile.

4.3.2 Low-Speed Predictions with Unworn Geometry

In new conditions, without wear on the groove and seal flanks, the location of the contact
between the seal and groove flanks cannot vary smoothly and it either occurs at the corners or
the entire flank. As a result, the seal oscillates between those two stable positions during most of
compression phases (phase 2 and 4 in Fig. 4.55). During phase 2, seal oscillations alternatively
open and close the leading flank clearance so more gas can flow to the groove than the case
where wear is included (Fig. 4.56). More gas also flows to the groove as the center section

leading flank is not closed because the seal only contacts the flank where the seal height is
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maximal (Fig. 4.57). For those two reasons, the gas restriction is reduced and the under-seal

pressure lag is small (Fig. 4.55).
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Fig. 4.55 Pressure in the leading and trailing chambers, pressure under the seal and tilt angle of the
seal as a function of crank angle at 2000 rpm full-load without seal and groove flank wear
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Fig. 4.56 Apex seal position and forces on the cross-section at z/L = (.15 and at 382.8 CA
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Fig. 4.57 Difference in flank clearance along the seal at 382.8 CA

Due to a local contact pressure between the seal and the groove, the wear rate on the AS flank is
high (Fig. 4.58). The wear rate on the groove flanks is even higher as the contact is always on the
same line. Therefore, the flanks geometry may change rapidly and modeling the worn flank
condition provides better insight on real engine performances, as presented in the previous

section.
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Fig. 4.58 Average wear rate indicator on the AS flanks with 5 pm of oil at 2000 rpm full-load
without seal and groove wear
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4.3.3 High-speed Predictions

In order to describe the high-speed limit of the AS behavior, the model is used to predict the
performances of the AS at 8000 rpm full-load. The main differences compared to low-speed are:
(1) gases have less time to flow in and out the groove for the same rotor displacement, (2) the
body force of the seal becomes important, and (3) transition from one groove to the other or seal
oscillations becomes slower as a function of crank angle. Overall, the slower gas flow as a
function of CA is the dominant effect and the under-seal pressure lag becomes more important
during compression (Fig. 4.59). It also prevents the groove pressure to decrease as fast as the
chamber pressure which leads to increased groove flank leakage. Housing and groove
distortions, even if they are larger than at low-speed, do not significantly increase leakage.
Corner seal clearance and spark plug leakage are still the most prominent leakage mechanisms,
but not as from the others different as is seen at low speed. Also, oil supply for the profile

provides more wear and friction reduction than at low-speed.

The cycle is divided in 6 phases, as is done for the low-speed analysis. The general position of
the seal is similar to low-speed, except at the end of expansion and when the chamber pressure
difference is small (Fig. 4.59). Seal oscillation at the end of expansion opens the low-pressure

flank which leads to flank leakage.
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Fig. 4.59 Pressure in the leading and trailing chambers, pressure under the seal and tilt angle of the
seal as a function of crank angle at 8000 rpm full-load
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When chamber pressure difference is low, the body force dictates the equilibrium that was
mostly determined by the reaction force with the rotor housing at low speed. During most of

phase 1, the AS is pushed toward the trailing groove flank (Fig. 4.30).
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Fig. 4.60 Apex seal position and forces on the cross-section at 8000 rpm, z/L = 0.15 and 90 CA
During phase 2, the AS is partly tilted as at low-speed (Fig. 4.61). However, the leading flank is

slightly more open due to a lower pressure in the groove as a result of the larger groove pressure

lag.

260



oo

100

y (mm)

~

y (mm)
@

-100

- -1 0 1
X (mm)
-100 0 100 6
X (mm) — 8 8
5 E
0 2

y (mm)
=
(=9

30

y (mm)

20

P (bar)

S = N W

(oS

10

6
£4
>

2

: 0 0
0 540 1080 -2 -0.97 -0.850.85 0.97
Crank angle (deg) X (mm) x (mm) X (mm)

Fig. 4.61 Apex seal position and forces on the cross-section at 8000 rpm, z/L = 0.15 and 390 CA

During most of phase 3, the seal is completely tilted and closes the leading flank clearance.
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Fig. 4.62 Apex seal position and forces on the cross-section at 8000 rpm, z/L = 0.15 and 450 CA
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At the end of expansion, the pressure in the groove is significantly higher than chamber pressure.
This opens the trailing flank and the gas under the seal can leak to the trailing chamber (Fig.
4.63). This effect is not seen at low speed because the groove-chamber pressure difference is not

large enough.
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Fig. 4.63 Apex seal position and forces on the cross-section at 8000 rpm, z/L = 0.15 and 570 CA

During phase 4 and most of phase 5, the AS also behaves similarly to its low-speed behavior
(Fig. 4.64 and Fig. 4.65).
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Fig. 4.65 Apex seal position and forces on the cross-section at 8000 rpm, z/L. = 0.15 and 810 CA
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At the end of phase 5, the groove pressure tilts the seal and opens the trailing edge, similarly to
the end of phase 3 (Fig. 4.66).
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Fig. 4.66 Apex seal position and forces on the cross-section at 8000 rpm, z/L = 0.15 and 930 CA

At the end of phase 6, when the pressure reaches about atmospheric level, the seal is pushed

towards the leading side by body force (Fig. 4.67).
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Fig. 4.67 Apex seal position and forces on the cross-section at 8000 rpm, z/L = 0.15 and 1020 CA

Rotor housing distortion has larger amplitude at high speed and also a shape that is more difficult
to conform to. Nevertheless, when the pressure in the groove is high, the seal can mostly
conform to housing distortion (Fig. 4.68). There is still a small clearance in some conditions, and

the leakage is not zero but remains relatively small.
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Fig. 4.68 Conformability of the seal to the rotor housing (a) with spring force only and (b) with a
pressurized groove
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The AS can conform to the groove as the groove distortion has a parabolic shape and its

amplitude is not too large (Fig. 4.69).
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Fig. 4.69 Conformability of the seal to the rotor housing at (a) low chamber pressure difference,
and (b) high chamber pressure difference

Corner seal clearance and spark plug leakage remains the most two important leakage
mechanisms (Fig. 4.70 and Fig. 4.71). However, flank leakage also becomes an important

leakage mechanism due to the opening of the low pressure flank around exhaust port opening.
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Fig. 4.70 Leakage mass flow rate as a function of crank angle for the different mechanisms at 8000
rpm full-load
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Fig. 4.71 Comparison of the total leakage for the different mechanisms at 8000 rpm full-load

As speed is higher, the hydrodynamic pressure generation ability of the seal profile is
significantly increased. About half of the load on the trailing AS is supported by hydrodynamic
pressure while the leading AS is mainly supported by hydrodynamic pressure (Fig. 4.72). This
higher hydrodynamic pressure generation ability leads to a reduction of 76 % of the factor P, V,,

when adding oil on the housing (Fig. 4.73).
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Fig. 4.72 Contact, hydrodynamic and gas pressure on the profile at 8000 rpm full-load
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Fig. 4.73 Average wear rate indicator on the profile at 8000 rpm full-load

Flank wear distribution is similar to low speed, except the wear on the inner part of the flanks is

increased when compared to the outer part of the flanks.
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Fig. 4.74 Average wear rate indicator on the AS flanks at 8000 rpm full-load

Friction power of one AS at 8000 rpm full-load is 758 W without oil supply. Friction power is
reduced by 74 % in fully-flooded condition, down to 202 W. Asperity contact friction accounts
for 184 W while hydrodynamic friction accounts for 18 W.
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4.3.4 Effect of Speed on Performance

The comparison between low-speed and high-speed AS sealing performances can be extended to
an analysis of the performances as a function of rpm. In order to remove the effect of change in
peak pressure as a function rpm, the leakage is presented in equivalent leakage area, which is
defined as the isentropic orifice area at groove temperature needed to produce the same leakage
as predicted by the different mechanisms. The total CS clearance leakage is the most important
leakage mechanism and increases slightly with rpm as the peak pressure increases and then
decreases at high rpm as the peak pressure starts to decrease (Fig. 4.75). Leading spark plug
leakage varies slightly with rpm as the shape of the pressure trace changes. Flank leakage is low
at low speed and increases rapidly between 4000 and 7000 rpm as the low-pressure flank starts to
open at the end of expansion, as explained in section 4.3.3. Side piece corner leakage is constant
by definition. Trailing spark plug hole leakage is much smaller than leading spark plug leakage

and is more or less constant.
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Fig. 4.75 Effective leakage area as a function of rpm at full-load
Friction increases with rpm until peak pressure starts to decrease (Fig. 4.76). Friction also

changes from fully asperity contact friction at low-speed to partially hydrodynamic friction at

high speed. It is still far from reaching the hydrodynamic regime.
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Fig. 4.76 Friction losses for one AS as a function of rpm at full-load

4.3.5 Effect of Corner Seal Clearance

Corner seal clearance leakage is the most important leakage mechanism and is highly dependent
on the size of the clearance (Fig. 4.77). As the leakage is a power function of the clearance at
small clearance, a small reduction in clearance leads to a large gain. As an example, reducing the

clearance from 12 to 9 um cuts down the leakage by half.
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0 5 10 15 20 25
Corner seal clearance (1m)

Fig. 4.77 Effect of corner seal clearance on leakage at 2000 and 8000 rpm full-load

4.3.6 Effect of Leading Spark Plug Hole Diameter

Reducing the spark plug diameter also results in an important gain in sealing performance (Fig.

4.78). Reducing the hole to the size of the trailing spark plug hole would make this leakage
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mechanism small compared to the other mechanisms. This is however a trade-off with ignition

performance.
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Fig. 4.78 Effect of leading spark plug hole diameter on leakage at 2000 rpm full-load

4.3.7 Effect of Seal Height

The effect of increasing seal height is investigated in order to try to reduce flank leakage. For a
seal height 60 % larger than mass production specifications, the general behavior of the AS
remains similar and the pressure under the seal is generally higher (Fig. 4.79). Increasing seal
height is slightly reduces flank leakage by retarding the increase of flank leakage to a higher
speed (Fig. 4.80). On the other hand, the leakage from the CS clearance increases due to the
increased under-seal pressure. Simply changing the height of the seal is not enough to reduce

leakage at high speed.
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Fig. 4.79 Apex seal position and forces on an extended height AS at 8000 rpm, z/L. = 0.15 and
570 CA
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4.3.8 Conclusions on Model Prediction

The model can robustly predict the coupled AS dynamics and gas flow around the seal in a large

range of conditions. The findings on the AS behavior can be summarized by the following

conclusions:

1.

The apex seal can conform to the distorted housing and groove for most conditions.
Therefore, as far as the dynamics and gas leakage are concerned, the apex seal can be
modeled as a rigid body with no groove and housing distortions. Doing so can make
simplify the input and shorten the preparation time for applications. Nevertheless, it is
important to take into account the different heights of the seal and the groove along the
seal in order to obtain accurate groove pressure and AS dynamics predictions.

Without wear on the seal and groove flanks, the seal oscillates because there is no stable
equilibrium position during an important portion of the cycle. As the flanks wear down
rapidly, this is not a representative condition and predictions with measured wear give a
better understanding of AS behavior.

Corner seal leakage is the dominant leakage mechanism and is highly dependent on the
size of the clearance.

Leakage through the leading spark plug is the second most important leakage mechanism
for the experimental pressure trace taken in the presented results.

Flank leakage is almost negligible at low speed, but increases rapidly as a function of
speed. This is due to the fact that, as speed increases, the gas has less time to flow out of
the groove during expansion. The resulting higher groove pressure forces open the low-
pressure flank leading to gas leakage.

Side piece corner leakage is smaller than the three dominant leakage mechanisms as the
leakage area is small.

Profile wear rate is reduced of at least 40 to 76 % from 2000 to 8000 rpm due to oil
supply when compared to a dry contact. This only accounts for the pressure-velocity term
and the effective reduction is expected to be higher due to the reduction in the wear
coefficient caused by the presence of the lubricant and additives.

Wear rate of the flanks is expected to be significantly smaller in the presence of oil when

compared to dry contact. For the shape used in the analysis, the wear rate reduction on
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the leading flank is important while the presence of oil on the trailing flank does not
significantly reduced wear.

9. Friction losses are dominated by asperity contact friction. Nevertheless, adding oil on the
housing decreases friction by 40 to 74 % from 2000 to 8000 rpm. Hydrodynamic friction
remains small even at high speed, which means that the contact is still in the beginning of

the mixed regime on the Stribeck curve.

4.4 Comparison with Experiments

As a first step toward validating the model, the under-seal pressure and AS position are
compared to experimental data. Experimental pressure was obtained from a pressure transducer
in the groove while apex position was measured by two inductive sensors, one on top of the
groove and one inside the groove both measuring the clearance between the seal and the groove
flank (Fig. 4.81). The condition chosen for comparison is 2000 rpm full-load. The predicted
under-seal pressure shows good agreement with the measured data (Fig. 4.82). It should be noted
that the inputs to the model are the engine specifications, tolerances and measurements without

any adjustment.

/—D

Position measurement of /]
the upper inductive sensor

/'

Position measurement of #
the lower inductive sensor

X

7

Pressure transducer
measures groove pressure

Fig. 4.81 Position of the sensors

The predicted under-seal peak pressure for both seals is similar to experimental data. The

predicted under-seal pressure is also similar to experimental data for the expansion phase as well
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as for the compression of the trailing chamber. The predicted under-seal pressure differs from
experimental data only for the compression phase of the leading chamber. This could be further
investigated. Nevertheless, this good agreement between model and experiments shows that the

model captures the dominant physics.

——— Leading chamber
3
= Trailing chamber
E ——— Under-seal model
S 2+ ;
= Under-seal experiment
2
S 1|
(=™
—— o 2 el
0 180 360 540 720 900 1080

Crank angle (deg)

Fig. 4.82 Comparison between predicted and measured under-seal pressure at 2000 rpm full-load

The predicted position of the seal is also compared to the measured position by simulating the
lateral displacement at the same location as the upper and lower sensors (Fig. 4.83). It can be
seen that the general transitions are correctly predicted. However, there are still secondary effects

that do not match, especially for the lower sensor.
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Fig. 4.83 Comparison between measured and predicted AS position at 2000 rpm full-load

In short, even if the model is not fully validated, this first step comparison gives a good level of
confidence that the model captures the main AS dynamics and gas flow around it. It also shows

that the model can predict dynamics and gas leakage with accurate input data without tuning.

4.5 Two-Piece Apex Seal Model Conclusions

A model is formulated to predict the sealing performance of the two-piece apex seal. After
testing the model for a range of different inputs, it is shown that the model is robust thanks to the
force formulation that makes the error function continuous. From the model predictions, which
show good agreement with experimental results, performances of the AS are assessed by

calculating trends in leakage, wear and friction.

Due to the unique configuration of the rotary engine, corner effects dominate leakage. However,

it seems possible to reduce corner leakage below an acceptable level by mainly sealing the
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corner seal clearance by controlling the gap with a force instead of controlling the geometric
tolerances. In seems also reasonable that leakage through the spark plug hole can be reduced
below an acceptable level. The seal seems to be flexible enough to conform to the distorted
groove and housing. Flank leakage also needs to be reduced. Increasing the under-seal pressure
would contribute to reducing flank leakage. The effect of the three-piece configuration on flank

leakage is investigated in the next chapter.

Potential reduction in wear and friction is limited as the shape of the AS profile is dictated by
engine kinematics. Providing oil supply helps in reducing wear and friction by changing the
force balance, from 40 to 76% from low to high speed. Asperity contact still remains an
important part of the force that supports the load and dominates friction. Those results do not
include the effects of supplying additives and ensuring boundary lubrication rather that dry

lubrication, which can potentially be more important effects on reducing wear and friction.

In brief, it seems feasible to reduce leakage, wear and friction below an acceptable level. Oil
transport and evaporation assessment would be the next step in the modeling effort in order to
determine how much oil supply is needed and what is the best way of supplying this lubricating

oil.
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Chapter 5

Three-Piece Apex Seal Model

Leakage issues of the two-piece AS seem to be possible to solve by simple design modifications,
except for flank leakage that increases above an acceptable threshold as speed increases. This
chapter presents a muiti-body model to investigate if a three-piece AS can solve the flank
leakage problem. Although the model is capable of handling seal deformation, this chapter
focuses on rigid-body dynamics and interactions between the two main pieces, as it was shown

that the AS can conform to the distorted housing and groove.

From model predictions, the three-piece AS has the potential to significantly reduce flank
leakage because the inner piece remains pushed toward the low pressure flank during most of the
cycle. Only at high-speed, body force creates oscillation of the trailing apex inner piece creating
an important groove pressure lag. Nevertheless, flank leakage is significantly lower for this case
when compared to a two-piece AS. In all cases, the clearance between the inner and outer pieces
should be kept small to avoid flow along the seal that would equilibrate the pressure on all faces

of the inner piece to groove pressure level.

5.1 Objectives
Similarly to the two-piece AS model, the objectives of the three-piece AS model are to predict

dynamics and performances of the apex seal. In particular, the three-piece AS model targets at
assessing if adding the inner piece can significantly reduce flank leakage. It is expected that other
performance indicators, such as the other leakage mechanisms, wear and friction, should be
similar to what is seen for the two-piece AS. This chapter therefore focuses on the inner and
outer pieces interaction and the understanding of the coupled dynamics of the pieces in order to
predict flank leakage.
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5.2 Model Formulation

Three-piece AS model formulation is similar to the two-piece AS model. Forces, moments and
gas flow on the profile, flanks and under the seal are calculated in the same fashion. A finite
element beam model is used for both pieces, and a globally convergent Newton algorithm is used

to solve the dynamics of both pieces simultaneously.

The main differences are that the model must consider the displacement of the inner and outer
pieces simultaneously (Fig. 5.1) and must calculate forces, moments and gas flow at the interface

between the pieces (Fig. 5.2).

Rotor
housing * h, =0
o
a6, | S | 26,
2 -« r’v ; -« 2
Outer piece | :

cross-section Reference

/ position
Apex seal -V : | \

groove :
vy | \ Central

Inner piece interface

cross-section

AG; AG; Rotation
2 2
(a) Reference position (b) Displacements

Fig. 5.1 Displacements of inner and outer pieces of the three-piece AS
Asperity contact pressure and shear force are the main interaction between the two pieces.

Hydrodynamic pressure generated by oil squeezing is neglected as the two pieces generally

remain in contact with each other and therefore their relative velocity remains small when
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compared with the velocity at which the seal can hit the flanks of the groove. Gas forces and
moment on the two pieces are considered as their contribution can be large. For gas flow at the
interface, the values of pressure on both sides of the seal for each cross-section are added as
unknowns so the model can calculate the gas flow around the seal as a function of those

pressures.

+
Contact friction |

f

Contact
ontact pressure —
Contact friction '¢' ‘$‘

(a) Asperity contact (b) Gas

d Pt
/

Fig. 5.2 Asperity contact and gas forces at the interface between the inner and outer pieces

5.2.1 Approximations
All the approximations used in the two-piece AS model still holds for the three-piece AS model.
Two additional approximations are added for the central interface between the inner and outer

pieces.

First, the hydrodynamic pressure is neglected between the inner and outer pieces. This
approximation holds because relative velocity between the two pieces is generally small. Gas
flow between the two pieces is still set to zero whenever the minimum central clearance is
smaller than the film thickness on the groove flanks. This insures that the gas does not flow

preferably flow through the central interface due to the no-oil approximation.
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Second, the flow along the central clearance, between the inner and outer pieces, is neglected. A
criterion for this approximation to be valid is that the time it takes to fill the cavity from the end

of the seal (77) should be small compared to the time scale of pressure variation in the groove

(Tp):

Tr L Tp (51)

The time scale to fill the central interface from the ends of the seal can be approximated by the
time it takes to fill a volume the size of the cavity through the flow restriction

Am RT RT T
RT r

in which Am is the mass difference in the volume between the beginning and end of the filling
process, m is the flow rate through the restriction, AP is the difference in pressure between the
end of the seal and the cavity, V is the volume of the cavity, R is the gas constant, T is the
temperature of the cavity, g is the average gas density, P is the average gas pressure, and 7 is the

resistance to the flow given for a viscous flow between two parallel plate by

12u4L

~ 5.3
P (3.3)

r

in which pg is the gas viscosity, L is the half-length of the seal, h is the average height of the

cavity, and W the half-thickness of the seal. The volume can be approximated by a rectangular
box of size L, h, and W

V~LhW (5.4)

Replacing the volume and flow resistance in eq. (5.2) yields the time scale for filling the central

interface
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Tp~ 12;9 (%)2 (5:3)
For a pressure of 1 bar, a length of about 40 mm, an approximate height of 40 um, the time scale
is on the order of 2 ms. Considering that groove pressure varies on a time scale on the order of
36 CA, the two time scale are on the same order. The model is therefore only valid for small
clearance between the inner and outer pieces. The gas flow along the seal could be added to the
model, but a design for which the gas can flow along the central clearance would not be
beneficial because pressure in the central clearance would be the same as groove pressure and

the inner piece would be useless as the pressure all around it would be the same.

5.2.2 Central Interface Asperity Contact Forces and Moment

Asperity contact forces and moment at the central interface are calculated based on the clearance
between the inner and outer pieces using the simplified Greenwood-Tripp relation. Contact
friction force is calculated from the contact pressure, a coefficient of friction and the relative
velocity between the inner and outer pieces using a smoothing method around changes of

velocity direction as is done for flank friction.

The first step towards calculating asperity contact pressure is to calculate the clearance at the
central interface. The profile of both pieces is defined using a cut angle between the two pieces
(6,) and a small deviation from that cut angle (Fig. 5.3). This method is used to allow the
flexibility of using a large cut angle while maintaining the small displacement approximation

when calculating the clearance (Fig. 5.4).
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hoi (xi)

(a) Outer piece (b) Inner piece

Fig. 5.3 Geometry of the inner and outer pieces at the interface

Under the small displacement approximation, the central clearance (h,) is given by a linear

addition of the different contributions

hv(xvir xvo) = (xgi - xga) Sin(ev) + ('Y.gi e ygo) COS(B,,) — Qyi (xvi n Lvi)
+ ago(xvo — Lyip) + B (Xsi) + R (Xs0)

Ly = Hpisin(6,),
Ly, = Hy,sin(6,),
Xgi» Ygi and a@g; are the lateral, radial, and rotational displacements of the inner piece, x40, Ygo

and a4, are the lateral, radial, and rotational displacements of the outer piece, h,; and h,,, are the

profile clearance of the inner and outer pieces, x,; and x,,, are the distances from the center of
the inner and outer pieces along the cut line, and H,,; and H,, are the distances from the contact

point to the section center of the inner and outer pieces.
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Outer piece
reference position

Inner piece
reference position

Fig. 5.4 Clearance between the inner and outer pieces

The distance along the inner seal cut line (x,,;) is chosen as the reference coordinate to calculate
the forces and moments and the coordinate along the outer seal cut line (x,,) can be related to

Xy; by

Xpo = Xyi + Lyy

in which 5.7

Lyx = (xgi — %40) c05(8,) + (¥4i = ¥40) 5in(8,) — (@goHio + @giHmi) cos(6,)
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The central clearance (h,) becomes a relation of x,,; only by using eq. (5.7) and interpolating
h,o. The asperity contact pressure (P,.(x,;)) is calculated from the central clearance and the
simplified Greenwood-Tripp relation given in eq. (4.12). The forces and moment on the inner
piece in the cut-line reference frame (Fig. 5.5) are calculated by numerically integrating the

contact pressure

Jci,x,i =41
éci,y,,i == - f Poc (i) doxy; (5.9

' —
Fociay = — f XpiPoc (Xpi)dXy;

r

vel,ag;

VCO,0yo
(a) Outer piece (b) Inner piece

Fig. 5.5 Asperity contact resulting forces and moments on the inner and outer pieces

Forces and moment on the inner piece are transferred to the center of mass reference frame by

the transformation
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’ — JJ
F vel,gi — Tv.gi F vei,vi

in which
F, éci,xgi
F;:ci,gi - Féci,ygi )
Féci,agi
cos(8,) —sin(6,) 0 (5.9)
Tygi =| sin(6,) cos(8,) 0|,
—H,,;cos(8,) Ly 1
and
thci,xm-
F ;ci,vi = |F, éCi:J’vi
F, éci,avi

To avoid carrying additional numerical integrals, forces on the outer piece (Fygopo) are

calculated as reaction forces and moment to the inner piece forces and moment:

[ _— 1
E VCOXpo F, Ve, Xy;
7 —_ K
vCO,Ypo ~ Fvci,y,,i (510)
[ — _F' . L
E:co,a,,o = —F, vCi,ayg F va,y,,iva

Forces and moment on the outer piece are transferred to the center of mass reference frame by

! —_ 7
Fvco,go - Tvgo F‘UCO,‘VO

in which
(5.11)
cos(8,) —sin(6,) O
Tyg0 =| sin(6,) cos(8,) O
Hj,cos(6,) =Ly, 1
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Asperity contact shear stress at the interface on the inner piece is calculated using hyperbolic
tangent functions of the relative velocity in order to make the friction force smooth around the

change in direction:

Tyei (Xpi) = _kchfvP e (Xvi)

in which (5.12)

kyc = Cyp tanh (v_,,,) + C,4 tanh (P-'ir-),

Uyo Ui
Cf,, is the central interface friction coefficient, and v, is the relative velocity between the inner
and outer pieces. Unless otherwise specified the friction coefficient and the other constants in eq.
(5.12) are given in Table 5.1. One hyperbolic tangent function is used so the value of k,,
converges rapidly to a value close to 1 for a small relative velocity. The second hyperbolic
tangent function is used to extend the range of non-unity k,,'c to insure the slope calculated for

the Newton solver is non-zero for a larger range of relative velocity.

Table 5.1 Constants for central interface friction

Constant Value
Cry 0.15
Cvo 0.95
Cp1 0.05
Vyo 0.1 mm/s
Vyq 1 mm/s

The inner-outer piece relative velocity is given by the time derivative of eq. (5.7)

Uyr = va
in which ' (5.13)

va = (xgi - xgo) cos(6,) + (Ygi - ygo) sin(8,) — (dgoHlo + C.zgiHmi) cos(6,)

Friction forces and moment on the inner piece (f,c; ;) are calculated by numerically integrating

the shear stress:

288



fv’ci,x,,,- = f Tyei (v ) dxy;

Freim =0 (5.14)

fi v,ci,a,,i =0

Friction forces and moment on the inner piece are transferred to the center of mass reference

frame by

f ;Jci,gi = Tvgi f ;n'i,vi (5.15)

Finally, friction forces and moment on the outer piece are calculated from the friction forces and
moment on the inner piece using the relations given in eq. (5.10) and transferred to the center of

mass reference frame by

[ ;Jco,go = Iypgo f ;co,vo (5.16)

5.2.3 Central Interface Gas Forces and Moment

Gas forces and moment on the inner piece are calculated using the same method as for the profile
in starved conditions presented in section 4.2.6. The clearance used is the central clearance (h,,)
and the pressure on both sides of the central interface are the pressure values introduced
specifically for the three-piece model, P, for the leading flank and Py, for the trailing interface
(Fig. 5.6). Gas forces and moment on the inner piece are transferred to the center of mass
reference frame using the same transformation as for the asperity contact. Forces on the outer

piece are calculated with the same method as described for the inner piece.
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Fig. 5.6 Pressure on both sides of the central clearance

5.2.4 Three-piece AS Gas Flow Sub-Model

The two-piece AS flow sub-model is used to calculate all the individual mass flow rates as a
function of the pressure at the ends of each interfaces (see section 4.2.11), including the central
interface mass flow rate (Fig. 5.7). The difference from the two-piece model is that the pressure
values on both sides of the central interface are added for all cross-sections to the global
unknown vector along the mass under the seal. The corresponding added error equations are
derived from mass flow conservation on both sides of the seal for all the cross-sections. As

discussed in the approximation section, flow from one cross-section to the other is neglected.

Fig. 5.7 Gas flow around the three-piece apex seal

290



5.3 Model Predictions

Three-piece AS design space is significantly larger due to a number of new parameters that can
be varied. This section focuses on a potentially beneficial geometry to show that the model can
predict the dynamics of the three-piece AS. The chosen configuration shows that the flank
leakage can significantly be reduced when compared to the two-piece flank leakage. Flank
leakage is particularly reduced at high-speed where the low-pressure flank opening phenomenon
is almost eliminated. The three-piece configuration seems to be particularly beneficial for the
trailing apex. The three-piece configuration also reduces leakage for the leading apex, but body

force at high-speed causes a large groove-pressure lag.

The geometry chosen for the performance predictions has a total height about 60% greater than
the current two-piece apex seal, a zero degree cut angle, a small barrel on the outer piece central
interface but a flat inner piece, and a flank clearance 30 % smaller for the inner piece (Fig. 5.8).
Groove wear is approximated based on two-piece groove wear measurements. Apex seal wear is

not included as it is yet unknown and does not drastically change seal dynamics.

TN — —
Y /

Barrel-shape outer
piece central

: E pre——— } — —————a=
interface \L -

1

Flat inner piece
central interface

(a) Section view (b) Trailing flank (c) Leading flank

Fig. 5.8 Three-piece geometry used for model predictions
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5.3.1 Low-Speed Predictions

At low speed, the tilt of the inner and outer pieces remains small for most of the cycle and
consequently the groove pressure is almost the same as the high-pressure chamber (Fig. 5.9). The
inner piece remains pushed against the low-pressure flank and keeps the low-pressure side of the
central interface at a pressure close to the low-pressure chamber. This limits the tilt of the outer
piece due to the net gas moment. Conversely to what could be imagined, the three-piece design

does not rely on friction between the inner and outer pieces to keep the outer piece from tilting.

I 2 i3 4 | s 6 |
‘w3 : E —— Leading chamber
=¥ i
) ) : i| = Trailing chamber
o i
2 i Under-seal
g |
=W . . . ;
0 180 360 540 720 900 1080
i
1
]
D |
<
= — Quter piece
3
PR1] | SN R i e Y = U ===- Inner piece
)
< , .
g0 180 360 540 720 9200 1080

Crank Angle (deg)

Fig. 5.9 Pressure in the leading and trailing chambers, pressure under the seal and tilt angle of the
inner and outer pieces as a function of crank angle at 2000 rpm full-load

The cycle is again subdivided in six phases as is done for the two-piece AS prediction analysis
(see section 4.3.1). During phase 1, pressure is low in both chambers and seal position is
determined by body force and the profile contact angle with the rotor housing (Fig. 5.10). The

outer piece is completely tilted, while the inner piece is pushed towards the groove trailing flank.
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Fig. 5.10 Apex seal position and forces on the cross-section at z/L = 0.15 and at 90 CA

During phase 2, the inner piece seals the groove trailing flank and the central interface (Fig.
5.11). On the trailing side of the minimum clearance, the central interface pressure remains close
to atmospheric pressure, while the leading side pressure is close to the leading chamber pressure.
The net moment on the outer piece is balanced for a minimum tilt value. This leaves the leading
flank completely open and the gas is free to flow to the groove. Groove pressure therefore
remains close to the leading chamber pressure as is seen for the top ring of piston engines. It
should be noted that the actual pressure on the trailing side of the central clearance is expected to
be higher than atmospheric due to flow along the seal. This should not completely change the

dynamics as long as the pressure remains significantly lower than the leading chamber pressure.

At low-speed, the seal behavior from phase 3 to 5 is similar to the one observed in phase 2 (Fig.

5.12, Fig. 5.13, and Fig. 5.14). It can be seen that the friction force at the central interface is not
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the dominant effect on the outer piece titling as it can be in the opposite direction to the direction

that would prevent the outer piece from tilting.
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Fig. 5.11 Apex seal position and forces on the cross-section at z/L = 0.15 and at 390 CA
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Fig. 5.12 Apex seal position and forces on the cross-section at z/L = 0.15 and at 450 CA
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During phase 6, pressure in the chambers is low again and the seal position is similar to the seal

position in phase 1, but vertically flipped.
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Fig. 5.15 Apex seal position and forces on the cross-section at z/L = 0.15 and at 960 CA

At low speed, the total leakage for the three-piece AS is similar to the total leakage for the two-
piece AS (Fig. 5.16). Flank leakage is reduced from the already small level of the two-piece AS.
Corner seal leakage is increased due to a larger groove pressure caused by the quasi-absence of
pressure lag. It is therefore important to reduce corner seal clearance before using the three-piece
configuration in order to decrease total leakage. Side piece corner and spark plug leakage values
are identical as they are not influence by the changes in geometry from the two-piece AS to the

three-piece AS.
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Fig. 5.16 Comparison of the two-piece and three-piece AS mass leakage per cycle at 2000 rpm full-
load

5.3.2 High-speed Predictions

At high speed, the model predicts a similar behavior to the low-speed behavior for the trailing
apex (Fig. 5.17). This results in a trailing AS pressure lag much smaller than what is seen for the
two-piece trailing AS. However, body force prevents the inner piece of the leading AS from
sealing the flank and causes an important groove pressure lag. Nevertheless, flank leakage is

significantly reduced compared to the two-piece AS.

—— Leading chamber

— Trailing chamber

= Under-seal

Pressure (MPa)
—_— N W

0 180 360 540 720 900 1080

= Quter piece

====- Inner piece

Tilt Angle - o (deg)

0 180 360 540 720 900 1080
Crank Angle (deg)

Fig. 5.17 Pressure in the leading and trailing chambers, pressure under the seal and tilt angle of the
inner and outer pieces as a function of crank angle at 8000 rpm full-load
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During phase 1, seal position is dominated by body force and both pieces are pushed against the
groove trailing flank (Fig. 5.18). Phase 2 and 3 seal behavior is similar to the low-speed behavior
even if body force is increased (Fig. 5.19 and Fig. 5.20). Pressure lag is still slightly increased

due to a shorter amount of time for gas to flow to the groove.
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Fig. 5.18 Apex seal position and forces on the cross-section at z/L = 0.15 and at 90 CA
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Fig. 5.19 Apex seal position and forces on the cross-section at z/L = 0.15 and at 390 CA
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At the beginning of phase 4, body force and groove pressure maintain the inner piece towards the
low-pressure flank (Fig. 5.21). This causes both pieces to oscillate, as seen in Fig. 5.17, for about
100 CA. When the inner piece settles down against the leading flank, the pressure on the leading
side of the central interface clearance is already significantly higher than atmospheric pressure
(Fig. 5.22). In this case, the equilibrium position of the outer piece is almost completely tilted.
This creates an important restriction to the flow along the trailing flank and causes an important

groove pressure lag.
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Fig. 5.21 Apex seal position and forces on the cross-section at z/L = 0.15 and at 630 CA
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Fig. 5.22 Apex seal position and forces on the cross-section at z/L = 0.15 and at 760 CA

At the beginning of phase 5, the outer piece tilt is small because the central interface pressure is
smaller than the trailing chamber pressure (Fig. 5.23). The trailing flank is completely open and
gas can flow freely from the groove to the trailing chamber. However, when the trailing chamber
pressure decreases to a level close to the central clearance pressure, the outer piece tilts again,
closing the gas path to the groove (Fig. 5.24). Shortly after, the leading flank of the outer piece
opens, purging the high pressure gas trapped in the central interface clearance (Fig. 5.25). This
effect is similar to the flank leakage seen at high-speed for the two-piece AS. However, as the
central clearance is not directly connected to the groove, only a small amount of gas is allowed to
leak. Once the central clearance is purged, the outer piece is pushed back towards the leading

flank and gas can flow from the groove to the trailing chamber (Fig. 5.26).

Finally, seal position in phase 6 is similar to low-speed seal position except that the larger body

force prevent the outer piece from being completely tilted (Fig. 5.27).
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Fig. 5.23 Apex seal position and forces on the cross-section at z/L = 0.15 and at 810 CA

11

100 =)
= / E 10.5
g 0 10
> 12.r |
-1 0 1
-100 il s
-100 0 100
X (mm PE—
(mm) A #

./10

E
E
= 6f 8
30 =
o 4f E &
S 20 = 4
10 12
ot . : ; 0 - 0
0 540 1080 -5 0 5 -0.97 -0.850.85 097
Crank angle (deg) X (mm) x (mm) x (mm)

Fig. 5.24 Apex seal position and forces on the cross-section at z/L = 0.15 and at 880 CA

302

y (mm)

y (mm)



100| A= 5 1
4 El

— 0.5

E o 10

o 12

-100 . ’ 1
10 X (mm)
-100 0 100
X (mm)

8.

y (mm)

P (bar)
—_— [}®] W
] o o
y (mm)
< (2] £=N (o)
o

:F ':

0 540 1080 =3 0 5 097 -0.850.85 097
Crank angle (deg) X (mm) X (mm) x (mm)

Fig. 5.25 Apex seal position and forces on the cross-section at z/L = 0.15 and at 905 CA
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Fig. 5.26 Apex seal position and forces on the cross-section at z/L. = 0.15 and at 920 CA
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Fig. 5.27 Apex seal position and forces on the cross-section at z/L = 0.15 and at 960 CA

At high speed, flank leakage is significantly reduced due to the suppression of the low-pressure
flank leakage mechanisms seen with a two-piece AS (Fig. 5.28). Corner seal leakage is similar to

two-piece because of the groove pressure lag for the leading apex.

Groove flanks
CS - rotor side

CS - leading

CS - trailing = Two-piece AS

mmm Three piece AS

Side piece corner

Leading spark plug
Trailing spark plug

0 2 4 6 8
Leakage mass per cycle (mg/cycle)

Fig. 5.28 Comparison of the two-piece and three-piece AS mass leakage per cycle at 8000 rpm full-
load
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5.3.3 Effect of Speed on Gas Leakage

The leakage analysis of the previous sections can be extended to the complete speed range (Fig.
5.29). Corner seal leakage is similar for both the two-piece AS and the three-piece AS. Both
configuration have similar flank leakage at low-speed, but the three-piece AS flank leakage

remains low for the entire speed while the two-piece AS flank leakage increases rapidly at high
speed.

0.7 I

—— CS clearance (Two-piece)
===- (S clearance (Three-piece)
—— Flanks (Two-piece)

===- Flanks (Three-piece)

Equivalent leakage area (mm?)

o 1

0 . ; . ‘
1000 2000 3000 4000 5000 6000 7000 8000 9000
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Fig. 5.29 Corner seal and flank leakage for the two-piece AS and three-piece AS as a function of
speed

5.3.4 Effect of Central Interface Friction Coefficient on Gas Leakage

As discussed in section 5.3.1, the friction between the inner and outer pieces is not the
mechanism that keeps the outer piece from tilting. This is further shown by the fact that the flank
leakage is almost constant as a function of the coefficient of friction at the central interface (Fig.

5.30). Even in the limit of a friction coefficient of zero, the flank behavior of the seal is not

significantly changed.
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Fig. 5.30 Flank leakage for the three-piece AS as a function of the central interface friction
coefficient at 2000 and 8000 rpm full-load

5.3.5 Effect of Central-Interface Outer-Piece Barrel-Shape Height

The effect of changing central-interface outer-piece barrel-shape height on leakage is shown in
Fig. 5.31. For a barrel-shape height below 10 um, the inner and outer pieces move together and
act as two-piece AS leading to flank leakage similar to the two-piece AS level. Above a barrel-
shape height of 10 um, the flank leakage is roughly constant. The barrel-shape height should
therefore be set as small as possible to avoid flow along the central interface clearance, while

insuring it will not too small after wear down of the two pieces during the life expectancy of the

engine.
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Fig. 5.31 Effective flank leakage area as a function of outer-piece barrel-shape height
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5.4 Three-Piece Apex Seal Model Conclusions

The model developed is capable of predicting sealing performance of the three-piece AS,
including the description of the interface between the inner and outer pieces. Model predictions
lead to the following conclusions:

1. The three-piece configuration has the potential to reduce flank leakage to an acceptable
level even at high speed.

2. At high speed, body force must be considered in the analysis as it changes the position of
the inner piece and increases groove pressure lag under the leading AS. Flank leakage
remains small, but oscillation of the inner piece could lead to durability issues.

3. Comner seal leakage remains the dominant leakage mechanism. It becomes even more
important to reduce the clearance as the behavior of the seal gets better and the groove

pressure lag is reduced.
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Chapter 6

Side Seal Model

While side seals typically have less wear problems than apex seals, they still contribute to about
1/3 of the gas leakage from the combustion chamber. Understanding the dynam_ics and
deformation of the side seal is therefore crucial in developing new designs to reduce leakage.
Conversely to the apex seals, the deformation of the side seal is pivotal in understanding leakage

and the deformable beam formulation is even more useful.

This chapter first briefly presents the model formulation differences with the apex seal model.
The sealing performance of the side seal is then assessed. This chapter is concluded by showing
a qualitative match between the leakage mechanisms observed in the model and with the laser-

induced-fluorescence engine.

6.1 Model Formulation

The model calculates the displacements of all the side seal cross-sections due to the same forces
included in the two-piece AS model: asperity contact, oil and gas pressure and shear stress on the
profile, flanks and under the seal (Fig. 6.1). Additionally, the contact forces with the corner seals
are added at the two ends of the side seal (Fig. 6.2).
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Fig. 6.1 Displacements of the side seal cross-sections due to the external forces

Fig. 6.2 Contact forces with the leading and trailing corner seals

A curved beam element model is used to take into account the geometry of the side seal. The
beam model is adapted from a piston ring model developed by Baelden [54]. Variables used for
the displacements are different from the one in the apex seal model to correspond to the piston

ring model (Fig. 6.4). The lateral displacement is defined as y,, the axial, or out-of-plane,
displacement is defined as z,, and the tilt is kept as @. The cross-section displacement along the
circumference of the seal, x,, is added to the piston ring displacements to calculated the

clearance with the corner seals and the resulting contact force or gas leakage.
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Fig. 6.4 Additional displacement along the circumference of the seal

6.1.1 Approximations
The same seven approximations used to formulate the apex seal model are used for the side seal

model.

An additional approximation for the side seal is that the principal axes of the section are assumed
to be aligned with the cylindrical reference frame. This means that there is no coupling between
the lateral displacement of the seal and the axial displacement of the seal. This approximation is
valid as the cross-section is almost symmetrical and there is only the half-keystone on one side

that tilts the principal axes of a few degrees at most.
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6.1.2 Seal End Forces and Moment

At both ends of the seal, the asperity contact pressure is calculated from the clearance and the
Greenwood-Tripp relation. The clearance of the seal is calculated for a given number of point
along the axial direction. This allows getting not only the proper reaction force, but also the

reaction torque resisting the tilt of the seal end when in contact with the corner seal.

The clearance with the leading corner seal (h,,,), shown in Fig. 6.5, is given by

AE
hy, = (T + xgm) cos(¥m) + Ygm Sin(Ym) — Zm sin(yp,) Xgm (6.1)

in which AE is the initial total circumferential clearance, Xgm, Ygm. and agy, are the
circumferential, lateral, and rotational displacements of the seal leading end, ¥, is the angle
between the leading seal end and the corner seal tangent, and z,, is the position on the leading

seal end along the axial direction. Similarly, the trailing end clearance (h,,) is given by

AE
fin = (T - xgn) c0S(¥n) + Ygn Sin(¥n) = 2n SiN(¥y) agn (6.2)

in which x4y, ¥gn, and @4, are the circumferential, lateral, and rotational displacements of the

seal trailing end, ¥, is the angle between the trailing seal end and the corner seal tangent, and z,

is the position on the trailing seal end along the axial direction.

Rotation direction

/ a/‘

Trailing Leading
corner seal corner seal

Fig. 6.5 End clearance with the leading and trailing corner seals

32



The asperity contact pressure is calculated from the Greenwood-Tripp relation. The forces and

moment are calculated by integrating numerically the contact pressure.

6.1.3 Side Seal Gas Flow Sub-Model

The profile and flank mass flow rates (Fig. 6.6) are calculated from lubrication flow limited by
isentropic flow through an orifice, as is done for the apex seal. Additionally, leakage at both ends
is calculated by an isentropic flow through an orifice of the end clearance cross-sectional area
(Fig. 6.7). Pressure on the outer side of the side seal is the combustion chamber pressure, while

the pressure on the inner side of the side seal is taken as atmospheric.

Profile leakage

mass flow
K
m!
p .
A heri < Combustion
tmospheric T hitihes
pressure pressure
i | 2l l
my mf
Inner groove / T\ Outer groove
flank mass flow flank mass flow

Fig. 6.6 Mass flow rate around the side seal cross-section

313



Rotation direction

e N

Fig. 6.7 Gas leakage though the clearance at both ends of the seal

6.1.4 Curved Beam Model

The curved beam finite element model is similar to the straight beam model used for the apex
seal. It uses a few beam elements and Hermite interpolation to calculate the position of every
contact points on a finer grid. The difference is the coupling between the axes due to the
curvature of the seal. The twisting and bending moments are derived by Baelden [54] for small
displacements, and are given here to illustrate the coupling between the axes. The complete
derivation of the beam element model is given in details in Baelden’s thesis [54], with the

application of the model to the piston engine oil control ring.

For small displacements, in-plane bending moment (M,) is decoupled from twisting and out-of-

plane bending, and is given by

El, 0%y,
My=—2z 00+ 542

) (6.3)

in which E is Young’s modulus, [, is the in-plane stiffness, R is the radius of curvature of the
seal, and ¢ is the angular coordinate along the seal. To take into account the circumferential
forces and displacements, the elongation energy is also included. This is the only difference from

the piston ring model. For small displacement, the tension force (S) is given

EA (0dx,
= F(% & yg) (6.4)
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in which A is the cross-sectional area. Actual circumferential displacement is negligible, but this
approach allows inputting circumferential forces on the seal and calculating the circumferential
displacement of the seal. From equations (6.3) and (6.4), it can be seen that circumferential and

lateral displacements are coupled.

Because of curvature, out-of-plane bending is coupled to twisting. Out-of-plane bending moment

(M;) is given by

El, (9?2,
M, = -é_( 2+ Rag) (65)

in which I, is the out-of-plane bending stiffness. The torsion moment (T) is given by

T=GJ, (— - R-———-—) (6.6)
in which G is the shear modulus and J,, is the torsion constant.

From those forces and moments, potential energy can be calculated from which the stiffness
matrix can be constructed. The mass matrix and load vector are the same as for the straight
beam. Finally, a time-implicit globally-convergent Newton method is used to solve the seal

dynamics, as is done for the apex seal.

6.1.5 Discretization

Conversely to the apex seal, the lateral deformation of the side seal plays an important role when
calculating gas leakage. Furthermore, the deformation can be local as the seal is flexible in the
lateral direction. It is therefore important to select a sufficient number of beam elements and
number of contact points. The relative flank leakage at 2000 rpm full-load is shown in Fig. 6.8
for different number of beam elements and number of contact point per elements. For the results
presented in this thesis, 10 beam elements with 20 points per beam element are selected to obtain

accurate results while maintaining an adequate calculation time.
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Fig. 6.8 Relative flank leakage as a function of the number of contact points per beam elements for
5,10 and 20 beam elements

6.2 Model Predictions

The developed model is used to assess side seal performance. In order to better understand the
lateral displacement and tilt of the seal, the predictions are given without hydrodynamic pressure
on the profile of the seal, unless otherwise specified. The coefficient of friction is taken to be 0.1
which would be representative of the partially starved condition that the seal experience at high
groove pressure when the seal motion is almost only circumferential. The effect of varying this

friction coefficient is assessed toward the end of this section.

At low speed, leakage is the result of the interaction with the trailing corner seal and the gap with
the leading corner seal. At high speed, body force increases seal tilt. This can seal the groove and
generate inner flank leakage. Unlike the apex seal, the side seal cannot conform to the distorted
side housing and profile leakage can be important, especially at high speed. Finally, the effect of
varying key parameters is investigated, such as the profile friction coefficient, the contact angle

with the corner seal, and the position of the minimum clearance on the profile.

6.2.1 Low-Speed Predictions
At low speed, the general dynamics of the seal is well-behaved, as long as there is pressure
pushing on the outer flank. When the pressure is the same on both side of the seal, body force

and profile friction dictates the position of the seal and the shape can vary greatly. However, this
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is of low importance as it generates a minimal amount of leakage, wear and friction. Therefore,
this section focuses on the understanding of the seal position when the outer pressure is higher

than atmospheric.

At low speed, the groove pressure follows almost exactly the outer pressure (Fig. 6.9) as the
outer flank is fully open along most of the seal. As soon as pressure starts increasing in the
chamber, the seal is pushed towards the inner flank (Fig. 6.10). The section view shown in Fig.
6.10 is taken halfway along the seal (x/L = 0.5). In this case, this section view represents most of
the seal, except close to the trailing corner seal. Friction pushes the seal towards the trailing
corner seal and the contact angle with the corner seal creates a lateral reaction which opens the

inner flank.
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Fig. 6.9 Side seal groove pressure as a function of crank angle at 2000 rpm full-load
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Fig. 6.10 Seal deformation and section view at x/L = 0.5 at 210 CA
The position of the seal remains similar during the entire compression stroke, except for a small

tilt due to body force (Fig. 6.11). The contact with the trailing corner seal opens the inner flank
which allows gas to leak from the groove to the side of the rotor (Fig. 6.12).
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Fig. 6.11 Seal deformation and section view at x/L. = 0.5 at 390 CA
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Fig. 6.12 Seal deformation and flank gas flow along the seal at 390 CA

During expansion stroke, the lateral displacement of the seal next to the corner seal reduces and
comes in contact with the groove inner flank at the end of the expansion stroke (Fig. 6.13 and
Fig. 6.14). The lateral displacement reduces because the housing-profile friction is not fully

aligned with the seal as the velocity is partially radial and not fully circumferential. Although not
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shown in the pictures, the gap between the side seal and the leading corner seal is open during

the entire compression and expansions strokes.
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Fig. 6.13 Seal deformation and section view at x/L. = 0.5 at 430 CA
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Fig. 6.14 Seal deformation and section view at x/L = 0.5 at 480 CA
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Until this point, the results shown did not include rotor housing distortion. Model predictions
including rotor housing distortion show that the seal cannot fully conform to the housing
distortion even for high groove pressure (Fig. 6.15). This is due to the many maxima and minima
caused by the numerous bolts that hold the housings together and the large temperature gradient
that increases housing distortion amplitude. Housing distortion shown in Fig. 6.15 is typical of
the intermediate housing, while front and rear housing distortion is smaller resulting in

significantly less leakage.
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Fig. 6.15 Typical conformability of the seal to the distorted intermediate rotor housing at 2000 rpm
full-load with (a) low pressure in the groove and (b) high pressure in the groove

Leakage is mainly caused by flank leakage and leading end gap leakage (Fig. 6.16 and Fig.
6.17). Leading end gap leakage follows the groove pressure, while flank leakage is larger during
the compression stroke. Profile leakage, although larger than for the apex seal, remains small at

low speed.
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Fig. 6.16 Flank, end and profile leakage as a function of crank angle at 2000 rpm full-load
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Fig. 6.17 Comparison of the total leakage for the different mechanisms at 2000 rpm full-load

As wear is typically not as critical as for the apex seal, contact pressure distribution is not

assessed here. However, it can be predicted from the model as is done for the apex seal.

Friction losses are on the same order as for the apex seal. In dry conditions, predicted friction
power at 2000 rpm is 81 W per side seal. With 0.5 um of oil on the side housing, friction power
is reduced to 55 W.

6.2.2 High-Speed Predictions

At high speed, body force tilts the seal in its groove, closing the outer flank gas path after
chamber peak pressure. This traps the gases under the seal and groove pressure remains larger
than chamber pressure until the inner flank opens (Fig. 6.18). Opening of the inner flank is the

main mechanism for gas leakage at high speed.
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Fig. 6.18 Groove pressure as a function of crank angle at 8000 rpm full-load

At the beginning of the compression stroke, part of the seal remains pushed towards the outer
groove flank due to body force (Fig. 6.19). This creates gas leakage as gas enters the groove
along the leading half of the seal and exits the groove along the trailing half of the seal. Halfway
in the compression stroke, the seal position is similar to the one seen at low speed with the
trailing end of the seal pushed towards the outer flank of the groove (Fig. 6.20). Towards the end
of the compression stroke, the lateral displacement of the trailing end is reduced because the

circumferential body force balance part of the profile-housing friction force (Fig. 6.21).
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Fig. 6.19 Seal deformation and section view at x/L. = 0.5 at 210 CA
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Fig. 6.20 Seal deformation and section view at x/L = 0.5 at 360 CA
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When chamber peak pressure is reached, the seal tilts sufficiently to close the outer flank
passage, and gases are trapped in the groove (Fig. 6.22). When the chamber pressure decreases
below a certain level, the inner flank opens and gases in the groove leak to the side of the rotor
(Fig. 6.23). This is the main cause of gas leakage at high speed. Towards the end of expansion
stroke, circumferential body force overcomes friction and the seal is pushed against the leading
corner seal (Fig. 6.24). This reverses the two ends role; the trailing end opens and the leading end

is displaced laterally.
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Fig. 6.22 Seal deformation and section view at x/L = 0.5 at 430 CA
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Fig. 6.23 Seal deformation and section view at x/L = 0.5 at 460 CA
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The high-speed results shown up to this point did not include rotor housing distortion. As
housing distortion at high speed is greater, the clearance between the seal profile and the rotor
housing becomes larger even for large groove pressure (Fig. 6.25). This generates a non-

negligible amount of leakage.
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Fig. 6.25 Typical conformability of the seal to the distorted intermediate rotor housing at 8000 rpm
full-load with (a) low pressure in the groove and (b) high pressure in the groove

Leakage mass flow rate as a function of crank angle is shown in Fig. 6.26 for the different
mechanisms. Flank leakage between 180 and 270 CA is caused by body force maintaining part
of the seal towards the outer flank. Flank leakage between 270 and 400 CA is caused by the
trailing end of the seal pushed towards the outer flank because of profile friction and the corner
seal contact angle. The largest portion of flank leakage happens between 450 to 540 CA when
the inner flank opens to purge the gases in the groove. Profile leakage is the second most
important leakage mechanism at high speed (Fig. 6.27). Profile leakage occurs when chamber
pressure is high and the side seal is at the outer edge of the rotor housing where the distortion is
maximal. End leakage is less important in proportion and is mainly caused by the leading end

gap opening, but also the trailing end gap opening towards the end of the expansion stroke.
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Fig. 6.27 Comparison of total leakage for the different mechanisms at 8000 rpm full-load

Finally, predicted friction power in dry condition at 8000 rpm is 394 W per side seal. With
0.5 um of oil on the side housing, friction power is reduced to 180 W.

6.2.3 Effect of Speed on Leakage

The comparison between low and high speed can be extended to all speeds. Equivalent leakage
area per chamber is used to compare all the speeds. Equivalent leakage area is defined as the area

needed to obtain the same amount of leakage assuming an isentropic flow through an orifice.

Leakage from the gap at both ends of the seal is almost constant for all speeds (Fig. 6.28). On the
other hand, there is a clear transition in the trend of flank leakage. For the configuration studied
here, there is an important increase of flank leakage between 5000 and 6000 rpm, when body

force becomes large enough to tilt the seal to close the outer flank.
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6.2.4 Effect of Profile Friction Coefficient on Leakage

Profile friction coefficient mainly changes the circumferential force on the seal. At low speed,
the flank leakage is strongly dependent on the profile friction coefficient, especially as it gets
above 0.1 (Fig. 6.29). On the other hand, total end leakage remains almost constant. The only
difference is the leakage distribution between the leading and trailing end changes for low

friction coefficient.
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Fig. 6.29 Equivalent leakage area per side seal as a function of profile friction coefficient at
2000 rpm
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At high speed, the flank leakage is more or less constant as a function of profile friction
coefficient (Fig. 6.30). The variation is small because the opening of the inner flank due to CS

contact angle is small compared to the opening of the inner flank due to seal tilting.
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Fig. 6.30 Equivalent leakage area per side seal as a function of profile friction coefficient at
8000 rpm

6.2.5 Effect of Seal End Contact Angle on Leakage

The effect of changing the contact angle with the corner seals is investigated for different profile
shapes. The profile shape is defined by the distance from the inner flank to the minimum

clearance (T,q) and the profile shape factor (a,, unit m™), which determines the profile shape

clearance approximated as parabolic (Fig. 6.31):

hy (x,) = ayx; (6.7)

Inner ¥ ¥ Outer
flank flank

Fig. 6.31 Parabolic profile shape variables
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At low speed, flank leakage varies greatly as a function of the profile shape factor and the corner
seal contact angle (Fig. 6.32). For a profile shape factor of 20 and below, flank leakage is
practically zero for a corner seal contact angle of zero. This is because the contact point is
moving on the profile as the seal tilts, avoiding a complete tilt that would close the inner flank.
Flank leakage then increases monotonically as the CS angle is increased. On the other hand,
larger profile shape factor does not provide sufficient resistance to tilting and the inner flank
leaks after peak pressure when the contact angle with the corner seal is small. At a critical CS
contact angle, the contact with the corner seal provides additional titling resistance to the seal
and the inner flank stops leaking after peak pressure, which is shown by a sudden drop in flank
leakage in Fig. 6.32. As CS contact angle is increased further, flank leakage increases again
because the trailing end of the seal is pushed towards the outer flank of the groove. End leakage
decreases monotonically with CS contact angle as the cross-section area decreases for the same

circumferential clearance.
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Fig. 6.32 End and flank leakage as a function of corner seal contact angle for different profiles at

2000 rpm full load

At high speed, flank leakage is more or less independent of CS contact angle (Fig. 6.33). As

discussed, this is because the opening of the trailing end inner flank is not the main mechanism
for flank leakage.
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Fig. 6.33 End and flank leakage as a function of corner seal contact angle for different profiles at
8000 rpm full load

6.2.6 Effect of Position of Profile Minimum Clearance

In order to provide additional tilting resistance to the seal, the profile minimum clearance can be
moved towards the outer edge of the profile. Model predictions show that this strategy works,
even at high speed, especially for small profile shape factors (Fig. 6.34). The drawback of this
approach is that the average gas pressure on the profile is decreased which increases the asperity
contact force. This increases both side seal wear and friction. Moving the minimum clearance

and reducing the contact angle to zero leads to a drastic flank leakage reduction at high speed
(Fig. 6.35).
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Fig. 6.35 End and flank leakage as a function of profile minimum clearance position for different
profiles with CS contact angle of 0° at 8000 rpm full load

6.3 Comparison with Experiments

Experimental evidences are limited for side seal leakage. Nevertheless, it is interesting to
compare with the image obtained from the 2D LIF engine. Oil patterns show that the leading end
of the side seal is open which creates a narrow region where the oil is dragged inward by gas

flow. At the trailing end of the side seal, the region where oil is dragged inward by gas flow is
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larger. This is in agreement with the model that predicts the inner flank opening due to the

contact with the corner seal.

Narrow leakage Cornex seal Wider leakage region due to inner

region due to the flank leakage opening caused by

side seal end gap Dpeziseal the contact with corner seal

Side seal
Side seal

Rotation

Fig. 6.36 Oil pattern around the gas seals taken with the 2D LIF engine for large injection rate

6.4 Side Seal Model Conclusions

A model to predict performance of the side seal is developed. Model formulation is similar to the
apex seal model, but includes a curved beam finite element model. The model can handle the
dynamics of the side seal and stiff contacts. A larger number of elements than for the apex seal
are needed as the deformation of the seal can be local because the seal is more compliant.

Sealing performance of the side seal is assessed from the detailed results, mainly gas leakage.

Model predictions lead to the following conclusions:
1. Flank leakage is the dominant leakage mechanism, followed by end leakage and profile
leakage.
2. At low speed, flank leakage is mainly caused by the opening of the inner flank due to the

contact with the trailing corner seal.
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. At high speed, flank leakage mainly occurs because of seal tilting that blocks the outer
flank and forces gases to exit the groove through the inner flank.

. End leakage area is constant and only function of the initial circumferential clearance and
contact angle with the corner seal.

. Profile leakage can be important at high speed due to the large side housing distortion.

The seal is not flexible enough to conform to the distorted housing.
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Chapter 7

Summary and Conclusions

Multiscale models are developed to assess the performance of the sealing grid of rotary engines.
These comprehensive models can be used to seal design in order to reduce emissions and

increase efficiency of rotary engines.

An internal oil consumption model is developed based on the mechanisms identified with 2D
laser-induced fluorescence experiments. This model is capable of predicting oil transport through
the oil seal by calculating the clearance with the side housing using a beam finite element model

and tracking the oil throughout the engine cycle using a control volume approach.

A set of models are developed to calculate gas leakage and other performance indicators of the
apex seals, two-piece and three-piece, as well as the side seals. Those models are capable of

predicting the numerically stiff dynamics of the deformable gas seals.

7.1 Summary of the Findings

Internal oil consumption is a step-by-step process from the center of the rotor to the combustion
chamber. The main mechanism leading to internal oil consumption is outward scraping of the oil
seals. Once oil has passed the oil seals, there is no observed mechanism to bring the oil back to
the crankcase. The cut-off seal does not provide an additional barrier to internal oil consumption
and cut-off seal scraping in both directions should be avoided. Once the oil is on the rotor outside
the outer oil seal, it is pushed outwards by the centrifugal acceleration toward the combustion

chamber.

Outward scraping of the oil seals is due to a non-trivial combination between a lack of

conformability of the seal to the distorted housing and engine kinematics. The housings have
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numerous peaks and valleys, which makes it difficult for the seal to conform to the surface,
leaving a clearance between the oil seals and side housing. Also, the seal orientation relative to a
valley is different for the inward and outward motion because of rotor kinematics. In some
regions, this leads to a large oil film thickness left on the side housing during inward motion of
the oil seals that is scraped out during outward motion. This problem is complexified by the fact
that, for some housing distortion shapes, increasing seal tension can increase oil consumption.
The best approach in reducing internal oil consumption is to make the oil seals more compliant

and to decrease housing distortion amplitude next to the intake and exhaust ports.

From the gas seal model results, gas leakage can be compiled for the entire engine considering
the appropriate number of each seal type per rotor. The total leakage area obtained is 1-2
mm?/chamber from low to high speed which is in agreement with the previous studies. At low
speed, side seal leakage accounts for 30 % of the total leakage, corner seal leakage for 30 % and
apex seal for 40 % (Fig. 7.1). This is similar to the previous study by Eberle and Klomp [37] that
measured 1/4-1/3 of the leakage for the side seals and 2/3-3/4 for the apex seals, when
accounting for the fact that the experimental apparatus used could not distinguish corner seal
leakage to the rotor side from side seal leakage or corner seal leakage to the low pressure

chamber from apex seal leakage.

At low speed, leakage through the spark plug holes accounts for a third of the total leakage (Fig.
7.1). The second most important leakage mechanism is the leakage through the corner seal
clearance. Flanks and ends of the side seal also generate significant leakage, followed by the
apex seal side piece. The distribution at high speed is changed mainly due to the increase of flank
leakage for both the apex and side seals caused by the increased body force (Fig. 7.2). For the
apex seal, the three-piece configuration has the potential to reduce flank leakage. For the side
seal, flank leakage can be reduced by reducing the contact angle with the corner seal and moving
the minimum clearance point towards the outer edge. The latter solution should be studied

further as it also increases wear and friction.
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Fig. 7.1 Predicted relative gas leakage due to the different mechanisms at 2000 rpm
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Fig. 7.2 Predicted relative gas leakage due to the different mechanisms at 8000 rpm
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7.2 Conclusions
The multiscale modeling approach developed integrates local and global effects together to
calculate performance indicators for rotary engine sealing, including internal oil consumption,
gas leakage, wear and friction. The key take-away from the model predictions are that:
1. Internal oil consumption of rotary engines can be reduce to a low level by designing the
oil seals to be more compliant. |
2. Although it would be difficult to reach the low level of blow-by of piston engines, gas
leakage of the rotary engines can be significantly reduced by sealing the corner seal
clearance, reducing the leading spark plug hole diameter, using a three-piece apex seal

configuration and modifying side seal profile design.

The comprehensive models developed are the first of their kind for rotary engines and will be

valuable tools to design more efficient and environment-friendly rotary engines.

7.3 Future Work

The main goal of this work was focused at developing the models to assess sealing performance.
There is still a significant amount of work to adjust the model inputs in order to obtain a better fit
with experiments. In addition, it would be interesting to expand the model to take into account
oil transport around the gas seals to better control the use of metered oil. Finally, as the position
of the seals and gas mass flow rate are known, the model could be used to predict hydrocarbon

emission trends.
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Appendix A

Adapted Deterministic Hydrodynamic Model

Hydrodynamic pressure generated by the relative motion of two surfaces is usually dominated by
the macroscopic shape such as a parabolic profile. However, when the two surfaces are parallel
to each other, the only pressure generated is by the surface roughness. Since this is the case for
the rotary engine oil seal, it is essential to develop a method to calculate the hydrodynamic

pressure.

A deterministic model has been developed by Chen [52] to calculate the pressure generated at
the interface for piston rings, including cavitation. However, the motion of the piston rings is
always going up and down on the liner, whereas the motion of the oil seals can be in all
directions. Furthermore, the motion of the piston rings is perpendicular to the ring, whereas the
motion of the rotary engine seal can be from perpendicular to parallel to itself. Those effects are

to be included in the hydrodynamic pressure generation to predict their effect on oil transport.

The scope of this section is to calculate the hydrodynamic pressure generated by roughness and
build a correlation that can be used in the cycle model. First, the mechanism of pressure
generation by roughness is explained. The deterministic model for piston ring is then
summarized and modified for the rotary engine seals. Surface orientation effect is investigated
and a factor of 2 to 3 on pressure generation is observed between moving to the left and moving
to the right. Seal orientation effect investigation shows mainly that the pressure drops as the
motion gets parallel to the seal. Finally, correlations from the piston rings are modified to take

into account both surface orientation and seal orientation.

Supply effect and friction are not studied extensively and piston ring correlations are taken

directly. This subject is discussed at the end of this appendix.
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A.l1 Pressure Generation Mechanism

The mechanism of pressure generation is shown in Fig. A.1 for hypothetical triangular asperities
on the housing. Since roughness of the seal is typically smaller than housing roughness, it
usually can be neglected. If there were no cavitation, positive and negative pressure would be
symmetrical and the net force would be zero (Fig. A.1a). However, if oil pressure drops below a
critical pressure, cavitation occurs and pressure of this region is fixed to vapor pressure. Pressure
is therefore only generated by raising wedges, and a net force is pushing the seal away from the
interface (Fig. A.1b).

Positive pressure is
generated by raising
wedges

Negative pressure
would be generated by
descending wedges

Hypothetical
asperities on
housing
Housing relative velocity (@)
Pressure drops under vapor
pressure and descending Pressure profile is
wedges becomes cavitation  g..; velo city chane'd due to
areas A cavitation areas
y, } \
W g g
u R[]} Hypothetical
‘Housing o I asperities on
P - el

Housing relative velocity

(®)

Fig. A.1 (a) Hypothetical pressure generation by asperities without cavitation, and
(b) representation of actual pressure generation by asperities with cavitation
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A.2 Piston Ring Current Model

In this section, a brief summary of the piston engine deterministic model is given. For a
comprehensive explanation, one should read Chen’s thesis [52]. The global approach is first
explained. Discretization of space and time is then described followed by the equations solved in

the model. Finally, correlations for the oil control ring and the top two rings are shown.

To calculate the pressure generated by the roughness, a small patch of the housing is slid under
the seal contact surface, as shown in Fig. A.2. The housing is typically much rougher than the
seal. The seal roughness is therefore neglected and it is assumed to be flat. The motion of the
housing creates wedges that generate pressure on the seal. The pressure is solved using 2D

Reynolds’ equation coupled with a cavitation algorithm.

Seal contact surface (fixed)

Housing surface
(moving in the seal

reference frame) Seal BEtacE

surface

Housing relative _é
sliding velocity ~r--?--ﬂ

Housing surface

(a) Top view (b) Side view

Fig. A.2 Rough housing sliding under the flat seal contact surface
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A.2.1 Numerics

The seal is divided into a given number of cells. The motion of the housing under the seal is
divided in a given number of time steps, chosen to match the cell length along x. Every time step
(dt), the housing grid is moved of one cell (dx). This allows the housing grid to always match
the seal grid. Every time step, the clearance of the cells changes, which changes the volume of
the cell, as shown in Fig. A.3. Oil is then flowing into or out of the adjacent cells depending on

their clearance and pressure.

Grid fixed in the seal dx
reference frame e Y . —
L N
q = 3,8
N ">
v
Seal contact

surface e e e

Seal contact -
surface

Housing previous )
time step Housing current

time step

Housing displacement
in one time step
matches cell size

Fig. A.3 Deterministic model grid and housing displacement in a time step
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A.2.2 Equations and Boundary Conditions

The governing equation solved in the model is the 2D Reynolds’ equation from lubrication

approximation. For the current configuration, it can be reduced to this form:

d (pv,h  ph3 ( dP) d (ph? ( dP) d
)3 Lo s LT s | ERLT £
dx( 5 T m Tl A Ty =0 el

where P is the pressure, v, is the sliding velocity, p the density, u the viscosity and h the

clearance. The term including the sliding velocity (v,) represents the shear flow, as shown in
Fig. A.4. The two pressure terms represent the pressure flows. The last term represent the change

in volume due to housing displacement.

Shear flows

/2
= 7 D
= &

>N

Pressure flows
(direction depends
on pressure gradient
direction)

Fig. A.4 Flow between a cell and its neighbor cells

The pressure is solved with a Newton iterative method so every cell satisfies Reynolds equation.
However, for the cells where the pressure is below the cavitation pressure, pressure is fixed to
cavitation pressure. For those cells, the density is solved to satisfy Reynolds’ equation. The

density is varied by changing the ratio of vapor and liquid phases in the oil.
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For the boundary conditions, the two cut ends of the seal are assumed periodic. The leading and
trailing edge pressure are set to atmospheric pressure. The leading edge is assumed to be fully-
flooded for the oil control ring. For the top two rings, the supply is taken from the amount of oil

left from the oil control ring.

A.2.3 Oil Control Ring Correlation

The deterministic model is used to calculate the average pressure for different nominal clearance.
Typically, clearances used are selected from 2 to 10 times the standard deviation of the plateau
roughness (0,,). The hydrodynamic pressure is then fitted with a power equation so it can be

used in a cycle model. The form of the equation is given by:

h\ 7k
P, hydro,ocr @ug Vo = Py, (_) (A2)

Op
Where P, and K}, are constants. The model is run for a reference viscosity (i) and a reference
velocity (Vp). Since pressure generation is directly proportional to those parameter, a term is
added to take into account the actual viscosity (u) and actual velocity (V). The correlation

becomes:

_Kh
uv h
=— —_ A3
b hydro,ocr ﬂOVO P h ( Gp) ( )

A.2.4 Top Two Rings Correlation
For the top two rings, the supply can vary depending on the oil left by the oil control ring on the
liner. In starved condition, the hydrodynamic pressure is smaller than in fully-flooded condition.

To capture this effect, a term is added to the correlation:

h
_ s
hs Kp1+Kp2(o-p) (A,4)
P hydro,piston engine = P hydro,ocr h
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where h; is twice the oil film thickness left by the oil control ring, and K,; and K, are
constants. If the supply fills completely the clearance (hs = h), the term added is 1 and the
correlation is the same as the oil control ring. However, as the supply gets smaller, the term

decreases and reduces the hydrodynamic pressure.

A.3 Rotary Engine Seal and Surface Orientation

The main limits of the piston ring model applied to the oil seals of the rotary engine are the
variation in surface and seal orientation. In the piston engine, the motion is unidirectional and
always perpendicular to the seal. However, the velocity of the oil seals can be in any direction. If
the surface is anisotropic, this leads to a difference of hydrodynamic pressure generation between
inward and outward motion. The effect of the orientation of the seal velocity on the surface
needs to be studied. This angle is defined as y, as shown in Fig. A.5, and can vary from 0 to
360°. The effect of this angle is characterized using the piston engine model and rotating the
housing roughness. Macroscopically, the surface looks isotropic and the surface orientation
should not have an important impact on hydrodynamic pressure. However, the model shows that

the asperities are asymmetric and surface orientation can have an important impact on pressure.

Surface Surface
reference l reference
p=0
¥

Fig. A.5 Definition of the surface orientation angle (y)

The seal can also have a different orientation compared to its velocity, defined as 8 and shown in
Fig. A.6. If the motion is perpendicular to the seal, like the piston engine rings, f is 0°. If the
motion is parallel to the seal, 8 is 90°. This angle is always defined positive, from 0 to 90°. The
seal orientation requires modification of the piston ring model to take into account the

component of velocity parallel to the seal.
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The seal orientation mainly affects the leading and trailing edge boundary conditions. If § = 0°,
the behavior is the same as the piston rings. At § = 90°, the oil is pushed out of the clearance
and the pressure drops to zero. From 0 to 90°, the way the pressure decreases depends on the
relative clearance compared to the land width. If the clearance is very small, the boundary
conditions have less influence and the pressure drops only near 90°. However, for a larger

clearance, the pressure is more sensitive to boundary conditions and decreases faster.

Surface
reference

Surface
reference

Perpendicular B Perpendicular
to the seal to the seal

Fig. A.6 Definition of the seal orientation angle (/)

A.4 Model Modification for Seal Orientation

To take into account the seal orientation (f3), the velocity parallel to the seal (v,) is included in

the deterministic model. Equation (A.1) becomes:

d pvxh ph3( dP d pvyh ph3( dP d -
dx( 2 T 12 dx) Tl " 2 dx) +—=(ph) =0 (A.5)

In order to have the same solution along x and y, the housing grid has to move one cell along

both axis for each time step. The roughness points are remeshed depending on the velocity angle,
as seen in Fig. A.7. As the angle tends to 90°, the cell aspect ratio tends to infinity. The

maximum angle that can be tested with this approach is about 85°.

352



Ux Vx Vx

() B = 26.6° (b) B = 45° (c) f = 63.4°

Fig. A.7 Remeshing of roughness data as a function of the seal orientation angle

A.5 Results

The surface orientation () is first studied, with the seal orientation (f3) set to zero. It shows that
the pressure generated when reversing the velocity could be different due to asperity shape. The
seal angle (B) is then studied by removing the surface effect and focusing on its effect on
boundary conditions. For both situations, a correction to the hydrodynamic pressure correlation
is suggested. Those corrections are used in the cycle model to estimate the effect on oil
consumption in section 3.2. All results presented in this section are for simulations executed with

measured housing patches of about 1 mm by 1 mm and a land width of 0.2 mm.

A.5.1 Surface Orientation Effect

The effect of the surface is tested on three patches of roughness measurement from worn cast.
The deterministic model is used to determine the average hydrodynamic pressure every 45°,
from 0 to 315°. Hydrodynamic pressure divided by the pressure generated at y = 0° is plotted

against the surface rotation angle in Fig. A.8.
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Fig. A.8 Hydrodynamic pressure divided by pressure at reference angle, for three surfaces

The pressure at 180° is about twice the pressure at the reference angle. This seems to be caused
by a small tilt of the plateau parts. More investigations would be needed to validate those results
and to try to relate to the manufacturing process. In the presented model, a sinusoidal term is
added to the hydrodynamic correlation to capture this effect, and estimate the change in oil

consumption caused by this asymmetry. For fully-flooded condition:
-Kp
uv _ h
Phyaro = ——(Pn + B, sin(y — ¢,)) [ — (A.6)
toVo Op

where P, is a constant in Pa and ¢, is the phase. As shown in Fig. A.8, this correlation captures

the variation of pressure due to the angle, but does not include any correction for the different

heights. The constants are fitted with a least mean square method and are shown in Table A.1.
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Table A.1 Constants for surface orientation
hydrodynamic pressure correlation

Constant Value
P, 3.9 x 10" Pa
B 1.64 x 10" Pa
b, 109°
K, 2.39

A.5.2 Seal Angle Effect

Effect of the seal angle is tested on the three same housing patches. The pressure is first
corrected for remeshing the grid by running the remeshed grid at f = 0°. Maximum correction
for the grid effect is about 20 %. Then, the pressure is corrected for the surface angle (y) to
isolate only the seal angle effect (f). Resulting pressures divided by the pressure at f = 0° are
shown in Fig. A.9. As expected, hydrodynamic pressure drops as f§ approaches 90°. Also,

pressure drops faster for large clearances. It is interesting to note that the pressure increases

linearly until it drops.

5r B ) 5—r . Sr
O Wo =2 O Wo =2 | O hWo =2
r p P
4 x ho =6 4r x  ho =6 4 x  ho =6
P P P
= + #Wo =10 = + wo =10 2 + ho =10
3 P [ P I S | p ,
[ Correlation = Correlation Y Correlation
A — A L Al =t
32 s2 3
R a Lo
1
O O . r 0 b r | r LS. 0 E r r i3 r
0 20 40 60 80 0 20 40 60 80 0 20 40 60 80
Seal Angle (f) (deg) Seal Angle (/) (deg) Seal Angle (/) (deg)
(a) (b) (c)

Fig. A.9 Hydrodynamic pressure divided by pressure at 8 = 0°, for three surfaces

The hydrodynamic correlation is corrected to take into account this effect with a linear term and

a correction to the exponent:
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where Pp and Kp are constants. The exponent form is the important correction and is chosen so
the pressure always drops to zero at 90°, and drops faster for the larger clearances. The linear
term allows flexibility to adjust for the pressure raise from 0 to about 60°. The shape of the
correlation is shown in Fig. A.9, with specific coefficients for every patch. Average coefficients

are given in Table A.2.

Table A.2 Constants for seal orientation hydrodynamic pressure correlation

Constant Value
Ps 1.06 x 10" Pa/rad
Ky 0.072

A.6 Sfarved Condition

Corrections for the rotary engine are developed for fully-flooded condition. However,
hydrodynamic pressure is reduced if the supply of oil is insufficient to fill completely the seal-

housing clearance. The term from the piston is multiplied to the rotary engine correlation:

o ~Kp1 +Kp2(£:-)
hydro hydro,fully—flooded h

where K,; and K,, are constants taken directly from the piston engine liner correlation.

Although the coefficients are not fitted to the housing surface, this correction allows taking into
account this important effect of oil supply on hydrodynamic pressure.

A.7 Friction

The model developed for the piston rings also gives correlations for the hydrodynamic friction.
Those correlations are used to calculate the friction of the oil seals, without corrections for

surface orientation or seal orientation. Friction correlation used is given in section 3.1.4.2.
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Coefficients for fully flooded conditions are calculated from the deterministic model for the cast
iron housing. Coefficients are selected to have the best fit for all surface orientations.
Coefficients for starved condition are taken directly from the piston liner correlation, as for the

hydrodynamic pressure.

Those approximations are a representative estimation, since friction is dominated by the shear
due to Couette flow and thus the friction coefficient variation is typically small. Further
investigation using the deterministic model could be done if friction becomes the main concern

for the oil seals.

A.8 Conclusion

This appendix presents a deterministic model to calculate the hydrodynamic pressure generated
by housing roughness. The modifications to the piston ring deterministic model to take into
account the specific kinematics of the rotary engine seals are explained. Surface orientation is
shown to have an important effect on pressure and a term is added to the correlation to evaluate
its effect on oil consumption. The main effect of seal orientation on pressure generation is that

the pressure drops as the velocity gets parallel to the seal.
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